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Large vaned-voluted centrifugal pump is a general machine used for large-scale water diversion. As a vane-type hydraulic machinery, it also has the ability of reversible operation. With the introduction of policies to reduce carbon emissions, the proportion of unstable new energy use has increased. The existing large centrifugal pump unit can realize the function of reverse power transfer. For peak shaving and valley filling of power grid, it has high feasibility and economy. In this paper, a large vaned-voluted centrifugal pump is simulated numerically, it is external characteristics and flow state under positive and negative rotation are obtained, its performance is predicted by best efficiency point method, and it is found that pump reversal can run at the optimum efficiency point with higher flow rate and head. Error analysis is carried out for different formulas. The flow energy dissipation (FED) of different flow rates under positive and negative rotation is analyzed. It is found that the main energy loss locates on suction side of blade, inlet and outlet part of blade and tail part of guide blade head. By comparing the flow energy dissipation distribution under the same flow conditions with positive and reverse rotation, it is found that the high energy loss area of blade mainly exists in inlet and outlet part of blade in pump mode. The high energy loss area of the blades in turbine mode mainly exists in the inlet part of the blades. This study is of great significance to the operation of low-carbon power grid assisted by existing reservoirs and hydraulic machinery.
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INTRODUCTION
Although the world’s electricity output has increased significantly, most developing countries still lack power supply and other forms of renewable and clean energy. According to the data of the International Energy Agency (IEA), 1.4 billion people in the world do not have electricity. Sub-Saharan is the most affected region, but the region has a variety of renewable and clean energy sources that can produce various forms of energy, such as hydropower (Kaunda, et al., 2014; Deambi, 2011). With the rapid consumption of fossil fuels and environmental pollution in the past few years, many utilities have changed their power generation sources to renewable energy (Saxena, 2006). The intensive development of large clean and renewable energy bases such as wind, nuclear, solar and hydropower in China, as well as the intelligent construction of the national grid, require the construction of a large number of power stations to regulate the grid. Energy conservation and emission reduction in all links of the life cycle of water conservancy projects are particularly important. In clean energy, wind energy covers a large area, is unstable and uncontrollable, and the power generation efficiency is affected by the season; However, the time limit of light energy is very serious, the flexibility is not enough, and the risk of nuclear energy is high. Therefore, choosing hydropower for power supply and storage is a very good choice to replace fossil fuels (Budris, 2009). In order to realize the feedback of the energy network and reduce the equipment cost, the pump can be used as a turbine (PAT) for power generation. Now in rural power supply, there are Micro Hydropower Plants (MHP) based on pumps as turbines, which are well used in micro hydropower schemes (Paish, et al., 2002; Jain and.Singal, 2009).
In addition, compared with the direct use of hydraulic turbines, the pump reverse turbine has the following advantages: First, it has a wide range of industrial applications. And the design, production and manufacturing of pumps of various sizes are quite mature, which can effectively balance the hydraulic performance and economic cost (Williams A, 1996; Motwani, et al., 2013); Second, the pump is small in size and simple in structure. As a turbine, the pump has no regulating mechanism, and its flow regulation is mainly achieved by setting regulating valves in the inlet and outlet pipelines. Therefore, it has the advantages of small volume, convenient regulation, easy installation, easy operation and easy maintenance; Third, compared with hydraulic turbines, there are more types of pumps, and the range of flow and head during operation is wider. Moreover, the investment cost of traditional hydraulic turbines is relatively high, and the investment payback period can even be as long as 15 years. For the same capacity, the investment payback period of PAT can be shortened to 2 years (Ranjitka, et al., 2006), but the counterpart is that they are subject to a strongly variable discharge, with a possible significant global efficiency reduction. If the turbine is inside aqueducts, there is also the need to maintain the original head jump (Sinagra, et al., 2017; Sammartano, et al., 2017). On the basis of sufficient power resources, the use of pump reversal as a turbine can also play the role of peak load regulation and frequency regulation to cope with the instability of the power grid system. Since the device is not always in operation, the effect of reduced efficiency is not obvious.
There have been a lot of theoretical, experimental and numerical studies on the reverse rotation of pump as a hydraulic turbine. PAT’s early investigation attempt began in the 1930s and has attracted much attention in recent decades. Raman’s (2013) experimental research has proved that compared with the pump mode, the pump operation under the hydraulic turbine mode requires higher lift and flow. However, the centrifugal pump can operate well as a hydraulic turbine without any mechanical problems. Agostinelli and Shafer (2013) have tested many pumps in water wheel mode for many years, and concluded that when the pump operates in water wheel mode, its mechanical operation is stable and quiet; It is peak efficiency is the same as the pump mode; The head and flow at the best efficiency point are higher than the pump mode, and the power output is higher than the pump input power at the best efficiency. Orchard and Klos (2009) provided information about the application and advantages of pumps as turbines. The application of PAT in the water industry was discussed in detail.
However, there are also some problems with large pumps as turbines: the reverse rotation of the pump as a turbine is not considered in the manufacture of the pump, and the manufacturer usually does not provide the performance of the pump under the turbine working condition when leaving the factory. When the energy parameters (flow, head) are given, Therefore, accurately predicting the performance of water pumps in turbine mode is the most important and difficult problem. Early attempts to predict PAT performance using BEP are based on two assumptions: 1) the best efficiency in turbine mode is approximately equal to the best efficiency in pump mode; 2) The turbine output power is the same as the pump input power (Williams, 1994). Another assumption is that the flow ratio of turbine and pump is equal to the head ratio of turbine and pump. Childs (1962) obtained the relationship between flow and head in turbine and pump mode. Huang et al. (2017) adopts the rotor volute matching principle to consider the influence of flow. Yang et al. (2012) Carried out PAT performance prediction research, adopted three methods: theoretical, numerical and experimental methods, proposed a theoretical prediction method based on pump mode, and compared it with other theoretical, numerical and experimental methods. In recent years, a performance prediction method based on model loss has been introduced, which has achieved success in pump (Derakhshan and Nourbakhsh, 2008; Liu, et al., 2019). There is another method based on polynomial fitting to calculate the performance under full flow (Fecarotta, et al., 2016; Jain, et al., 2015). Among them, BEP and model loss methods are based on theoretical analysis, which requires basic pump geometry knowledge. While using specific speed method and polynomial fitting method requires statistical fitting, which requires sufficient data as samples.
At the same time, another concern of the reverse pump turbine is its flow analysis and efficiency improvement optimization. Rodrigues et al. (2003) Compared the numerical results of the centrifugal pump with a specific speed of 24.5, partitioned the flow state inside PAT, and modified it to optimize the hydraulic performance of PAT. Rawal and Kshirsagar (2007) conducted numerical simulation of PAT to determine the losses in different components. It was found that the losses in the impeller were relatively small compared with those in the shell in the pump mode; However, in the case of PAT, it is found that the loss distribution is opposite, that is, the loss in the shell is less than that in the impeller. Fernandez et al. (2010) used sliding grid technology to conduct unsteady CFD analysis of centrifugal pump PAT to consider the influence of blade tongue interaction on local flow. A tangential velocity component was observed at the impeller outlet, which caused the fluid to rotate in the direction of impeller rotation at low flow rate and in the opposite direction at high flow rate. Barrio et al. (2011) used fluent to analyze the internal flow of the centrifugal pump, which is equipped with seven twisted reverse blades in pump and turbine mode. In turbine mode, internal recirculation in the impeller is observed under non rated flow, and a large area of reflux is found in the impeller channel. Sedlar et al. (2009) carried out numerical analysis on the intermediate stage of radial multistage PAT and found that there was no large separation of flow under design conditions; However, under off design conditions, it is very important to find the highly curved part of the stator channel and the guide vane rotor blade interaction region. Nowadays, in pump mode and turbine mode, the current pump turbine has high efficiency (higher than 90%) at the design point or rated conditions, and the flow pattern is also very smooth, which means that the loss reduction based on flow pattern analysis is no longer effective, the second law of thermodynamics (SLT) is of great significance for finding irreversible energy conversion. Many studies have applied SLT based on computational fluid dynamics (CFD) to the flow of turbomachinery. For reversible pump turbines, especially under the high-efficiency conditions of frequent operation, SLT can be used to track, visualize and eliminate FED (Jia and Liu, 2014; Zeinalpour and Mazaheri, 2015; Kluxen, et al., 2016). Among them, entropy production rate is one of the effective methods for FED quantitative analysis. Yu et al. used entropy generation method to visualize the energy transfer of the simulation results 108 of Francis turbine at different flow velocities (Yu, et al., 2021; Yu, et al., 2022). Gong et al. (2013) Studied the energy characteristics of hydraulic turbines by using entropy generation theory, and pointed out the locations of high hydraulic losses of different components (Gong, et al., 2013). Feng et al. And Zhao et al. Analyzed the FED under relatively low-speed flow. Effectively predicted and visualized the flow energy loss mode and high FED position (Zhao, et al., 2019; Feng, et al., 2020).
Many scholars have carried out theoretical, experimental and Numerical Research on PAT selection calculation, optimization design, stability control, force characteristics, loss distribution and cavitation. Nowadays, the difficulty of PAT is to find the turbine characteristics of the pump and select the proper pump for a specific location. In addition, most of the research on reverse-running pump is carried out on the basis of numerical simulation. It is difficult to test the reverse-running pump in actual test. In the future, how to find a simpler, faster and more applicable prediction method for reverse operation characteristics is the primary task. In terms of PAT performance optimization improvement, different researchers have found that modification of impeller blade rounded corners is the most promising. In addition, the structure of the unit can be improved, such as setting vanes at draft tube bends to improve partial load performance and to expand the application range. In summary, the future work of PAT will focus on pump selection, impeller modification, draft tube modification, cavitation analysis, water hammer research, etc.
The research object of this paper is the large vaned-voluted centrifugal pump. The volute layout can save space, its volute can drain and reduce the flow circulation, and the guide vane can also play a certain role in draining, reducing the reflux and improving the efficiency. But more importantly, the guide vane can support the overall unit structure and ensure the strength and reduce the radial force. After the performance of the model machine is converted by the accurate similar theory, the reliable operation characteristics of the real machine size unit can be obtained. On the basis of theoretical and experimental research, the existing large centrifugal pump units can be reversed to realize peak regulation and valley filling of power grid, and achieve carbon peak and carbon neutralization target better and faster. Therefore, using the existing large-scale centrifugal pump as a water turbine for power generation is also a topic worthy of study.
In this paper, the external characteristic curve and internal flow state of positive and negative rotation of large vaned-voluted centrifugal pump are obtained, and the external characteristic of pump operating condition is compared with the test data. In consideration of the difficulty of the reverse test, the data of the reverse operation of the pump obtained by accurate simulation is taken as the standard data. Error analysis and comparison of several performance prediction formulas are carried out, and the formulas with better universality and higher accuracy are summarized. The main energy loss parts under positive and negative rotation are obtained, and the causes are analyzed.
RESEARCH OBJECT AND CALCULATION MODEL
Research object
The research object is a large vaned-voluted centrifugal pump model. The real size of the pump is 3.75 times that of the model machine. The number of blades of the pump is nine and the number of guide vanes is 12. The inlet diameter of the model machine is 0.28 m, the outlet diameter is 0.56 m, the rated speed is 1,000 r/min, and the design flow of the model machine is 0.247 kg/s. The optimal flow measured by the model machine test is Q = 0.237 kg/s, the head is H = 47.33 m, and the efficiency is η = 90.1%. The structural diagram of the large vaned-voluted centrifugal pump is shown in Figure 1.
[image: Figure 1]FIGURE 1 | Structural drawing of large vaned-voluted centrifugal pump.
Experimental device
The Schematic map of the test rig is shown in the Figure 2, and its main parameters are shown in Table 1. Test Instrument parameters are shown in Table 2. The test site is shown in the Figure 3. PXI bus system is used for data acquisition and testing. The measurement of various parameters of the test is carried out with corresponding sensors, which are connected to the computer-controlled interface, a computer-centered data acquisition and processing system is formed. The water head is the total pressure difference between the inlet and outlet sections of the model, in which the static pressure difference (static head) of the inlet and outlet sections is measured by differential pressure sensor. The dynamic head part is calculated by the test flow and the area of the inlet and outlet pressure measurement section. The flow measurement and calibration adopts the electromagnetic flowmeter to measure the flow, the inner diameter of the flowmeter is 300 mm, and the output signal is the frequency signal, it can measure the flow in both positive and negative directions. The electromagnetic flowmeter is calibrated in situ by volume method with a correction pool. The main torque measurement is carried out by dynamometer motor and load sensor. The load sensor is calibrated in situ with electric weighting device and standard weight. Each standard weight is 20 kg, and the weight is verified every year. The rotation speed is measured by connecting the encoder with the generator shaft. The encoder is directly installed at the shaft end of the dynamometer motor, and 1,024 pulses are output per revolution. The rotation speed can be measured by pulse counting. Install the sensor at the working position, adjust the rotation speed of the unit to be stable, calibrate it by comparing the measured rotation speed frequency with a verified high-precision frequency meter, or check the rotation speed with a stroboscope. Energy test was carried out to determine the relationship between head H (m), shaft power p (kw), efficiency η and flow Q (m3/s) under positive rotating condition. Under the pump working condition, the system resistance is changed by changing the regulating valve in the high-pressure side pipeline system at a constant speed, so as to adjust the over-flow of the unit to form different test working condition points. Data collection is carried out when the operating condition is stable. The real machine operates under the condition of 1,480 r/min. According to the unit operation requirements, this test adopts the constant speed test method, and the test speed is n = 1,000 r/min. During the test, rotation speed fluctuation Δn≤±0.2%∘
[image: Figure 2]FIGURE 2 | Schematic map of the test rig.
TABLE 1 | Main parameters of the test bench.
[image: Table 1]TABLE 2 | Test instrument parameters.
[image: Table 2][image: Figure 3]FIGURE 3 | Experimental device.
The main parameters to be measured during the energy test include lift, flow, speed, shaft power, etc. the measurement method of each parameter is measured according to the parameter measurement method of Hydraulic Machinery General test bench, and calculated according to the following formula:
1) Pump head H
[image: image]
where Δp is the static pressure difference between the pressure measuring sections at the inlet and outlet of the pump is measured by the differential pressure sensor (Pa), Vd is the average velocity of outlet pressure measurement section (m/s), Vd =Q/Ad (Q is the test flow, m3/s), Vs is the average velocity of inlet pressure measurement section (m/s), Vs =Q/As, ρ is test water density (kg/m3), g is Gravitational acceleration (m/s2).
2) Power transmitted by pump to liquid Pu
[image: image]
where Q is the test flow m3/s, H is Test net head(m), ρ is test water density (kg/m3), g is Gravity acceleration of test bench.
3) Pump shaft power Pa
[image: image]
where M is torque on pump shaft (Nm), n is test speed (r/min).
4) Pump efficiency ηP
[image: image]
Numerical simulation settings
The numerical calculation fluid domain includes the inlet section (draft tube), rotating impeller, fixed guide vane and water pressure chamber (annular volute). The overall structure and grid division of the pump are shown in Figure 4.
[image: Figure 4]FIGURE 4 | Pump calculation domain.
The turbulence model adopts SST k-ω Turbulence Model (Menter, 1994; Menter, et al., 2003) for steady simulation. The number of iteration steps is 2000. Each solid wall is treated as a no slip wall. The interface is connected by GGI, and the reference pressure is set to 101.325 kPa. The fluid medium is liquid water at 25°C at room temperature, regardless of heat transfer. In the pump mode, the draft tube is set as the mass flow inlet, the turbulence intensity at the inlet boundary is 5%, the volute is set as the outlet, and the outlet boundary condition adopts the average static pressure outlet, the relative pressure is 0 Pa. The convergence standard is that the root mean square residuals of continuity equation and momentum equation are less than 1.0 × 10–5. The overall grid is hexahedral grid. The GCI criterion based on Richardson extrapolation is used to check the convergence of the grid, as shown in the Table 3. On the premise of ensuring grid independence, considering the complicated internal flow state of impeller and guide vane, in order to obtain more accurate calculation results, there are many grids of impeller and guide vane, with the number of grids of impeller being 4.03 million and that of guide vane being 3.37 million. However, the volute and the inlet have little influence on the internal flow state, so there are fewer grids. The number of grids in the volute is 160,000, and the number of grids in the inlet is 70,000, which can save some resources in the calculation without affecting the accuracy of the results. The final total number of grids is 7.63 million. The grid data of each part are shown in the following Table 4:
TABLE 3 | Grid independence check.
[image: Table 3]TABLE 4 | Number of grids per section.
[image: Table 4]ANALYSIS OF PERFORMANCE CHARACTERISTICS OF POSITIVE AND REVERSE INVERSIONS
Performance characteristic curve
Using the above model for numerical calculation, the inlet and outlet/rotation direction under reverse rotation is opposite to that under forward rotation, and finally the external characteristic curve under forward and reverse rotation of the pump is obtained, as shown in Figure 5. At the same time, the external characteristics under forward rotation are compared with the test data. The analysis shows that under the optimal flow condition, the simulation value of the model pump mode head is 47.42 m, the test head is 47.33 m, and the relative error is 0.19%; The simulated efficiency is 92.00%, the experimental efficiency is 90.10%, and the relative error is 2.11%; The power simulation value is 119.71 kW, the test power is 121.58 kW, and the relative error is 1.54%. The relative error between the numerical simulation and the test results is not more than 5%, which proves that the calculation method used in this paper can accurately simulate the internal flow, and can effectively ensure the reliability of the analysis.
[image: Figure 5]FIGURE 5 | Performance characteristic curve Pump (A)/Turbine (B).
From the flow-efficiency diagram, we can see that the efficiency in the pump mode increases first and then decreases with the increase of flow, and there is a high-efficiency area in the direction of 0.95–1.15 times the design flow. In the turbine mode, the efficiency change law is roughly the same as that in the pump mode, but it can be clearly seen that the position of the high-efficiency area moves towards the direction of large flow by about 0.3 optimal flow, QbT≈1.3QbP. Comparing the two states of forward and reverse rotation, it can be seen that the maximum efficiency under the turbine mode is about 2–3% higher than that under the pump mode. In addition, it can be found that the head with the best efficiency under the pump condition is only about 80% of the best efficiency of the turbine, QbP/HbT≈0.8; From the flow-head diagram, we can see that in the pump mode, the head gradually decreases with the increase of flow, and the speed of head decline is faster and faster. The flow is small at high head, and the efficiency is slightly lower at this time. While in the turbine mode, the head gradually increases with the increase of flow, and the speed of head rise is faster and faster, and the flow is large at high head, and the efficiency of the turbine has not shown an obvious downward trend at this time. Therefore, compared with the pump, the pump in reverse mode can run better under large flow and obtain higher efficiency; From the flow-power relation diagram, we can see that the power in the pump mode increases gradually with the increase of flow, and the power increases more and more slowly. For pumps, Pη = ρgQH, with the increase of flow rate, the power increases and the head decreases, so the efficiency of the pump decreases significantly. In the turbine mode, the power increases gradually with the increase of flow rate, but unlike the pump mode, the power increases faster and faster. For turbines, p = ρgQHη, In the case of large flow, both the head and power increase, but the head increase is much faster than the power increase, and the gap between the increase speeds becomes larger and larger, so the efficiency of the turbine mode decreases gradually and the decrease speed becomes faster and faster. The curves show that the pump-operated turbine can operate with higher head and output at higher flow rates. However, the power of the turbine cannot increase indefinitely, there will be a significant decrease in efficiency under larger flow, and the bearing capacity of the motor needs to be considered.
PERFORMANCE PREDICTION ANALYSIS
Considering that the inversion of large vaned-voluted centrifugal pump is rare, and in order to guarantee the inversion efficiency, this paper chooses the BEP performance prediction method with better universality and stronger theory to analyze. When the centrifugal pump is inverted to operate as a turbine, the experimental study shows that the pump as a turbine can operate at the optimum efficiency point (BEP) with higher flow and head. Define the flow and head conversion coefficients Q and h at the BEP between the pump and turbine modes. Conversion coefficients 1) and 2) are not limited by statistical/empirical range, performance data (such as BEP flow rate and pressure head) or detailed 3D geometry in pump mode, so they have high versatility and practicability. Domestic and international scholars have put forward a series of performance prediction formulas based on BEP method as shown in Table 5:
[image: image]
[image: image]
TABLE 5 | BEP method performance prediction formulas.
[image: Table 5]The performance prediction data of the large vaned-voluted centrifugal pump are obtained by different methods. The error of the prediction value is defined by Formula 7. Where [image: image] q and [image: image] are the relative errors of q and h, qe and he are the experimental values of q and h respectively. Considering the difficulty of reversal test of the large vaned-voluted centrifugal pump, the accuracy of numerical simulation calculation is guaranteed in the preceding paper. In this paper, numerical simulation is used as an alternative to experimental value. The BEP point data of the large vaned-voluted centrifugal pump is shown in Table 6. Finally, the error data of the large vaned-voluted centrifugal pump is obtained as shown in Table 7.
[image: image]
TABLE 6 | BEP Point performance characteristic data.
[image: Table 6]TABLE 7 | CAU-280-01 performance prediction data and errors.
[image: Table 7]In addition, the errors of CAU-280–01, GDD80-20, GD100-21 (Huang, et al., 2017) and other performance prediction formulas for positive and negative rotation of two pumps with specific speed are compared. The specific speed calculation formula is shown in formula (8), the specific speed of three types of pumps is shown in Table 8, and the external characteristics data of the other two pumps are shown in Tables 9, 10, the final error of specific speed is shown in Figure 6. We can see that Schmiedl’s (1988) predictions are within 10% of the pump error at medium and higher specific speeds and provide a method for predicting errors within 10% for three types of pumps, so it can be applied to centrifugal pumps of different sizes and specific speeds.
[image: image]
TABLE 8 | Pump Specific speed.
[image: Table 8]TABLE 9 | GDD80-20 BEP point performance characteristic data.
[image: Table 9]TABLE 10 | GD100-21 BEP Point performance characteristic data.
[image: Table 10][image: Figure 6]FIGURE 6 | Error analysis of performance prediction formulas.
FORWARD AND REVERSE INTERNAL FLOW ANALYSIS
Velocity and pressure distribution in forward and reverse inversions
In order to analyze the internal flow characteristics under pump positive and reverse operating conditions, the flow lines and velocity distributions under small flow (0.179 m3/s, 0.196 m3/s), optimum flow (0.237 m3/s), large flow (0.277 m3/s, 0.299 m3/s), and reverse operating small flow (0.2 m3/s, 0.25 m3/s), optimum flow (0.3 m3/s), and large flow (0.35 m3/s, 0.4 m3/s) are given as shown in Figures 7, 8. In order to better analyze the internal flow characteristics of the pump in the case of forward and reverse rotation, the dimensionless parameters of pressure and velocity are defined:
[image: image]
[image: image]
where p is the pressure and pref is the pressure at the draft tube inflow/outflow boundary (pump mode inflow and turbine mode outflow); v is speed, ω is the angular velocity at which the impeller rotates, r2 is the outer radius of the impeller.
[image: Figure 7]FIGURE 7 | Streamline and pressure velocity distribution of pump mode.
[image: Figure 8]FIGURE 8 | Streamline and pressure velocity distribution of turbine mode.
From the streamline and pressure distribution diagram of the pump mode (Figure 7), it can be seen that with the increase of flow rate, the flow speed inside the pump gradually increases, the pressure distribution in the pump is smooth and uniform. Under the condition of small flow rate (0.179 m3/s, 0.196 m3/s), there is a vortex in the internal flow, which appears between the clearances of fixed guide vanes. This may be due to insufficient development of flow at small flow rate, and the return flow of liquid occurs when the direction of flow does not match the direction of the vanes. This leads to the appearance of stall vortices and the full development of flow under design flow and large flow conditions, so that the overall flow is stable and uniform.
From the turbine mode streamline and pressure distribution diagram (Figure 8), we can see that there is no smooth separation of flow in the pump at small flow rate (0.2 m3/s, 0.25 m3/s) and optimum flow rate. The pressure distribution is uniform. The impeller flow appears vortex at large flow rate (0.4 m3/s), which mainly appears on the suction side of the outer edge of the blade. This may be due to the separation of stall vortexes and flow occurring when the direction of the pump reverse acting as the turbine does not match the direction of the blade under high flow rate.
Forward and reverse internal FED analysis
Based on the simulation results, there is a method to characterize FED, which is entropy production rate (EPR). EPR can be divided into two parts: loss item εloss and dissipation item εdisp:
[image: image]
where T is temperature, [image: image] and [image: image] is the four sub-terms of energy dissipation, expressed as Formula 12 ∼ (15). Where x, y and z are coordinate components and u、v、w are velocity components.
[image: image]
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For better analysis, dimensionless coefficients are defined ε’, as shown in the Formula 16, the ε′ distribution is shown in Figures 9, 10.
[image: image]
From the FED distribution diagram under the pump mode, we can see that the high loss areas under five different flow conditions mainly appear on the suction side of the blade and the inlet and outlet fillets of the blade. The value of ε′ of the inlet and outlet fillets of the blade is more than 5, while the value of ε′ of the suction side of the blade is between 3 and 4, slightly lower than the inlet and outlet loss value of the blade. The overall high loss area distribution of the guide vane under different flow conditions is greater than the high loss area distribution in the impeller, the value of ε′ of guide vane is mainly distributed in the fillet of guide vane.
[image: Figure 9]FIGURE 9 | FED distribution of pump mode.
[image: Figure 10]FIGURE 10 | FED distribution of turbine mode.
Under the flow rate of 178 m3/s in the pump mode, it can be found that there is a small energy loss between the blade gaps, and the value of ε′ is about 1–2. As the flow rate increases to 195 m3/s, the value of ε′ increases to 2–3. Compared with the velocity pressure vector diagram, we can infer that the energy loss may be caused by insufficient flow development and liquid impacting the blade at small flow, and the position of energy loss is constantly changing with the rotation of the impeller. There is basically no energy loss near the design flow, and the flow is stable and uniform. With the further increase of the flow, there is a small energy loss between the blade gaps when the high flow 298 m3/s is reached, and the value of ε′ is about 1, but it is not obvious in the blade loss diagram, it shows that although there is a slight capacity loss at this time, it can be ignored. And the energy loss under large flow may be caused by flow separation and vortex caused by the mismatch between the incoming flow direction and the blade direction.
From the FED distribution diagram under the turbine mode, we can see that in the case of small flow and large flow, the high loss area is widely distributed. In the case of small flow (0.2 m3/s, 0.25 m3/s), the high loss area of the impeller is mainly distributed on the suction side of the impeller blade, and the value of ε′ is between three and 4. In addition, there is a small range of energy loss at the blade inlet. In the case of large flow (0.35 m3/s, 0.4 m3/s), the high loss area is also mainly distributed on the suction side of the impeller blade, and the range of the high loss area of the impeller inlet under large flow is significantly larger than that under small flow. We can also notice that there is a small range of high energy loss near the wall of the spiral case stay ring under the condition of large flow. The high energy loss of the guide vane under different flows is at the corner of the guide vane and the value of ε′ is more than 5. The average value of ε′ of large flow is slightly higher than that of small flow, this is because the loss caused by excessive flow impact and mismatching of incoming flow direction and blade direction under large flow is greater than that caused by insufficient flow development under small flow.
FED analysis of the same flow rate with positive and reverse inversions
In order to compare the performance of positive and negative rotation, two conditions of flow approximation (300 m3/s) are selected for comparison. The FED position is shown in Figures 11, 12. It can be seen that the high FED mode in pump mode appears in the following five positions:
1) Section of the stay ring near volute
2) Head and tail of guide vane
3) Runner crown and gap
4) Suction side of runner blade
5) Runner blade inlet and outlet fillet
[image: Figure 11]FIGURE 11 | Q = 300 m3/s FED distribution of pump.
[image: Figure 12]FIGURE 12 | Q = 300 m3/s FED distribution of turbine.
We can see that the value of ε′ at positions 1, 2, 3 and 5 is greater than 5, while the value of ε′ at position 4 is about 2∼3. These high energy loss positions have two main characteristics that near wall or in the wake region. In the turbine mode, high energy loss appears in the following five positions:
1) Section of the stay ring near volute
2) Head and tail of guide vane
3) Runner crown and gap
4) Suction side of runner blade
5) Runner blade inlet fillet
Similarly, we can see that the value of ε′ at positions 1, 2, 3 and 5 is greater than 5, while the value of ε′ at position 4 is about 2∼3. These high energy loss positions have two main characteristics that near wall or in the wake region. Comparing the positive and negative rotation, it can be found that the high energy loss area of the blade in the pump mode mainly exists in the inlet and outlet part of the blade, while the high energy loss area of the blade in the turbine mode mainly exists in the inlet part of the blade. The distribution law of the rest of the energy loss is basically the same.
Vortex rope analysis of turbine modes
Considering the common vortex rope phenomena in turbine, the larger flow rate (0.45 m3/s, 0.5 m3/s) of the model in turbine mode is simulated and the whole flow rate (0.3 m3/s, 0.35 m3/s, 0.4 m3/s, 0.45 m3/s, 0.5 m3/s) is obtained, ε′ distribution and pressure velocity distribution are shown in Figure 13. From the diagram, we can see that there is no obvious vortex rope in the draft tube near the design flow rate (0.3 m3/s), which indicates that the flow condition is good and the efficiency is high at this time. When the flow rate is more than 0.4 m3/s, there is obvious vortex rope in the draft tube. Compared with the pressure velocity distribution diagram, it can be seen that the pressure changes more and more obviously with the increase of flow rate and the high pressure zone gradually increases. However, the velocity distribution becomes more and more chaotic and the chaotic area gradually spreads to the entire draft tube. Even at 0.5 m3/s flow rate, obvious flow separation and vortices appear at the draft tube outlet.
[image: Figure 13]FIGURE 13 | Vortex rope schematic diagram under high flow conditions of turbine mode.
CONCLUSION
In this paper, the forward and reverse rotation performance of large vaned-voluted centrifugal pump is studied by numerical simulation, and the following conclusions are obtained:
1) The positive and reverse characteristics of large vaned-voluted centrifugal pump at different flow rates were studied, and its positive and reverse external characteristics curves were obtained. It was found that the efficiency of BEP point under two operating conditions of positive and reverse rotation of large vaned-voluted centrifugal pump is not significantly different, but the pump reverse can be operated at the BEP point with higher flow rate and head. Generally speaking, QT≈1.3QP at BEP point. The head of BEP point under pump condition is only about 80% of the optimum efficiency of turbine, HbP/HbT≈0.8. On the basis of the above equations, we can quickly estimate the flow and head of the pump reversal as the approximate optimum efficiency point from the performance of the pump, which will be helpful to the practical application selection of pump reversal and the subsequent test. In terms of power, the power of turbine mode under the same flow rate is much larger than that of pump mode, which means that pump reversal can achieve good power generation effect. However, in practical application, power can not be unlimited with the increase of flow rate, considering the load and adaptability of generator, so as to avoid safety problems. On the basis of the above equations, we can quickly estimate the flow and head of the pump reversal as the approximate optimum efficiency point from the performance of the pump, which will be helpful to the practical application selection of pump reversal and the subsequent test.
2) Based on BEP method, through comparative analysis of performance prediction formulas, the error ranges of different reverse performance prediction formulas are obtained. For pumps with lower specific speed, only the error of Schmiedl’s (1998) method is within 10%. Except Alatore-Frenk (1994) and Yang’s (2012) methods, the errors between the methods and the pumps with medium specific speed are within 10%. In the case of high specific speed, only (Schmiedl 1998) and (Yang’s 2012) methods are within the error range. Generally speaking, the errors of (Schmiedl’s 1998) method in different specific speed pumps are within 10%, while the errors of other performance prediction formulas in different specific speed pumps cannot be guaranteed to be less than 10%. This shows that Schmiedl’s 1998 method can provide reliable performance prediction for pumps with medium to high specific speed. The performance of PAT can be preliminarily obtained by directly using this prediction formula before the test and simulation, which avoids unnecessary simulation and experiment to a certain extent, and the performance prediction formula is not affected by the size and performance characteristics of the unit, and has better universality. Meanwhile, in the future research on the performance prediction of pump reverse rotation as a hydraulic turbine, A prediction method suitable for a wider range than the rotational speed and with higher accuracy is obtained.
3) Internal flow under positive and reverse rotation conditions was simulated, pressure distribution, velocity distribution and distribution of entropy production rate were obtained. In terms of speed and pressure, it can be found that the flow in pump mode is stable and uniform under design flow and large flow conditions, while in low flow conditions, there are vortexes between the clearances of fixed guide vanes and slight flow disorder between impeller vanes, which is due to insufficient flow development under small flow conditions. In the turbine mode, the flow is stable and uniform under small flow rate and design flow rate, while in the case of large flow, vortexes appear in the impeller flow, mainly on the suction side of the outer edge of the blade. This is because the stall vortexes and flow separation occur when the inflow direction of the pump is reversed as the turbine does not match the direction of the blade under large flow rate. We can focus on the improvement of impeller blades to optimize the flow and improve the performance in the future.
4) In terms of FED distribution, it is found that the high energy loss of the impeller in pump mode mainly occurs at the suction side of the blade and the fillet part of the blade inlet and outlet, and there is a small energy loss in the blade clearance under large and small flow conditions. In the hydraulic turbine mode, it can be seen that the high energy loss area is significantly expanded compared with the pump mode, and the high energy loss area of the impeller is mainly distributed at the suction side of the impeller blade and the fillet of the blade flow inlet. In addition, the forward and reverse FED distribution under the approximate flow is also compared, and it is found that the high energy loss area of the blade in the pump mode mainly exists at the inlet and outlet of the blade, the high energy loss area of the blade in the turbine mode mainly exists in the inlet part of the blade. It is also found that in the case of large flow, the vortex band distribution becomes more and more extensive with the increase of flow, and the influence on the flow is more obvious. The above energy loss will lead to the decrease of unit efficiency and unstable operation. In actual operation, it is necessary to focus on the operation status of the above positions. This also provides some ideas for the transformation of impeller blades. The suction side and fillet of blades are optimized to obtain the optimal blade inlet angle and wrap angle, even considering the application of long and short blades. In addition, the inlet angle, outlet angle, number of blades, blade profile and other parameters of the guide vane also have a certain impact on the performance of the hydraulic turbine.
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