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A transient computational fluid dynamics (CFD) method based on dynamic mesh is adopted to investigate the static and dynamic performances of an annular seal with a tilted rotor. The reliability of the CFD method is verified by the experimental data, and then the variations of dynamic performance and sealing performance under different length-diameter ratios and misalignment angles are investigated by the method. The results show that the leakage flowrate of the tilted annular seal decreases with the increasing length-diameter ratio, while the whirl frequency ratio increases with the length-diameter ratio. The increase of misalignment angle has little detrimental effect on the stability of long shaft system in the three misalignment modes. In addition, the misalignment mode for the tilted position at the half-length of the annular seal can reduce the leakage flowrate.
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1 INTRODUCTION
Centrifugal pumps are the core device for fluid transportation and are widely used in aerospace, petrochemical, and nuclear power industries. An annular seal is a critical component in centrifugal pumps, reducing the leakage flow through the clearance between the stationary and rotating parts from the high-pressure region to the low-pressure region (Childs, 1993; Childs and Vance, 1997; Wang et al., 2019). The annular seal is like a sliding bearing in structure, consisting of a fixed outer ring and an inner rotating part. However, the clearance of the annular seal is larger than that of the sliding bearing, and there is a large pressure difference between the inlet and outlet of the seal. The fluid in the annular clearance is in a highly turbulent state under the dual driving of pressure difference and rotor rotation, which is completely different from the fluid state in the sliding bearing. Although the flow mechanism is different, the annular seal shows a similar supporting effect to the sliding bearing, and can also induce whirl instability of the rotor components (Brennen and Acosta, 2006; Vance, et al., 2010). The dynamic performances of the annular seal are directly related to the vibration characteristics and stability of the centrifugal pump rotor system, which makes the research on the dynamic characteristics of the annular seal become a hotspot.
For decades, scholars put forward lots of methods to investigate the dynamic performance of annular seals. Childs (1983) first conducted a finite-length solution on an annular plain seal with the bulk-flow method, which has become the most commonly method applied in industry. Nelson and Nguyen (1988a); Nelson and Nguyen, (1988b) raised a new analytical method different from Child’s method by applying fast fourier transforms to investigate the effect of eccentric ratio on the dynamic performance of a plain seal. After that, Iwatsubo et al. (1996) adopted a two-control-volume method to predict the dynamic coefficients of a liquid seal with double spiral grooves on the rotor surface. Wyssmann et al. (1984) modified the two-control-volume method and used it for a labyrinth gas seal. To describe flow state in labyrinth seals more realistically, Marquette and Childs (1996) proposed a three-control-volume approach for a liquid circumferentially grooved seal, which had high prediction accuracy for both leakage flowrate and dynamic coefficients. In recent years, with the improvement of computer technology, CFD methods have become popular and effective methods to predict the dynamic coefficient of annular seals. Dietzen and Nordmann, (1987) first introduced the CFD method for an annular seal by using rotor fixed coordinates and perturbation analysis. Then, Tam et al. (1988) raised a quasi-steady CFD method which transformed a transient problem in a stationary frame to a steady one by introducing a moving reference frame attached to a whirl rotor. However, the introduction of quasi-steady simplification would cause additional error to the analysis results. Thus, a transient CFD method that directly solving the flow field in stationary frame was performed by Williams et al. (1997), and the method could obtain time-varying fluid forces. Subsequently, the transient numerical analysis for the dynamic of annular seals were performed by many scholars, including Wu et al. (2016), Li et al. (2013; 2020), Chochua and Soulas (2007), and Xu et al. (2018).
The above research on the annular seals was carried out for the case where the central axis of the rotor is parallel to that of the stator. However, the rotor would tilt with a certain amount in high-performing rotating machinery with heavy radial loads. Iino and Kaneko, (1980) discovered the inclination between the rotor and stator axes has a significant impact on fluid excitation forces of annular seals. Fenwick et al. (1982) firstly calculated the dynamic coefficients for a short-length annular seal under rotor misalignment conditions, and the authors revealed that the excitation forces generated by the misalignment were as significant as translation. Then, Chen and Jackson, (1985) also investigated the fluid excitation forces induced by large shaft angular motions for short seals, and revealed the seal dynamic performance changed considerably in high misalignment condition, particularly when the perturbation direction coincided with the minimum clearance. Childs (1982) mentioned the dynamic coefficients due to shaft angular displacements are also crucial in annular seals having characteristics of large length-diameter (L/D) ratio, especially in submerged pumps. The moment coefficients due to shaft misalignment angles were obtained by Askharone and Hensel, (1991) through finite element methods. It was shown that the increase of rotor speed would improve the dynamic stability of shaft angular motions. San Andres (1993) utilized the bulk-flow model to study the effects about rotor misalignments on the dynamic propriety of liquid annular seals. The results revealed the misalignments at seal inlet can enhance the support effects of liquid film, while the misalignments at seal outlet can descend the support effects of liquid film. Scharrer et al. (1993) also found the misalignment at the seal inlet can produce large force stiffening effects.
At present, the prediction of dynamic and static performances of tilted annular seals chiefly adopts the bulk-flow method, and rarely involves CFD methods. In the current paper, a transient CFD method is applied to simulate whirling motion of an annular seal with a tilted rotor, and the prediction accuracy of the method is examined by the experiments and the bulk-flow method. Then the influences of length-diameter ratio, static misalignment angle, misalignment mode, pressure difference and rotational speed on the static and dynamic performances of the annular seal are explored by the transient CFD method.
2 NUMERICAL GEOMETRIC STRUCTURE AND COMPUTATIONAL FLUID DYNAMICS METHOD
2.1 The numerical information of the annular seal
Figure 1A depicts the seal used in the paper, which is based on Kanemori’s experimental model (Kanemori and Iwatsubo, 1994). The geometric information and simulation information of the annular seal are shown in Table 1. The medium used for the annular seal is water at room temperature. The whole fluid domain is divided by structured grids, as shown in Figure 1B. Three misalignment modes of the seal are presented in Figure 2. The planes where the rotor axis passes through the seal entrance section, Z = 0, the quarter section, Z = L/4, and the middle section, Z = L/2, are defined as mode 1, mode 2, and mode 3, respectively. The grid independence is examined by comparing the fluid excitation forces at different grid densities based on the mode 3 with a misalignment angle of 3.3e-4 radians. It can be seen from Figure 3 that when mesh number comes up to 3.061 million, the fluid excitation forces (Fr and Ft) change little with the further increasing mesh number. Therefore, the mesh number of 3.061 million is chosen to perform the transient CFD simulations in this paper.
[image: Figure 1]FIGURE 1 | The annular seal. (A) The model. (B) The grid.
TABLE 1 | The geometrical dimensions and operating conditions of the seal (Kanemori and Iwatsubo, 1994).
[image: Table 1][image: Figure 2]FIGURE 2 | The diagram of three misalignment modes of the annular seal: (A) Mode 1; (B) Mode 2; (C) Mode 3.
[image: Figure 3]FIGURE 3 | Grid independence analysis.
2.2 Transient computational fluid dynamics method for dynamic mesh
The rotor whirls in the annular seal, causing the clearance shape to change over time. Note that this is a transient problem, which requires dynamic mesh technique to resolve it. In this paper, the dynamic mesh technique is performed by self-compiled program through the macro Define_Grid_Motion. There are three different misalignment modes of the annular seal studied in the paper. For the sake of concise, the misalignment mode 2 shown in Figure 2 is acted as a case to illustrate the grid movement process in the clearance of the annular seal. The grid movement process is as follows.
Figure 4A presents mesh movement in radial clearance at arbitrary axial section of the seal. The clearance has been magnified to clearly illustrate the grid movement. As shown in the figure, before the rotor whirls, the rotor center coincides with the stator center, that is, the rotor is at the homocentric position O. When the rotor whirls, the rotor center deviates from the stator center, that is, the rotor center moves from the homocentric position O to the eccentric position O1, and at the same time, point A on the rotor surface moves to point A1. Q is a point on the stator surface, which remains stationary, and any point G (xG, yG) in the clearance moves to point G1 (xG1, yG1) to ensure that the point G is located on the grid line A1Q1 after the rotor whirls. During the whirling motion, the moving displacement of the rotor at each time step is d (xd, yd), and the moving displacement of arbitrary point G in the clearance is obtained by interpolation method (Jiang, 2016), as shown in Eq. 1.
[image: image]
[image: Figure 4]FIGURE 4 | The grid movement of the seal fluid domain during transient CFD simulation. (A) Grid movement in the radial direction of the seal. (B) Grid movement in the axial direction of the seal.
When the rotor locates in the homocentric position, Fa can be represented by the coordinates of point G, as shown in Eq. 2.
[image: image]
When the rotor locates in an eccentric position, Fa is represented by the coordinates of point G1, the rotor whirling displacement d and the initial angular displacement ψ of point G, as shown in Eq. 3. Therefore, the rotor whirls one step, the nodes in the clearance also move to the corresponding position to guarantee the optimum mesh quality.
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It can be seen from the above analysis that if the whirling displacement d (xd, yd) of the rotor is obtained, the displacement of the nodes in the clearance can be calculated. The whirling motion is presented in Figure 4B. When the rotor moves from the coaxial position with the stator to the tilted position, the arbitrary point J (xj,yj) on the rotor surface is moved to point J1 and the axial misaligned angle is δ (δx, δy). Since point S0 is the tilted point of the rotor, point S remain stationary after misalignment. The mathematical model of the whirling motion is described in Eq. 5, and the whirling trajectory is represented by the blue circle, as shown in Figure 4B. As can be seen from the figure, the whirl radius is different along the axial direction. Therefore, the moving displacement of any point J needs to be expressed by the axial coordinate of the point and the whirling time, as shown in Eq. 6.
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Figure 5 shows the flow diagram for performing transient calculations. Before the calculation of the transient flow field of the annular seal, a steady-state calculation is carried out to eliminate the influence of the initial value on the transient result, and then the steady result is used as the initial condition to start the transient calculation. During the transient simulation, Fluent reads the rotor whirl displacement signal through the macro Define_Grid_Motion to determine the latest position of the shaft center and update the coordinates of all grids in the fluid domain. In addition, since the position of the rotor center is constantly changing during the transient calculation, the rotation speed of the rotor surface cannot be set according to the method of rotating around a fixed axis. In this paper, the coordinates of the nodes on the rotor surface are read by the macro Define_Profile. According to the coordinates, the tangential velocity of the nodes on the rotor surface can be decomposed into the X-direction velocity component Vx and the Y-direction velocity component Vy, and then assign the two velocity components to the nodes through the macro Define_Profile.
[image: Figure 5]FIGURE 5 | Calculation diagram of transient flow field.
Fluent 18.0 is applied to calculate the three-dimensional incompressible fluid field of the annular seal. Total pressure and static pressure are separately set at the seal inlet and outlet. Table 2 compares the CFD predicted excitation forces of different turbulence models with the experimental results (Kanemori and Iwatsubo, 1994) under the rotational speed of 900rpm and the pressure difference of 490 kPa. It can be concluded that the realizable k-ε model with enhanced wall treatment is a better choice for the current CFD calculations. Time term is discretized by first-order implicit schemes, and the rotor rotating for one degree is used as time step. The convection term and diffusion term are separately discretized by second-order upwind schemes and central difference schemes. The pressure-velocity coupling is coped with by the SIMPLE algorithm.
TABLE 2 | The fluid excitation forces of different turbulence models.
[image: Table 2]The convergence target for each steady solution is that the residuals of the continuity equations, momentum equations, and turbulence equations reach 10−6. For the transient solution, the convergence target of each simulation is that the residuals of the continuity equations, momentum equations and turbulence equations reach 10−5, and the fluid excitation forces (Fx, Fy) on the rotor surface are periodic and the fluctuations of the forces between adjacent periods are less than 0.2%. On the hardware side, an Inter(R) Xeon(R) Gold 5220 2.20 GHz CPU computer with 64 RAM is used. The computation time for each whirl speed is approximately 34 h. Six whirl speeds are performed to solve the five dynamic coefficients, and the total calculation time is about 204 h.
2.3 Extraction of dynamic coefficients
The inclination between the axial lines of a rotor and a stator causes the rotor perturbed with a tilting whirling motion. The tilting whirling model is defined as Eq. 5. For small whirling of a rotor around arbitrary positions, fluid excitation forces are described by dynamic coefficients (Childs, 1982), as presented in Eq. 7. Kα and kα are direct stiffness and cross-coupled stiffness, respectively, Cα and cα are direct damping and cross-coupled damping, respectively, Mα is direct virtual-mass. According to the relationship between the static reference frame and the moving reference frame, the fluid excitation forces (Fx, Fy) in Eq. 7 can be redefined by Eq. 8. If Ω is changed, the fluid excitation forces (Fr, Ft) corresponding to Ω are determined by integrating the pressure on the rotor surface. Since there are three known parameters (Fr, Ft and Ω) and five unknowns (Kα, cα, Mα, kα, Cα) in the Eq. 8, so it needs at least 5 transient CFD calculations to identify all unknown coefficients.
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3 RESULTS AND DISCUSSION
3.1 The verification of the transient computational fluid dynamics method
Figure 6 compares the fluid excitation forces of the transient CFD method with those of the experiment and the bulk-flow method to check the reliability of the current CFD method (Kanemori and Iwatsubo, 1994). The transient CFD simulations are carried out based on the mode 3 with a misalignment angle of 3.3e-4 radians under the rotational speed of 1080 rpm and the pressure difference of 840 kPa. The transient CFD method is found to predict tangential forces Ft with almost the same accuracy as the bulk-flow method, both of which are more than the experimental result, and the maximal error is 26.7%. Note that the prediction accuracy of the transient CFD method for the radial force Fr is apparently superior to that of the bulk-flow method. The radial force obtained by the CFD method almost coincides with the experimental result in the range of [image: image] from 0 to 1.2, while the radial force of the bulk-flow method is totally less than that of the experiment in the entire range of [image: image]. The maximum errors of the CFD method and the bulk-flow method in predicting the radial force are 14.8% and 19.6%, respectively. Additionally, the validation of the CFD method was also performed under the rotational speed of 900 rpm and the pressure difference of 490 kPa, which was discussed in reference (Li et al., 2022). Thus, the comparison shows that the current transient CFD method with dynamic mesh offers better improvement than the bulk flow method and is suitable for subsequent numerical simulations.
[image: Figure 6]FIGURE 6 | Comparison of fluid excitation forces of the transient method with those of the Kanemori and Childs (Kanemori and Iwatsubo, 1994).
3.2 The dynamic and static performances of tilted annular seal with various length-diameter ratios
To study the relationship between the dynamic performance and the length of the tilted annular seal, the length is changed from 1.6e-4 m (L/D = 0.2) to 0.4 m (L/D = 5) with the other boundary conditions unchanged. The investigation is carried out based on the mode 3 with a misalignment angle of 3.3e-4 radians. Figures 7, 8 plot the tilting dynamic performance versus the seal length-diameter ratio (L/D) at different rotational speeds and pressure differences. It is observed that direct stiffness coefficients and direct damping coefficients under differences rotational speeds of the three pressure differences are sensitive to L/D ratio, and both increase with L/D ratio. When L/D ratio is less than 2, direct stiffness coefficients and direct damping coefficients under three different pressure differences are insensitive to rotational speed. As L/D ratio further increases, the larger rotational speed obtains the larger direct stiffness coefficient, especially under the condition of 250 kPa. However, the variation trends of direct damping coefficients under the three pressure differences with rotational speed are opposite to those of direct stiffness coefficients with rotational speed. Additionally, under the same L/D ratio conditions, direct stiffness coefficients and direct damping coefficients at three rotational speeds all increase with pressure difference. For cross-coupled stiffness coefficients and cross-coupled damping coefficients under different rotational speeds of the three pressure differences, L/D ratio has little influence on these two coefficients when L/D ratio is less than 1. As L/D ratio gradually increases, cross-coupled stiffness coefficients and cross-coupled damping coefficients increase with L/D ratio, and the higher rotational speed possess the larger cross-coupled stiffness coefficient and cross-coupled damping coefficient. Note that the growths of cross-coupled damping coefficients under 1500rpm of three differential pressures are dramatically greater than those under the other two rotational speeds. It is also observed that under the same L/D ratio conditions, cross-coupled stiffness coefficients at the three rotational speeds increase with the increasing pressure difference. Except for the condition of 1500rpm, cross-coupled damping coefficients of different rotational speeds also increase with pressure difference. In general, L/D ratio has great effect on dynamic coefficients of tilted annular seals, and ignoring tilting dynamic performance will greatly underestimate fluid excitation forces acting on a rotor, especially for large L/D ratio. Therefore, in the dynamic analysis of rotor systems, the influences of tilting disturbance on fluid excitation forces of annular seals should be reasonably considered according to the seal length.
[image: Figure 7]FIGURE 7 | The variations of stiffness coefficients with length-diameter ratio under different pressure differences and rotational speeds. (A) 250 kPa. (B) 490 kPa. (C) 990 kPa.
[image: Figure 8]FIGURE 8 | The variations of damping coefficients with length-diameter ratio under different pressure differences and rotational speeds. (A) 250 kPa. (B) 490 kPa. (C) 990 kPa.
To better illustrate dynamic behavior of annular seals, the whirl-frequency ratio f is commonly used to weigh the stability of rotor systems, which should be as small as possible to guarantee the safe operation of the systems. The whirl-frequency ratio consists of the two key coefficients of cross-coupled stiffness and direct damping, and is often estimated under the assumption of synchronous whirl (Iwatsubo and Ishimaru, 2010). It is observed from Figure 9 that the whirl-frequency ratios under the three pressure differences increase with the increasing L/D ratio. As for Figure 9A, when L/D ratio increases from 0.2 to 5, the whirl-frequency ratio increases the least at 250 kPa and the most at 990kPa, which are 351.3% and 584.3%, respectively. And when L/D ratio is 5, the whirl-frequency ratios of the two pressure differences are 0.73 and 0.65, respectively. This phenomenon indicates that a large L/D ratio seriously reduces the stability of rotor systems. This is because the annular seal, due to its long structure, will generate additional centrifugal force during high-speed operation, causing the shaft to flex and deform. When there is flexural deformation, the helical flow effect of the fluid in the seal will be intensified (He and Xia, 1999), leading to the rotor whirling and reducing the stability of the rotor system. For Figures 9B,C, the variations of the whirl-frequency ratios with the pressure difference show patterns like that discussed in Figure 9A. However, the rotational speed has little effect on the whirl-frequency ratio compared with pressure difference.
[image: Figure 9]FIGURE 9 | The variations of whirl-frequency ratios with length-diameter ratio under different pressure differences and rotational speeds. (A) 600rpm. (B) 900rpm. (C)1500rpm.
Figure 10 demonstrates that leakage flowrates under different pressure differences decrease exponentially as L/D ratio increases. Note that under the same L/D ratio conditions, leakage flowrate is sensitive to changes in pressure difference, but not to rotational speed. When L/D ratio is 0.2, the leakage flowrates at 250, 490 and 990 kPa are 1.65 kg/s, 2.36 kg/s and 3.43 kg/s, respectively, and then decrease to 0.37 kg/s, 0.59 kg/s and 0.93 kg/s, respectively, as L/D ratio increases to 5. Therefore, the analysis shows that long annular seal with tilted rotor can effectively reduce leakage flowrate, especially under low pressure difference. The theoretical calculation formula of leakage flowrate Q of annular seals is generally shown as follow (Tarudanavski et al., 1986; Hu et al., 2021),
[image: image]
[image: Figure 10]FIGURE 10 | The variations of leakage flowrates with length-diameter ratio under different pressure differences and rotational speeds.
The seal length L is inversely proportional to the leakage flowrate Q, which also indicates that increasing the seal length can reduce the leakage flowrate.
3.3 The dynamic and static performances of long annular seal under different static misalignment angles
It is seen from Section 3.2 that the dynamic performance due to shaft angular displacement are important in long annular seals. Therefore, in this section, an annular seal with a length-diameter ratio of 3 is applied to investigate the effect of static misalignment angle on the dynamic performance of the seal. Three different misalignment modes are selected for this study, as shown in Figure 2. The misalignment angle δ denotes the angle between the rotor axis and the stator axis, which increases from 0 radians to the maximum value of 0.00148 radians. When the rotor axis passes through the seal entrance plane (the mode 1), the largest misalignment angle (δ= 0.00148 radians) corresponds to a 90% shaft displacement relative to the radial clearance on the opposite side of the seal. Figure 11 presents the effect of static misalignment angle on direct stiffness coefficient. The pressure differences under three Y-axes in the figures denote that these dynamic coefficients are obtained at the corresponding pressure differences. It can be observed that direct stiffness coefficients of three misalignment modes at different pressure differences ranging from 250 to 990 kPa increase as the static misalignment angle increases, especially at 1500rpm. Under the same rotational speeds and pressure differences, the mode 1 possesses the largest direct stiffness coefficient, followed by the mode 2 and then the mode 3. But noted that in Figure 11C, when operating at pressure differences of 250kPa and 490 kPa under a speed of 1500rpm, the mode 1 has the minimum direct stiffness coefficients and the mode 3 has the maximum ones. This is because under high-speed and low-pressure difference conditions, when rotor axis passes through seal plane closer to the seal inlet, the lateral motion plays a dominant role in the seal, resulting in a large negative direct stiffness coefficient. The figure also illustrates that under the same rotational speed conditions, the direct stiffness coefficients of the three modes increase with the increasing pressure difference, while under the same pressure difference conditions, except for the mode 3, the direct stiffness coefficients of the other modes decrease with the increasing rotational speed.
[image: Figure 11]FIGURE 11 | The variations of direct stiffness with misalignment angle under different pressure differences and rotational speeds. (A) 600rpm. (B) 900rpm. (C) 1500rpm.
Cross-coupled stiffness coefficient versus misalignment angle is demonstrated in Figure 12. It is observed that cross-coupled stiffness coefficients under different pressure differences are insensitive to misalignment angle for the misalignment mode 3. However, the cross-coupled stiffness coefficients of the other modes increase with misalignment angle. When the misalignment angle is increased from 0 to 0.00148 radians, under the same pressure differences and rotational speeds, the growths of cross-coupled stiffness coefficients for the mode 1 are larger than those of the cross-coupled stiffness coefficients for the mode 2. It is also observed that under the same rotational speeds and pressure differences, the mode 1 has the largest cross-coupled stiffness coefficient, followed by the mode 2 and then the mode 3. In addition, when operating under the same rotational speed conditions, the cross-coupled stiffness coefficients of the three modes increase with pressure difference, and when operating at the same pressure difference conditions, the cross-coupled stiffness coefficients of the three modes also increase with rotational speed.
[image: Figure 12]FIGURE 12 | The variations of cross-coupled stiffness coefficients with misalignment angle under different pressure differences and rotational speeds. (A) 600rpm. (B) 900rpm. (C) 1500rpm.
Figures 13, 14 illustrate the influence of static misalignment angle on direct damping coefficients and cross-coupled damping coefficients, respectively. Figures show that under different pressure difference conditions, the misalignment angle has no effect on direct damping coefficients and cross-coupled damping coefficients for the mode 3. However, for the mode 1 and the mode 2, direct damping coefficients increase with the increasing misalignment angle, while cross-coupled damping coefficients decrease with the increasing misalignment angle. As the misalignment angle is increased from 0 to 0.00148 radians, under the same rotational speeds and pressure differences, the growths of direct damping coefficients of the mode 1 are greater than those of the mode 2, and for cross-coupled damping coefficients, the decreases of the mode 1 are also larger than those of the mode 2, especially under high rotational speed. Under the same rotational speeds and pressure differences, it is also observed that the misalignment mode 1 has the maximum direct damping coefficient and cross-coupled damping coefficient, followed by the mode 2 and then the mode 3. Additionally, at the same rotational speed conditions, direct damping coefficients of the three modes increase with pressure difference, while cross-coupled damping coefficients are less affected by pressure difference. Under the same pressure difference conditions, direct damping coefficients of the three modes are almost insensitive to rotational speed, while cross-coupled damping coefficients increase as rotational speed increases.
[image: Figure 13]FIGURE 13 | The variations of direct damping coefficients with misalignment angle under different pressure differences and rotational speeds. (A) 600rpm. (B) 900rpm. (C) 1500rpm.
[image: Figure 14]FIGURE 14 | The variations of cross-coupled damping coefficients with misalignment angle under different pressure differences and rotational speeds. (A) 600rpm. (B)900rpm. (C) 1500rpm.
Figure 15 demonstrates the effect of misalignment angle on the whirl-frequency ratio. As shown in Figure 15A, under different rotational speed conditions, the whirl-frequency ratios of the mode 2 and the mode 3 are not sensitive to the changes in misalignment angle, while the whirl-frequency ratios of the mode 1 increase as the angle increases. As pressure difference becomes larger, the whirl-frequency ratios of the three modes all increase with the misalignment angle, as presented in Figure 15B and Figure 15C. Note that under different rotational speeds of the three differential pressures, when the misalignment angle is increased from 0 to 0.00148 radians, the maximum growths of whirl-frequency ratios for the mode 1, the mode 2 and the mode 3 are 3.92%, 2.59% and 4.56%, respectively. Therefore, the static misalignment has a little adverse influence on the stability of shaft system, which is similar to the theoretical results of Scharrer et al. (1993) parametric study. According to the small displacement whirl theory (Childs, 1993), the whirl radius e should be less than 10% of the seal clearance. The misalignment angle of the annular seal is changed by adjusting the whirl radius while keeping the seal length L unchanged. The whirl radius e is very small relative to the length L, so the change of the misalignment angle is also small, which explains the reason why the increase of the misalignment angle has less effect on the whirl frequency ratio. Under the same pressure difference and rotational speed conditions, the mode 3 has the largest whirl-frequency ratio, followed by the mode 2 and then the mode 1. Under the same pressure difference conditions, the whirl-frequency ratios of the mode 1 and the mode 2 are not sensitive to rotational speed, while the whirl-frequency ratios of the mode 3 increase with rotational speed. But under the same rotational speed conditions, the whirl-frequency ratios of the three modes all decrease with the increasing pressure difference.
[image: Figure 15]FIGURE 15 | The variations of whirl frequency ratios with misalignment angle under different pressure differences and rotational speeds. (A) 250 kPa. (B) 490 kPa. (C) 990 kPa.
The effect of misalignment angle on leakage flowrate is shown in Figure 16. It is observed that under different rotational speeds of the three pressure differences, the leakage flowrates of the mode 1 and the mode 2 increase with increasing misalignment angle, and the growths of the mode 1 are greater than those of the mode 2. However, the leakage flowrates of the mode 3 decrease as the angle increases, especially under high pressure difference. In addition, under the same pressure differences, the leakage flowrates of the three modes decrease with the increase of rotational speed, while under the same rotational speed conditions, the leakage flowrates increase with pressure difference. It is also seen that under the same pressure differences and rotational speeds, the mode 1 leaks the most, followed by the mode 2 and then the mode 3. The analysis shows that both misalignment angle and misalignment mode have great influence on the leakage flow, and the position of misalignment point close to the seal center is helpful to reduce leakage flowrate, especially at the large misalignment angle.
[image: Figure 16]FIGURE 16 | The variations of leakage flowrates with misalignment angle under different pressure differences and rotational speeds. (A) 250 kPa. (B) 490 kPa. (C) 990 kPa.
4 CONCLUSION
In this paper, the static and dynamic performances of a tilted annular seal are studied by the CFD method with dynamic mesh. The reliability of the method is proofed by comparing the CFD results with those of the experiment and the bulk-flow method. Then, the influences of seal length, static misalignment angle and misalignment mode on the static and dynamic performances of the annular seal are explored by the transient CFD method. The following conclusions are drawn.
(1) The current transient numerical simulation has high accuracy in predicting fluid excitation forces of the annular seal with tilted rotor, and this method provides better improvement than the bulk-flow method in predication of the radial fluid excitation force.
(2) The leakage flowrate of the tilted annular seal decreases with the increasing length-diameter ratio, while the whirl frequency ratio increases with the length-diameter ratio, which seriously reduces the stability of the annular seal. Therefore, in the design process of a long annular seal, in order to optimize the performance of pump rotor system without affecting the sealing effect, it can be considered to break the long annular seal, that is, dividing the long annular seal into multiple short seals, which can increase the support stiffness while minimizing the cross-coupled stiffness to improve the stability of rotor system.
(3) The misalignment angle has little effect on the stability of the long shaft system, while the misalignment position at the half-length of the annular seal can reduce leakage flowrate. In the paper, the effects of misalignment angle and misalignment mode on the static and dynamic performances of the long annular seal are investigated, which can provide guidance for practical engineering problems and have reference significance for the theoretical study of annular seals.
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NOMENCLATURE
Abbreviations
Cα direct damping, Ns/m
cα cross-coupled damping, Ns/m
D seal diameter, mm
dx rotor whirling displacement in X direction, mm
dy rotor whirling displacement in Y direction, mm
e whirling radius, mm
ewt enhanced wall treatment
f whirl frequency ratio
Fx fluid excitation force in the x direction, N
Fy fluid excitation force in the y direction, N
Fr radial force, N
Ft tangential force, N
H seal clearance, mm
h film thickness, mm
Kα direct stiffness, N/m
kα cross-coupled stiffness, N/m
L/D length-diameter ratio
Mα direct virtual-mass, kg
Q leakage flowrate, kg/s
t time, s
Z the Z coordinate of the grid node in the axial direction
ω rotational speed, rpm
Ω whirling speed, rpm
δ axial misalignment angle, radian
μ fluid dynamic viscosity, Pa·s
ψ initial angular displacement of point G, radian
Δp pressure difference, kPa
Δt time step, s
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Parameters Signs Values Units
Seal diameter D 79312 mm
Seal clearance H 0394 mm
Seal length L 240 mm
Whirling radius e 04 mm
Pressure difference 2p 490 kPa
Length-diameter ratio L/D 3 -
Rotational speed w 900 rpm
Whirling speed o 90-1880 pm
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Turbulence model F,/N FJ/N Experiment Error (%)

E/N F/N F, F,
Realizable k-¢ (ewt) 9584 7144 -11291 10534 15.12 3218
RNG k-¢ (ewt) -94.68 68.79 16.15 3470
Standard k- -95.05 7095 15.82 32,65
Shear-stress transport k- -9576 7056 15.19 33.02





