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Pump as turbine plays an important role in modern industrial process. One of the major goals of turbine design and optimization is to maximize its efficiency. Therefore, it is of great importance to connect force with work in the analysis process. In the present study, the three-dimensional flow field of the pump as a hydraulic turbine has been investigated in the steady-state mode. The load distribution along three captured streamlines (i.e., the shroud, hub and middle streamline) on both the pressure and the suction surface is observed, and the relationship between the load distribution and the working capability is systematically analyzed. The results show that the load distribution on the pressure surface of the hydraulic turbine blade gradually transitions from the reverse “S” shape to the “S” shape in the process of increasing flow rate, while the load distribution on the suction surface keeps increasing with a concave trend. The main work area of the fluid medium on the hydraulic turbine impeller is in the middle section of the blade. As the flow rate increases, the loads on the blade depict a linear decreasing trend from the inlet to the outlet. The net load acting on the blade is distributed in a concave parabola profile along the radial position of the blade. Focusing on the inlet and middle section of the blade profile in the design or optimization process of the hydraulic turbines will be more useful. This study provides a new analysis method for the design or optimization of hydraulic turbine impellers.
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1 INTRODUCTION
The original purpose of the centrifugal pump is to transport liquid and convert the shaft power of the impeller into the energy of the fluid. The use of the centrifugal pump as turbine (PAT) reversely realizes the energy conversion of the centrifugal pump in the opposite direction, and transfers the energy (mechanical energy and internal energy) of the high-pressure liquid to the turbine impeller and outputs it as shaft work. When a pump is reversed, the outlet of the pump is the inlet of the turbine, and the inlet of the pump is the outlet of the turbine. The direction of rotation is opposite to that of the centrifugal pump. There are two main uses of pump reversal (Williams, 1996a; Van Antwerpen and Greyvenstein, 2005): one is as a low-cost turbine for power generation; the other is for energy recovery in pipelines. At present, the energy recovery efficiency of a hydraulic turbine is more than 80%. Comparing with the ordinary turbines and other turbine equipment, PAT is more flexible and simple to operate, and the efficiency of the turbine is similar to the pump’s working condition. Besides, the use of PAT has a lower cost.
Because of the convenient use of PAT, the change trend of the non-dimensional parameters were investigated (Sharma and Ahmad, 2008; Shahram et al., 2009; Zhou et al., 2010), such as flow rate and water head in two modes (pump mode and turbine mode) of centrifugal pumps with different specific speeds and off-design working conditions. Their study established the performance prediction relationship, the objective function of the impeller structure parameters, and optimized the impeller hydraulic model by gradient algorithm. Li (1993) made detailed discussion on various methods for the performance improvement of turbine, such as adding guide vanes, increasing the area of the impeller outlet, and trimming the head of blade. Williams (1996b) carried out experiments with 35 pumps of different shapes and sizes, compared the existing PAT performance prediction methods, and found that none of them can accurately predict the performance of PAT. Nautiyal et al. (2011) reviewed the previous performance prediction work of PAT, classified various methods and explained them in chronological order, and proposed a new method for predicting the performance of PAT by specific speed.
As is known, the performance of PAT (or pump) is closely related to its geometric parameters, including the diameter of impeller, inlet and outlet D, the blade placement angle β, the blade outlet width b, the number of blade z, the blade wrapping angle θ, etc. It is very useful to optimize PAT from above parameters. Yang et al. (2011) took a centrifugal pump with the specific speed of 72 as a turbine and studied the influence of blade wrapping angle. They found that with the increase of the blade wrapping angle, the flow head curve under pump conditions becomes steeper, and the shaft power gradually decreases; the head and shaft power under turbine conditions gradually increase, and the flow-head and flow-shaft power characteristic curves gradually increased. Yang and Wang (2011) investigated the influence of blade shape on the performance of hydraulic turbine using three PATs with different blade shapes. They found that there is an optimal combination of the blade inlet angle and wrapping angle, the turbine wheel is close to the blade inlet, there is an axial vortex near the pressure surface close to the inlet of the impeller blade. When the flow rate is greater than the design value, the larger the wrapping angle, the more obvious the decrease in turbine efficiency. Yang et al. (2013) conducted experimental research on a single-stage volute-type hydraulic turbine, and numerically studied the effect of the inlet placement angles. Their results show that the head and shaft power of the hydraulic turbine gradually increase with the increasing blade inlet angle. The efficiency of the hydraulic turbine decreases under small flow conditions, while increases under high flow conditions. The power loss inside the impeller is the main part of the turbine power loss. Researchers also investigated on the influence of blade outlet angles (Veselov, 1982; Yan, 1994; Li, 1999; Qu et al., 2005) and found that it is useful to improve the performance of PAT when the blade outlet angle increases to 90°–130°. However, further theoretical research is required to obtain the influence law of the blade outlet angle on the performance curve of PAT.
In addition, scholars have tried to using multi-objective optimization method for the design of the impeller to improve operating efficiency (Carlos et al., 2008; Kalyanmoy, 2009). Zhang et al. (2014) proposed an optimal design method of centrifugal pump impeller based on the adjoint method. This method directly uses the grid nodes on the impeller blade surface as the control variable, and establishes the objective function with the highest hydraulic efficiency of the pump at the designed operating point. Xiao and Wang (2006) used genetic algorithm (GA) global exploration, response surface approximate modeling, and sequential quadratic programming (SQP) local optimization strategy to obtain a full three-dimensional optimization strategy for hydraulic machinery. The design system realizes the fully automatic integration of the parametric design, meshing, calculation and post-processing of the blade. The genetic algorithm, neural network and gradient-based blade profile optimization algorithm were also adopted to optimize the blade profile of the pump turbine (Derakhshan et al., 2008; Derakhshan et al., 2009; Derakhshan et al., 2010). Some scholars further studied the optimal design of blades from the perspectives of numerical calculation, multiple operating conditions and three-dimensional design. Through theoretical analysis and experimental verification, the feasibility of the optimal design method is obtained (Zangeneh et al., 1996; Zangeneh et al., 1999; Kim and Park, 2000; Seo and Kim, 2004; Lehnhiuser and Scher, 2005).
The load distribution on the blade is closely related to the blade shape and the flow field in the impeller, and then affects the performance of the impeller (Shen, 1980; Otte, 1983). The basic idea of the “load method” is to use the momentum equation in the impeller to obtain the relationship between the load and the blade profile, and the twist of the blade can be obtained from this relationship (Wu and Bi, 1988). Therefore, the overall comprehensive analysis of the centrifugal pump can be carried out according to the load distribution on the blade profile and the performance of the impeller. Quan et al. (Quan et al., 2013) numerically studied the performance of screw centrifugal pump based on profile. The changes of speed, pressure, volume fraction and other parameters along the entire blade wrapping angle were explored, and the functional force of each segment of the screw centrifugal pump impeller was analyzed by introducing the concepts of centrifugal load, lift load and volume load coefficient. Lu and Wu (1987), Wu and Chen, 1988; Chen and Wu, 1989) studied the relationship between load distribution, relative speed distribution, blade outlet angle of centrifugal pump impeller and performance, and deduced the relationship between load and blade profile. Their study shown that as the maximum load moves to the exit direction, the blade wrapping angle becomes larger, the performance curve becomes steeper, and the high efficiency range becomes narrower. Zhu et al. (2004) studied the influence of the blade shape of the centrifugal solid-liquid two-phase flow pump on the hydrodynamic characteristics, and proposed a analyze method for the near wall centrifugal force to obtain a reasonable blade profile.
Although quite a few efforts have been made to investigate the performance and to improve the efficiency of the PAT, most of the studies on hydraulic turbine in terms of loads concentrate on the pressure pulsation (Ciocan et al., 2000; Zobeiri et al., 2006), axial force and radial force (Fernandez et al., 2004; Asuaje et al., 2005; Jain and Patel, 2014). However, there are few studies on the mechanism of energy conversion characteristics inside a pump as turbine, especially on the relationship between the load on blades and the blade profile and other geometric parameters of the impeller. With the gradual increase of energy requirement, researchers have tried different efforts to recover and use energy to its largest extent (Kariman et al., 2019; Kariman et al., 2020; Yargholi et al., 2020; Sohani et al., 2021; Nazarieh et al., 2023).
The present study investigates load distribution on the blade of a pump as turbine with the specific speed of 46. Connecting with the working capability, the law of load distribution on the shroud, the hub and the middle streamline has been systematically analyzed. Firstly, the three-dimensional flow field of the hydraulic turbine in the steady-state mode was studied with verified numerical model by experiment. Then the typical parameter reflecting the capability of working at the monitoring points were extracted by in the fluid domain, and the load distribution on both the pressure and the suction surface is observed. Finally, the relationship between the load distribution and the working capability is systematically analyzed. This study provides a new analysis method for the design or optimization of hydraulic turbine impeller. It is even useful to all of the fluid machineries by decomposing the load distribution on the blades and connecting them tightly with its working capability and efficiency.
2 MODELING
2.1 Physical model
Generally, reversal centrifugal pump with low specific speed (about 30–80) is used as hydraulic turbine. The specific speed ns is defined by
[image: image]
where n is the rotation speed of turbine, Q is the volume flux and H is the head. Considering low specific speed pumps are designed using the unary theory, in which the blades and impellers show similarities in terms of different geometric size. Without loss of generality, a widely used single stage PAT is adopted in the present study, as shown in Figure 1. The domain of the numerical simulation consists of the impeller, volute, and the inlet and outlet extension parts which are designed to obtain steady flow conditions. The design parameters of the hydraulic turbine are as follows: the flow rate is 24.75 m3/h, the head 51.06 m, the speed 2,900 r/min, and the specific speed 46.
[image: Figure 1]FIGURE 1 | Geometry (A) and mesh (B) of the hydraulic turbine.
The geometric parameters of this hydraulic turbine are shown in Table 1.
TABLE 1 | Geometrical parameters of the hydraulic turbine.
[image: Table 1]2.2 Mathematical model
According to the Bernoulli’s equation, the head of hydraulic machine H is described by
[image: image]
where p is the static pressure, c the absolute velocity, z the position head, ρ the density of fluid and g the gravitational acceleration. The subscript 1 and 2 stands for the inlet and outlet of the turbine. When the hydraulic efficiency [image: image] is considered, the theoretical head Hth is
[image: image]
where u is the peripheral velocity.
In the present study, an incompressible steady flow field is considered due to the high incompressibility of the fluid media and the stable performance in the long run. Thus, the governing equations are as follows:
The continuity equation is
[image: image]
and the momentum equation is
[image: image]
where ν is the kinematic viscosity, m2/s, and [image: image] is the velocity vector. Generally, the Reynolds number Re, defined by Re = ρud/μ, is of the order of 106 in a turbine, which indicates the flow in the turbine remains turbulent state. Therefore, the widely used k-epsilon (k-ε) turbulent model is adopted to investigate the detailed flow field in a turbine. The governing equation of the k-ε model is
[image: image]
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where μ is the dynamic viscosity, [image: image]. The turbulent viscosity is
[image: image]
and the turbulent dissipation rate is originally defined by
[image: image]
The coefficient [image: image]. The value of the turbulent Prandtl number [image: image] and [image: image], respectively for the kinetic energy k and the dissipation rate ε, are 1.0 and 1.3. The [image: image], is defined by
[image: image]
2.3 Initial and boundary conditions

(1) Inlet boundary condition. The inlet section of the turbine is calculated from the inlet of the volute. Due to the instability of flow, calculating the flow directly from the inlet of the volute in the calculation domain will cause a higher hydraulic loss as the fluid passing through the tapered section, and then will affect the accuracy of the numerical calculation. Therefore, an extension pipe with the length of 3–5 times the diameter of inlet was added, which is also in line with the actual situation. Considering the incompressibility of the fluid medium (water) in the present study, the velocity inlet condition is adopted based on the volume flow rate across the hydraulic turbine.
(2) Outlet boundary condition. Similar to the inlet boundary condition, the outlet is also extended. The outlet can be set as pressure, free outflow or pressure far field. Thinking of the fluid at the outlet of the turbine must have a certain residual pressure energy, it is suitable to set a pressure boundary condition for the outlet. The value of the outlet pressure is 500 kPa in the present study.
(3) Wall and interface boundary conditions. The wall among the hydraulic turbine includes the suction surface and pressure surface of the blade, the shroud and hub of the impeller, the surface of the volute and the extension section, etc. Among the above wall boundaries, the walls related to the impeller keep rotating relatively to the absolute coordinate system of the impeller, and the rest of the wall boundaries remain static. Based on the boundary layer flow theory, it is necessary to use the standard wall-function method to deal with the near-wall area. The wall surface roughness is set to 50 μm. Generally, The non-slip boundary condition is adopted in the simulation, which can be expressed by [image: image], where n stands for the normal direction of the wall boundary.
2.4 Solving method
In the present study, the unstructured mesh which refined near the wall region was adopted for the entire fluid domain. The widely used SIMPLE algorithm was used to couple the velocity and pressure. Moreover, the standard k-ε model was carried out in the context of turbulent flow inside the hydraulic turbine. The fluid medium is clean water at room temperature (300 K). The dynamic (impeller) and static (volute) joints of the flow components were set as interface connection. During the steady numerical simulation, The spatial discretization is based on the least square cell. The second order upwind scheme was applied to the momentum and pressure calculation, with the converge standard of 10−4 relative error.
The numerical model was validated with the same scheme in (Shi et al., 2016), in which the external characteristics (head, power and efficiency vs. flow rate) of the pump as turbine with the specific speed of 46 was carried out experimentally. The compared results of numerical simulation and experiments indicated that the adopted numerical method was valid. The grid independence test was carried out for the PAT according to the external characteristic curve for different grid numbers 309812, 743564, 1492007 and 2798136. It was found that the difference of the selected variables between the grid number 1492007 and 2798136 less than 5%. Thus, the grid number 1492007 was adopted in the present study considering adequacy and efficiency of numerical calculation.
3 RESULT AND DISCUSSION
3.1 External characteristics of the hydraulic turbine
The external characteristic parameters reflect the pros and cons of the operating performance the turbine. It is necessary to investigate the functions between external characteristics, (i.e., the head H, the efficiency η, and the power P) and the volume flow rate. Therefore, the numerical simulation of the selected turbine is carried out under the working condition of 0.6Qd ∼ 2.2Qd with the interval of 0.2Qd, where Qd is the designed volume flow rate of the pump working condition. The functions of turbine head H, the hydraulic efficiency of turbine η, and the output shaft power P over the flow rate are shown in Figure 2.
[image: Figure 2]FIGURE 2 | External characteristic curve of the hydraulic turbine. The curve stands for numerical results and the symbols stands for experimental results.
It can be seen that the turbine model adopted in this study reaches the highest efficiency η at 1.4 times the design flow rate (the design flow rate of the pump Qd), to the value of 75.3%. At this time, the head H and power P are 102 m and 7.252 kW, respectively. With the gradual increase of the flow rate, the hydraulic efficiency of the turbine first increases and then decreases. Before the optimal operating point (with the highest hydraulic efficiency), the efficiency rises rapidly. After the optimal operating point, the efficiency declines more smoothly. The ratio of the rate of change is about 2, which also meets the requirement of keeping the flow rate above the design conditions during the actual operation of the turbine (Derakhshan and Nourbakhsh, 2008). When the flow rate is between 1.0Qd and 1.8Qd, the hydraulic efficiency of the turbine remains above 70%, which means the high efficiency zone of this model is relatively wide. The head H and the power P present a convex curve rising up monotonously with increasing flow rate, and the slope presents a gradually increasing trend. The slope of the power curve is larger than that of the head curve, indicating that the torque of the turbine impeller increases in the form of a high-order (higher than one) function as the flow rate gradually increases.
3.2 Blade load distribution and performance analysis
In a hydraulic turbine, the load on the impeller blade is the pressure that the fluid medium acts on the surface of the blade during the fluid flow through the channel of the impeller, with the unit of Pa or kPa. Here, firstly, the load data of the monitoring points were captured on the shroud, the hub and the middle streamline of the pressure and suction surface of the turbine impeller blade established by the method of Supplementary Appendix. The reason of selecting the three streamlines is that they are the basic profile lines of the blade. Then, the position of the monitoring point along the streamline was characterized by the radial distance, and normalization is performed to obtain the load distribution curve with the radial ratio under the corresponding working conditions for both the pressure surface and the suction surface. Among them, the monitoring point with the radial ratio of 1 is the monitoring point at the inlet position of the hydraulic turbine impeller, and the monitoring point with the radial ratio of 0 is the monitoring point at the outlet position of the impeller.
3.2.1 Load distribution on the pressure surface
Figure 3 shows the load distribution on the pressure surface under different working conditions. It can be seen that, as a whole, with increasing radial ratio, the load on the shroud, the middle and the hub streamline of the blade pressure surface (denoted as P1, P2, P3, respectively) gradually increases, and the load increases faster in the context of large volume flow rate. When the hydraulic turbine runs at the optimal efficiency operating point 1.4Qd, the loads P1, P2, and P3 on the three streamlines increase linearly, and the load at the blade inlet position. The load of is approximately twice the load at the outlet, as shown in Figure 3D.
[image: Figure 3]FIGURE 3 | Load distribution on the pressure surface. The figures from (A–H) is for the volume flow rate of 0.6Qd, 0.8Qd, 1.0Qd, 1.2Qd, 1.4Qd, 1.6Qd, 1.8Qd, 2.0Qd.
When the volume flow rate is less than 1.4Qd, the load curve gradually changes from concave to convex shape (reverse “S” shape), with the inflection point at 1/4 of the radial ratio. At the outlet of the turbine blade, the three load curves intersect for the first time [image: image], namely, the load on the blade surface is nearly balanced from the shroud to the hub with uniform distribution. The three load curves intersect for the second time at the radial ratio of 7/8. At the inlet of the turbine blade, [image: image]. As the flow increases, the relative error between P1, P2, and P3 first increases and then decreases, as shown in Table 2, where the [image: image] is the difference between the maximum and minimum of the three quantities [image: image], [image: image], [image: image], and [image: image] is the average of the three quantities. At the volume flow rate of 0.6Qd (Figure 3A), the three load curves rise monotonously, which indicates that this case has a more uniform and stable flow state than 0.8Qd (Figure 3 b)) and 1.0Qd (Figure 3C).
TABLE 2 | The maximum load and relative load error on the shroud, hub and middle streamline of the pressure surface.
[image: Table 2]When the flow rate is greater than 1.4Qd, the load curve gradually changes from convex to concave shape (“S" shape), and the inflection point is also at the 1/4 radial ratio. At the outlet of the turbine blade, [image: image], however, the difference between them is small. The three load curves intersect for the first time at a radial ratio of 1/8. One the section from the outlet of blade to the first intersect point, the load on the blade has a slight monotonous reverse gradient from the middle streamline to the shroud and the hub which is opposite to the distribution of small volume flow rates. The three load curves intersect for the second time at 3/4 radial scale. At the inlet of the turbine blade, [image: image], and the relative error between P1, P2, and P3 gradually increases with the increasing volume flow rate. The relative error reaches 5.73% at 2.0Qd (shown in Table 2), which is far more than the value of small volume flow state.
The parts between the two intersections of the three load distribution curves satisfy the relationship of [image: image] for all the volume flow rates between 0.6Qd and 2.0Qd. With increasing volume flow rates, the discrepancy between P1, P2, and P3 gradually increases. After the highest efficiency point of 1.4Qd, the discrepancy increases significantly with increasing volume flow rate.
3.2.2 Load distribution on the suction surface
Figure 4 shows the load distribution on the suction surface of the blade under different working conditions. It can be seen that with increasing radial ratio, the load on the shroud, the middle and the hub streamline of the blade pressure surface (denoted as [image: image], [image: image], [image: image], respectively) gradually increases. The three different load distribution curves are convex and parallel, which is different from the load distribution on the pressure surface (shown in Figure 3). And the curvature increases slightly with increasing volume flow rate. The load at the inlet of the hydraulic turbine is about twice the load at the outlet.
[image: Figure 4]FIGURE 4 | Load distribution on the suction surface. The figures from (A–H) is for the volume flow rate of 0.6Qd, 0.8Qd, 1.0Qd, 1.2Qd, 1.4Qd, 1.6Qd, 1.8Qd, 2.0Qd.
When the volume flow rate is less than 1.4Qd, three of the load distribution curves present a smooth upward trend, and the load on the three streamlines at the blade outlet position is obviously more uniform than that at the inlet position. The relative error between [image: image], [image: image] and [image: image] depicts the trend of increasing firstly and then decreasing with the increase of the volume flow rate (see Table 3), but the value of the relative error is smaller than that of the pressure surface. In the working conditions of 0.6Qd (Figure 4A) and 1.0Qd (Figure 4C), the three load distribution curves intersected at the position where the radial ratio of the blade is 0.9, and the load on the blade reaches a balanced state.
TABLE 3 | The maximum load and relative load error on the shroud, hub and middle streamline of the suction surface.
[image: Table 3]When the volume flow rate is greater than 1.4Qd, three of the load distribution curves appear to oscillate slightly at the blade outlet, especially for the load distribution on middle streamline at the radial ratio of 0.1, as shown in Figures 4G, H. After the radial ratio of 0.2, the three load distribution curves return to a consistent trend. The value of [image: image] and [image: image] at the position of the blade inlet tends to be the same, and is larger than [image: image]. The maximum relative error of the three load distribution gradually increases with increasing volume flow rate, as shown in Table 3. However, this error is less than 1/10 that of the pressure surface. Around the operating point 1.4Qd, the maximum blade load for three streamlines remains nearly unchanged, however, when the operating point moves to smaller or larger volume flow rate, the discrepancies of the maximum load between the three streamlines are obvious (see Table 3). This trend is opposite to that of the pressure surface.
3.2.3 Net load distribution on the blade streamline
In order to investigate the power of the fluid medium on the hydraulic turbine blade, the net load distribution was calculated by the difference between the load on the pressure surface and the suction surface for the shroud, hub and middle streamline. Five typical operating conditions with the volume flow rate of 0.8Qd, 1.0Qd, 1.4Qd, 1.6Qd, and 2.0Qd were selected, and the net load distribution on the blade are shown in Figure 5.
[image: Figure 5]FIGURE 5 | Net load distribution on the blade. The figures from (A–E) is for the volume flow rate of 0.8Qd, 1.0Qd, 1.4Qd, 1.6Qd, 2.0Qd.
It can be seen from Figure 5A that the net load on the blade gradually decreases from the outlet to the inlet of the impeller. In the 0 ∼ 0.5 times radial ratio section, the net load on the shroud, the middle and the hub streamline of the blade (denoted as Pn1, Pn2, and Pn3 respectively) are almost greater than zero. The trend of the three net load distribution curves are consistent. When the radial ration is 0.1, the net load reaches its maximum value. In the range of 0.5 ∼ 1 times the radial ratio, Pn1, Pn2, and Pn3 begin to decline with increasing radial ratio, in which Pn1 declines the fastest, Pn2 declines the slowest. The three net load distribution curves are all below zero, which indicates that negative pressure is formed on this part of blade.
When the flow rate increases to 1.0Qd, Pn1, Pn2, and Pn3 are all positive values in the entire blade flow path (see Figure 5B), indicating that the net load on the blade changes to positive pressure from the pressure surface to the suction surface. As the radial ratio increases, Pn1, Pn2, and Pn3 depicts concave increasing trends until reaching their maximum values at 0.3 ∼ 0.5 times the radial ratio position, and presents convex decreasing trend until reaching their minimum values at 0.7 ∼ 0.8 times the radial ratio.
As the volume flow rate continues to increase, the net load on the blade develops into a standard parabolic distribution, as shown in Figures 5C–E. The position of the maximum net load on the blade shifted from 0.5 to 0.7 times the radial ratio at 1.4Qd to 0.6 ∼ 0.8 times the radial ratio at 2.0Qd. When the flow rate is greater than the flow rate of 1.4Qd, namely, the optimal efficiency operating point, there is a small fluctuation at the 0 ∼ 0.2 times radial ratio (i.e., near the blade outlet). This small fluctuation increases with increasing volume flow rate. However, the number of extreme points decrease with increasing volume flow rate, and the fluctuations finally develop into small upward convex curves at 2.0Qd, with negative minimum load obtained at the position of 0.1 times the radial ratio. In the increasing part of the net load, Pn1>Pn2>Pn3, and in the decreasing part, Pn2>Pn3>Pn1.
Overall, the net load on the blade increases with increasing volume flow rate, which is consistent with the trend of the power changing with the volume flow rate in the external characteristic curve, as shown in Figure 2.
3.3 Discussion
The flow channel of the turbine impeller is a tapered and twisted three-dimensional flow channel. When the fluid medium flows from the inlet of the impeller through the flow channel of the impeller, it is accompanied by the mutual conversion between kinetic and potential energy and heat transfer (ignored here). The energy conversion satisfies the Bernoulli’s equation (Eq. 1). Since the fluid medium in the present study is clean water, [image: image], there must be a process in which the pressure potential energy is gradually transformed into kinetic energy in the tapered flow path, namely, the pressure gradually decreases and the total velocity energy gradually increases, as shown in Figure 6. This is consistent with the law of the aforementioned blade load distribution. At the same time, since there is a flow transition from the exit of the volute to the entrance of the turbine impeller, a series of vortices of different sizes are generated. Especially, large size reverse (counterclockwise) vortices occur at the entrance position back of the blade, which is affected strongly by the geometry of the blade, as shown in Figure 7. These vortices actually form obstruction to the fluid flow in the impeller channel to some extend. Low pressure region is formed in the center of the vortex, with the result of affecting the entire pressure distribution of the flow field. In the small volume flow rate condition, the load (pressure) on the suction surface of the blade presents a steady change (see Figure 4), however, the load on the pressure surface fluctuates from the middle position of the blade to the outlet due to the existence of the vortex. With increasing volume flow rate, the large-scale vortices gradually shift from the pressure surface to the suction surface of the blade, and gradually spreads from the inlet to the outlet of the blade, as shown in Figure 7. This is also the reason of the small rise of load on the suction surface near the 1/5 region of blade outlet for large volume flow rate cases. The vortices at the inlet of the pressure surface of the blade depicts a small scale in the context of large volume flow rates, as shown in Figure 7. Comparing with large-scale vortices at low volume flow rates, the effect on the mainstream velocity in the flow channel is reduced for the large volume flow rate cases, thus presenting a load distribution opposite to that of the small volume flow rate cases, as shown in Figure 3. Meanwhile, due to the influence of the axial vortex and the secondary flow (Gülich, 2008), the load on the pressure surface of the blade is distributed in the form of reverse “S” shape under the small volume flow rate, and transitions to the “S” shape under the large volume flow rate, as shown in Figure 3.
[image: Figure 6]FIGURE 6 | Pressure distribution at the middle section of the turbine. (A) 0.6Qd, (B) 1.0Qd, (C) 1.4Qd, (D) 2.0Qd.
[image: Figure 7]FIGURE 7 | Streamline distribution at the middle section of the turbine. (A) 0.6Qd, (B) 1.0 Qd, (C) 1.4Qd, (D) 2.0Qd.
The load distributions on the shroud, the middle streamline and the hub streamline of the pressure and suction surface are generally in the relationship of [image: image] and [image: image]. This is not only related to the vortices and velocity distributions in the flow field, but also related to the spatial geometric shapes of the blade. The highly twisted turbine blades ensure the stability of the flow, and also provide pressure gradient in the internal flow field towards the center of the impeller, which is able to reduce the friction loss of the disc between the shroud/hub and the fluid. Besides, the axial force is also reduced. Therefore, the efficiency of the hydraulic turbine is increased. At the same time, the existence of jet-wake structure (Shen, 1987) will also affect the distribution of the velocity field near the shroud and the hub of impeller, thereby changing the distribution of the pressure field. The load distribution with the “S” shape on the pressure surface presents two intersection near the inlet and the outlet position, which reflects that there is an alternate equilibrium state in the energy conversion process between the velocity field and the pressure field in the entire flow field. The blade part between the two intersections is the effective region where the turbine impeller really work.
The net load distribution curves are the result of superposition of the load between the pressure surface and the suction surface. Among them, the net load for the small volume flow rate (shown in Figure 5A) is negative, which is corresponding its relatively small power (see Figure 3), since the negative load prevents the fluid from working on the impeller. Although the power is increased for the large volume flow rate cases, the efficiency is decreased. As it can be seen in Figure 5, the design point 1.0Qd has wider and flatter positive net load distribution then the lager flow rate cases. This is why the efficiency of 1.0Qd is higher than other off-design operation points. Besides, the negative pressure in the small section of the outlet position also have small influence on the efficiency of the turbine. The physical mechanism of the differences of net loads and efficiencies is due to the increase of turbulence and dissipation in the flow field for larger flow rate cases. Thus, it is recommended to increase the net positive load distribution range to improve the efficiency of turbine.
This study mainly concentrates on the load distribution along the blade of turbine and analyzes the flow fields and physical mechanism. However, the energy conversion characteristics inside the turbine still need further investigation. Besides, some meaningful results maybe obtain by using large-eddy simulation (LES) considering the turbulent flows inside the turbine.
4 CONCLUSION
In the present study, the three-dimensional flow field of the pump as hydraulic turbine was numerically investigate in the steady-state mode. By extracting the typical parameter reflecting the capability of working at the monitoring points established in the fluid domain, the load distribution on both the pressure and the suction surface is observed, and the relationship between the load distribution and the working capability is systematically analyzed. The results show that the main work area of the fluid medium on the hydraulic turbine impeller is in the middle section of the blade. The inlet section does less work, while the outlet section almost does not work. As the flow rate increases, the load distribution on the pressure surface of the hydraulic turbine blade gradually transitions from the reverse “S” shape to the “S” shape in the process of increasing flow rate, while the load distribution on the suction surface keeps increasing with a concave trend. The loads on the shroud, the middle and the hub streamline depict linear decreasing trend from the inlet to the outlet of the blade. The net load acting on the blade is distributed in a concave parabola profile along the radial position of the blade. Therefore, it is more important to take the inlet and middle section of the blade profile into consideration when design or optimize a hydraulic turbine impeller. It is also recommended to increase the net positive load distribution range to enhance the efficiency of turbine in the optimal design process.
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