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The present paper focuses on the optimization of large-flow coefficient centrifugal compressors, utilizing a mature centrifugal compressor impeller with a flow coefficient of 0.16 under design point condition in engineering as the research subject. Due to the more complex flow mechanism and more design parameters in the impeller with large flow coefficient, the traditional artificial optimization method is insufficient. In present paper, the impeller with a large flow coefficient is optimized using the concept of combining physical principles and artificial intelligence tools. Firstly, the impeller underwent a redesign based on the theory of maximum flow capacity, with the aim of reducing the Mach number at the impeller inlet to enhance the compressor’s performance. And the efficiency of the impeller at the design point has been increased from 88.6% to 89.9%. In order to further improve the performance of the impeller, an optimization algorithm grounded in gradient variation was employed to facilitate the automatic compressor optimization, and the flow losses at the impeller’s top under low-flow conditions has been mitigated. The results of three-dimensional numerical simulation showed that the operating range of the new impeller is 7% wider than that of the original impeller.
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1 INTRODUCTION
Since the late 19th century, centrifugal compressors have been widely utilized in various fields such as petrochemical, energy, power generation, and marine transportation due to their high single-stage pressure ratio, compact structure, and broad operating range stability (Bruce et al., 1998; Krain, 2005). Against the backdrop of the current “carbon peaking and carbon neutrality goals,” the application scope of centrifugal compressors has expanded, accompanied by increased demands for their aerodynamic performance and stable operating ranges. In the centrifugal compressors in the fields of petrochemical industry and compressed gas energy storage, there are lots of stages in one cylinder and the pressure ratio is large (Lüdtke, 2004). As the gas is compressed stage by stage, the volumetric flow rate at each stage gradually decreases. In order to prevent the volume flow of the final stage from being too small, causing a large decrease in efficiency, the first stage is usually designed with a large flow coefficient. For example, centrifugal compressors in the field of compressed gas energy storage have a first-stage flow coefficient of more than 0.15 (Garvey and Pim, 2016). However, the understanding of the internal flow mechanisms of large-flow coefficient centrifugal compressors remains insufficient. These compressors’ impellers are characterized by long blades, intricate internal flow patterns, numerous design parameters with complex interdependencies, and non-dimensional aerodynamic structural parameters that often surpass the existing impeller’s operating range (Krain, 1984). Moreover, due to the larger blade heights in large-flow coefficient compressors, significant variations occur in the impeller’s circumferential and meridional velocity distributions, resulting in substantial changes in the inlet flow angles along the blade height direction and complex flow structures within the passage, thereby posing challenges in impeller design and optimization.
For large-flow coefficient compressors, major companies like Siemens with their VK gear-assembled and Man Turbo with cantilever plus dual-supported isothermal centrifugal compressor products, typically maintain a first-stage flow coefficient of around 0.16. Meanwhile, companies like GE employ mixed-flow impeller designs to meet even higher flow coefficient requirements (Denton, 1993; Rubino et al., 2024). Currently, the literature predominantly focuses on single-stage or specific component studies for large-flow coefficient compressors, with limited comprehensive research dedicated specifically to large-flow coefficient centrifugal compressors. Regarding the flow characteristics of turbomachinery, Denton (1993) conducted a detailed review on the loss mechanisms in turbomachinery. The primary sources of losses in turbomachinery have been categorized as profile losses, endwall losses, and clearance losses, with their magnitudes roughly comparable and exhibiting interactions between each other. Dean and Senoo (1960) and Eckardt (1975) experimentally found that the flow rate from the impeller into the diffuser was not axially symmetrical, and proposed a simplified model theory to describe this phenomenon. Inoue and Cumpsty (1984) and Rohne and Banzhaf (1991) quantitatively measured the inhomogeneity of the flow rate between the impeller and the diffuser. And through the relationship between its inhomogeneity and flow coefficient, the classical jet-wake theory is corrected. Subsequently, Pinarbasi (2008) and Kang et al. (2010) performed a series of experiments to compare the flow mechanism of jet-wake flow in vaneless diffuser vane diffuser. These findings provide theoretical insights for the design of high-performance impellers. Krain and Hoffmann (2007) provided the thinking of centrifugal impeller design with splitter blades, which improved the performance of the compressor. Veress et al. (2004) employed Computational Fluid Dynamics (CFD) methods to analyze the primary flow characteristics and flow mechanisms inside stationary components such as bends and diffusers, proposing a design optimization method for channels. Baljé (1964) investigated the internal flow characteristics and performance variations of compressor impellers at different Reynolds numbers. The results indicate that as Reynolds number decreases, the efficiency, flow capacity, and surge margin of centrifugal compressors decrease, affecting the blade surface loading distribution and reducing the impeller’s operability (Baljé, 1964; Guelich, 2003). Yagi et al. (2015) modified the traditional single-row blade configuration of the diffuser by incorporating splitter blades, enhancing the flow field and improving the performance of the diffuser.
Due to inadequate understanding of flow mechanisms, traditional trial-and-error methods often require multiple iterative cycles, leading to long design cycles and difficulties in obtaining globally optimal solutions. Moreover, this approach heavily relies on the designer’s experience. In recent years, optimization methods based on numerical simulations have been widely employed for the optimization of various components of centrifugal compressors. Overall, the optimization methods for centrifugal compressors have evolved from single-objective optimization to multi-objective optimization, and from aerodynamic optimization to multidisciplinary optimization encompassing both aerodynamics and structural considerations. Furthermore, optimization has progressed from single-point optimization to multi-point or even full-operating-range optimization. For example, Demeulenaere et al. (2015) utilized a weighted objective function method to optimize multiple aerodynamic performance indicators of centrifugal impellers for turbocharger applications. An et al. (2016) conducted multi-objective optimization of low-speed centrifugal pump design conditions using a genetic algorithm, obtaining the Pareto optimal solution set for two objective functions. Kang and Kim (2016) implemented multi-objective optimization of centrifugal impellers based on response surface models. Long and Wu (2014) combined a genetic algorithm with the Hooke-Jeeves method to develop a globally applicable mixed optimization algorithm for systems with constraints. Sevastyanov (2010) proposed a hybrid optimization algorithm using a dynamic response surface model to evaluate gradient values. Wang et al. (2018) developed a gradient-based multi-objective genetic algorithm, successfully applied to optimize wind turbine blade designs. Kim et al. (2009) optimized the impeller of a centrifugal compressor with splitter blades using radial basis function neural networks and multi-objective evolutionary algorithms. They selected control points on the hub and shroud of the meridional passage as optimization variables, with efficiency and pressure ratio as objective functions, resulting in two optimized designs with efficiency improvements of 0.65% and 0.19%, and pressure ratio improvements of 0.86% and 1.4%, respectively. Ibaraki et al. (2015) found that after improving impeller designs using computational fluid dynamics (CFD) and experimental methods, further improvements in impeller aerodynamic performance were difficult to achieve using such methods alone. Therefore, they applied a genetic algorithm and artificial neural networks to optimize centrifugal compressor impeller designs, presenting two optimized design solutions that significantly improved impeller aerodynamic performance (Lin et al., 2012). Zuo et al. put forward a new multi-objective algorithm combining RSM (response surface method) and NSGA-II (non-dominated sorting genetic algorithm), and achieved excellent results in the design of proton exchange membrane fuel cells. And, the algorithm also provides important inspiration for the current work (Li et al., 2022; Chen et al., 2023; Zuo et al., 2023; Zuo et al., 2024).
However, the majority of existing studies treat compressor optimization as a black-box problem, disregarding the mechanism of the internal flow field. They solely focus on the mapping relationship between geometric parameters and macroscopic aerodynamic performance, treating it as a purely data-driven design method. This approach is indiscriminately applied to any other engineering optimization problem. Consequently, this determines that optimization design methods may not necessarily yield excellent design solutions and struggle to overcome the bottleneck of multi-objective constraints, leading to optimization limitations.
Therefore, this study addresses the significant challenge of directly optimizing impellers for large-flow coefficient centrifugal compressors. Firstly, a design methodology based on maximum flow capacity is employed to establish rational design parameters from a physical standpoint. Additionally, by delving into the mechanism of internal flow, the research extensively investigates the nonlinear coupling and constraint laws among compressor geometry, flow dynamics, and aerodynamic parameters, identifying key variables. Through single-factor analysis, the range of values for these key variables have been determined, thereby defining a rational design space. Finally, a hybrid gradient variation optimization approach is employed for the optimization design.
2 DESCRIPTION OF MODELS AND METHODS
2.1 Introduction to the original model
The meridional projection of the compressor stage model is illustrated in Figure 1. This model consists of an inlet section, impeller, vaneless diffuser, bend, blade return channel, and outlet section.
[image: Figure 1]FIGURE 1 | The schematic diagram of the meridian plane of the model.
The relevant parameters and boundary conditions of this model are detailed in Table 1. The parameters and boundary conditions of the model are shown in Table 1.
TABLE 1 | The parameters and boundary conditions.
[image: Table 1]Where the flow coefficient is a dimensionless parameter describing the compressor’s flow capacity, defined by the Equation 1:
[image: image]
Isentropic efficiency refers to the ratio of the isentropic compression energy [image: image] to the actual work energy [image: image] when the gas is compressed from [image: image] to [image: image]. It is primarily used to measure the utilization degree of mechanical energy transferred to the gas by the compressor. The isentropic efficiency defined by the Equation 2:
[image: image]
2.2 Numerical methodology
The impeller model was subjected to three-dimensional numerical simulations using CFX software. The original geometric data was converted into CFX standard geometry files and imported into Turbo-Grid for grid generation. Mainly, an OH-type structured grid was employed, with an O-type grid used near the blades and an H-type grid used in other regions, supplemented by I-type and J-type grids for connection. The grid is depicted in Figure 2.
[image: Figure 2]FIGURE 2 | The mesh of the stators and rotors.
The internal flow of centrifugal compressors adheres to the principles of conservation of mass, momentum, and energy, governed by the continuity equation, momentum equation, and energy equation, respectively. The commercial software CFX was used for the numerical calculation. And it has been widely used in the field of rotating machinery because of its high accuracy (Yang et al., 2023). The k-omega SST turbulence model is utilized to account for the turbulent characteristics of the compressor’s internal flow field. This model demonstrates good simulation accuracy for phenomena such as adverse pressure gradients and flow separation. The boundary conditions are set as follows: total temperature and total pressure are specified at the inlet, while mass flow rate is specified at the outlet. The dynamic-stationary interface adopts the “stage” method for data transfer. It processes the flow parameters upstream and downstream of the dynamic-stationary interface with circumferential averaging before transmitting the data. This approach ensures strict conservation of momentum and energy and is commonly used in single-channel compressor calculations, particularly when there is a significant disparity in the cross-sectional area between upstream and downstream components, offering better computational accuracy. The settings of walls satisfy the adiabatic no-slip condition. Convergence criteria are set such that residuals reach 10–6 (or efficiency/pressure ratio curves remain unchanged or exhibit periodic fluctuations with increasing iteration steps), and the relative error in mass flow rate at the inlet and outlet is less than 10–3. The rationality of the above-mentioned setup of turbulence model and grid has been verified. (Yang et al., 2024).
By varying the number of circumferential grid points, total grid count, and growth rate, four different grid configurations were obtained, as shown in the table below. The variation of design point efficiency with the number of grids is depicted in Figure 3. It can be seen that for this model, when the grid count reaches 2.45 million, the design point efficiency remains relatively constant with increasing grid count. Therefore, in subsequent flow field simulations, it is necessary to ensure that the grid count for each optimization scheme can’t lower than the value mentioned above.
[image: Figure 3]FIGURE 3 | The trend of efficiency with the number of grid points.
2.3 Parameterization methodology
Large-flow coefficient centrifugal compressors have complex structures and numerous design parameters. Additionally, intricate flow mechanisms within them result in complex coupling relationships among various key parameters. In engineering practice, a common approach is to employ three-dimensional parametric modeling methods. These methods aim to describe complex three-dimensional models using only a small number of geometric parameters.
For the centrifugal compressor model described above, its parametric modeling primarily involves meridional line parametrization, mid-curve parametrization of blades, stacking laws for blade thickness, and stacking laws for blade curvature. Figure 4 depicts the coordinate system for parametric modeling of the centrifugal compressor, where xyz represents the Cartesian coordinate system, with the Z-axis as the rotational axis, and θ as the azimuth angle. The (z, R) plane denotes the meridional plane, while the (z, x) and (z, y) planes represent specific meridional planes. The meridional lines shown in the figure are projections within the (z, x) plane.
[image: Figure 4]FIGURE 4 | The coordinate system for parametric modeling of the centrifugal compressor.
The meridian curve can be directly defined as a parameterized curve in a two-dimensional plane, and then rotated along the circumferential direction for a complete revolution. The meridian curve is performed in the (Z, R) plane, including the hub and the shroud curve. By a series of control points and based on the cubic spline interpolation algorithm, the hub curve and the rim curve of each component are constructed separately. The combined meridian curves are shown in Figure 5.
[image: Figure 5]FIGURE 5 | The hub and shroud lines.
The parametric modeling of the blade is achieved by constructing the mid-camber line and then specifying the blade thickness at various locations along the blade’s chord. The mid-camber line is parameterized within the [image: image] plane to achieve the parametric modeling of the blade. Here, [image: image] represents the azimuth angle, signifying the azimuthal offset of any point along the mid-camber line from the reference axis (located within the [image: image] plane). The positive direction is defined as the right-handed helical direction. M is defined by the Equation 3:
[image: image]
Where dz and dR respectively represent the infinitesimal elements of (Z, R) coordinates.
The mid-camber line is constructed using the NURBS method, and the mid-camber line shape is as shown in Figure 6.
[image: Figure 6]FIGURE 6 | The schematic diagram of mid-camber line.
Subsequently, the determination of the blade thickness stacking pattern ensues. Blade thickness stacking refers to the process of layering thickness on both sides of the mid-camber line to achieve a complete blade profile. Consequently, the stacking of blade thickness is conducted within the [image: image] plane, culminating in the transformation of the blade profile into the genuine blade profile in the (x, y, z) coordinates. To ensure the requisite smoothness of the blade surface, NURBS curves are also employed for the parametric modeling of the blade thickness. The diagram depicting thickness stacking is illustrated in Figure 7.
[image: Figure 7]FIGURE 7 | The schematic diagram of the thickness stacking pattern.
Finally, the determination of the chordwise stacking pattern of the blade is established. For centrifugal compressors with large flow coefficient, the blades exhibit a complex three-dimensional structure. The chordwise stacking of such twisted blades comprises two aspects: the stacking along the leading edge midline and the stacking along the axial direction of the blade. The stacking along the leading edge midline is controlled using Bézier curves, as depicted in Figure 8A. The circumferential stacking is also executed using Bézier curves, with the hub as the reference, allowing for variation in the blade’s sweep angle in the axial direction, which is illustrated in Figure 8B.
[image: Figure 8]FIGURE 8 | The stacking method of the blade. (A) The stacking along the leading edge midline. (B) The stacking along the axial direction.
By employing the parameterization approach outlined earlier, intricate compressor models can be effectively governed by a finite set of parameters. Drawing from empirical insights, ten critical parameters have been identified for optimization, encompassing aspects such as the leading and trailing edge angles of impeller blades at the blade tip level within centrifugal compressor elemental constructs. The determination of parameter ranges is grounded in empirical knowledge, as delineated in Table 2.
TABLE 2 | The ranges of critical parameters.
[image: Table 2]As each of the aforementioned parameters undergoes variation, a plethora of three-dimensional design configurations emerges. To circumvent iterative calls to the CFD solver, a Latin hypercube sampling technique is adopted, yielding 150 samples for subsequent three-dimensional computational assessments. The performance metrics of each sample point are delineated in Figure 9.
[image: Figure 9]FIGURE 9 | The performance metrics of sample points.
Figure 9 presents the performance parameters of the samples, where the horizontal axis represents the isentropic efficiency and the vertical axis represents the pressure ratio. Each point denotes a distinct sample, with the red point denoting the original design. It is evident from the figure that the sample points predominantly align along the diagonal, indicating a positive correlation between efficiency and pressure ratio. This reaffirms the reliability of numerical simulation methods. However, regrettably, the computational results of the sample points all fall below and to the left of the original design. Consequently, employing a direct optimization approach fails to yield design solutions superior to the original design.
In summary, the section commenced with an exposition on a mature compressor design tailored for a high flow coefficient within engineering contexts. Subsequent to this, an elaborate presentation ensued on the intricacies of three-dimensional numerical simulation methodologies. Finally, the discourse delved into the utilization of a three-dimensional parameterization approach for modeling, coupled with conventional optimization strategies. The outcomes underscored a pivotal observation: conventional empirical optimization methods are rendered inadequate for high-performance mature impeller models characterized by a high flow coefficient.
3 SECONDARY DESIGN METHODS
3.1 The maximum flow capacity
In light of the inadequacy of traditional empirical optimization techniques, in accordance with Michael Casey’s theory, for centrifugal compressor models characterized by certain flow coefficients, the flow coefficient defined by Equation 4, and the inlet shroud relative flow angle defined by Equation 5:
[image: image]
[image: image]
[image: image]
Figure 10 depicts the functional relationship between the flow coefficient [image: image] and the inlet shroud relative flow angle [image: image] for various pre-whirl angles and relative Mach numbers. As illustrated in Figure 10, for a given [image: image], there exists an optimal relative flow angle [image: image] that maximizes the flow coefficient [image: image]. In other words, for a given set of parameters [image: image] (i.e., impeller inlet shape factor [image: image], flow function [image: image], Mach number [image: image]), there exists an optimal relative flow angle [image: image] that minimizes energy losses [image: image].
[image: Figure 10]FIGURE 10 | The relationship between [image: image] and [image: image] under different mach numbers.
Drawing upon the aforementioned theory and incorporating the present inlet and outlet boundary conditions of the impeller, a redesign is envisaged.
1) Given design objectives for the centrifugal impeller, including isentropic efficiency [image: image] total pressure ratio flow coefficient given geometric constraints for the centrifugal impeller: including shape factor [image: image] exit radial flow angle [image: image] exit radial velocity ratio [image: image] number of blades [image: image] specific enthalpy ratio [image: image] inlet prewhirl angle [image: image] given fluid property parameters: gas constant [image: image] adiabatic index [image: image].
2) Setting the initial Enthalpy rise coefficient [image: image].
3) Calculate the relative axial airflow angle at the inlet shroud of the centrifugal impeller by Equation 6:
[image: image]
The iterative computation result is: [image: image].
4) Calculate the relative Mach number at the inlet shroud of the centrifugal impeller by Equation 7:
[image: image]
The iterative computation result is: [image: image].
5) Calculate the Enthalpy rise coefficient by Equation 8:
[image: image]
The iterative computation result is: [image: image].
6) Determine if the relative error between the Enthalpy rise coefficient [image: image] and the initially set Enthalpy rise coefficient [image: image] is less than 1%. If the relative error exceeds 1%, return to step 2 and iteratively redefine the initial enthalpy rise coefficient. The newly set Enthalpy rise coefficient equals the average of the initially set Enthalpy rise coefficient from step 2 and the Enthalpy rise coefficient calculated in step 5. Repeat steps 2 to 5 until the relative error between the Enthalpy rise coefficient and the initially set Enthalpy rise coefficient is less than 1%. The final convergent result is obtained [image: image], [image: image], [image: image].
7) Calculating the diameter of the inlet shroud of the centrifugal impeller [image: image] and centrifugal impeller outlet diameter [image: image] ratio by Equation 9:
[image: image]
[image: image]

8) Calculating the width of the outlet shroud of the centrifugal impeller [image: image] and centrifugal impeller outlet diameter [image: image] ratio by Equation 10:
[image: image]
[image: image]

9) Following steps 1 through 8, dimensionless design outcomes have been derived, delineating a spectrum of design propositions. To render these into concrete design solutions, further dimensional parameters are requisite, encompassing centrifugal impeller inlet specifications: inlet total temperature and inlet total pressure [image: image]; alongside impeller geometric constraints: the exit diameter of the centrifugal impeller.
10) Calculating the diameter of the hub of the centrifugal impeller [image: image], the centrifugal impeller outlet diameter [image: image] = 0.47 m, combined with Equation 11, the diameter of the hub of the centrifugal impeller D1s could be solved.
[image: image]
[image: image] is the diameter of the centrifugal impeller inlet cover [image: image] and Centrifugal impeller outlet diameter [image: image] ratio. The final result is: [image: image].
11) Calculating the centrifugal impeller inlet hub diameter [image: image] by Equation 12:
[image: image]
[image: image] is shape based factor, with result 0.65. [image: image].
12) Calculating centrifugal impeller outlet width [image: image] by Equation 13:
[image: image]
[image: image] width of the centrifugal impeller outlet [image: image] and diameter of the centrifugal impeller outlet [image: image] ratio. [image: image].
13) Calculating the centrifugal impeller outlet peripheral speed [image: image] by Equation 14:
[image: image]
[image: image]

14) Calculating the design speed of centrifugal impeller [image: image] by Equation 15:
[image: image]
[image: image]

15) Calculating inlet density [image: image] by Equation 16:
[image: image]
[image: image]

16) Calculating design mass flow [image: image] by Equation 17:
[image: image]
[image: image]

17) Calculating the relative axial airflow angle of the centrifugal impeller inlet hub [image: image] by Equation 18:
[image: image]
[image: image]
At this juncture, the aerodynamic and geometric parameters requisite for centrifugal impeller design have been computed, as delineated in Table 3.
TABLE 3 | Designing geometric parameters table based on the theory of maximum flow coefficient.
[image: Table 3]3.2 The automatic optimization gradient descent algorithm
Drawing from the theory of maximum flow capacity, which has yielded promising outcomes at the physical level, we now embark on a data-driven approach to pursue optimal solutions, using the aforementioned scheme as a prototype. Due to the high-dimensional, nonlinear, and globally multi-objective nature of optimizing internal flow parameters in centrifugal compressors, where objective functions are interlinked and constrained, traditional empirical optimization methods and single-parameter analysis approaches struggle to ensure harmonization among various parameters, making it challenging to attain solutions that simultaneously fulfill multiple optimization goals. Hence, algorithmic automatic optimization offers an effective approach. Among these, genetic algorithms are the most widely applied stochastic optimization methods, evolving from single-objective optimization to multi-objective optimization. Among them, the most prominent in multi-objective optimization for turbomachinery is the second-generation Non-dominated Sorting Genetic Algorithm (NSGA-II). Figure 11 illustrates the flowchart of the NSGA-II algorithm.
[image: Figure 11]FIGURE 11 | The logic diagram of NSGA-II algorithm.
NSGA-II fundamentally belongs to a pure stochastic algorithm category, renowned for its strong global search capability, theoretically capable of converging to the global optimum after a sufficient number of iterations. However, as it approaches the optimal solution, where the differences among individuals become minimal, the convergence speed of the NSGA-II algorithm tends to be slow.
In order to accelerate convergence speed and mitigate the propensity for gradient-based optimization algorithms to become ensnared in local optima, this study introduces a gradient mutation operation integrated with the NSGA-II genetic algorithm, thereby formulating the Gradient Mutation Hybrid (GMH) optimization algorithm. The diagram depicts the flowchart of the GMH optimization algorithm, which differs from the NSGA-II algorithm in two aspects: 1) The addition of a gradient mutation operation following random mutation; 2) The blending of offspring obtained from gradient mutation with the parent population, offspring from random crossover, and offspring from random mutation, followed by selection to form the new parent population.
The essence of algorithmic enhancement lies in the gradient mutation operation, which systematically mutates in the direction of gradient descent with a specified step size, thus accelerating the convergence process. Furthermore, random crossover and mutation prevent the algorithm from converging to local optima. Consequently, the GMH optimization algorithm dramatically boosts optimization speed while preserving diversity in the optimal solution set. Figure 12 illustrates the process flow of the gradient mutation algorithm.
[image: Figure 12]FIGURE 12 | The gradient mutation algorithm.
Using the above method to optimize the impeller, and the performances of 150 sample points are shown in the Figure 13. Select the sample with the best performance from 150 sample points for variable working condition calculation.
[image: Figure 13]FIGURE 13 | The performances of 150 sample points.
The variable working condition curve of the optimized impeller is shown in the following Figure 14.
[image: Figure 14]FIGURE 14 | The variable working condition curves of the original and optimized impeller.
4 DISCUSSION OF FLOW FIELD DETAILS
The optimization scheme significantly widens the stable operating range on the low-flow side. In this section, we delve into the reasons behind the strengthened stability on the low-flow side by contrasting the flow fields with those of the original design. Leveraging Stenning’s (Ibaraki et al., 2015) flutter criterion and complemented by the velocity distribution map at 99% blade height depicted in Figure 15 for the original design, we provide further insights. According to Stenning’s flutter criterion and in reference to the velocity distribution map at 99% blade height depicted in Figure 15 for the original design, it is observable that at the point of 75% design mass flow rate point, the original design aligns with the highest pressure ratio point. At this juncture, the flow state at this section is favorable, with localized flow separation occurring in the midstream region. Nevertheless, downstream flow remains aligned with the blade path. Localized separation of flow creates a low-velocity region, which develops downstream into the wake region along the red arrow. When the flow rate decreases to 72% design point, severe separation occurs at the leading edge of the blades. This separated flow extends all the way to the impeller outlet, forming a large area of low velocity that severely obstructs the flow passage. Localized separation of flow creates a low-velocity region, which develops downstream into the wake region along the red arrow. Figure 16 shows the corresponding three-dimensional vector diagram. According to Figure 16, it can be seen the low-speed region of the unstable condition is large-scale recirculation vortex. It means that the backflow at the trailing edge of the blade has developed to the leading edge position, And the compressor has become unstable.
[image: Figure 15]FIGURE 15 | Velocity contour of 99% blade height for the initial design. (A) 75% design mass flow rate point. (B) 72% design mass flow rate point.
[image: Figure 16]FIGURE 16 | Velocity vector of 99% blade height for the initial design. (A) 75% design mass flow rate point. (B) 72% design mass flow rate point.
The velocity contour and vector of the 99% blade height at different flow conditions for the optimized design are shown in Figures 17, 18, respectively. At the point of highest pressure ratio, local flow separation occurs in the midstream region, forming a low-speed region that merges into the downstream wake region. When the flow rate is further reduced to 72% design mass flow point, the point of local flow separation moves upstream, while the downstream flow deteriorates, and the area of the wake region increases, mainly due to flow separation in the downstream region. However, the expanded wake region does not completely block the flow passage, and the scale of the wake vortex is also limited to the midstream and downstream regions. Therefore, although the flow within the flow field deteriorates, it still maintains certain flow and pressure boosting capabilities, and the compressor does not completely destabilize. When the flow rate is further reduced to 66% design mass flow point, the downstream wake region completely blocks the impeller passage, and the backflow mass has not yet developed to the leading edge of the blade. Considering the poor pressure boosting capability at this point, it is considered as the point of instability. However, at this point, the pressure ratio is still higher than the calculated result under the initial design condition of 72% design mass flow point.
[image: Figure 17]FIGURE 17 | Velocity contour of 99% blade height after optimization. (A) 75% design mass flow rate point. (B) 72% design mass flow rate point. (C) 66% design mass flow rate point.
[image: Figure 18]FIGURE 18 | Velocity vector of 99% blade height after optimization. (A) 75% design mass flow rate point. (B) 72% design mass flow rate point. (C) 66% design mass flow rate point.
The above outlined the process of determining instability points for the initial and optimized solutions. The following text further elucidates the reasons behind the enhanced stability of the optimized solution by comparing the flow field information before and after optimization. Figure 19 illustrates the utmost streamlines on the pressure and suction surfaces of the blades for both the original and optimized solutions. In the original solution, flow separation occurs on the suction surface in the high blade height region near the leading edge of the blade, and as it progresses downstream, the separation point moves towards lower blade heights, resulting in an increasing separation area. However, in the optimized solution, although flow separation still occurs at high blade heights near the inlet, it reattaches in the midstream region of the blade and does not develop along the span. Separation occurs again only in the mid-to-lower stream, resulting in a much smaller separation area compared to the initial design. On the pressure surface, the flow state in the original solution is also poor in the high blade height region, with localized separation areas in the mid-to-lower stream. However, the flow state on the pressure surface of the optimized primitive level is good. Flow separation severely affects the aerodynamic performance of the blades, as indicated in Figure 20. The blade loading in this condition is much lower in the original solution, far less than in the optimized solution, which is also the reason for the sudden drop in pressure ratio in the original solution at this condition. At this point, although the pressure ratio in the optimized solution has decreased, it still maintains a certain aerodynamic performance.
[image: Figure 19]FIGURE 19 | Utmost streamlines on initial and optimized scheme at 72% design mass flow rate point. (A) The suction surface of initial impeller. (B) The suction surface of optimized impeller. (C) The pressure surface of initial impeller. (D) The pressure surface of optimized impeller.
[image: Figure 20]FIGURE 20 | Comparison of blade loads at initial and optimized impeller.
The flow state following flow separation on the blade surface is depicted in Figure 21. It is evident that in the original design, the separated flow generates a large-scale streamwise vortex that spans the entire impeller passage. This vortex entraps the separated flow and wake vortex, with its periphery nearing the blade’s leading edge, obstructing the entire impeller passage and inducing flow instability. Conversely, in the optimized design, a portion of the separated flow at the leading edge of the blade forms a vortex structure perpendicular to the blade surface, while another segment progresses downstream and merges into the wake region. The vortex structure perpendicular to the blade surface exerts a certain obstructive effect on the blade’s leading edge, while the downstream-developing separated flow expands the wake region. Nonetheless, neither flow segment forms a large-scale streamwise vortex, thus limiting its obstruction of the passage.
[image: Figure 21]FIGURE 21 | Streamlines on the surface of blade.
In conclusion, both the performance characteristics’ calculation results and the internal flow analysis indicate that the optimized solution has improved the stability on the low-flow conditions compared to the original design. Meanwhile, it ensures that the performance under other conditions does not show significant degradation, thereby achieving optimization.
5 CONCLUSION
This paper analyzes and optimizes a mature centrifugal compressor design for a large flow coefficient in engineering. Due to the compressor’s long blades and complex internal flow characteristics, the design of its main dimensionless aerodynamic structural parameters differs significantly from conventional parameters, rendering empirical optimization methods ineffective. Therefore, it requires special theoretical design methods to conduct thermodynamic aerodynamic analysis suitable for high flow coefficients, increasing the difficulty of optimizing centrifugal compressors.
To address these challenges, firstly, based on the theory of maximum flow capacity, a one-dimensional redesign of the centrifugal compressor design is conducted to determine the blade angle that minimizes the inlet Mach number, thereby maximizing the reduction of flow losses. This theory establishes a general relationship between geometric and aerodynamic parameters, mainly including the flow coefficient, dimensionless inlet diameter of the impeller, coefficient of power deviation, and dimensionless outlet width of the impeller. These parameters can link all the main dimensionless parameters of the centrifugal compressor, reflecting the coupling and constraint laws between geometry, flow field, and aerodynamic parameters, thereby obtaining the physical boundaries of the design space and optimization limits. Based on the new design, a parameterized modeling method is adopted for automatic multi-objective optimization. To avoid the occurrence of local optima in gradient-based optimization algorithms, a gradient mutation operation is introduced on the basis of the multi-objective algorithm NSGA-II, leading to the development of the gradient mutation hybrid optimization algorithm, significantly improving the efficiency and robustness of multi-objective optimization. By using CFD method verified this optimization enhances the performance of the original centrifugal compressor design at the design point and broadens its operating range under low-flow conditions, achieving optimization of the original design. Based on Stenning’s surge criterion, the flow field calculation results show that the flow separation area of the blade in the optimized scheme is far away from the primitive level, the pressurization capacity and flow stability on the low-flow conditions are better.
The current paper demonstrates an optimization concept that combines both physical principles and artificial intelligence tools. And this concept will provide a new idea for the optimization of the centrifugal compressor in the future. On the one hand, with the development of industry, the centrifugal compressor with better performance is more and more importan. On the other hand, with the development of centrifugal compressor design technology, it is more and more difficult to improve its efficiency. Under this background, the artificial intelligence tools should be made full use to assist the design of centrifugal compressor. However, designers should not rely entirely on AI tools because, in essence, AI tools can only find optimal solutions at the mathematical level. Therefore, it should be based on physical principles, given appropriate preconditions, and then the rational use of AI tools. In addition, in the use of artificial intelligence tools, but also should fully consider the advantages and disadvantages of various algorithms. As this paper proposed a combination of NSGA-II and gradient mutation algorithm, can ensure not to fall into the local optimal at the same time, to ensure the efficiency and robustness.
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