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The significance of this work is the demonstration that an ORC (Organic Rankine Cycle) system can be successfully implemented on heavy-duty vehicles and contribute to fuel consumption (and emissions) reduction. Additionally, this paper focuses on providing due consideration to the materials aspects of the most critical component of the ORC system, namely, the turbine—expander. The expander of an ORC system optimized off an experimental prototype coupled to a 7 L diesel engine and optimized from the point of view of the rotor geometry, materials and clearances to be applicable to the specific experimental setup. The optimum clearance between the rotor blades and shroud, in terms of performance and economical aspects, was calculated at 0.4 mm. Based on the initial geometry of the ORC turbine, for this particular application and optimising for performance, refrigerant R134a was found to be the best choice. Then the rotor geometry was optimized using ANSYS simulation. The maximum performance obtained by the expander to achieve 72.95% total to static isentropic efficiency. It was calculated on GT-Power that the optimized ORC system, implemented on a heavy-duty vehicle, can reduce fuel consumption by up to 17%.
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1 INTRODUCTION
Increasing fossil fuel consumption, has led to serious environmental and energy problems such as global warming, resource depletion, air pollution and energy shortages. As a result, industries are focusing on the utilisation of low-grade heat sources (Bao and Zhao, 2013). In the recent years, the automotive industry has made great improvements in developing more efficient engines. Current automotive diesel engines commonly achieve 40%–45% efficiency while petrol engines are working with a peak efficiency of 30%–36% (Sphicas et al., 2017). Modern vehicles must comply with Euro VI, which sets the maximum value of CO2 emission level to 95 g/km (European Comission, 2017). Increasing fuel prices also create a demand for more efficient vehicles (Oil Crude Price, 2017).
To improve powertrain efficiency, manufacturers enhance the in-cylinder fuel and air mixing (Sphicas et al., 2017), employ advanced injection strategies (Sphicas et al., 2018), implement downsizing (Ricardo et al., 2011), hybridisation and electrification (Bin Ahmad et al., 2022). Heavy-duty vehicles and off-road machines are far less suitable for electrification, so reducing their emissions depends on improvements in conventional powertrains (Automotive Council UK, 2017).
Approximately 25%–35% of the fuel energy is wasted through the exhaust system while waste heat recovery technologies can greatly improve the engine efficiency (Sphicas et al., 2017). In turbocharged engines, a substantial part of the exhaust enthalpy is used by the turbocharger. However, there is still remaining an amount of lower grade heat energy which can be recovered. Organic Rankine cycle (ORC) systems are considered the most technically and financially feasible approach to converting low grade heat source into electricity for small and medium scale engines (Schuster and Karellas, 2009; Jiménez-García, 2023). Radial inflow turbines, with low mass flow rate and high-pressure ratio are applied more often than other types of turbines for medium-scale ORC systems due to their efficiency and cost-effectiveness (Chen, et al., 2015).
Stationary engines, equipped with ORC systems and operating at constant conditions have been well characterised. In literature there is a lack of reporting on the real-world implementation of ORC systems onboard vehicles. One reason is the cost (Hoang, 2018). But also, because there is not enough evidence for the efficiency of an ORC system implemented in small capacity engines, which have a transient load (Ringler and Seifert, 2009).
The present paper deals with the expander and ORC materials and mechanical considerations necessary to achieve improved engine performance in medium and heavy-duty engines.
2 LITERATURE REVIEW
Figure 1 shows the simplified ORC system and the temperature enthalpy diagram. The ORC system consists of a heat exchanger, where the working fluid changes state from liquid to superheated vapour (process f–a). The vapour then expands isentropically in an expansion device linked to an electric generator (process a–b). The fluid is, then, condensed again to liquid (process b–e). The whole process is repeated as a result of the presence of a pump in the cycle, which recirculates the organic fluid (process e–f).
[image: Figure 1]FIGURE 1 | Simplified ORC system (Jung and Krumdieck, 2014).
The ORC systems are known to be able to operate with several organic fluids (e.g., R-123, R245fa, R134, butane, pentane, etc.) as working fluids. These working fluids have lower boiling points than water, thus they can easily boil by low-grade waste heat. By controlling the condenser pressure, the turbine stage pressure ratio is controlled. Condensation in the turbine must be avoided (Jung and Krumdieck, 2014).
In terms of the available types of expander, radial turbines produce more work-output per unit mass flow and are therefore more compact in size compared to scroll and screw expanders, or axial turbines. Based on data from existing turbines, the highest efficiency is achieved when operating in a relatively narrow range, where the ratio between the mean line rotor tip speed and absolute fluid inflow velocity is around 0.7 (Chen and Baines, 1994).
Over the last 20 years, ORCs have demonstrated good reliability and adaptability. ORC applications range from heat recovery in gas turbines and internal combustion engines, to solar, geothermal and biomass energy conversion. Small/medium size power plants (50–5,000 kW) have used an ORC in place of steam. In this power range of 50–5,000 kW, both axial and radial turbine-expanders have been used. The axial turbine has a low degree of reaction, capable of treating a large enthalpy drop with limited peripheral speed, in a single stage. The radial turbine has a better performance in the lower size range (Fiaschi and Manfrida, 2012).
A typical heat recovery system includes either mechanical or electric turbo compounding, bottoming cycles and thermoelectric generators (Pesiridis, 2014). The mechanical turbo compounding system is based on transforming waste heat energy from the exhaust gases to spin a turbine. The electric turbo compound setup transforms the exhaust gas waste heat into electrical power, which is stored in batteries or used to power the auxiliary systems of the engine (Kirmse, et al., 2016).
In the automotive industry, heavy-duty vehicles in particular, can benefit the most from waste heat recovery systems, as they produce great amounts of emissions and heat. Implementation of such systems in these vehicles can offer an increase of the powertrain power (or a corresponding reduction in fuel consumption) by over 10%, while reducing the emissions (Teng and Regner, 2007). The efficiency of an ORC depends on the temperature levels of the exhaust gases and mass flow rate. For the temperature range between 150°C and 300°C typically found in exhaust gases, ORC systems have demonstrated good efficiency levels that can exceed 12%, for well-designed systems (Park et al., 2018).
2.1 Turbine design and analysis
The most critical (and power-producing) component of an ORC is the turbine-generator. When designing a turbine, the preliminary design is based on thermodynamic cycle optimization. In this stage, the blade trailing edge geometry is optimized by modifying its three main parameters: relative exit flow angle, exit tip radius and hub radius. The relative exit flow angle is designed to minimize the relative Mach number at the shroud radius. For ease of calculation, an assumption of zero discharge swirl and ideal gas model is made. The main purpose of this preliminary design is to maximize the rotor efficiency (Zhuge, et al., 2013).
The aerodynamic design phase is a crucial stage in the design process of the turbine. The aerodynamic design is the result of the rotor dynamics, stress, manufacturing considerations and testing considerations. The aerodynamic design includes five stages: 1D preliminary design, blade and passage design, 3D geometry of blade and passage, 3D modelling of volute and 3D numerical simulations (Chen, et al., 2015).
2.2 Working fluids: importance and selection
The selection of a suitable working fluid is essential for the ORC system. The working fluid evaporation and critical temperature must match the heat source. The working fluid must be chemically and thermally stable at temperatures well above the operating temperature (Costall et al., 2015). The process used in this work is shown in Figure 2.
[image: Figure 2]FIGURE 2 | Working fluid selection process (Costall et al., 2015).
The ideal organic working fluid should have the following properties:
• High molecular weight,
• High critical pressure and temperature, to allow the engine operating temperature to absorb all the heat available up to that temperature,
• Low operating pressure, to avoid explosion or rupture of components,
• Small specific volume, in its gaseous state, to avoid the need for large and costly turbines, evaporators and condensers,
• Higher pressure inside condenser to prevent air inflow into the system,
• Non-flammable, corrosive or toxic characteristics.
To evaluate the actual performance of a turbomachine, the losses must be calculated. The overall loss of the turbine is the sum of several contributions, each one estimated through correlations which depend on kinematic and geometric parameters (Fiaschi et al., 2015a).
In the rotor, the flow is subject to a rapid acceleration in the flow direction, turning in the meridional plane along the camber line. Due to the three-dimensional behaviour of this type of flow, the total pressure inside the flow channel is not uniformly distributed, which can lead to losses (Fiaschi et al., 2015b). These losses are divided as follows:
• Rotor incidence losses- due to the incidence angle of the relative flow at rotor inlet.
• Skin friction losses- due to friction of the fluid with rotor.
• Tip clearance losses- due to the fluid leaking through the clearance gaps between the blade tips and the shroud. In the radial turbines, there are two types of clearances: axial, at inlet; and radial at outlet. The radial clearance represents the major component of clearance loss.
• Blade loading losses- caused by high curvatures of the profile and the pressure gradient in the rotor vanes. They represent the major factor to the drop of the expander efficiency.
• Disk friction losses- arising in the enclosure between the back side of the impeller and the casing of the machine.
Figure 3 presents the distribution of the rotor losses (Fiaschi et al., 2015a). Stator losses are generally lower than the rotor losses, and because of that they are not that well investigated in the literature (Fiaschi et al., 2015b). The diffuser is placed downstream of the rotor, to allow partial recovery of the large kinetic energy. The diffuser induces losses due to flow friction against the walls.
[image: Figure 3]FIGURE 3 | Rotor Losses modified from (Fiaschi et al., 2015a).
3 METHODOLOGY
The turbine (expander) is a major component of the ORC system. Figure 4 presents a simplified turbine development cycle. Initially the thermodynamic cycle is analyzed and a preliminary design of a radial turbine is generated. Then the flow and structure are analyzed (CFD and FEA). After manufacturing and testing of the parts, the design is improved (Lang, 2013).
[image: Figure 4]FIGURE 4 | Turbine development cycle (Jung and Krumdieck, 2014).
Table 1 shows the input data for the preliminary design of expander. General considerations include:
• Working fluid is compressible, non-ideal gas, since the expansion process is close to critical conditions, across large expansion ratios;
• Flow through turbine is assumed to be steady and adiabatic, even though the heat source will be unsteady in a mobile application;
• Number of stages limited to one, for minimizing complexity and cost;
• Full admission is initially assumed. Partial admission will be considered if the blade heights are unacceptable under full admission (Costall et al., 2015).
TABLE 1 | Design parameters.
[image: Table 1]3.1 Baseline engine modelling
Table 2 represents the main parameters of the baseline engine. A 7-Liter, 6-cylinder, 4-stroke Diesel engine was simulated based on the Yuchai YC6A280 engine available at Brunel University London. The compression ratio was 17.5:1 and the TDC clearance 1 mm. The simulation model used within the GT-Power simulation software includes various phenomena occurring in real engine working cycle. The input parameters of the model were set in conformity with the recommendations for this type of engine according to the Yuchai YC6A280 base model, represented in GT-Power simulation environment in Figure 5A. All parameters specified in Table 2 originate from the Yuchai YC6A280 service manual, (Yuchai, 2017; Alshammari et al., 2018).
TABLE 2 | Major parameters of the baseline engine.
[image: Table 2][image: Figure 5]FIGURE 5 | GT-Power model of: (A) engine base line, (B) ORC system, (C) ORC system integrated with engine.
The combustion model used is based on the Wiebe heat release function. The heat transfer sub-model is based on the Woschni model with simplified approach assuming a uniform heat flow on all piston surfaces, cylinder head and cylinder wall. GT-Power models the heat release of combustion as a function of time. The Woschni model of heat-transfer assumes that the heat flow coefficient and velocity over all surfaces of the engine cylinder are constant (Gamma Technologies, 2014).
The overall friction losses are estimated by means of a modified Chen-Flynn model. The Chen-Flynn friction model calculates the Friction Mean Effective Pressure (FMEP) as a weighted summation of the cylinder maximum pressure, the engine speed, the square of the engine speed and a constant (Gamma Technologies, 2014). The constant part of FMEP is equal to 0.3 bar. The peak cylinder pressure factor is 0.005. The mean piston speed factor is 0.1 bar per m/s.
3.2 Baseline ORC system
The baseline model of the ORC in GT-Power is illustrated in Figure 5B. The case setup for the system can be seen in Table 3. The temperature and the mass flow rate of the exhaust gases was taken from the results of the engine simulation. The temperatures of coolant and refrigerant were in accordance with data from the test rig (Alshammari et al., 2018).
TABLE 3 | ORC initial case setup.
[image: Table 3]The initial map of turbine is shown in Table 4. The suction pressure is 20 bar and the suction temperature 150°C. The data originated from the template of an existing ORC system (Alshammari et al., 2017). The template was used for the initial setup of the ORC system. After the expander was optimized in ANSYS, a new map was generated.
TABLE 4 | Initial expander data.
[image: Table 4]Figure 5B represents the detailed model of the ORC system. Figure 5C represents the ORC system integrated with the baseline engine (shown in Figure 5A). The models of the ORC system and the baseline engine were initially developed together, but due to the computational performance, it was decided to simulate them separately. More researchers in the literature have simulated the engine and ORC system separately, obtaining accurate results (Wei, et al., 2016). By developing the ORC system separately from the engine, the computational time was reduced substantially, while maintaining accurate results.
3.3 CFD simulation and modelling
Computational fluid dynamics simulations were used to optimize the turbine for this paper’s vehicle simulation. The interaction of moving components (turbine rotor) within a static environment (turbine casing), required the application of a moving reference frame model, where components are separated from stationary. One domain consists of the rotating components of the turbine (rotor, shaft) rotated at an imposed angular velocity, while the other domain contained the stationary components of the turbine (stator, volute, stationary walls). In ANSYS software, the moving reference frames models employed were: SRF (single reference frame), MRF (multiple reference frame) and SM (sliding mesh).
SRF is suitable for simple problems where the entire computational domain is considered as a single moving reference frame. The moving parts can take any shape. This model is not appropriate for simulating turbines, as they have more complex geometries. MRF represents the simplest model for the turbine. The main advantage of this model is that it can be solved at a low computational cost. MRF cannot account for vortex shedding or rotor-stator interactions. SM model uses more resources, but it is more accurate than MRF. SM is the most appropriate model for simulating turbines (Visavale, 2017).
With SM employed, a structured hexahedral mesh was used as it proved the most appropriate for this application. The mesh was aligned with the flow, and thus the numerical errors were reduced. To increase the accuracy of the results, the mesh was refined according to the component’s specification (ex: areas around blade and hub section) (CFD ONLINE, 2017).
The inlet boundary was defined with total pressure and temperature for a good numerical stability and convergence. If the inlet boundary was defined by velocity, errors interfere, and thus the convergence time increases (ANSYS, 2017).
The design of an existing expander (Alshammari et al., 2017) was used as the starting model for the simulation and was further optimized to improve the performance of the ORC system. This design comprises of stator blades and rotor blades. The mesh files were imported to ANSYS Workbench and merged in the CFX setup. The stator and outflow domains were defined as stationary and the rotor rotates around the z-axis. Figure 6 presents all boundary conditions for the setup. Each domain had periodic interaction to simulate the flow between blades at each stage as a mesh for a single blade was used. In this way CFX copies this single passage through 360° to create the complete expander. Also interfaces between stationary and rotating domains were created with frozen rotor model to provide mesh connection and accurately represent the flow between them (Jones, 1996).
[image: Figure 6]FIGURE 6 | ANSYS Simulation setup and Boundaries of domains.
For all domains the reference pressure was 1 bar, heat transfer was set to total energy and turbulence was set as shear stress transport to allow for heat transfer between the domains and the calculation of device efficiency (Menter, 1994). The inlet boundary was defined as total pressure and total temperature. The outlet was defined as static pressure, which was a sum of ambient pressure and pressure drop from the recuperator. Hub, shroud and blades were defined as no slip and smooth wall; however, the rotor shroud was set as counter rotating due to the movement of the rotor mesh.
Tip General Grid Interfaces (GGI) with general mesh connection was used for the tip of the rotor blade to allow for losses at the clearance between the blade and the rotor shroud. The RMS (root mean square) residual type with target of 0.0001 was selected together with physical timescale of 0.001 s to ensure convergence of the solution. The number of iterations was set to 200 to allow the solution to converge. Total-to-static turbine efficiency and generated power were monitored in each simulation as comparison criteria during the optimization and the fluid selection process.
The first task was to determine which fluid would provide the highest performance of the expander. Each refrigerant was modelled in CFX using the refrigerant molar mass, specific heat capacity, dynamic viscosity and thermal conductivity. REFPROP was used to find this data for each refrigerant at ambient temperature (25°C). The fluids were set as ideal gases. The lack of real-gas properties can influence the accuracy of results, but this is a typical assumption in the literature (Lopez, 2013). The boundary conditions at inlet and outlet and the rotor speed, were kept the same for all fluids. The total pressure at the inlet was set to 20 bar and total temperature was 370 K which is below the critical temperature for all tested fluids. The rotor speed was set to 45,000 rpm. The comparison criterion for the performance of the working fluids was the maximum power generated by the expander.
3.3.1 Expander modelling
Following the selection of the optimum working fluid, the rotor blades were optimized. The initial rotor design was obtained from the experimental prototype of (Alshammari et al., 2017).
Vista RTD was used to create a rotor similar to the baseline. It required data for operating conditions, efficiencies, fluid properties and flow angles, as well as dimensions of the expander.
The new rotor blade required meshing of the flow passage. This was done in TurboGrid. The flow path in through the blade passage was defined in Vista RTD and transferred to the geometry and to TurboGrid. The flow path defined boundaries like inlet, outlet, shroud, hub and blade walls. The inlet boundary of rotor was set to a radius of 35 mm to match with the outlet of the stator domain. The outlet boundary of the rotor was placed slightly away from the blade and the outflow block was created to represent the exhaust pipe where gases enter after the expander. Figure 7 presents the computational mesh used in this work. Figure 7A presents the mesh of the rotor and the outflow block. This is the domain on which the calculations were performed. Figure 7B demonstrates the mesh refinement at the shroud section of the domain. Similar refinement was done at the hub and at the blade surface. Mesh refinement is paramount for solution conversion and accuracy of the solution. When the domain of a single passage is meshed, it is copied around 360° to match the number of blades stated by the flow path in Geometry (Figure 7C). In this way, the software reduces computational cost.
[image: Figure 7]FIGURE 7 | Computational mesh of: (A) rotor blade and outflow block, (B) refinement at shroud section, (C) full rotor and (D) Rotor blade geometry in BladeModeler.
3.3.2 Optimization setup
The main aim of this part of the work was to optimize the expander to achieve high power output. This was achieved through optimization of the rotor parameters such as the clearance between the blades and shroud, the geometry and thickness of the blades. Each parameter was optimized separately and implemented before starting the optimization of the next parameter.
The first parameter chosen for optimization was the clearance between blades and shroud wall. This parameter was adjusted in TurboGrid and various values were simulated and compared.
Other parameters were related to the shape of the blades and adjusted in BladeModeler. Figure 7D demonstrates various dimensions of rotor blade and five camber lines which denote the curvature of the blades across its span. These camber lines were optimized to achieve maximum power output of the expander.
The rotor was created with Vista RTD. The first camber line was optimized within Vista RTD. Camber lines 2–5 were built based on the shape of the first one. Figure 8A shows the optimization points of the first camber line. Each point represents an angle and its position along the blade. The position of points was kept constant, and their angle was optimized for the best performance. The thickness of the blade was also optimized at each camber line. Figure 8B shows the thickness variation along the blade. To save time all the points were optimized simultaneously by shifting them laterally at each camber line. When the best thicknesses for each camber line were determined they were combined in the final rotor geometry, resulting in an optimized expander.
[image: Figure 8]FIGURE 8 | Camber line optimization of (A) points and (B) thickness.
3.3.3 Finite element analysis
The final stage of the rotor optimization was to ensure that the optimized rotor can withstand the pressures and temperatures which were calculated during the CFD simulations. The optimized geometry of the rotor blade was imported to the static structural module, where it was meshed for FEA analysis. Finite element analysis was conducted to validate the feasibility and durability of the new rotor. Results from the CFD simulations were, also, imported to the static structural module to provide values for temperature and pressure on the blade during operation. Figure 9A shows the boundary conditions used for the finite element analysis. The fixed support was defined at the root of the blade where it joins the hub. The rotational speed was defined around the z-axis and with the maximum value at which the expander operates.
[image: Figure 9]FIGURE 9 | Boundary conditions for FEA analysis.
Titanium alloy and aluminum alloy were selected for the FEA analysis and comparison. Figure 9B demonstrates the mesh for the FEA analysis of the rotor blade (512 k nodes). To validate the rotor design during operation of the expander, the FEA setup required pressures and temperatures to which the rotor is exposed during high-speed rotation. Those parameters were imported from the CFD simulation. Moreover, the two materials were modelled for comparison of durability and cost-effectiveness.
Another important aspect related to the design of the blade was to find the natural frequencies of the blade to avoid resonance at certain speeds. The geometry of the optimized expander blade was imported into the modal analysis where it was meshed. The results of this simulation determined which frequencies should be avoided during the operation of the expander.
4 RESULTS AND DISCUSSIONS
4.1 GT-power engine data
The results of the engine simulations on GT-Power, showed that the maximum torque achieved was 1,079 Nm at 1,500 rpm. In comparison, the measured engine output torque was 1108.2 Nm. The maximum error across the range of engine speed was 4%. The torque simulation results are compared to the engine output on Figure 10A. The maximum engine power calculated by the simulations was 202 kW at 2,100 [rpm], while the real engine has the maximum output of 207 kW at 2,300 rpm. Figure 10B compares the simulated and actual engine power output as a function of engine speed. The brake efficiency values across the range of engine speed, from the simulation, are presented in Figure 10C. The maximum value of 38.42% was obtained at 1,900 rpm. The simulated engine performance errors were considered acceptable to represent an engine of this class.
[image: Figure 10]FIGURE 10 | Engine experimental data compared to GT-power simulation results, (A) torque, (B) power, (C) break efficiency, (D) BMEP, (E) exhaust gas temperature and (F) exhaust fas mass flowrate.
The Break Mean Effective Pressure (BMEP) values across the engine speed range, from the engine rig and the simulation are compared in Figure 10D. Both experimental and simulation data follow the same trend. The biggest difference them is observed at idle, with a difference of 7%. Experimental and simulation data of exhaust temperature are presented in Figure 10E. Simulated data follow a parabolic profile with a maximum of 863.5K at 1,500 rpm. Data from the rig show a maximum value of 842K at idle. Values for exhaust mass flow are presented in Figure 10F. Both engine rig and simulation results, follow the same trend and show the highest values for mass flow at 2,300 rpm. The results show an almost linearly increasing trend of exhaust-gas mass-flow with engine speed.
Figure 11 presents information calculated from the GT-Power simulation results. Figure 11A presents the average fuel mass-flowrate as a function of engine speed. The Break Specific Fuel Consumption (BSFC) is calculated in Figure 11B (in kW.h of energy). The lowest BSFC was obtained at 1,300 rpm. The brake specific fuel consumption at this point of operation has the value of 230 g/kW-h.
[image: Figure 11]FIGURE 11 | Engine simulation results of: (A) average fuel mass flowrate, (B) BSFC, (C) percentage of fuel energy exhausted and (D) power output of the initial non-optimized ORC.
The major factor which influences the brake power output of the engine is the heat lost through the exhaust system. The energy percentage lost in the exhaust gases is presented in Figure 11C. These losses increase with increased engine speed. The maximum percentage of lost energy through the exhaust gases, for this engine, reached around 52% at around 2,300 rpm. This calculation is of importance, as this is represents the amount of wasted energy available to the ORC system for energy recovery.
Figure 11D presents the ORC power output of the initial non-optimized design of the ORC. At low engine speed, the power recovered from the exhaust heat is low, of the order of 5–10 kW. At higher engine speeds, above 1,500 rpm, the recovered energy becomes more significant. At the maximum engine speed of 2,300 rpm, the ORC power output reaches 25 kW.
4.1.1 Pump speed optimization
The first parameter optimized from the case setup is the pump speed. According to the data from test rig, the pump’s total power is in the range of 0.2–1 kW. In Figure 12A the data at the optimum three pump speeds are represented for each case of engine speed. The optimum pump speed was selected based on the expander power. The highest expander output power is around 42 kW, achieved between 2,500 and 3,000 rpm pump speed. The maximum expander power is achieved at 1,700 rpm engine speed. In Figure 12B the final setup with the optimized pump speed is shown. The peak power was 42.66 kW, for the engine running at 1,700 rpm. The pump total power was found to be within the limits known from the test rig.
[image: Figure 12]FIGURE 12 | (A) Pump speed optimization and (B) Expander and Pump power for optimized pump speed.
4.2 ANSYS
4.2.1 CFD performance of ORC fluids
The first stage of CFD analysis of ORC system is to determine which fluid would provide the optimum performance of the expander. Six fluids were modelled with the baseline expander, Table 5 shows the main properties of these fluids. The fluid with the lowest environmental impact is Novec 649. At the opposite side is R236fa, having a major impact in global warming.
TABLE 5 | General fluid properties.
[image: Table 5]For a fair comparison and generator constant speed requirement, each fluid was modelled using the same boundary conditions and rotational speed of rotor as was mentioned previously. For the inlet boundary condition, total temperature was set to 370 K to ensure that the critical point of fluid is not reached. The total pressure at the inlet was set to 20 bar which corresponds to average pressure before expander in the ORC system from GT-Power simulations. The outlet static pressure was set to 1.0908 bar, which is the sum of ambient pressure and average pressure drop in the recuperator of the ORC system. The rotational speed of the rotor was set to 45,000 rpm.
Table 6 presents the results of CFD simulations of the expander with various fluids. The highest efficiency of 72.96% was achieved using R113. The highest ratios of total pressure and temperature were achieved using R123a. The highest power was generated by R134a and was equal to 48.2 kW. This fluid was selected for further analysis as it produced the highest power which was the main requirement for this analysis in order to investigate the FEA and materials aspects under the highest power possible.
TABLE 6 | Performance results of various ORC fluids.
[image: Table 6]4.2.2 Rotor optimization
The optimization process begun with manufacturing clearance adjustment. Figure 13A shows various clearances from 0.15 to 0.4 mm and the corresponding power generated by the ORC system. The general trend of increasing power with decreasing clearance was confirmed. The maximum power was generated with a clearance of 0.15 mm. This power is a 1.8% increase compared to the original. However, reducing the clearance substantially increases the manufacturing cost. It was therefore decided to keep the original clearance of 0.4 mm, which is also typical for such applications.
[image: Figure 13]FIGURE 13 | Optimization of: (A) Rotor blade clearance and (B) Theta angle.
The next parameter for optimization was the angle theta of the first camberline. Figure 13B represents optimization results of the angle theta. It is apparent that the solution oscillates and lacks a clear trend. However, the margins of this oscillation are ±0.5 kW. The peak power was achieved at an angle of 1°. This theta angle optimization provided an increase in power of 0.13% compared to the original power.
The most important step was the optimization of the blade curvature which was done through five points at the camberline 1. As mentioned previously in methodology other camberlines will be automatically interpolated from the first one. Figure 14A demonstrates optimization results of point 1–5. For point 1, there is some oscillation of the results, however, a general trend is clear. The power increases with increasing angle. At an angle of 4.5° the maximum power was achieved.
[image: Figure 14]FIGURE 14 | Optimization of blade: (A) angle and (B) thickness.
Optimization of point 2 produced similar trend and some fluctuations. The maximum power was obtained at 6.7°. For point 3, the generated power increases with the angle increase. The maximum power was reached at 17.5°. This provided 2.89% increase in power compared to the previous optimization point. During optimization of point 4, the best angle was −12°. It provided an increase in power by 5.47% compared to the previous point. During optimization of point 5 the maximum power achieved was at an angle of −18 which is 0.2% increase compared to the original angle of −13.5°.
The last stage of the turbine optimization was the optimization of the blade thickness at each camberline. Figure 14B shows that the smallest thickness of camberline 1 provides a higher power output (at 0.4 mm). The same trend can be seen on all camberlines thickness optimizations. When the optimal thicknesses were implemented into the final rotor geometry, the simulation provided a power output which was 11.3% higher than the power output of the initial non-optimized rotor.
Figure 15 demonstrates velocity contours and vectors at the initial expander. It is clear that the flow meets the rotor blade at such an angle as to impart little momentum. The low velocity region at the inlet of the rotor demonstrates where the flow acts more effectively to impart momentum on to the blades. At the middle of the rotor blade there is another low velocity region, however the vectors indicate that the flow meets the blade from the opposite direction, which slows down the rotation of the blade leading to lower power output.
[image: Figure 15]FIGURE 15 | The left column represents the initial expander and the right column the optimized expander. From top to bottom, the row presents the velocity contour, the static pressure and the static temperature.
Figure 16B demonstrates the velocity contours and vectors at the optimized expander. Compared to the initial expander, shown in Figure 16A, the flow meets the optimized rotor blade at the inlet and continues to push it almost until the outlet. This provides better distribution of the flow and creates two low velocity regions (at the inlet and middle section of the blade) where the flow rotates the blades more effectively. Unlike the initial expander, the flow does not meet the blades from the opposite direction, meaning that torque is higher and power output is increased. Overall, the initial expander had the average flow velocity across the rotor at around 180 m/s, whereas the optimized expander had it at around 110 m/s. This means that the flow energy was transferred more efficiently to the optimized rotor blades, generating higher power at the shaft.
[image: Figure 16]FIGURE 16 | Velocity streamlines of optimized expander.
Figures 16C, D, demonstrate contour plots of static pressure in the initial and optimized expander. Similar to previous results, the initial expander has a rapid drop of pressure from the inlet of the rotor, this is because the flow energy is transferred more efficiently there, rather than along the full length of the blade. In the case of the optimized expander, the pressure drops gradually along the whole blade length and energy of the flow is transferred more effectively. At the outlet of the optimized rotor, static pressure drops to almost 107 kPa whereas for the initial rotor it drops only to 200 kPa, meaning that the optimized expander has a higher pressure drop at the stage.
Figures 16E, F, demonstrate static temperature contours in the initial and optimized expander. Like pressure contours, the static temperature drops rapidly from the inlet of the initial rotor. For the case with the optimized rotor, the temperature drops gradually along the blade. Overall, static temperature at the initial rotor was higher than at the optimized rotor. At the rotor outlet temperature, it dropped to around 423 K for the initial and to 411 K for the optimized expander. This means that the optimized rotor provides a higher temperature drop at the stage, thus a higher power output is extracted from the expander.
Figure 16 shows the velocity streamlines through the expander. It is apparent that the highest velocity is achieved at the end of stator blades, which helps to improve the performance of expander. There are some losses at the clearance between the rotor blades and the shroud as some streamlines are going over the rotor blades. These losses are normal for all turbines and can be minimized by reducing the clearance.
4.2.3 Generation of new expander map for GT power
To test the optimized expander with the engine a new expander map is required for GT Power. To create this map, the expander was simulated with various rotational speeds and boundary conditions. Based on the original map from GT Power, the inlet pressure and temperature were kept constant across all test points and the outlet pressure was varied from 10 to 2.5 bar. At least four different expander speeds had to be tested with four different outlet pressures. Generated power and outlet temperature were recorded for each simulation. Table 7 presents the entire data collected for the new optimized expander map.
TABLE 7 | Optimized expander map.
[image: Table 7]4.2.4 FEA validation and materials comparison
Figure 17A shows the temperature on the rotor blade during the expansion operation. The maximum temperature of 190.6°C was obtained at the tip of the blade next to the inlet of the blade passage. The lowest temperature of 130.6°C was near the exit of the passage on the side of the blade. The mean blade temperature was around 160°C. Figure 17B presents the pressure vectors. The highest pressure of 6.7 bar was observed at the inlet region of the blade passage where the flow directly impacts the rotor blade. The lowest pressure region, of 0.00558 bar was at exit of the passage, where the flow exits the rotor.
[image: Figure 17]FIGURE 17 | Imported (A) temperature, (B) pressure.
The first row of Figure 18 presents the deformation of the rotor blades under the working conditions. In the first column, titanium alloy was used. In the second column, aluminum alloy was used. The highest deformation is observed at the exit of the blade. The values of deformation are within the acceptable limits, and thus the blade geometry needs no further optimization for strengthening. The second row of Figure 18 shows the Von-Mises stress from the blades. The Von-Mises stress is lower than the yield of both materials. In the case of Titanium alloy [Commercially Pure CP-Ti UNS R50700 Grade 4 (SS)] the yield stress is 500 MPa and for the aluminum alloy (2014-T6) the yield stress is 414 MPa (Zheng et al., 2022).
[image: Figure 18]FIGURE 18 | FEA results of optimized blade. Deformation of blade for: (A) Titanium alloy, (B) Aluminum alloy.
The maximum values of stress were obtained at the edge of the blade, at a sharp corner. It is well known that sharp angles act as stress concentration points. The data obtained from the surface of the blade prove the fact that the rotor can operate under the present working conditions without any concern.
Another aspect of FEA analysis is to check the vibrational excitation of the rotor blade during rotation. Table 8 shows six modes of the rotor blade with various materials. For each mode the natural frequency of the blade is shown. If the rotor operates at these frequencies, the dynamic vibration of the blades would dramatically increase, causing fatal deformation and eventual failure. When those frequencies are converted into rotational speed it is evident that the rotor would never reach those speeds (minimum speed is 331,000 rpm) and therefore it will not fail due to vibrational excitation. It is concluded from this analysis that both the aluminum and titanium alloys are safe to use.
TABLE 8 | Modes of frequency comparison.
[image: Table 8]Figures 19, 20 show contours of total deformation for six modes. For both materials, the maximum deformation appears more often at the tip of the blade at the inlet and outlet of the passage. In addition, contours are almost identical for both materials, but the titanium alloy exhibits lower values for total deformation in all six modes. This means that titanium would be would be preferred for very high speed (and small size of) turbine applications due to lower total deformation.
[image: Figure 19]FIGURE 19 | Modes of total deformation for titanium alloy.
[image: Figure 20]FIGURE 20 | Modes of total deformation for aluminum alloy.
4.2.5 Material selection and cost comparison
Due to the relatively low temperatures and stresses applied to the turbine, the aluminum alloy can be considered for the rotor design. Generally, aluminum alloys are cheaper than titanium alloys. Additionally, aluminum alloy components are cheaper to manufacture than titanium alloy components. Currently, aluminum alloys are used on the turbine of most experimental facilities (Alshammari et al., 2018). At the time of writing, the price of the aluminum alloy was 2.233$/kg. Considering the size of the rotor and the density of aluminum, approximately a 0.5$-block of Aluminum has to be machined to produce the rotor. A coarse estimation of the manufacturing cost was done using Solidworks software, seen in Figure 21. The price of manufacturing the rotor with the corresponding dimensions is about $633 (due to the complexity of the part and the high precision required for this application). If the turbine is mass produced, the price can be reduced significantly. Regarding the titanium alloy (potentially for those application requiring high pressure and temperature and high stress) following the same logic, the titanium alloy price is about 3.77$/kg (InvestmentMine, 2017). The price of the Titanium block which must be machined rises to 1.32$/block. The price of manufacturing rises as well roughly by 10%–15% due to tooling costs.
[image: Figure 21]FIGURE 21 | Solidworks model of the Rotor in Solidworks and estimation of manufacturing cost.
Solidworks calculated the mass properties of the rotor made from both Titanium alloy and Aluminum alloy. The rotor made of aluminum alloy is 37.91% lighter than the rotor made from the Titanium alloy. This mass reduction of rotor will lead to a quicker response of the expander, and thus better performance of the ORC system.
4.3 Final design
After the new ORC map was generated in ANSYS, the ORC system was updated in GT-Power and the engine operation simulated again, generating the final results presented in Figure 22. The maximum power achieved by the ORC system with the optimized expander map is 52.79 kW at 1,700 rpm, while the overall performance increased by about 20%.
[image: Figure 22]FIGURE 22 | Comparison between optimized ORC (A) BSFC with standalone engine and (B) expander power with initial ORC map.
The fuel consumption of the engine was improved across the engine speed range. The BSFC was reduced on average around 17%. Similar levels of fuel consumption reduction is recorded in the literature (Teng and Regner, 2007). The lowest BSFC value of 183 g/kW-h was obtained at 1,300 rpm.
5 CONCLUSION
The innovation of this work is the demonstration that an ORC system can be implemented on heavy-duty vehicles. The expander of an ORC system was coupled to a 7 L diesel engine and optimized for the working fluid, rotor geometry, materials and clearance. The optimum clearance between the rotor blades and shroud, was calculated at 0.4 mm. Refrigerant R134a was identified as the optimum working fluid. The rotor geometry was optimized using ANSYS. The expander power output was improved from 76.9 to 85.6 kW and the expander efficiency was improved from 65.47% to 72.96%.
FEA analysis and vibration analysis followed. Titanium and aluminium alloys were both considered. Titanium alloys were considered due to their extreme strength potentially for very high pressure applications (but below 400[image: image]C). Aluminium alloys on the other hand are the prevalent material for such ORC expander applications and it was found that both are well within the stress limit imposed by this particular Diesel engine operation. In the end materials and manufacturing considerations are discussed based on the choice of the prevalent aluminium alloy.
Further, it was identified that heavy-duty vehicles can waste up to 50% of the fuel energy in the exhaust system. Stricter regulations and environmental challenges, make implementation of waste heat recovery systems more attractive. This work calculated that an ORC implemented on heavy-duty vehicles, could reduce fuel consumption by up to 17%. Similar values are also reported in the literature (Teng and Regner, 2007). The economic impact of an ORC system is presented in Table 9. A typical heavy-duty vehicle monthly journey of 15,000 km was assumed, with a typical current fuel price of £1.207 per litre. The fuel consumption calculated in this work was used (4,500 L for the standalone engine and 3,735 L for the engine integrated with the optimized ORC). A saving of £923 per month per heavy-duty vehicle was calculated.
TABLE 9 | Economic impact of ORC over transport system on a 15,000 km journey and with fuel price of £1.207/L
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