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Editorial on the Research Topic 
Design, simulation and optimization of hydraulic machinery

With the increasing pressure of energy crisis and carbon emission, the energy-saving technology of industrial processes has attracted worldwide attention. Hydraulic machinery and its systems are the key components for the sustainable development of engineering, energy transformation in hydraulic systems, water resources, and chemical industry including various transport of liquids or mixtures. The growing demands for the increase of processes operation efficiency have encouraged and indicated the development and implementation of the optimization at the design stages for pumps and pump systems based on mathematical and physical models, advanced numerical simulation, or data-driven techniques.Recently, an increasing number of papers have discussed the design and optimization for the improvement of pumps, turbines, valves, and other flow components. Many new theories and methods have been proposed and applied to improve hydraulic performance. For more efficient utilization of hydraulic machinery, it is important to collect up-to-date information on this topic.
In the first article, Li et al. simplified the reactor primary circuit system of HPR1000. Meanwhile, the RCP shutdown accident in a single circuit of the reactor is numerically simulated. Results show that the pressure in the pipeline system has changed greatly compared. The torque drops sharply, and then rises slowly to zero. The pressure at the inlet and outlet of the impeller changes dramatically which leads to the change of blade load. The pressure and velocity in the guide vane continue to decrease.
Based on performance test and Pumplinx simulation, Chao et al. investigated the effect of blade inlet width on cavitation performance. The results show that the method of twisting the centrifugal impeller of the suspended forward-extended blade shows a significant effect in preventing cavitation performance under such working conditions of high speed and negative pressure. Its application in aerospace power systems can significantly improve the cavitation performance.
The third article (Liu et al.) studied the energy loss of bi-directional hydraulic machinery under cavitation conditions, they used high-speed photography combined with six-axis force and torque sensors to collect cavitating flow images and lift signals of S-shaped hydrofoils simultaneously in a cavitation tunnel. The fast Fourier analysis reveals that the fluctuations of the lift signals under cloud cavitation are significantly higher than those under non-cavitation, and the main frequencies of the lift signals under cloud cavitation were all twice the frequency of the cloud cavitation shedding.
The article by Xu et al. proposed a new hard hose traveler with the function of electric drive and self-propelled. A calculation model for the dynamic change of the pulling force and energy consumption of the reel and tube operation is proposed in this study. The difference between the calculated and the measured values of the total winding length of each tube layer was not more than 0.4 m, with the deviation rate being approximately equal to 0.5%. This investigation can help solve the problems of higher energy consumption and lower intelligence of traditional hard hose travelers.
Tian et al. summarized the scientific research results of submersible mixer in recent years from four aspects: structure and energy characteristics of submersible mixer, numerical simulation calculation method, flow field characteristics, and factors affecting the flow field characteristics. Few experimental studies are conducted, and mostly numerical calculations are based on clear water as the medium. Many factors affect the mixing effect of a submersible mixer, such as installation factors and impeller design parameters. Meanwhile, the development and trends of submersible mixer technology are prospected, and the future directions of further research are proposed.
Chen et al. used time-resolved particle image velocimetry (TR-PIV) measurements to investigate the flow structures in the impeller passage under different flow rates. Through the study of the first few proper orthogonal decomposition (POD) modes of the flow field, the coherent flow structures under several flow rates were revealed, consequently, the flow fields were reconstructed by the POD modes. The flow structures that were reflected by the several modes change as the decrease of flow rate, especially, at the extreme part-load condition, not only the shapes of the flow structures changed, but also the flow direction is reversed. This indicates that the generation mechanism of turbulent kinetic energy in the flow passage changed at the extreme part-load conditions.
Lin et al. studied the flow characteristics of the centrifugal pump with different offset angles of inlet guide vanes (IGVs). In terms of external characteristics, the pump with 25°IGVs has the best head and efficiency improvement. Under three small operating points, the pump with 25°IGVs increased the head by 2.11, 0.95, and 0.73% and the efficiency by 2.51, 1.67, and 1.25%, respectively, compared with the pump with 0°IGVs. The research in this paper contributes to the performance improvement of centrifugal pumps operating at low flow conditions.
Meng et al. adopts the method of experimental and numerical simulation in the pump and studies the variation of the vibration characteristics in the operation process to improve the stability of the pump. The vibration characteristics of the pumps have been significantly improved by adding special trash barriers. In the experiment, the cavitation did occur in the actual operation process. This is the main reason that causes the centrifugal pump performance and pump flow to drop.
The characteristic of steady-state flow force on the cone valve was investigated by Liu et al. the geometric parameters and operating conditions in the steady-state flow force were optimized by the orthogonal test-optimization method. The results show that the greater the pressure differential is, the greater the steady-state flow force is. The steady-state flow force does not increase linearly, but increases first and then decreases with the increase of the opening. The study will lay the foundation to precise axial flow force prediction and reference for design optimization of the valve.
The article by Yan et al. regarded the three fish-type leading-edge structures of mackerel, sturgeon and small yellow croaker as the research objects and use high-precision non-contact 3D scanners to establish three bionic hydrofoils. They used large eddy simulation to simulate the transient cavitating flow of hydrofoils numerically. The numerical simulation results are in good agreement with the experimental results. This study revealed the mechanism of the change in the hydrofoil leading-edge structure in transient cavitating flow and provides a reference for the subsequent optimal design of hydraulic machinery blades.
The transient flow in a new type of dishwasher pump is investigated numerically by Ning et al. The simulation results agree well with the experiment. Three schemes, 0 rpm/30 rpm/60 rpm, of volute speeds are investigated. After comparing the three schemes with respect to the radial force, the shape of the vector distribution is most regular for the 30 rpm scheme, which indicates that the stability of the pump is the highest. This paper can be used to improve both the control and selection of volute speeds.
The hydraulic characteristics of vertical axial flow pump devices with different guide vane inlet angles were studied by Xu et al. using computational fluid dynamics (CFD) and model test methods. The results showed that the pump device efficiency under low-head and large-discharge conditions was improved when the guide vane inlet angle was rotated in the clockwise direction. When the operational conditions of the pump device deviate from its high-efficiency zone, the application of these results could improve its hydraulic performance, which is of great significance to the design and application of low-head pump devices.
Yang et al. fabricated the prototypes of conical tube valveless piezoelectric pump and hyperbolic tubes valveless piezoelectric pump. The size and position of entropy production of the hyperbolic tube and the conical tube were numerically calculated based on entropy production theory. The results show that the entropy production rate of the hyperbolic tube was significantly lower than that of the conical tube, which is consistent with the experimental results. This research provided a new design and research method for improving the output performance of the valveless piezoelectric pump in the future.
Xie et al. established a mathematical model of damping characteristics of the valve-controlled damping adjustable damper and designed the experiment of the damping characteristics of the compression stroke and the recovery stroke. Through simulation and experiment, the accuracy of the mathematical model was verified, and the damping contribution rate of different key parameters under different excitation speeds was analyzed. The research results can screen out the key parameters, improve the development efficiency of the damper, and provide guidance for the damper design and optimization.
Formed with a low-specific-speed centrifugal pump as the study object, unsteady flow calculation and fluid-structure interaction calculation were performed by Jia et al. on centrifugal pumps with different wear-ring clearances. The effect of the incident angle of the wear-ring clearance on the distribution of pressure pulsation and vibration performance of centrifugal pump was analyzed. The results showed that the improved efflux angle of the wear-ring clearance could effectively weaken the impact disturbance of the leakage flow in the wear-ring clearance to the main flow at the inlet. Meanwhile, the efficiency of the centrifugal pump was improved, and the vibration amplitude and vibration energy of the pump were also reduced.
The article by Yu et al. proposed a numerical analysis method based on the computer simulation and the Monte Carlo (MC) method. First, the unit’s life simulation values were simulated using the MC method. Next, the CEMS life simulation value can be obtained based on the CEMS reliability model. Then, simulation data were analyzed, and the distribution of the CEMS life was deduced. The goodness-of-fit test, point estimation and confidence interval of the parameters, and reliability measure were estimated. Finally, as a test example of the wind turbine, the practicability and effectiveness of the method proposed in this paper were verified.
Zhao et al. studied the effect of adding non-connected forms of tiny blades with different parameters of radial position, width, and length to the shroud of the impeller on the cavitation performance of a centrifugal pump. A modified SST k-ω turbulence model combined with the Zwart-Gerber-Belamri cavitation model is used for numerical simulation of the model pump. The results show that the numerical prediction of the original pump agrees well with the experimental results. The existence of tiny blades reduces the overall pressure pulsation main frequency amplitude during pump operation, making its operation more stable.
Jia et al. performed external characteristics, dynamic pressure, and vibration tests on the closed impeller model, semi-open type impeller model, and open impeller model to study the influence of the impeller structure on the operational stability of the pump. According to the research findings, the external characteristic curves and the pressure pulsation in the casing tongue area of the three impellers enjoyed the poorest stability can be observed in the open impeller, while the enclosed impeller has the best stability. In addition, the optimum stability of rotor vibration can be observed in the closed impeller, semi-open impeller, and open impeller with similar stability of rotor vibration.
Xi et al. selected four commonly used operating conditions with opening angles to perform simulation calculations on the flow pattern of the water behind the valves at different flow rates. The flow pattern of the water flow is analyzed by three indicators: the streamline of the water flow, the uniformity of the flow velocity, and the head loss in the culvert. The result shows that the larger the opening angle of the flap valve, the less the head loss of the water flow in the outlet culvert, and the flow pattern of the water flow in the culvert gradually becomes better.
Chang et al. employed the Population Balance Model (PBM) to investigate the influence of different air voids and flow conditions on the performance self-priming centrifugal pumps. The result shows that the frequency of bubble coalescence at the shroud is higher. Meanwhile, the increment of flow conditions has a significant effect on reducing the pressure pulsation of the gas-liquid two-phase flow, while the improvement of the air voids destroys the instability and asymmetry of the internal flow of the two-phase flow. Therefore, this article can provide a certain theoretical reference for the study of air-liquid two-phase flow characteristics of self-priming centrifugal pumps.
Zhang et al. use a high-speed camera to visualize the flow field in a rotational hydrodynamic cavitation reactor (RHCR) in a closed cycle test rig, and the numerical simulation is carried out based on the RNG k-ε turbulence model and the Zwart-Gerber-Belamri (ZGB) cavitation model. Influence of hole diameter, hole height and hole cone bottom length on performance of RHCR are comprehensively investigated. The results show that the numerical results are in good agreement with the experimental data, which verifies the accuracy and reliability of the numerical method.
Jinwei et al. analyzes the jet characteristics of the jet mechanism with different openings (20, 40, 60, 80, 100%) under 4.8% eccentricity to study the effect of jet needle eccentricity on the jet, and verify the reliability of the research method. Then the focus is on the jet characteristics of the jet mechanism at different eccentricities (0, 1, 2.1, 4.8, 8, and 14%) at 40% opening. The results show that as the eccentricity of the nozzle increases, the jet appears to be asymmetrical. The eccentricity of the water jet increases with the increase of the eccentricity of the needle; the efficiency of the injection mechanism gradually decreases, and the energy loss gradually increases.
Li et al. analyzed the internal flow field and particle motion law of a two-stage deep-sea lifting pump at different rotational speeds Through discrete element method-computational fluid dynamics. In addition, the physical phenomena, such as flow field velocity, secondary flow, and particle flow, were studied. The relationship between the rotational speed of the lifting pump and solid–liquid two-phase flow was investigated. An experiment on the hydraulic performance of the lift pump showed that the resulting lift and efficiency were consistent with the numerical simulation data.
Zhou et al. introduce three conventional unit startup processes. Combined with the optimal impulse control strategy, an optimized unit startup method is proposed. Though the CFD simulation and the dynamic stress tests, the equivalent stress characteristics and the peak value of the dynamic and static stresses of the blade under different startup processes is obtained. The validity of the model analysis is proved by the comparison between the simulation calculation and the measured results, and the effectiveness of the startup control strategy is proved. The optimization method of the startup process proposed can provide a basis for long-term stable operation of the hydropower unit.
In conclusion, this Research Topic provides an overview of the design and optimization for the improvement of pumps, turbines, valves, and other flow components. Many new theories and methods have been proposed and applied to improve hydraulic performance under this Research Topic through numerical simulations and experimental studies. We hope readers can find from this Research Topic some useful references for better understanding the research status of design, simulation and optimization of hydraulic machinery. Further development of new energy-saving technologies for hydraulic machinery is an inevitable trend for future industry.
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In order to study the energy loss of bi-directional hydraulic machinery under cavitation conditions, this paper uses high-speed photography combined with six-axis force and torque sensors to collect cavitating flow images and lift signals of S-shaped hydrofoils simultaneously in a cavitation tunnel. The experimental results show that the stall angle of attack of the S-shaped hydrofoil is at ±12° and that the lift characteristics are almost symmetrical about +1°. Choosing α = +6° and α = −4° with almost equal average lift for comparison, it was found that both cavitation inception and cloud cavitation inception were earlier at α = −4° than at α = +6°, and that the cavitation length at α = −4° grew significantly faster than at α = +6°. When α = +6°, the cavity around the S-shaped hydrofoil undergoes a typical cavitation stage as the cavitation number decreases: from incipient cavitation to sheet cavitation to cloud cavitation. However, when α = −4°, as the cavitation number decreases, the cavitation phase goes through a developmental process from incipient cavitation to sheet cavitation to cloud cavitation to sheet cavitation to cloud cavitation, mainly because the shape of the S-shaped hydrofoil at the negative angle of attack affects the flow of the cavity tails, which is not sufficient to form re-entrant jets that cuts off the sheet cavitation. The formation mechanism of cloud cavitation at the two different angles of attack (α = +6°、−4°) is the same, both being due to the movement of the re-entrant jet leading to the unstable shedding of sheet cavity. The fast Fourier analysis reveals that the fluctuations of the lift signals under cloud cavitation are significantly higher than those under non-cavitation, and the main frequencies of the lift signals under cloud cavitation were all twice the frequency of the cloud cavitation shedding.
Keywords: S-shaped hydrofoil, cloud cavitation, high-speed visualization, unsteady lift fluctuations, re-entrant jet
INTRODUCTION
The instability and shedding of sheet cavitation will cause noise and performance decline of hydraulic machinery, and severe shedding will cause vibration and material damage (Brennen, 1995; Franc and Michel, 2005; Luo et al., 2016). The evolution of cloud cavitation is not only a complex two-phase flow phenomenon, but also causes unsteady changes in performance of hydraulic machinery (Arndt, 2003; Zwart et al., 2004). In order to provide a theoretical basis for the performance change and efficiency improvement of rotating machinery under cavitation conditions, most of the researches were carried out on the basic unit foil of hydraulic machinery.
The cavitation tunnel experiment is the most direct way to obtain the cavitating flow phenomenon and lift-drag data of the hydrofoil (Foeth et al., 2006; Foeth et al., 2008). Knapp et al. (Knapp, 1955) predicted the existence of the re-entrant jets in cloud cavitation experiments. Kubota et al. (Kubota et al., 1989) used high-speed photography combined with Laser Doppler Anemometry to test that the cloud cavitation shedding is formed by a speed close to the hydrofoil surface that is opposite to the mainstream. Kawanami et al. (Kawanami et al., 1997) successfully prevented the generation of cloud cavitation by installing an obstacle on the surface of the hydrofoil, and verified the existence of the re-entrant jet from cavitating experiments. Wang et al. (Wang et al., 2001) carried out high-speed photography and LDV tests on three different stages of cavitation development, and studied the finger-like structure that accompanies the incipient cavitation, the large-scale shedding of sheet cavitation and the development of super-cavitation. This study provides a basis for understanding the lift variation of hydrofoil in different cavitation stages. The above research provides an experimental basis for understanding cloud cavitation flow and promotes the progress on the role of re-entrant jet in sheet cavitation shedding.
Leroux et al. (Leroux et al., 2004) found through high-speed photography that when the cavity length exceeds 0.5C, the development speed of the cavity length slows down. After the cavity length exceeds 0.7C, partial cavitation instability leads to shedding. Combined with the wall pressure pulsation test, it is found that this phenomenon is related to periodic fluctuations of the re-entrant jet. Leroux et al. (Leroux et al., 2005) further studied the dynamics of two kinds of cloud cavitation movement around 2D hydrofoil through numerical simulation combined with positive pressure fluid model, and found that re-entrant jet was still the main factor of cloud cavitation shedding, and the effect of shock wave could not be ignored. Dular et al. (Dular et al., 2004) used PIV to test the cavitation flow of the hydrofoil with sweeping leading edge, and analyzed the cavitation structure and the re-entrant jet with obvious three-dimensional effect, and verified the hypothesis; Huang et al. (Huang et al., 2014) obtained cavitation flow phenomenon around Clark-y through PIV technology and found that the periodic shedding of attached cavitation has an important influence on the development of vorticity in the flow field. By modifying the ZGB cavitation model, Sun et al. (Sun and Tan, 2020) accurately simulated the cavitation flow of the centrifugal pump under partial load, analyzed the mutual influence of cavitation, vortex and pressure fluctuation, and provided a new perspective for the study of cavitation in the pump. Xiao et al. (Xiao and Tan, 2020) adopted the design method of controllable velocity method to suppress the pressure pulsation in the impeller under different IGVFs, provides a new view for the design of hydraulic machinery under the condition of two-phase flow. These studies provide a reasonable theoretical and experimental basis for understanding the complex dynamic flow in cavitation flow.
Based on a large number of studies on the re-entrant jet and cloud cavitation, researchers began to adopt active/passive control methods to suppress the occurrence of cloud cavitation. In terms of active control, Yu et al. (Yu et al., 2021) studied the interaction between active ventilation and cloud cavitation around the hydrofoil, Kadivar et al. (Kadivar et al., 2018; Kadivar and Javadi, 2018; Kadivar et al., 2019) placed a cylindrical cavitating-bubble generators (CCGS)on the surface of CAV2003 hydrofoil. The CCGS generates a cavitation vortex in the wake flow to counteract the motion of the re-entrant jet, successfully delaying the shedding of cloud cavitation, and provide a three dimensional passive control design method to weaken the strength of re-entrant jet. In the research on TLV (Tip leakage vortex), Liu et al. (Liu and Tan, 2018; Liu and Tan, 2020) innovatively adopted the C groove method on the tip clearance side, and used the groove jet to impact TLV, which successfully weakened the primary and secondary TLV, providing a new idea for inhibiting TLV and improving the performance of the hydrofoil.
The S-shaped hydrofoil is mainly used in the design of bi-directional hydraulic machinery (Li et al., 2017; Ma et al., 2018; Živan et al., 2018; Zhang et al., 2021). Ramachandran et al. (Ramachandran et al., 1986) analyzed the lift-drag characteristics of four different reversible S-shaped foils in tidal power plant. They found that the S-shaped foil with a maximum camber value of 5% has the best cascade performance. Chacko et al. (Chacko et al., 1994) cut off the trailing edge of the foil by 3, 6, and 9% to study the forward and reverse performance. With the increase of the cutting length, the lift coefficient of forward condition increases, but the lift coefficient of reverse condition decreases. At the same time, the sharp trailing edge shape can improve the lift-drag in forward direction of flow. but the lift-drag in the reverse direction of flow will be deteriorated. This study provides a valuable reference for the design of asymmetric S airfoil.
The lift and drag performance of the S-shaped hydrofoil has been partially studied, and it was found that the lift of S-shaped hydrofoil would increase with the development of cavitation (Premkumar et al., 2014), contrary to the influence of cavitation on lift of conventional hydrofoil (Wang et al., 2001). These unusual changes in lift and drag may lead to bi-directional hydraulic machinery with different characteristics from other hydraulic machinery under cavitation conditions. Meanwhile, cavitation is a complex unsteady two-phase flow phenomenon, which requires further study on unsteady lift variation of S-shaped hydrofoil, especially the unsteady fluctuation characteristics of lift under cloud cavitation. In this paper, cavitation tests are performed on a symmetrical S-shaped hydrofoil. Based on the results of high-speed photography, the cavitation map of the S-shaped hydrofoil and the variation of the cavity length with the different cavitation number at two angles of attack (α = −4°and 6°) are drawn. At the same time, according to the lift-drag signal data, the correlation between lift-drag and cloud cavitation was analyzed, and the main frequency that caused the change of lift-drag around the S-shaped hydrofoil was revealed.
EXPERIMENT
Experimental Setup
The cavitation study of the S-shaped hydrofoil was carried out in the cavitation tunnel of Yangzhou University. The main part of the cavitation cavern consists of a constriction section, a test section and a diffusion section and each has a length of 2, 1, 1.8 m. The test section has an inlet rectangular section size of 0.1 × 0.22 m2 (width × height), The maximum inlet velocity of the test section can reach 15 m/s, and a steady running speed of between 4 and 12 m/s; The inlet pressure of the test section is controlled by a vacuum pump connected to the top of the water tank and the minimum inlet pressure can be reduced to 20 kPa. The lift data of the S-shaped hydrofoil is collected by the six-axis force and torque sensors with an acquisition frequency of 7,000 Hz, while the cavitating flow around the hydrofoil is recorded by a high-speed camera with an acquisition frequency of 7,000 Hz, both of which are connected to a computer for simultaneous acquisition. In addition, the cavitation tunnel can also record operating parameters such as water temperature, inlet and outlet pressure and flow rate in real time via corresponding sensors. Figure 1 is the overall image and partial image of the cavitation tunnel.
[image: Figure 1]FIGURE 1 | (A) Sketch of the cavitation water tunnel (B) image of test section (C) the S-shaped hydrofoil. 1. Water tank 2. Shrink section 3. Test section 4. Diffusion section 5. Electromagnetic flowmeter. 6. Pump 7. Pressure sensor 8. High-speed camera 9. S-shaped hydrofoil.
The experimental object is a S-shaped hydrofoil commonly used in bi-directional pump design. The S-shaped hydrofoil is centrally symmetrical about the midpoint of the chord and the maximum thickness of the S-shaped hydrofoil is located at 23% C and 77% C respectively. The hydrofoil has a chord length of 150 mm and a span length of 100 mm. The test angle of attack is from −16° to +16° and the inlet cavitation number is from 2.00 to 0.25, The cavitation number [image: image] is calculated as [image: image]. The parameters of the cavitation tunnel and the hydrofoil used in this study are shown in Table 1.
TABLE 1 | The parameters of the cavitation tunnel and the hydrofoil.
[image: Table 1]Uncertainty Analysis
The total uncertainty of the cavitation tunnel is mainly determined by the uncertainty values of the individual test instruments. During the experiments, the parameters of the cavitation tunnel and the hydrofoil need to be recorded, mainly including: angle of attack, lift-drag signals, inlet and outlet pressure, flow rate and water temperature. The angle of attack of the hydrofoil is precisely adjusted by an in-house designed angle adjustment mechanism, the lift-drag signals is measured by the six-axis force and torque sensors from ATI. The inlet and outlet pressures are recorded by pressure transmitters. The water temperature during the experiment is recorded by a temperature sensor. The electromagnetic flowmeter records the operating flow rate used to calculate the inlet velocity of the test section.
Table 2 shows the uncertainty values for each instrument used in the cavitation tunnel. Based on these uncertainty values, the total uncertainty of the test system for the cavitation tunnel was calculated.
[image: image]
Where [image: image] represents the total uncertainty of the cavitation tunnel, [image: image] represents the uncertainty of the six-axis force and torque sensors, [image: image] represents the uncertainty of the pressure transmitter, [image: image] represents the uncertainty of the angle adjustment mechanism, [image: image] represents the uncertainty of the temperature sensor, [image: image] represents the uncertainty of the electromagnetic flowmeter。
TABLE2 | Uncertainty values for instruments.
[image: T2]ANALYSIS OF EXPERIMENTAL RESULTS
Lift-Drag Characteristics of S-Shaped Hydrofoil at Different Angles of Attack
Usually when using S-shaped hydrofoil, the design process tends to flow through the convex surface first and then the concave surface. Therefore, the counterclockwise rotation direction is defined as the positive angle of attack. The positions of other geometric parameters of the S-shaped hydrofoil are all marked in Figure 2.
[image: Figure 2]FIGURE 2 | Scheme of S-shaped hydrofoil operation.
Figure 3 shows the lift-drag performance of the S-shaped hydrofoil for angles of attack from −16° to +16°. It should be noted that when the angle of attack is +16° or −16°, there is a distance of 69 mm between the hydrofoil and the upper and lower walls, and the limit of the angle of attack in cavitation test is −12°–12°, which will not cause blocking effect. As can be seen in Figure 3: the angle of attack for zero lift is at +1°. When the positive and negative angles of attack reach +12° and −12° respectively, the lift of the hydrofoil starts to decrease and the S-shaped hydrofoil reaches the stall angle of attack. The angle of attack for positive lift ranges from 1° to 11° and for negative lift from −12° to +1°. Negative lift operates at a wider range of angles of attack and has a greater maximum lift value than positive lift, however, the angle of attack for positive lift corresponds to a lower drag value. For further comparison in this paper, the suction surface and pressure surface shown in Figure 2 are defined uniformly.
[image: Figure 3]FIGURE 3 | Lift-drag performance of hydrofoil with different angles of attack.
The S-Shaped Hydrofoil Cavitation Mapping Analysis
According to the images measured by the high-speed photography experiment in the cavitation water tunnel, the cavitation maps at different angles of attack and different cavitation numbers as shown in Figure 4 are drawn. Figure 4 is mainly consists of cavitation contours with l/C = 0.25, l/C = 0.5, l/C = 0.75, and l/C = 1 and the sheet/cloud cavitation area. The shaded part is the region of cloud cavitation, and the blank part is the region of sheet cavitation. As is shown in Figure 4A: when α∈(0°,4°), the cavitation of S-shaped hydrofoil is always in the stage of sheet cavitation, mainly because the thickness of cavity is not enough to produce cloud cavitation. However, when α∈(4°,6°), the cavitation number of cloud cavitation inception increases gradually as the angle of attack increases and the cavity length develops to 0.75–1C. Due to the curvature of the latter part of the S-shaped hydrofoil is larger than that of the conventional hydrofoil, the strength of re-entrant jets at the tail of cavity is strengthened. Although the strength of the re-entrant jets still cannot cut off the cavity from the leading edge of the hydrofoil, it causes the holes from 0.5 to 1C to change into an unstable state, resulting in a periodic change in the cavity length from 0.5C to l。When α belongs to (6°, 10°), the sheet cavitation is always transformed into cloud cavitation near the maximum cavity length developed to 0.25l.
[image: Figure 4]FIGURE 4 | Cavitation map of S-shaped hydrofoil at different angles of attack. ((A) negative angle of attack, (B) positive angle of attack).
As is shown in Figure 4B:when α∈(−6°,0°) and the cavity length reaches 0.5C, there is a phenomenon that cloud cavitation changes to sheet cavitation, mainly because the re-entrant jets at the tail of the cavity is affected by the S-shaped characteristics of the hydrofoil, and the sheet cavity cannot be cut off to form cloud shedding. Until the cavity length exceeds 0.75C, cloud cavitation can occur again. With the further decrease of the Angle of attack α∈ (−8°,−6°), the influence of the shape of hydrofoil on the movement of the re-entrant jet weakens, and this phenomenon gradually disappears.
Relationship Between Cavitation Number and Cavity Length
Since α = +6° is the common angle of attack designed for pumps, and the lift coefficients of the angles of attack of+6° and −4° are almost the same, these two angles of attack are selected for further comparison of cavitation performance. As is shown in Figure 5 and Figure 6, first, the growth rate of the cavity length of α = −4° obviously exceeds that of α = 6°. When the maximum cavity length is l∈ (0,0.5C), since the shape characteristics of the front half of the S-shaped hydrofoil are similar to the conventional hydrofoil, the development of cavitation is also similar. When α = −4° and the maximum cavity length reaches 0.23 l, periodic cloud cavitation will occur. But when α = +6° and the maximum cavity length reaches 0.27  l, periodic cloud cavitation will occur. The main reason is that at negative angle of attack, the pressure surface is more likely to induce vortex, which intensifies the generation and shedding of cavity and produces cavitation inception and cloud cavitation earlier than that at positive angle of attack. When the cavitation number further decreases, and the maximum cavity length develops between 0.5 and 0.75C, the cavitation has been in the cloud cavitation stage and the cycle time of cloud cavitation gradually increases at α = +6°. but when α = −4°, the cavitation stage in Figures 5C,D changes from cloud cavitation to “stable” sheet cavitation. Finally, when the maximum cavitation length is between 0.75C and C, The cavitation is still in the cloud cavitation stage at α = +6°.The cavitation is again transformed from sheet cavitation to periodic cloud cavitation at α = −4°.
[image: Figure 5]FIGURE 5 | The relationship between cavitation number and cavity length (U∞ = 9 m/s, α = -4°).
[image: Figure 6]FIGURE 6 | The relationship between cavitation number and cavity length (U∞ = 9 m/s, α = +6°).
Flow Characteristics of Cloud Cavitation
Two cavitation numbers with obvious periodicity of cloud cavitation were selected for detailed analysis. Figure 7 is the cloud cavitation images recorded by high-speed photography, in which, the cavitation number in Figure 7A is 1.13, and that in Figure 7B is 0.98. The cycle time of cloud cavitation in Figure 7A is Tref1 = 0.022s, and the shedding frequency f1 = 45.5 Hz. From t = t1 to t = t4, the cavitation around the hydrofoil is in the stage of sheet cavitation, and the maximum cavity length has developed to l = 0.4C, and the fog-like cavitation group of the last shedding period remains at the trailing edge. Under the joint movement of the re-entrant jets from the tail of cavity and the side-entrant jets on both sides of the wall, the vapor-liquid interface begins to become blurred, from the original smooth “mirror surface” with obvious boundaries to the non-smooth vapor-liquid mixture. When the re-entrant jets reach the leading edge of the hydrofoil, the sheet cavity can no longer maintain its maximum cavity length, and the sheet cavity is cut off from the leading edge, resulting in a large scale cloud shedding. From t = t5 to t = t6, after the large-scale cavity that has fallen off quickly leave the surface of the hydrofoil and moves towards the trailing edge of the hydrofoil as a cloud of vapor-liquid mixture. At the same time, the sheet cavity of the suction surface re-grows from the leading edge of the hydrofoil. From t = t7 to t = t8, the shed cloud cavity gradually breaks up after moving to the high pressure region, and the sheet cavity on the hydrofoil surface again reach the maximum cavity length of l = 0.4C. The sheet cavity again shows a mirror effect at the vapor-liquid interface and the cavitation on the hydrofoil surface is about to enter the next shedding cycle.
[image: Figure 7]FIGURE 7 | The dynamic evolution of cloud cavitation (U∞ = 9 m/s).
When the angle of attack is +6° and the cavitation number decreases to 0.98, the cycle time of cloud cavitation is Tref2 = 0.026 s, the shedding frequency of cloud cavitation f2 = 38.4 Hz, and the maximum cavity length develops to 0.5C. The cloud cavitation phenomena at the two different angles of attack have similar motion characteristics, and both have experienced a cloud cavitation and shedding process from cavity growth to shedding to collapse (regrowth). The shedding of the sheet cavity at two different angles of attack is dominated by the movement of the re-entrant jet. Before the cavity is cut off by the re-entrant jet, the cavity surface will be impacted by the movement of the re-entrant jet from smooth “mirror” to a non-smooth gas-liquid mixture state. During the process of sheet cavity regrowth, smooth interface is formed on the cavity surface.
Evolution of Lift Fluctuations Caused by Cloud Cavitation
While recording the two cloud cavitation phenomena in Figure 7, a six-axis force and torque sensors was used to simultaneously collect the evolution in lift signals during a period of T = 1s. In Figure 8 and Figure 10, the fluctuation range of lift signals in the non-cavitation condition is significantly lower than that in the cloud cavitation condition. In addition, the lift signal fluctuations at α = +6° is significantly greater than −4°, which may be caused by more intense flow-induced vortex around the S-shaped hydrofoil. Apply the fast Fourier transform to process the four different fluctuating lift signals, and obtain the frequency spectra of the lift signals (Figures 9A,B and Figures 11A,B). As can be seen from Figure 9, in the non-cavitation condition, when α = −4°, the frequency of lift coefficient is widely distributed within 0–200 Hz and 400–1000 Hz. The amplitude of each frequency is small difference and there is almost no obvious main frequency. When α = +6°, the frequency spectra of the lift signals can clearly see that the main frequency is about 200 Hz and there is a lower amplitude distribution in the range of 200–700 Hz. There are obvious differences in the frequency spectra at different in the angle of attack, mainly due to the difference in vortex around S-shaped hydrofoil caused by the changes angles of attack, and it can be seen that the frequency domain distribution of Figure 9A is more stable than Figure 9B
[image: Figure 8]FIGURE 8 | Original lift signals at non-cavitation conditions. ((A) α = -4°, σ = 1.95、(B) α = 6°, σ = 1.95).
[image: Figure 9]FIGURE 9 | Frequency spectra of the lift signals at non-cavitation conditions. ((A) α = -4°, σ = 1.95、(B) α = 6°, σ = 1.95).
Figure 10 is the original lift signals during the evolution of cloud cavitation. When cloud cavitation occurs, the lift signals change more dramatically, mainly because the evolution of cloud cavitation causes the change of pressure distribution on the hydrofoil surface, which affects the lift signals. Cloud cavitation is the main flow phenomenon around hydrofoil. The fluctuation of lift signals should be determined by the movement period of cloud cavitation, that is, the main frequency of lift signals is consistent with the frequency of cloud cavitation. The frequency spectra of lift signals (Figure 10) are shown in Figure 11. As can be seen in Figure 11, the main frequency of the lift signals in Figure 11A is fL1 = 93 Hz ≈ 2f1 and the main frequency of the lift signals in Figure 11B is fL2 = 77 Hz ≈ 2f2. The main frequency of the lift coefficient at two different angles of attack is twice the frequency of the cloud cavitation shedding. It means that in one cycle of cloud cavitation shedding, it causes two periodic fluctuations in the lift signals. At the same time, there are also frequency components of approximately 200–800 Hz in the frequency spectra of the cloud cavitation conditions.
[image: Figure 10]FIGURE 10 | Original lift signals at cloud cavitation conditions.
[image: Figure 11]FIGURE 11 | Frequency spectra of the lift signals at cloud cavitation conditions. ((A) α = -4°, σ = 1.13、(B) α = 6°, σ = 0.98)
CONCLUSION
In this paper, the lift and drag characteristics of S-shaped hydrofoil at different attack angles are recorded by cavitation tunnel, and the cavitation images at different cavitation numbers are collected by high speed photography. In order to further study the cavitation performance of S-shaped hydrofoil, two angles of attack (α = −4° and α = +6°) were selected to conduct detailed comparison from three aspects: cavity length, cloud cavitation movement and lift signal fluctuation.
(1) Under non-stalling conditions, the angle of attack of negative lift has a wider operation range and the maximum lift value is larger than the angle of attack of positive lift, but the drag corresponding to the angle of attack of positive lift is smaller. If bi-directional hydraulic machinery pursues the highest efficiency, it is recommended to choose a positive angle of attack for design.
(2) The cavitation map of S-shaped hydrofoil shows that regardless of positive or negative angle of attack, cloud cavitation always occurs when the maximum cavity length develops to about 0.25 l, The development of cavitation at the positive angle of attack is similar to that of the conventional hydrofoil, but there is an unconventional phenomenon at negative angle of attack α∈(−6°, 0°): During the process of cavitation number decreases, the cavitation will change from cloud cavitation to sheet cavitation.
(3) Both incipient cavitation and cloud cavitation inception at α = −4° are earlier than that at α = +6°, and the growth rate of cavity length at α = −4° is obviously faster than that at α = +6°. However, when the maximum cavity length l∈ (0.5C, 0.75C), cloud cavitation changes to sheet cavitation at α = −4°. For bi-directional hydraulic machinery that may operate under severe cavitation conditions, the angle of attack of −4° can be considered in the design.
(4) The formation mechanism of cloud cavitation at two different angles of attack is the same, both of which are caused by the instability and shedding of sheet cavity due to the motion of the re-entrant jet. The lift fluctuations of α = +6° obviously exceed α = −4° at the non-cavitation conditions. After the occurrence of cloud cavitation, the main frequency of lift signals at two angles of attack is half of the shedding frequency of cloud cavitation. This phenomenon means that the unsteady performance of bi-directional hydraulic machinery designed with S-shaped hydrofoil may be different from that designed with conventional hydrofoil under cavitation conditions.
In this paper, the movement details of the re-entrant jet and the reasons for the evolution of the lift signals are still not very clear. Those phenomena may be related to the change of surface pressure caused by the unique S-shape of hydrofoil, and we will discuss the internal flow through numerical simulation combined with experimental data in future work to provide a basis for the study of cavitation flow in bi-directional hydraulic machinery.
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GLOSSARY
Notation
α = Angle of attack (°)
C = Chord length (m)
l = Cavity length (along the hydrofoil center line) (m)
σ = Cavitation number
f1, f2 = Cloud cavitation frequency (Hz)
fL1, fL2 = Lift pulsation frequency (Hz)
Tref1, Tref2 = The cycle time of cloud cavitation at α = -4°,+6° (s)
t = Different moments in cloud cavitation (s)
CL, CD = Lift coefficient, drag coefficient
Pin = The inlet pressure (Pa)
Pv = The saturated vapor pressure (Pa)
U∞ = The inlet velocity (m/s)
ETotal = The total uncertainty of the cavitation tunnel
Es = The uncertainty of the six-axis force and torque sensors
EP = The uncertainty of the temperature sensor
EA = The uncertainty of the angle adjustment mechanism
ET = The uncertainty of the temperature sensor
EE = The uncertainty of the electromagnetic flowmeter
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The interaction between impeller and volute produces a complex and unsteady water flow. It involves the interference of the non-uniform flow (such as the impeller’s jet wake and a secondary flow). In this paper, the transient flow in a new type of dishwasher pump is investigated numerically. In addition, pressure measurements are used to validate the numerical method, and the simulation results agree well with the experiment. Three schemes, 0 rpm (revolutions per minute)/30 rpm/60 rpm, of volute speeds are investigated. Multiple monitoring points are set at different positions of the new dishwasher pump to record pressure-pulse signals. In addition, frequency signals are obtained using a Fast Fourier Transform, which is then used to analyze the effect of the volute tongue and the outflow of the impeller. The radial force on the principal axis is recorded, and the schemes with different rotation speeds of volute are compared. The results show that the volute speed has only a small effect on the pump performance. In addition, the speed of the volute mainly affects the flow field in the transition section located between impeller and volute. The difference of the flow field in the impeller depends on the relative position between the impeller and the volute. The time domain curve for the pressure pulse is periodic, and there is a deviation between the peak for the schemes in the outflow region. In the frequency domain, the characteristic frequency equals the blade passing frequency. In the outflow region, the effect of the volute speeds increases with increasing volute speed. For the radial force, the rotating volute strengthens the fluctuation of the radial force, which affects the operational stability of the pump. The shape of the vector distribution is most regular for the 30 rpm scheme, which indicates that the stability of the pump is the highest. This paper can be used to improve both the control and selection of volute speeds.
Keywords: dishwasher pump, pressure fluctuation, compound impeller, twin volute, radial force
INTRODUCTION
Electric dishwashers are commonly used in private households as well as commercially. Unfortunately, due to their relatively complex pipe-systems, conventional dishwashers can easily accumulate dirt and often suffer from substantial flow-reduction speeds and poor spray-power. Therefore, the removal of the pipeline (to enable an effective cleaning-function) is an important development goal. Nowadays, the application of computational fluid dynamics (CFD) is commonly used to study and improve dishwashers. Researchers have already carried out several detailed and systematic studies of the key parts of dishwashers (Dedoussis and Giannatsis, 2004; Santori et al., 2013; Pérez-Mohedano et al., 2015; Minde, 2016; Pérez-Mohedano et al., 2017), and their results indicate that the water-movement analysis plays a very important role in performance studies. The new type of dishwasher pump, which is described in this paper, uses an open cleaning concept to enable cleaning without pipelines in the water tank. As shown in Figure 1, the impeller is made of a special composite structure without noticeable front and rear cover-plates, and the volute is a single volute with a long tongue within a 180° array to form twin volute. The pump outlet consists of nozzles that are arranged at different positions and directions on the volute. Driven by the rotating impeller, the fluid flows into the volute and generates a speed torque that causes the volute to rotate. Thanks to the combination of volute flow channel with pipeline spray, the cleaning system has no pipeline, which shortens the cleaning time and saves both water and electricity.
[image: Figure 1]FIGURE 1 | Physical model of new type dishwater pump.
Due to movement between impeller and volute, the outflow of the impeller interacts with the flow in the volute. The unsteady interaction between these components generates pressure pulses, which create unsteady dynamic forces. These unsteady dynamic forces give rise to vibration of the pump components and generate hydraulic noise (Majidi, 2005; Zhou et al., 2021; Zhu et al., 2021). The interaction between these components produces a complex unsteady flow, which involves the interference of non-uniform flow (such as impeller jet wake) with a secondary flow. The dynamic pulses have a strong impact on the internal flow loss as well as operational stability. Many studies focused on the dynamic pulses in pumps (Long et al., 2020; Peng et al., 20212021; Ye et al., 2021; Zhang et al., 2021). Barrio et al. (2008) studied the dynamic pulse mechanism by varying the radial gap of the tongue. Their results show that the gap reduction led to greater pressure-increments. Chen et al. (Chu et al., 1995) investigated the effect of a thick blade on the matching performance of impeller and volute. The group found that the pressure depends on the orientation between the impeller and the tongue. Li et al. (Spence and Amaral-Teixeira, 2008) tested the flow between impeller and volute of a centrifugal pump with large outlet angle. Spence et al. (Spence and Amaral-Teixeira, 2009) analyzed the effect of dynamic pulses on the overall performance using several geometric parameters for the impeller. The cutwater gap and vane arrangement were found to exert the biggest effect. Liu et al. (Liu et al., 2012) used a large-eddy simulation to investigate the effect of the impeller type on the pressure-pulse mechanism of a double suction pump. They found that a staggered arrangement of impellers helped improve the pressure fluctuation for the volute. Solis et al. (2009) changed the clearance between impeller and volute by changing the angle of the tongue, and a k-ω SST model was used to study the dynamic pulse mechanism. Zhu et al. (2011a) conducted a study of the dynamic pulse mechanism by changing the diameter of the volute’s base circle and the clearance between impeller and tongue. Guo et al. (Guo and Okamoto, 2003) and González et al. (2003) analyzed the effect of the throat area on the performance and internal flow of a centrifugal pump. This was done by changing the tongue type and the tongue angle. Then, Zhu et al. (2011b) compared the effect of different types of tongues on the dynamic pulses of the pump. Their results show that the pressure fluctuation and the radial forces decrease when middle- and short-tongues were used. Choi (2008) studied the dynamic pulses flow field for an annular volute, a spiral volute, and different types of diffusers using Particle Image Velocimetry (PIV), and they analyzed the vortex and secondary flow that occurs within the impeller passage. Yang et al. (2009) studied the dynamic pulse mechanism in a double volute pump and found that the radial force on the impeller was unsteady—especially at small flow rates.
The above articles help better understand and improve the pulsation mechanism in pumps. However, the blade type of the impeller in these studies was mostly the backward-bending type (Shi et al., 2020; Wang et al., 2021), and there are no relevant studies of the compound impeller at present. Moreover, they mainly focused on the angle of the tongue, the tongue type, and the volute profile in the aspect of the volute. However, the tongue and outlet of the double volute were still one, and the structure of a twin volute is clearly different from a double volute. According to Zheng et al. (2015), the interference between the outflow of impeller and volute is more significant due to increasing number of tongues (in the case of multi-tongue or multi-channel systems). Therefore, the dynamic pulsation of a twin volute should be stronger, theoretically.
In this paper, 3D unsteady numerical simulations were performed to study the secondary flow development (which is due to the interaction between impeller and volute). A change in the circumferential relative positions of impeller and volute is expected to have a clear impact on the fluid. In addition, the upstream- and downstream-flows are affected due to interference with the flow. To reveal both the interference effect of the twin volute and the effect of different volute speeds on the internal flow of the new dishwasher pump, the detailed flow-patterns and radial velocities (for the volute cross-section) were determined via the numerical simulation. In addition, the pressure fluctuation in the tongue region and the outflow of impeller were measured to clarify the effect of volute speed. Finally, the laws for the radial force at different volute speeds were analyzed. The study was organized as follows: The numerical model and setup are clarified in Numerical Model and Simulation Setup. Experimental Setup describes the experimental detection method, and the effect of volute rotation speed is analyzed in Results and Discussion. Conclusions are summarized in Conclusion.
NUMERICAL MODEL AND SIMULATION SETUP
Pump Model
Figure 2 shows the computational domains, which consist of suction pipe, impeller, and volute. The complex impeller consists of an axial flow cascade at the bottom, and a centrifugal blade at the top. The key parameters and corresponding target parameters for this pump are listed in Table 1.
[image: Figure 2]FIGURE 2 | Computational domains of the new type dishwater pump.
TABLE 1 | Parameters and corresponding design values.
[image: Table 1]A clearance of 0.5 mm was set between the axial flow cascade and the end wall at the axial part of the compound impeller. The inlet was simplified to a straight pipe, and the diameter of the end wall D3 was equal to the inlet pipe diameter D2.
Governing Equations
The commercial finite-volume solver ANSYS Fluent 19.0 was used to simulate the incompressible flow for the new dishwasher pump. The continuity equation was solved using the k-ω based Shear-Stress-Transport (SST) model published by Menter (Menter, 1994) because it can accurately predict the flow pattern near wall-regions. The turbulence model was used as a closure for the Reynolds-averaged Navier-Stokes solver to enable a more-accurate prediction of flow separation. The transport equations for the turbulent kinetic energy and the specific dissipation rate were given by Eqs 1, 2:
[image: image]
[image: image]
In the above equations, ω represents the specific dissipation rate, Dω was the cross-diffusion term, Gk and Gω represent the generation of the turbulence variables k and ω, while Yk and Yω represent the dissipation of the turbulence variables k and ω, respectively. The effective diffusivities Γk and Γω are given by:
[image: image]
[image: image]
Here, σk and σω are the turbulent Prandtl numbers for k and ω. μt denotes the turbulent viscosity.
Mesh Independence
To discretize the whole computation domain, a structured hexahedral mesh was generated for the impeller domain using the software ANSYS ICEM. Figure 3A shows the computational domain grids. The impeller domain was used using the J/O method, when the topological structure was selected. For the periodic structure of the impeller, the grid could be generated via circumference duplication according to the number of blades, and the mesh near the blade surface was well (locally) refined—see Figure 3B. Because of the small tip-clearance in the impeller, the grid was more refined within that region—see Figure 3C, D.
[image: Figure 3]FIGURE 3 | Mesh of the new type dishwater pump (A) Computational zone (B) Mesh of impeller (C) Mesh of tip (D) Mesh of inlet pipe.
To ensure that the calculation result was not affected by the mesh density, three sets of meshes were selected. Moreover, a grid-independence test was carried out, and the difference for the predicted head between Mesh 2 and Mesh 3 was less than 1%. The ultimate optimal grid, with 1,203 million cells (Mesh 3), was checked thoroughly. The results were shown in Table 2.
TABLE 2 | Mesh independence.
[image: Table 2]Numerical Setup and Boundary Setting
In Fluent, the turbulent kinetic energy k and turbulent dissipation rate ω were 1.0 and 1.3 respectively. The four fluid-domains were connected by pairs of interfaces, and all walls were set as no-slip boundary condition to be consistent with a viscous fluid. The water temperature was 25°C. To analyze the internal flow-fields, a transient simulation was conducted which was initialized using the steady results. As for boundary conditions, the mass flow rate inlet boundary-condition was used at the pump inlet, and the pressure outlet was set at the distal cross section of outlet all the time. For the transient simulation, the SIMPLEC algorithm was chosen to deal with velocity–pressure coupling. Furthermore, a second-order upwind scheme was used for the discretization of the convection terms of momentum, turbulent kinetic energy, and the turbulent dissipation rate equations. A second-order implicit scheme was used for transient formulation. The boundary conditions were the same as for the steady simulation. The solution accuracy was set to second order, the residual convergence accuracy of the scheme was 10−4. In addition, the time step in the calculation was set to 2.22 × 10−4 according to the impeller’s rotating period T, which was equal to 1/90 T.
EXPERIMENTAL SETUP
To compare the pressure fluctuation between the numerical and the test results, a pressure pulse monitoring point P was set inside the volute—see Figure 4. The monitoring point was at the same position as in the prototype test. Considering the rotation of the spray arm in the test, a set of pressure-pulsation test devices, which can rotate with the spray arm, was designed. The sensor was installed on the cover of the test-bed and fastened on the test-bed with bolts. At this time, it was ensured that the sensor was suspended above the volute, and we placed the probe of the sensor in the preset installation hole of the volute. The line was connected to the connecting groove to ensure that the sensor probe can rotate with the volute. This test device could effectively avoid the problem of wire-winding during the rotation of the spray arm and ensure normal operation. A sampling frequency of 10 kHz was used to collect the data, and the measuring accuracy of the pressure sensors was 0.2%.
[image: Figure 4]FIGURE 4 | Pressure measurements system setup and position of monitoring point P.
Comparisons of the amplitude between CFD and experimental data at the monitoring point P under the rated conditions are shown in Figure 5. The transient pressure was processed using a fast Fourier transform (FFT). Based on the impeller speed, the shaft frequency fN = n/60 = 50 Hz and the blade passing frequency fBPF = Z×fN = 400 Hz. This result is in good agreement with the experiment which verifies the accuracy of the numerical simulation. Both the experimental and the numerical dominant frequencies of pressure fluctuation at the monitoring point were 1 times the blade passing frequency. Compared with the experimental results, the amplitude of the dominant frequency in numerical simulation was higher. The experimentally obtained amplitudes for the two- and three-times blade-frequency components were higher than the numerical results. Interestingly, there were more high frequencies in the experimental results. The difference between measurement and simulation may be because of environmental factors that affected the measurements but were not considered in the numerical simulation.
[image: Figure 5]FIGURE 5 | Frequency domain diagram of pressure fluctuation obtained from the numerical simulation and test at the monitoring point P under rated conditions.
RESULTS AND DISCUSSION
Performance of Pump
Because the new dishwasher pump had no pipeline, its head was difficult to measure. The numerical simulation was carried out under several different conditions. The volute speeds were set to 0, 30, and 60 rpm. The main hydraulic performance curves were calculated, including head, and efficiency.
The performance of the pump was characterized by the head rise, H, and the efficiency, [image: image], curves of Figure 6 versus the flow rate, Q. The Q-H data show that the head slightly decreases with increasing flow rate. The results for the three schemes are consistent. For the small flow rate, the head and efficiency of the 60 rpm scheme were 3.88 and 1.89% higher, respectively, than for the 0 rpm scheme. For the operating condition, the head and efficiency of the static volute scheme exceed the respective values for the rotating volute schemes. The curve fluctuates less, which means the rotation speed of the volute has only a small effect on the pump performance.
[image: Figure 6]FIGURE 6 | Performance curves [image: image]-[image: image] and [image: image]-[image: image] obtained by simulation.
Flow Development
At the flow rate of 55 L/min, the speed of the impeller was 3,000 rpm. Hence, the impeller rotation period T = 0.02 s. After the impeller rotated for 20 cycles, the volute of the 30 rpm scheme rotated 72°, and the volute of 60 rpm scheme rotated 144°. Figure 7 shows the time-averaged velocity distribution for different rotation speeds at the same time. It can be seen that the time-averaged velocity distribution for each channel was basically the same within a rotation cycle. This indicates that the flow law for each channel was the same, and the velocity in the volute also reveals the characteristics of axial symmetry. Compared to different rotation speed schemes, the distribution of time-averaged velocity inside the impeller shows the same law, and the same distribution law is valid for the tongue part. However, with increasing rotation speed of the volute, the transition of the flow field in the transition section between the impeller and the volute becomes smoother. This indicates that the rotation of the volute has a significant effect on the interference between the impeller and the volute.
[image: Figure 7]FIGURE 7 | Time average velocity distribution of different volute rotating speeds at the same time (A) 0 rpm (B) 30 rpm (C) 60 rpm.
The vector diagram of the different volute speeds (at the same time) is shown in Figure 8. It can be seen that the velocity distribution for schemes with different volute speeds is basically the same in the flow channel when they are not passing the tongue. This also shows that the speed of the volute does not affect the velocity distribution in the impeller but the position of the tongue was the main factor that determined the velocity distribution in the impeller. A reflux phenomenon at the tongue region can be clearly seen in Figure 8. In each flow channel, the velocity vector opposite to the mainstream direction also appears (mostly at the pressure surface of the blade close to the hub), which is also consistent with the position of the vortex generation.
[image: Figure 8]FIGURE 8 | Vector diagram of different volute rotating speeds at the same time (A) 0 rpm (B) 30 rpm (C) 60 rpm.
To investigate the flow development under the effect of the tongue, the detailed velocity profiles of the 0 rpm scheme were selected. In this way it becomes possible to explain the interaction between impeller and volute. Because the twin volute was formed by a single volute with a long tongue using a 180° array, only half of the flow field need to be studied instead of all flow channels. Figure 9 shows the streamline and distribution of the radial velocity for the central cross-section of the volute. As shown in Figure 9A, four channels are shown and the tongue is located at channel 3. The rotation of the impeller occurred in the clockwise direction. The three moments of the 21st cycle of the impeller were recorded as T1, T2, and T3 respectively. The following relations are valid: T1 = T, T2 = T1+1/15T and T3 = T1+2/15T. The streamline of the impeller is shown in Figure 9B, and the radial velocity of the impeller was subtracted from the local fluid velocities to obtain their relative component, see Figure 9C. There were two main vortex structures at the central plane, vortices A and B. Vortex A was a passage vortex near the hub, which was growing and attaching gradually to the pressure side as the outflow pressure increased. Vortex B was generated by the volute tongue and the interacting flow. The low-energy fluid accumulated at the volute tongue. Figure 9B shows that the flow pattern in the impeller passage was very complex, exhibiting both reverse flow and secondary flow. The secondary flow was the cross flow, which was perpendicular to the radial flow of the impeller passage. Common features observed in channels are the presence of a strong outward through-flow along the suction side of each blade as well as the presence of a strong localized outflow at the pressure side of each blade. When the channel reached the volute tongue region, the flow started to reverse back to the impeller, and the direction of vortex B was opposite to the rotation of the impeller. The intensity of vortex A at the hub corner increased and moved to the middle of the pressure surface. After the channel passed the tongue region, the vortex B disappeared immediately, and the radial velocity, particularly along the blade suction side, increased. However, the secondary flow still exists in the impeller passage, which was found to be a common feature for all channels. The radial velocity along the blade pressure side increased, which reduced the intensity of vortex A, then vortex A back to the hub corner. To investigate the vortex structure in the channels, a detailed analysis of the vector and the velocity distribution in the channels is shown in Figure 10 to Figure 13.
[image: Figure 9]FIGURE 9 | Streamline and distribution of radial velocity at the middle cross-sectional plane of volute (A) View of section (B) Streamline (C) Radial velocity.
[image: Figure 10]FIGURE 10 | Vectors and velocity distribution of T1, T2 and T3 in channel 1 (A) Vector distribution (B) Velocity distribution.
As shown in Figure 10A, the outward flow region generates the complex secondary flow in the region between the blades and the vortex at the hub corner. In addition, there is a strong through-flow along the blade suction side. The flow direction at the impeller outlet is important because it determines the overall performance of the impeller considered. According to Choi et al. (2004), when the impeller rotates clockwise with angular velocity, the Coriolis force works perpendicularly to the angular velocity and the relative tangential velocity. In the (radial) outward-flow region of the impeller passage, the Coriolis force acts in the direction from the suction side to the pressure side. Thus, a large cross-flow region is located within the impeller channel. Figure 10B illustrates the location of the secondary flow. There are two low-energy areas in the channel: one was located at the center of the passage (caused by the secondary flow), while the other one was caused by the vortex A. After rotation by 24°, the area of secondary flow moved towards the pressure surface and the velocity at the pressure side increased.
As shown in Figure 11A, in channel 2, the secondary flow increased. There was a strong relative tangential velocity in the vicinity of the impeller outlet, which generated a strong Coriolis force acting in the direction toward the impeller center. This induced reverse flow within the impeller channel. The flow direction at the impeller outlet was mostly outward, except for the weak and small reverse flows marked in the figure. When the channel was close to the volute tongue, the velocity decreased, and a low-velocity area appeared at the side shroud of the channel—see Figure 11B. After the appearance of vortex B, the reverse flow in the channel increased. As the flow channel approached the tongue, the strength of vortex A gradually decreased, and the velocity in the flow channel also decreased.
[image: Figure 11]FIGURE 11 | Vectors and velocity distribution of T1, T2, and T3 in channel 2 (A) Vector distribution (B) Velocity distribution.
While the first two channels rotated towards the tongue, channels 3 and 4 rotated away from the tongue. Figure 12A shows the vectors in channel 3. After the channel passed the volute tongue, the outflow became more stable, and the velocity in the secondary flow area increased. The intensity of vortex A decreased such that vortex A moved back to the hub corner. As shown in Figure 12B, the velocity change was largest in the hub area. With the rotation of the impeller, the fluid velocity near the suction surface decreased but the fluid velocity near the pressure surface increased. The intensity of the secondary flow decreased gradually, and the flow field in the channel became uniform.
[image: Figure 12]FIGURE 12 | Vectors and velocity distribution of T1, T2, and T3 in channel 3 (A) Vector distribution (B) Velocity distribution.
Figure 13 shows the flow development for channel 4. The two low-energy regions are clearly shown in Figure 13A. The region of vortex A reached a maximum at T1, and the velocity started to increase sharply under the effect of outflow pressure. As shown in Figure 13B, the lowest velocity in channel four was at about 60% span (caused by the secondary flow). With the rotation of the impeller, the velocity changed dramatically and the intensity of the secondary flow decreased substantially. The flow field was most uniform at T3.
[image: Figure 13]FIGURE 13 | Vectors and velocity distribution of T1, T2 and T3 in channel 4 (A) Vector distribution (B) Velocity distribution.
Pressure Field
In the new dishwasher type, the strong interaction between the flow leaving the impeller and entering the volute casing generates pulsating pressure. To analyze the pressure fluctuation of the flow field in the complete cycle, three monitoring points were introduced along the circumferential direction in the transition section of the tongue position. In addition, three radial monitoring points were added at the outlet of the impeller for analysis. The locations of the monitoring points are shown in Figure 14. The static pressure value was obtained every 4° of the time steps, and the pressure fluctuation (obtained by a complete rotation cycle) was analyzed. The monitoring point P1 was located in the tongue region.
[image: Figure 14]FIGURE 14 | Location of monitoring points in volute.
Figure 15 shows the time-domain diagram for the static pressure fluctuation at the monitoring points in the transition section. The abscissa represents the time, and the ordinate refers to the static pressure value. During a complete cycle, the pressure fluctuations have eight peaks. The peak of the scheme with a volute speed of 0 rpm was the smallest at the monitoring point P1. The pressure of the 30 rpm scheme was greater than that of the 60 rpm scheme, while the pressure of the other two schemes (30 and 60 rpm) changed little from P1 to P3.
[image: Figure 15]FIGURE 15 | Time domain diagram of static pressure fluctuation at different monitoring points in transition section (A) P1 (B) P2 (C) P3.
FFT was conducted to investigate the amplitude of the dominant frequency, and the data of the last 3 cycles were used for the frequency characteristics. Figure 16 shows the frequency spectra for different monitoring points of the transition section of the volute along the circumferential direction. The results show that the characteristic frequency was the blade passing frequency (BPF) for all three schemes, and the dominant frequency was one time the BPF. On the other hand, the secondary frequency was an integral multiple of the BPF. The results also indicate that the dominant frequency was closely related to the rotor/stator interaction between the impeller and volute. Furthermore, the frequency-domain curve of the pressure fluctuation in the transition section was smooth, and there was practically no harmonic. A comparison of the amplitudes of the monitoring points P1 to P3 indicates that the frequency-domain amplitudes of the 0 rpm scheme were the highest and weakened in turn. They are mainly associated with the blade passage frequency, which represent high amplitudes near the tongue and at impeller discharge locations. The amplitude of the 30 rpm scheme first increased and then decreased, while the amplitude-change for the 60 rpm scheme was exactly opposite to the 30 rpm scheme (which first decreased and then increased).
[image: Figure 16]FIGURE 16 | Frequency spectrum of pressure fluctuation at different monitoring points in the transition section (A) P1 (B) P2 (C) P3.
Figure 17 shows the time domain of the static pressure fluctuation at the monitoring point in the impeller outflow section. P4 is at the bottom of the volute, while P6 is located at the top of the volute. The peak value from the bottom to the top of each scheme decreases slightly. The scheme with the volute speed of 0 rpm shows almost no fluctuation and the peak value for the 30 rpm scheme was slightly higher than for the 60 rpm scheme. Due to the effect of volute speed, there can be a deviation between the different schemes. The deviation between the two peaks (30 and 60 rpm) was 0.05 T, which indicates that the volute speed had a strong effect on the flow field in the volute outflow section.
[image: Figure 17]FIGURE 17 | Time domain of static pressure fluctuation at monitoring points in outflow section (A) P4 (B) P5 (C) P6.
Figure 18 shows the pressure fluctuation spectrum at different monitoring points for the outflow section of the impeller. The characteristic frequency was the BPF, and the dominant frequency was one times the BPF (which is the same as for the transition section). The effect of the shaft frequency on the outflow section of was larger. From P4 to P6, the frequency-domain amplitude of the 0 rpm scheme was the smallest and weakens in turn, while the amplitude of the 60 rpm scheme was highest at three monitoring points. This indicates that, with increasing volute speed, the effect on the outflow section increases.
[image: Figure 18]FIGURE 18 | Frequency of pressure fluctuation at different monitoring points in outflow section(A) P4 (B) P5 (C) P6.
Radial Force
The radial force on the principal axis of a pump mainly originates from the flow field in the impeller (Yue et al., 2017; Wang et al., 2020). Thus, the distribution of the radial force was analyzed to better understand the relationship between flow characteristic and radial force. Given that the time step was set to 1/90 of the period of the impeller revolution in the transient calculation, 90 data point were recorded during one impeller revolution. Figure 19A shows the time revolution of the radial force. The horizontal axis is the time, and the vertical axis is the magnitude of the resultant force. The magnitude of the radial force was computed at each time step using a full integration of the pressure and shear stress on the surfaces of both hub and blades. The results show that there were eight peaks and troughs in a complete cycle but the distribution of force shows great differences between the schemes. The radial force of the impeller was in the range 1N–3 N. The deviation between the 30 rpm peak and the 0 rpm peak was 0.02 T, while the deviation between the peaks for 60 and 30 rpm was also 0.02 T. Due to the rotor/stator interaction, the radial force vector on the principal axis completed a full trace with a closed circle. From the macro perspective, the vector diagrams of impeller appear irregular, octagonal, and they were essentially closed—see Figure 19B. There were obvious differences in the peak-to-peak values, which shows that the force on the blade was very non-uniform, and the bearing can be greatly affected. When the volute rotated at 30 rpm, the shape of the vector distribution on the impeller was more regular. In other words, the speed of the volute strengthens the fluctuation of the radial force and affects the operational stability of the new dishwasher pump.
[image: Figure 19]FIGURE 19 | Time domain and vector distribution of radial force of impeller (A) Time domain (B) Vector distribution.
Figure 20 shows the time-domain diagram and vector distribution for the radial force of the volute. Similar to the impeller, the radial force on the volute was non-uniform. The vector diagram of the volute was not closed because the data were obtained during one period of impeller revolution. The maximum radial forces for 0, 30, and 60 rpm were 2.69, 2.28, and 2.54 N, respectively. There was also a deviation between the peaks of the schemes with different rotation speeds of the volute. The deviation was 0.05 T, which was the same as for the pressure deviation in the outflow section. The deviation was larger compared to the impeller radial force.
[image: Figure 20]FIGURE 20 | Time domain and vector distribution of radial force of volute (A) Time domain (B) Vector distribution.
CONCLUSION
Both performance and flow development of a new type of dishwasher pump were investigated. The pressure fluctuation and radial force, which are associated with the rotor stator interaction, were determined. The simulation with an SST k-ω turbulence model produced results that were in good agreement with the experimental values. Based on the numerical simulation and theoretical analysis, the following conclusions can be drawn:
1) The rotation speed of volute had only a small effect on both the head and efficiency of pump. The flow field in the impeller shows symmetry due to the twin volute. The speed of the volute mainly affected the flow field in the transition section between impeller and volute. Therefore, the volute speed can be set as static condition to study the flow field in the impeller.
2) The flow development in the channels indicates that the differences in flow fields in the impeller were related to the relative positions of the impeller and the volute. A passage vortex A was located at the corner between the pressure surface and the hub. The intensity of vortex A increased, when the channel rotated towards the tongue. It then decreased when the channel moved away from the tongue. A secondary flow occurred in the impeller passage, which was found to be a common feature of all channels. The intensity of the secondary flow follows the same rules as vortex A. Another vortex (B) was generated by the low-energy flow in the tongue region when the channel moved through the volute tongue.
3) The time-domain curve for the pressure pulses was periodic. In the transition section of the volute, the characteristic frequency was the blade passing frequency, while the dominant frequency was one times the BPF, i.e., 400 Hz. After comparing 3 schemes of different volute speed, it was found that the static scheme had the lowest pressure but the highest amplitude in the tongue region (which reduced the stability of the pump). Rotating the volute increased the pressure in the tongue region but the pressure did not always increase with increasing volute speed. The 30 rpm scheme showed the best stability. In the outflow section, the pressure was higher than in the transition section, and the pressure decreased slightly from the bottom to the top of the volute. A deviation in the tongue region was not clearly observed, while the deviation for the outflow section was 0.05 T. This indicates that the rotating volute affects the pressure pulse via the rotor/stator interaction. In the frequency domain, the shaft frequency affected the outflow of the impeller. In addition, this effect increased with increasing volute speed.
4) After comparing the 3 schemes with respect to the radial force, a deviation between the peaks for the different rotation-speed schemes was found. The deviation for the radial force in the volute was larger compared to the impeller. When the volute rotated 30 rpm, the shape of the vector distribution was more regular, which indicates that the stability of the pump was the highest.
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To solve the problems of higher energy consumption and lower intelligence of traditional hard hose travelers, a new hard hose traveler with the function of electric drive and self-propelled is developed in this paper. The operational energy consumption of a reel and a polyethylene tube is an important part of hard-hose traveler energy consumption. In this paper, based on the JP50-180 hard hose traveler, the required pulling force and energy consumption at the reel and tube operation are theoretically and experimentally obtained. The aforementioned provides support for reducing energy consumption in the future. The influencing factor that affects the energy consumption of the reel rotation is the tube length, and the influencing factors that affect the energy consumption of the tube sliding are the ground slope, soil moisture content, and tube length. A calculation model for the dynamic change of the pulling force and energy consumption of the reel and tube operation is proposed in this study. Through theoretical analysis, maximum pulling tension and cumulative energy consumption requirements for the for reel rotation are 278.6 N and 15120.83 J, respectively. Furthermore, the requirements for the tube sliding are 1372.86 N and 123,456.96 J. Through test analysis, the maximum pulling tension for the tube sliding is between 1258.3 N and 1773.3 N, while the maximum pulling tension for reel rotation is 285.05 N. Under the same influencing factors, the deviation rates between theoretical and testable energy consumption for the reel rotation and tube sliding are 2.3 and 8.3%, respectively. The pulling force and cumulative energy consumption required for the reel rotation and tube sliding both increase with an increase in their influencing factors. The operating costs of the tube one-time unrolled are approximately 0.0185 CNY. Combined with the mobile resistance of the electric tracked vehicle, the power configuration of this new hard hose traveler is provided by two servo motors with a power of 5500 W each.
Keywords: hard hose traveler, reel rotation, polyethylene tube sliding, energy consumption, soil moisture content, power configuration
INTRODUCTION
The traditional hard hose traveler is a continuous mobile irrigation machine (Ge, 2018), that is driven by a water turbine and has the highest energy consumption of all irrigation machines (Keller and Bliesner, 1990; Burt et al., 1999). Its operational energy consumption is mainly composed of the driving energy consumption, sprinkler irrigation energy consumption (Rochester and Hackwell, 1991), pressure loss in the polyethylene tube (Rochester et al., 1990; Tang et al, 2017). Under typical working conditions, it is found that the former two account for 7–12% and 50–70% of 1operational energy consumption, respectively. The latter approximately accounts for 18–43% of energy consumption (Oakes and Rochester, 1980). The driving energy is mainly consumed by the water turbine, gearbox transmission, reel rotation, friction between polyethylene tube and the ground and friction between the irrigation cart and the ground (Ge, 2018), which has a lower energy conversion efficiency (Li et al., 2019). Both numerical simulation (Biolan et al., 2012) and actual measurement (Tang Y et al., 2014; Yuan et al., 2014) results showed that the energy conversion efficiency of the water turbine is only 1.5–20.0%. Although the driving energy consumption accounts for a relatively lower proportion of the operating energy consumption of traditional hard hose travelers, the long-term operating costs are affected by the driving energy consumption of the water turbine (Ge et al., 2020). Therefore, studying the reduction of driving energy consumption is still a significant for the hard hose traveler.
In addition to the water turbine driven by the traditional hard hose traveler, electric motors (Yang, et al., 2018) and hydraulic motors (Pan, 2019) can also be used. Among them, the highest energy conversion efficiency is obtained for driven electric motors. The driving efficiency of ordinary motors is generally 70–80%. However, brushless DC motors can reach more than 80% of energy through batteries or solar energy (Tang et al., 2018). To directly reduce operating costs, energy consumption should be lowered. In addition, achieving the applicability of the hard hose traveler in a variety of fields (such as mountain slopes and small and medium-sized irregular fields) and more application functions (such as fertilization, spraying and short distance transport) is also an effective way. In other words, a variety of agricultural machinery or more models of the hard hose traveler can be used to reduce early purchasing costs. Consequently, a design concept of the new hard hose traveler is proposed in this paper. Within the model, the electric tracked vehicle is used to load the sprinkler for irrigation. Moreover, part of the structural design and the principle of retracting and placing polyethylene tubes are based on the traditional hard hose traveler. The electric tracked vehicle is characterized by fiercer climbing and more flexible maneuvering. The aforementioned could solve the irrigation problems of the sloping field mountain area and irregular fields. Moreover, it could improve the applicability of the hard hose traveler in a variety of fields. In addition, the electric tracked vehicle could also achieve multi-functional applications of fruit and vegetable management in the greenhouse (Cui et al., 2019; Xu et al., 2022), picking (Zhang, 2016), and short distance transport (Li, 2018).
In this paper, to reduce the energy consumption of traditional hard hose traveler and develop a new hard hose traveler, exploring the energy consumption of reel and polyethylene tube operation is one of the key parameters. This is of particular importance since not many investigations exist on the topic. Currently, the study on energy consumption of traditional hard hose travelers is mainly focused on the pressure loss in the tube. Under the wound state of the tube, the additional value of the pressure loss is shown in Eq. 1 (Rochester et al., 1990). Within a certain flow range, the pressure loss of the curved polyethylene tube under a specific pipe diameter and different curvature radii were measured, and the obtained specific law is shown in Eq. 2 (Zhang and Wang, 2005). Characteristics of secondary flow in the polyethylene tube wound were numerically analyzed by multiple schemes. The regression equation of the friction coefficient in the wound tube was then established (Eq. 3) (Tang L et al., 2014).
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where hb is the additional value of the pressure loss in the tube, mm; Kb is the coefficient of the wound tube; V is the liquid flow velocity in the tube, m s−1; g is the acceleration due to gravity, m s−2; hbzw is the pressure loss in the tube, mm; fb is the coefficient of the pressure loss in the tube; S is the length of the tube, m; Q is the flow rate in the tube, m3 h−1; m is the index of flow rate; fCT is the friction coefficient in the wound tube; Re is Reynolds number in the tube; r is the inner radius of the tube, mm; R0 is the radius of the reel, mm.
The energy consumption of reel rotation is affected by the length of the tube and the friction coefficient between the machines (Zhang et al., 2015). The energy consumption of the tube sliding is affected by factors such as the ground slope, soil moisture content, and tube length (GB/T 21400.1- 2008, 2008). The aforementioned two types of energy consumption are one of the foundations of power configuration in the proposed hard hose traveler. Moreover, power configuration is the core of electric tracked vehicles (Fan, 2017). Therefore, energy consumption analysis is a very important parameter for the design of a new hard hose traveler.
In this paper, the required pulling force and energy consumption of reel and polyethylene tube operation are analyzed theoretically and experimentally. Furthermore, the aforementioned is combined with the running energy consumption of the electric tracked vehicle. Together, these parameters represent a basis for power configuration design and optimization of a new hard hose traveler.
COMPOSITION AND ENERGY CONSUMPTION OF A NEW HARD HOSE TRAVELER
Composition and Working Principle of a New Hard Hose Traveler
The new hard hose traveler is based on the structure design of the traditional hard hose traveler. Moreover, it is controlled and operated by a remote terminal. Its structure mainly includes a reel, polyethylene tube, electric tracked vehicle, sprinkler and motor-gearbox system, as shown in Figure 1. The reel is used to store the polyethylene tubes. The electric tracked vehicle is used to pull out the tubes in the reel and load the sprinkler. The motor-gearbox system is used to recycle the tubes, which are used to replace the water turbine and turbine gearbox of the traditional hard hose traveler. During the sprinkler irrigation operation, the reel is stored at the water source, and an electric tracked vehicle is located relatively far from the reel. Furthermore, the tubes are pulled out to achieve mobile sprinkler irrigation. At the end of the sprinkler irrigation operation, the tubes are separated from the electric tracked vehicle. The motor-gearbox system rotates the reel which recycles the tubes. Consequently, the electric tracked vehicle is transferred to the next sprinkling point.
[image: Figure 1]FIGURE 1 | Composition of new hard hose traveler and test method.
Energy Consumption Composition and Influencing Factors
Energy consumption of a new hard hose traveler mainly consists of driving energy consumption, sprinkler irrigation energy consumption, and tube pressure loss. The driving energy consumption is mainly the energy consumption of the electric tracked vehicle and the operating energy consumption of the reel as well as the tube. The power configuration of the electric tracked vehicle is affected by the operation energy consumption of the reel and the tube. Based on the JP50-180 model of a traditional hard hose traveler, the operation process of the reel and the tube can be divided into two dynamic processes: reel rotation and tube sliding. The tube is unrolled during reel rotation, and the reel load is reduced. During the sliding process of the tube, the unfolded length increases. The pulling tension and energy consumption required for the reel and tube operation are the total tension and total energy consumption. When reel rotation or tube sliding is studied, the superimposed energy consumption from the start to the end of the operation is denoted as cumulative energy consumption of the reel rotation or the tube sliding. The aforementioned is shown in Eqs 4, 5.
In this paper, the unfolded tube length is employed to represent parameter x, which is related to the reel load change and modified quality of the tube sliding. The friction coefficient between the tube and the soil is designated as μ2, which mainly covers the soil surface flatness and soil moisture content. Some influencing factors and parameters are shown in Table 1. The tube is filled with water, and the mobile velocity of the sprinkler, i.e., the velocity of the electric tracked vehicle has no effect on the operation energy consumption of the reel and the tube at a constant velocity, which is used as a reference in this paper. In this paper, the soil moisture content is referred to as the volumetric moisture content of the soil and is measured by the Time Domain Reflectometry method, which is shown in Figure 2. Here, 20.8% was the value before the new hard hose traveler operation in the experiment. The remaining values were the measured during sprinkler irrigation. The ground slope represents the sprinkler angle as it moves upwards. During theoretical analysis, the soil moisture content remains unchanged. During experimental analysis, the ground slope remains unchanged.
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where W1 and W2 are the accumulated energy consumption for reel rotation and tube sliding, respectively, J; μ1 is the constant friction coefficient between the machines during rotation; θ is the slope of the ground, °.
TABLE 1 | Factors and parameters.
[image: Table 1][image: Figure 2]FIGURE 2 | The operating principle and Time-domain reflectometry method.
THEORETICAL ANALYSIS OF OPERATION PULLING FORCE AND ENERGY CONSUMPTION
Calculation Model
In this paper, the pulling tension and energy consumption are analyzed through the calculation model. Changes in the operating state of the new hard hose traveler are discussed. These changes provide a basis for power configuration design. Based on the above-provided information, four hypotheses are proposed: 1) During unwinding of the reel wound tube, the reel is regarded as a cylindrical rigid body. 2) When reel wound tube layers are changed, the fluctuation process of the required pulling force is neglected. 3) Under a specific working condition, it is assumed that the friction coefficient between the reel and the tube is constant. 4) The suspended length between the part of the tube close to the ground and the winding part on the reel is assumed as negligible.
Reel Rotation
The winding method of the tube is shown in Figure 3. This method is designated as 1 - n layers from the inside to the outside (the number of tube layers is represented by n, which is a positive integer). In this paper, the distance from the reel center line to the circle point of the tube section is defined as the winding radius. Tube circles are superimposed and three adjacent centers of tube circle are connected to form equilateral triangles, as shown in Figure 3. By combining the unloaded radius of the reel and the diameter of the tube, the winding radius of the nth tube layer can be obtained according to Eq. 6. This method is suitable for any type of traditional hard hose traveler. The calculation method of the reel rotation angle is shown in Eq. 7. The total length of the tube is represented by S, and the length of the tube wound on the reel is designated as (S-x). When the length of the reel tube wound is reduced, the pulling force required for the reel to rotate at a constant speed is significantly lowered, as shown in Eq. 8. Kinetic and cumulative energy consumptions of the reel at a constant speed are shown in Eqs 9, 10.
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where Rn is the winding radius of the nth tube layer, m; R0 is the unloaded reel radius, m; d is the tube diameter, m; αn is the rotation angle of the nth tube layer of when the reel is unrolled, rad; i is the total number of PE layers; jn+1 is the total number of tube wounds at the (n+1)-th layer of the reel; Ln is the winding perimeter of each tube in the nth layer, m; F1 is the pulling force required for the reel to rotate at a constant speed, N; m0 is the unloaded weight of the reel, kg; ΔmPE is the weight of a tube full of water per unit length, kg m−1; Tn is the kinetic energy of the reel required to rotate at a constant speed, N m−1.
[image: Figure 3]FIGURE 3 | The stacking method of the reel winding tube.
Tube Sliding
The pulling force required for the tube to slide at a constant ground velocity is gradually increased, as shown in Eq. 11. The cumulative energy consumption of the tube required to slide at a constant speed is shown by Eq. 12:
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where F2 is the required pulling force for the tube to slide at a constant ground velocity, N.
Dynamic Total Energy Consumption of Reel Rotation and Tube Sliding
Total dynamic pulling force F and operation total energy consumption W of the reel and the tube are shown by Eqs 13, 14, respectively:
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Model Parameters
The model JP50-180 of the traditional hard hose traveler is chosen in this paper. The inner diameter, outer diameter, and tube length are 40 mm, 50 mm, and 180 m, respectively, while the weight of the reel is 102 kg. The weight of 1 m of the waterless tube is measured by the weighing method. Combined with the amount of water that can be contained in the tube, the full water weight of the tube is approximately 2.592 kg/m. Since most of the soil has a certain viscosity and cannot be completely dried, it is assumed that the soil moisture content under natural drying conditions is 20.7%. The minimum friction coefficient between the tube and the soil is 0.3 (GB/T 21400.1-2008, 2008). Therefore, in this paper, the friction coefficient for a certain soil surface flatness and soil moisture content of 20.7% is also 0.3. After removing the water turbine and turbine gearbox of a traditional hard hose traveler, the friction coefficient of the reel rotation is taken according to the general friction coefficient of metal lubrication, i.e., 0.05. By measuring the circumference of the unloaded reel, the radius is calculated as 0.454 m. After employing Eq. 6, the remaining reel and tube parameters are shown in Table 2. The difference between the calculated and the measured value of the total winding length of each tube layer is not more than 0.4 m, and the deviation rate is approximately equal to 0.5%. Therefore, the calculation method according to Eq. 6 is more accurate. Hence, more effective support for the calculation of the cumulative energy consumption of the reel can be provided.
TABLE 2 | Reel and tube parameters.
[image: Table 2]Calculation Results
During the operation process of the reel from the full load tube to the no-load tube, according to Eq. 8, the function of the pulling force required for the reel to rotate at a constant speed is shown in Eq. 15, and its maximum value is 278.6 N. The change process of kinetic energy calculation value of the reel rotation is shown in Figure 4. As the tube length on the reel gradually decreases, the kinetic energy demonstrates a stepped downward trend. This step is caused by the tube switching the number of winding layers. Gradual step decrease is mainly caused by the reduction of the wound tube quality. Calculation of the cumulative energy consumption of reel rotation is shown in Figure 5. The maximum value is obtained as 15120.83 J. According to Eq. 10, the curve is divided into five sections, and each segment is represented by a quadratic function. Therefore, the curve is fitted into a quadratic function according to Eq. 16 with a fitting coefficient of 0.998. As the expansion length of the tube increases, the amount of cumulative energy consumption change is gradually reduced reduce. The change parameters of kinetic energy and accumulated energy consumption of the reel are shown in Table 3.
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[image: Figure 4]FIGURE 4 | The kinetic energy of reel rotation.
[image: Figure 5]FIGURE 5 | Accumulated energy consumption of reel rotation.
TABLE 3 | Change parameters of reel energy consumption.
[image: Table 3]During the tube pulling process, according to Eqs 11, 12, when θ is not substituted into a specific value, the functions of the required pulling force and cumulative energy consumption of the tube are shown in Eqs 17, 18, respectively. As previously demonstrated, with a continuous increase of the ground slope from 0°, 15°, and 30°, the required tensile force, and energy consumption of the tube are also increased. When the ground slope is 0°, maximum values of the tensile force and maximum cumulative energy consumption are 1372.86 N and 123 456.96 J, respectively. The change process of cumulative energy consumption for tube sliding is shown in Figure 6.
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[image: Figure 6]FIGURE 6 | Cumulative energy consumption of tube sliding.
According to Eqs 17, 18, the dynamic function of the total tensile force and total reel and tube energy consumption can be determined. With an increase in the length of the pulled-out tube, the required pulling force and accumulated energy consumption for reel rotation are gradually reduced. Cumulative energy consumption of reel rotation and tube sliding accounts for 10.91 and 89.09% of the total energy consumption, respectively. Moreover, tube sliding accounts for the highest proportion.
OPERATION PULLING FORCE AND ENERGY CONSUMPTION TEST ANALYSIS
During the test, calculating energy consumption via pulling force is the same as the calculation model. Therefore, the test research will only focus on the pulling force. First, the pulling force of the tube sliding is investigated. Second, the total pulling force of the reel and tube operation is analyzed. By observing the difference between the two, the pulling force of the reel rotation during the test is obtained. The test assumes fixed soil surface flatness, and the effect of soil moisture content and tube length on tube sliding will be considered.
Test Method
In this paper, the tube is pulled out by a small machine and moved along a straight line. A measuring bucket, which is used to calibrate the position of the tension meter and measure the pulling force, is placed every 10 m from the reeling car. The test operation process of the reel and the tube is shown in Figure 7. The test site is in Zibo City, Shandong Province, China. The terrain is relatively flat, and the ground slope is within ±1°. Therefore, the default value is set as 0°. The pulling force of the tube is measured by a tension meter (a range of 0.1–10 kN), and the data is acquired at multiple velocities and the average value is taken. The schematic diagram of the test method is shown in Figure 1. After the tube is filled with water, the valve is closed and the pump is cut out. Lastly, the tension meter is connected between the small machine and the tube.
[image: Figure 7]FIGURE 7 | The test process of dragging the tube with water.
During the test, due to the local unevenness of the field roads, the soil of the field roads is leveled to improve the accuracy of the measured pulling tension between the tube and the soil. The aforementioned provides a reference for power configuration design and future research. The soil surface flatness is measured by the chain measurement method (Zhang et al., 2016), which is shown in Figure 8. The calculation method of soil surface flatness is shown in Eq. 19. Within the leveling method, the bumps are drawn, filled with soil, and compacted by the movement of small machine, repeatedly. The leveled soil surface is shown in Figure 9. The soil surface flatness after treatment was 99.6%.
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where C is soil surface flatness, %; H1 is the length of chain, m; H2 is the length of a tape measure when the chain is relatively close to the measured soil, m.
[image: Figure 8]FIGURE 8 | Measurement method of soil surface flatness.
[image: Figure 9]FIGURE 9 | The leveled soil surface.
Tube Sliding
The test was carried out on a road with three soil moisture contents. An 18 m closed tube with water is pulled by a motor at a constant speed. The weight of an 18 m tube with water per unit length is 443.6 N. A tension meter with a range of 0–500 N and an accuracy of 0.1 N pulls the tube at a constant speed, and the average value of multiple measurements is taken. The friction data of different soil moisture contents are shown in Table 4, while the friction coefficient between the tube and the ground is shown in Eq. 20.
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Where F′ is the average value of friction for 18 m tube, N; m´ is the quality of 18 m tube with water, kg.
TABLE 4 | Friction data of different soil moisture contents.
[image: Table 4]According to Table 4, with an increase in the soil moisture content, the friction coefficient between the tube and the soil increases. The coefficient value is approximately in the range of 0.275–0.388. After proportional conversion, the minimum and maximum friction force between the 180 m tube and the soil is 1258.3 N and 1773.3 N, respectively. Therefore, the required pulling force and energy consumption for tube sliding increase with an increase in the soil moisture content.
Reel and Tube Operation
During reel and tube operation, the linear relationship between the unfolded tube length and the average value of the total pulling force is shown in Figure 10. The fitting equation and fitting coefficient R2 of each soil moisture contents are shown in Eq. 21 and Table 5, respectively. It can be observed that the combined effect is the most optimal. With an increase in the soil moisture content, the total pulling force and the slope of the fitted curve are both increased. As the length of the expanded tube increases, the total pulling force increases linearly. As the soil moisture content becomes higher and the length of the tube increases, the superposition of dual factors causes the cumulative amount of the total pulling force to continuously increase. Therefore, the slope of the fitting curve gradually increases. The maximum pulling forces of three types of soil moisture contents are 1280.73, 1532.49, and 1828.24 N, respectively.
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[image: Figure 10]FIGURE 10 | The total pulling force of the reel and the tube.
TABLE 5 | Coefficient of the fitting equation for the reel and the tube.
[image: Table 5]where U(x) is the universal pulling force which represents the operation pulling force of the reel and the tube or the pulling force required for the reel rotation, N; Parameters D and E are the equation coefficients.
According to the conducted pulling force analysis, when the reel is fully loaded with the tube, the maximum pulling force of the reel rotating at a constant speed is 317.17, 264.98, and 272.99 N, respectively, and the average value is 285.02 N. The equation coefficients are also shown in Table 5.
DISCUSSION
Comparison of Theoretical and Experimental Analysis
Since the weight of the reel in a fully loaded tube is 548.58 kg, the theoretical and tested values of the maximum reel rotation pulling force are 278.6 and 285.02 N, respectively. The deviation rate of the pulling force is 2.3%. The deviation rate equation is shown in Eq. 22.
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where p1 is the deviation rate of the reel rotation pulling force, %; F1’ is the tested value of the reel rotation pulling force, N.
When the soil moisture content and flatness are 20.7 and 99.6%, respectively, and the tube is dragged, the pulling force and the friction coefficient are 1258.3 N and 0.275, respectively. These values deviate from theoretical ones by 8.3%. The calculation equation is shown in Eq. 23. The friction coefficients of other soil moisture content are 0.325 and 0.388, respectively. These values belong to the category of the national standard regarding friction coefficient reference range of 0.3–1.0. Therefore, the measured friction coefficient between the tube and the soil in the test is more reliable.
[image: image]
where p2 is the deviation rate of the tube sliding pulling force, %; F2′ is the tested value of the tube sliding pulling force, N.
Analysis of the Tube One-Time Unrolled Time and Operating Costs
The operating costs of the one-time unrolled tube are one of the key parameters of the traditional or new hard hose travelers. During the unwinding of the tube, the reel rotates. By combining the parameters of the moving velocity of the sprinkler and the tube length, the one-time unrolled tube time is shown in Table 6. Since the energy consumption of expanding the tube is not affected by the moving velocity of the sprinkler, the longer it takes to expand the tube, the higher are the operating costs. When the new hard hose traveler is designed, under the condition that the same precipitation depth is met, shortening of the one-time unrolled tube time is beneficial to reducing expenses. Chinese electric power transmission and distribution for well-facilitated farmland construction is taken as an example. Under certain conditions, when the maximum cumulative energy consumption of the unrolled tube is 123456.96 J, its operating cost is 0.0185 CNY, as shown in Table 7.
TABLE 6 | The one-time unrolled tube time.
[image: Table 6]TABLE 7 | The operating costs of the one-time unrolled tube.
[image: Table 7]According to the presented data, the energy consumption of the new hard hose traveler can be reduced by increasing the moving velocity of the sprinkler (i.e., the moving velocity of the tube) and reducing the driving mechanism energy consumption of the sprinkler radial movement. Thus, the operating costs will be reduced.
Power Configuration
Design Scheme of an Electric Tracked Vehicle
The power configuration of an electric tracked vehicle is the power source for the reel and tube operation of a new hard hose traveler. Since the maximum friction coefficient between the tube and the soil is 1.0 (GB/T 21400.1-2008, 2008), the electric tracked vehicle needs to overcome a frictional force between the reel and the tube of approximately 4851 N (Eq. 13). Performance design parameters of the electric tracked vehicle are shown in Table 8. Considering the operation start and some accidental factors, the external pulling force that has to be overcome is set to 6500 N. To achieve remote control of new hard hose traveler and more flexible anti-friction ability, the rubber crawler chassis is driven by the battery power supply and an AC380V servo motor. Power configuration plays a decisive role in overcoming the resistance of the electric tracked vehicle, as well as operation resistance between the reel and the tube. Resistance of the electric tracked vehicle is divided into operation resistance and internal rolling friction resistance. The sprinkler gear and the transfer gear are set for the sprinkler irrigation operation and the transformation of the new hard hose traveler.
TABLE 8 | Performance parameter design of electric tracked vehicle.
[image: Table 8]Motor Power Selection
Driving resistance includes rolling friction of the crawler and the soil, adhesion, and slant downward static friction. All of them are caused by driving straight, turning, side-slip, and climbing the slope upward of the crawler. The coefficients of rolling friction and adhesion of electric tracked vehicles in normal operation on the soil are 0.07 and 1.0, respectively (Chen and Gu, 1965). The internal rolling friction resistance mainly includes the meshing friction between the driving wheel and the crawler and the rolling friction between the guide wheel and the crawler. The friction coefficient is generally between 0.05 and 0.07 (Chen and Gu, 1965). Therefore, the mean value of 0.06 is taken in this paper.
The AC380V servo motor has three times the overload capacity than the rated power and some overload time. During sprinkler irrigation operation and transfer, possible extreme operating states of new hard hose traveler electric tracked vehicles are divided into a long and short time. The friction coefficient of various operating states is defined as μ3 (including the rolling friction between the crawler and the soil, and the internal rolling friction of the electric tracked vehicle). The power of these states is converted by Eq. 24 and shown in Table 9.
[image: image]
where P0 is the limit power, W; F3 is the force that needs to be overcome in various extreme states of the electric tracked vehicle, N; v is the traveling speed of the electric tracked vehicle, m h−1; η1 is the efficiency of the transmission device of the electric tracked vehicle which is generally in the range of 0.95–0.98, i.e., it is taken as η1 = 0.95 in this paper; M is the weight of the electric tracked vehicle, kg.
TABLE 9 | The extreme power of the new hard hose traveler in different operating states.
[image: Table 9]If the motor power reserve coefficient is selected as 1.2, the maximum short-term and long-term limit power required of the electric tracked vehicle is 30221.45 and 3476.80 W, respectively. Since the electric tracked vehicle achieves normal movement and steering via forward and reverse rotation of the two motors and different speeds and reduces costs, when choosing two AC380V servo motors with a power of 5500 W, all working requirements of the electric tracked vehicle can be met.
CONCLUSION
In this paper, a new hard hose traveler with the function of electric drive and self-propelled was developed to reduce the energy consumption of traditional hard hose travelers and achieve intelligent operation. The operational energy consumption of reel and polyethylene tubes is an important part of the energy consumption of the proposed hard hose traveler. Therefore, the traditional JP50-180 reel sprinkler was selected. The required pulling force and operation energy consumption of the reel and the tube were theoretically and experimentally analyzed. A reasonable power configuration of the new hard hose traveler was designed. The following conclusions are drawn:
A calculation model for the dynamic change of the pulling force and energy consumption of reel and tube operation was constructed. The difference between the calculated and the measured values of the total winding length of each tube layer was not more than 0.4 m, with the deviation rate being approximately equal to 0.5%. The reel was fully loaded to no-load tubes. The maximum value of the pulling force and cumulative energy consumption of reel rotation were 278.6 N and 15 120.83 J, respectively. When the ground slope was 0° and the friction coefficient between the tube and the soil was 0.3, the maximum value of the pulling force and cumulative energy consumption of the tube sliding were 1372.86 N and 123 456.96 J, respectively. These values account for 10.91 and 89.09% of the total energy consumption, respectively. As the length of the tube increased, the kinetic energy of reel rotation showed a stepwise downward trend. Moreover, the pulling force and cumulative energy consumption showed an upward trend in the form of a quadratic function. With an increase in the ground slope, the required pulling force and energy consumption of the tube were also increased.
For three soil moisture contents of 20.8, 47.7, and 70.3%, the friction coefficient of the drag tube was 0.275, 0.325, and 0.388, respectively, and the maximum pulling force were 1258.3, 1487.5, and 1773.3 N, respectively. The required pulling force and energy consumption for tube sliding increased with an increase in the soil moisture content. The maximum test value of the reel rotation was 285.05 N, and the deviation rate from the theoretical value was 2.3%. When the soil surface had the same flatness and the soil moisture content was 20.8%, the theoretical and experimental value of the pulling force had a deviation rate of 8.3%. The operating costs of the one-time unrolled tube are approximately 0.0185 CNY.
The conducted study shows that the required pulling force of the reel and the tube under the working conditions of the new hard hose traveler was 6500 N. The power configuration of the electric tracked vehicle is the power source for the operation of the hard hose traveler reel and the tube. The design plan and power configuration were provided according to the working mode of the electric tracked vehicle. The power of two AC380V servo motors was 5500 W each.
The other energy consumption of the new hard hose traveler and other parts design on electric tracked vehicle will be studied in future works.
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A hydrofoil is a fundamental structure in fluid machinery, and it is widely applied to the fields of propellers, blades of axial flow pumps and underwater machinery. To reveal that the geometric structure of the leading-edge of a hydrofoil is the mechanism that affects the transient cavitating flow, we regard the three fish-type leading-edge structures of mackerel, sturgeon and small yellow croaker as the research objects and use high-precision non-contact 3D scanners to establish three bionic hydrofoils (Mac./Stu./Cro.). We use large eddy simulation to simulate the transient cavitating flow of hydrofoils numerically and compare and analyze their lift–drag characteristics, the transient behavior of unsteady cavitation and the vortex evolution. The numerical simulation results are in good agreement with the experimental results. The warping of leading-edge structure will cause a change in lift–drag characteristics, and the Cro. hydrofoil has a good lift-to-drag ratio. When the leading-edge structure is tilted upward (Cro. hydrofoil), the position of the attached cavity will move forward, which will accelerate the cavitation evolution and improve the velocity fluctuation of the trailing edge. When the leading-edge structure is tilted downward (Stu. hydrofoil), the change in the vortex stretching and dilatation terms will be complex, and the influence area of the vortex will widen.
Keywords: bionic hydrofoil, large eddy simulation, cavitation, lift-drag characteristic, vortex evolution
INTRODUCTION
Cavitation is a typical vapor-liquid flow, and mass transmission is determined using the bypass pressure and the local vaporisation pressure of the fluid. The fluid bypassing a hydrofoil will generate lift. In accordance with this principle, hydrofoils are widely used in the field of hydraulic machinery. However, cavitating flow is prone to occur in the application process, and a long-term operation under cavitation will cause cavitation erosion, which will seriously affect the performance of hydraulic machinery. In-depth research has found that the leading-edge geometry of a hydrofoil is the key factor affecting the aerofoil cavitating flow (Arabnejad et al., 2019; Liu and Tan, 2020; Garg et al., 2019). Most aerofoils used in hydraulic machinery are still based on aerodynamics. The fluid flow state will inevitably be changed by the difference in physical properties, such as density and viscosity, between air and water and other liquid fluids, thereby affecting the cavitation performance of hydraulic machinery. Therefore, changing the structure of the leading-edge of a hydrofoil and developing a new type of aerofoil suitable for hydraulic machinery are particularly important. A large number of fishes are living in oceans and freshwater lakes. These fishes have excellent hydraulic properties and provide basic materials for changing the structure of the leading-edge of a hydrofoil.
Researchers have conducted considerable basic research on the cavitating flow of different hydrofoils. For example, Zhang et al. (2020) used numerical simulation to study the hydrodynamic characteristics of the Clark-y hydrofoil and found that the cavitation of the leading-edge promotes the formation of a counterclockwise vortex at the trailing edge and weakens the fluctuation in hydrodynamic load. Rajaram and Srikanth (2020) optimised the geometry of a basic hydrofoil to obtain a superior hydrofoil under specific flow conditions. Marimon et al. (2018) evaluated a simplified hydrofoil geometry and used a performance prediction method for flexible foils to prove that distortion will reduce the effective angle of attack by approximately 30% and substantially reduce the lift and drag of the hydrofoil at high flow rates. Antoine et al. (2009) analysed the structural characteristics of a deformable hydrofoil in a forced pitching motion and showed that structural changes are closely related to the phenomenon of fluid mechanics. Fujii et al. (2007) also studied the influence of hydrofoil geometry on cavitation dynamic characteristics, and found that the change of hydrofoil geometry only affects the oscillation intensity of some cavities. Custodio et al. (2018) defined different hydrofoil leading-edge structures to study the cavitation and hydrodynamic characteristics of hydrofoils. The results showed that the cavitation of the hydrofoil with a large amplitude is mainly confined to the area behind a convex groove, whereas the hydrofoil with a flat leading-edge and small amplitude shows flaky cavitation in the whole span direction. Oller and Nallim (2016) designed the geometric structure of a hydrofoil blade by using an appropriate aerofoil shape to check its hydrodynamic characteristics and determine the streamline velocity and pressure field. Amini et al. (2019) used an ellipse as the contour of the hydrofoil and studied its suppression effect on tip vortex cavitation by bending the hydrofoil. For the hydrofoil (10%-bent 90 degrees-downward), the tangential velocity of the leading-edge vortex is improved. Zhou et al. (2016) studied the effect of the wingtip clearance on the flow characteristics of the hydrofoil. The sharp-tip foil has a small amount of vortex leakage, and the tip separation vortex makes the gap cavitation more serious. Recent studies have confirmed that the hydrodynamic and lift–drag characteristics of a blade can be significantly improved by changing the shape of the leading-edge of a hydrofoil.
Bionics is a comprehensive cross-discipline that applies the laws and mechanisms discovered in the biological world to the engineering application field to solve problems. Many methods for solving problems have been found using biological geometry, physiological functions or life processes in engineering practice (Hong et al., 2009). Huang et al. (2020) designed three new dolphin-type hydrofoils based on the contour curve of a dolphin and compared them with NACA0018 aerofoils. They found that the hydrofoils have the best lift–drag characteristics when the deflection angle is 24°. You et al. (2020) designed two bionic tools based on the surface structure of a dung beetle head, which effectively reduced the main cutting force of the tools and the average friction coefficient of the chip interface. Liu and Liu (2014) constructed a bionic hydrofoil based on the geometric characteristics of an owl, which effectively improved the lift and drag characteristics of the hydrofoil and revealed the characteristics of the sound source. Xue et al. (2016) regarded fish as imitation organisms and designed a fin–peduncle propulsion mechanism in accordance with their shape, which improved the propulsion efficiency of hydrofoil propellers. In the above research report, when obtaining the surface information of an organism, acquiring an accurate bionic physical model through curve-fitting technology is a critical step. In the aspect of bionic hydrofoil design, the Hicks–Henne shape function method with a strong hydrofoil shape control capability (Hicks and Henne, 1978), the CST aerofoil parameterisation method with a large design space description (Kulfan, 2008) and the spline parameterisation method using a non-uniform rational B-spline (NURBS) curve (Masters et al., 2017) to describe aerofoils are the commonly used modeling methods. These methods can provide theoretical support for this paper.
With the development of CFD technology, the numerical simulation technology based on large eddy simulation (LES) has been widely used in capturing complex cavitating flows and vortex evolution. Wang et al. (2019) simulated the cavitating flow of liquid nitrogen on a hydrofoil on the basis of a homogeneous mixture model with LES and found that the strong re-entrant jet initiated in the cavity tail is the main reason causing the cavity shedding. Huang et al. (2010) proposed a cavitating flow calculation model based on density correction to calculate the cavitating flow of a hydrofoil and found that this model has a significant improvement in the numerical calculation results of cavitating flow. Zhang et al. (2015) studied the unstable cavitation desorption of the Clark-y hydrofoil by increasing the maximum density ratio, which improved the accuracy of numerical simulation. Li et al. (2016) used the LES method to simulate the transient spatiotemporal flow of the Clark-y hydrofoil, which provided an effective numerical simulation framework for the study of cavitating flow. Ji et al. (2015) used the LES method to numerically simulate the cavitating flow around the NACA66 hydrofoil to study the evolution of cavitation. Sun et al. (2020) used the Schnerr–Sauer cavitation model to simulate hydrofoil cavitation and used the LES method to calculate an unsteady natural ventilation cavitation flow. Huang et al. (2017) proposed an improved partially averaged Navier–Stokes turbulence model to study the transient cavitation turbulence of the Clark-y hydrofoil. Kim and Lee (2015) used LES to study the cloud cavitation behaviour of the Clark-y hydrofoil under different slip conditions.
In summary, the research on hydrofoil hydrodynamics has mainly focused on the lift–drag characteristics and cavitating flow of existing aerofoils (NACA, Clark-y series hydrofoils). However, on the basis of different fishes, the basic research on using geometric bionic principles to change the geometric structure of the traditional hydrofoil leading-edge and analyse the 3D vortex structure and cavitating flow evolution is inadequately deep. Therefore, we select three fishes (mackerel/sturgeon/small yellow croaker) with evident leading-edge differences as the research objects to construct a bionic hydrofoil physical model. The lift–drag characteristics, vortex evolution and cavitating flow evolution under different schemes are compared and analysed through the combination of LES and typical hydrofoil model experiments to reveal the mechanism of the change in the hydrofoil leading-edge structure in transient cavitating flow. This study provides a reference for the subsequent optimisation design of hydraulic machinery blades.
NUMERICAL METHOD AND SETUP
Establishment of the Physical Model of Bionic Hydrofoils
Through measurement, we found that mackerel, sturgeon, and small yellow croaker have different leading edge structures. We take these three kinds of fish as the research objects, as shown in Figure 1A. Ten fish are selected for each type of fish, and the average value is collected several times to avoid the error caused by the different body sizes of fish. High-precision non-contact 3D scanners are used to perform 3D reverse engineering modeling of all types of fish surface functional surfaces, and Geomagic Design X software is used to reverse the process of obtaining point cloud data to acquire a 3D physical model of fish, as shown in Figure 1B. The geometric profile curves of different hydrofoils are obtained and combined with the contours of the Clark-y hydrofoil via the NURBS curve-fitting technology. Four hydrofoils with different leading-edge structures are obtained, as shown in Figure 1C.
[image: Figure 1]FIGURE 1 | Physical model construction of bionic hydrofoils. (A) Three types of fishes. (B) 3D reverse engineerin. (C) contour curves of four hydrofoils.
Simulation Setup
In this study, the commercial software FLUENT is used for numerical simulation. LES is used to calculate the transient cavitating flow of the above four hydrofoils numerically, and the setting of the calculation domain is shown in Figure 2A (Hu et al., 2018). The chord length of all hydrofoils is set to C = 70 mm, the angle of attack is 8°, the calculated area length is 10 C, the height is 2.7 C, and the width is 0.5 C. The distance from the hydrofoils to the inlet is 4 C, and the distance to the bottom is 1.4 C. The finite volume method is used to discretize the governing equation, and the diffusion term of the equation is in central difference format. The equations are solved using the separation and semi-implicit pressure coupling algorithm. The inlet is set to imposed velocity, the flow rate is 10 m/s, the outlet is set as fixed static pressure, and the pressure is 43,540 Pa. It can be obtained that the cavitation number is 0.8 and the Reynolds number is 700,000. The hydrofoil walls adopt the no-slip boundary condition, the upper and lower walls are set as the free slip walls, and the sidewall boundary is arranged as a periodicity interface. The time step is set to 0.1 ms, and the number of calculation steps is set to 6,000 steps (Zhang et al., 2017).
[image: Figure 2]FIGURE 2 | Computational domain and grids. (A) Computational area. (B) 3D mesh. (C) hydrofoil.
For LES, the basic governing equations of mass conservation and momentum conservation are as follows:
[image: image]
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Among them, [image: image] represents the pressure, and [image: image] and [image: image] represent the velocity components on [image: image] and [image: image] respectively. [image: image] is the laminar viscosity of the mixture, [image: image] is the density of the mixture, which is defined as follows:
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After filtering the above equation, the large eddy equation is obtained:
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where [image: image] is the subgrid scaled stress, which is defined as
[image: image]
The ZGB cavitation model is based on the simplified Rayleigh-Plesset equation, and its accuracy has been widely verified (Cheng et al., 2019). The cavitation model in this paper also adopts the ZGB model, and its mass transfer equation is as follows:
[image: image]
where [image: image] is the volume fraction of the vapor, [image: image] is the density of the vapor, and [image: image] and [image: image] represent the mass transfer rates of evaporation and condensation, respectively.
When [image: image],
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When [image: image],
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[image: image] is the vapor pressure, [image: image] is the proportion of noncondensable gas in the liquid, [image: image] is the density of the liquid, and [image: image] and [image: image] represent the evaporation and condensation coefficients, respectively. According to reference Ji et al. (2017), we take [image: image], [image: image], [image: image] is set to 50, and [image: image] is set to 0.01.
Grid Generation and Independence Verification
ICEM software is used to divide the computational area into structured grids. Figure 2B shows the 3D grids, and the hydrofoil structure is shown in Figure 2C. The periphery of the hydrofoils is densified to ensure that the grid size near the hydrofoil bone lines is less than or equal to 1.9e-4m in the flow direction, less than or equal to 1.9e-4m in the normal direction of the walls and less than or equal to 2e-5m in the spanwise direction. The calculated Y+<1. Before the transient calculation, a sufficient steady-state calculation is performed to ensure the accuracy of the numerical simulation calculation results.
The Mac. bionic hydrofoil is regarded as an example to verify the grid independence. We verify the grid independence by testing the average lift and drag coefficients, which are defined as follows:
[image: image]
Amongst them, [image: image] and [image: image], respectively represent the lift and drag of the hydrofoil, [image: image] is the density of the medium, [image: image] is the velocity at infinity from the hydrofoil, and [image: image] is generally regarded as the chord length of the hydrofoil multiplied by the span.
Figure 3 shows the lift and drag coefficients of the six grid types under the test conditions. When the number of grids increases from case1 (420545) to case 4 (1450464), the lift coefficient rises obviously, and the drag coefficient decreases fast, which shows that the number of grids significantly affects the test results. From case 4 (1450464) to case 6 (2772392), the lift and drag coefficients change minimally. When the coarse grid is refined, the coefficient fluctuation becomes small; when the number of grids is sufficiently high, the coefficient tends to a constant.
[image: Figure 3]FIGURE 3 | Time-averaged lift and draft coefficients against mesh number.
Table 1 summarises the six test grids under the test conditions to verify the grid independence. It includes the average pressure value P1 on the suction surface at x/C = 0.4, and the average pressure value P2 on the pressure surface at x/C = 0.32. The table presents that case 5 and case 6 have similar characteristics, and both can meet the grid requirements for LES. We choose case 5 as the final grid to reduce the computational workload, and the number of grids is approximately 1.7 million.
TABLE 1 | Verification of grid independence.
[image: Table 1]RESULTS AND DISCUSSIONS
Verification of Numerical Simulation Methods
Figure 4 shows the numerical simulation results of the transient cavitating flow distribution of the three types of bionic hydrofoils and the Clark-y hydrofoil. The setting of numerical conditions is completely consistent with experimental setting (Huang et al., 2012; Roohi et al., 2013). The figure presents that the cavitation circumfluence in a cycle can be roughly divided into four stages. In the first stage, an attached cavity forms at the leading-edge, and the cavity at the trailing edge begins to fall off. In the second stage, the attached cavity gradually increases and forms a sheet cavity, and the influence range of cavitation is the largest. In the third stage, the sheet cavitation breaks up gradually, separates and falls off, forming cloud cavitation, and the influence range of cavitation becomes small. In the fourth stage, the cavity gradually moves from the leading-edge to the trailing edge. At this time, the cavity of the hydrofoil is mainly concentrated at its trailing edge, and the influence range of cavitation is the smallest. Afterwards, the attached cavity is generated again at the leading-edge, which represents the beginning of the next cycle. Figure 4 depicts that the numerical simulation can accurately observe the transient cavitating flow change process under different hydrofoil schemes. Comparison of the results of the four-stage numerical simulation with experimental results shows a high degree of agreement, which proves the correctness of the numerical calculation method in this paper. The numerical simulation and experimental values of clark-y hydrofoil are given on the right side of Table 2 [numerical simulation is carried out under the same experimental conditions as Wei et al. (2011)]. It can be seen that both the lift coefficient and the drag coefficient are very close to the experimental value, and the maximum error is 1.68%, which is within the allowable error range. Further, according to the formula [image: image], the experimental Strouhal number is 0.169 and the numerical simulation Strouhal number is 0.176. The relative error between them is 3.98%, which can meet the similarity criterion of flow unsteady. This further verifies the accuracy of the numerical simulation in this paper.
[image: Figure 4]FIGURE 4 | Cavitation experimental results and numerical simulation results of different hydrofoils in a single cycle. (A) Experimental pictures from Huang et al. (2012) (B) Experimental pictures from Roohi et al. (2013) (C) Numerical results of this study for Clark-y (D) Numerical results of this study for Mac. (E) Numerical results of this study for Stu. (F) Numerical results of this study for Cro.
TABLE 2 | Average lift–drag coefficient and lift-to-drag ratio and cavitation cycle (T) of each hydrofoil.
[image: Table 2]Comparison of Lift and Drag Characteristics
Figure 5 shows the transient change curves of the lift coefficient CL and drag coefficient Cd of the four hydrofoils over a while. The left side of the coordinate axis represents the value of CL, and the right side represents the value of Cd. CL and Cd of the four hydrofoils fluctuate periodically over time, and the value of CL is always greater than the value of Cd. Their fluctuations are also always synchronised, that is, crests and troughs appear at the same time. Depending on the scheme, the period and amplitude of the fluctuations in the values of CL and Cd differ, which shows that a change in the leading-edge structure will have a certain effect on the lift and drag characteristics of the hydrofoils. The Cro. scheme has the largest amplitude, whereas the Stu. scheme has the smallest amplitude. The average values of CL and Cd for each scheme in Table 2 indicate that the average lift coefficients of the four hydrofoils are relatively close, but the lift coefficient of the Stu. hydrofoil is relatively larger. For the average drag coefficient, the four hydrofoils have small differences, but the average drag coefficient of the Cro. hydrofoil is the smallest. Table 2 also provides the lift-to-drag ratios of the four hydrofoils to measure their lift–drag characteristics clearly. The lift-to-drag ratio of the Cro. hydrofoil is significantly greater than those of the two other bionic hydrofoils, and it is also slightly higher than that of the traditional Clark-y hydrofoil.
[image: Figure 5]FIGURE 5 | Transient lift–drag coefficient curves and pressure coefficient Cp cloud diagrams of the four hydrofoils. (A) Clark-y (B) Mac. (C) Stu. (D) Cro.
The upper part of each curve in Figure 5 shows the pressure coefficient Cp cloud diagram of the four hydrofoils at the peak and trough of the CL curve. The expression is
[image: image]
[image: image] represents the pressure value in space coordinates. The figure demonstrates that the Cp value of the pressure surface of the hydrofoils is always higher than that of the suction surface regardless of when the lift coefficient is the largest or smallest, and the value reaches the maximum at the front and trailing edges of the pressure surface. When the lift coefficient changes from the trough to the crest, the low-pressure area on the suction surface of the hydrofoils gradually decreases and moves to the trailing edge. On the contrary, the high-pressure area on the pressure surface of the hydrofoils gradually expands and mainly concentrates on the leading and trailing edges. The pressure difference between the suction and pressure surface is the fundamental reason for the lift of hydrofoils. When the low-pressure area of the hydrofoils is large, the pressure difference of hydrofoil is also great which can obtain a good lift. Comparison of Cp cloud images of the four hydrofoils at the wave crests shows that the pressure surface of the Cro. hydrofoil has the widest high-pressure area, and the lift coefficient is also the largest. From the Cp cloud picture at the trough, the low-pressure area on the suction surface of the Cro. hydrofoil is the widest. On the basis of the lift–drag ratios in Table 2, the Cro. hydrofoil has a better lift–drag characteristics than the others.
Evolution of Transient Cavitating Flow
We use the CL curve as a basis, regard one wave trough to the next wave trough as a cycle and provide the cavitation evolution diagram of the four hydrofoils in one cycle, as shown in Figure 6. The cavitation process of the four hydrofoils changes periodically with the change in CL. When CL is in the trough position, a thin attached cavity is produced at the leading-edge of the hydrofoils, and the cloud cavity generated in the previous cycle at the trailing edge is gradually falling off. At moment ①, the cloud cavitation at the trailing edge falls off and leaves the hydrofoil surface, whilst the attached cavity at the leading-edge gradually extends backward until the cavity covers the suction surface to form sheet cavitation. At time ②, the sheet cavitation continues to move to the trailing edge of the hydrofoils, the cavity begins to break in the middle and rear parts, and the volume of the cavity reaches the maximum at this time. At time ③, the sheet cavitation is breaking down, the cavitation of the leading-edge is gradually reduced, and the cavitation area of the hydrofoils is gradually divided into two parts. When time ④ is reached, the cavitation at the leading-edge disappears, the cavity is mainly concentrated near the trailing edge, and the influence range of cavitation is the smallest. Time ⑤ is another trough. The attached cavity reappears, and the cloud cavitation at the trailing edge begins to fall off. This phenomenon indicates that the evolution of the hydrofoil cavitation begins to enter the next cycle.
[image: Figure 6]FIGURE 6 | Transient evolution process of the cavitating flow of the four hydrofoils in one cycle. (10% vapor volume fraction iso-surface) (A) Clark-y (B) Mac. (C) Stu. (D) Cro.
The figure illustrates that the cavitation evolution of the four hydrofoils is similar, but some differences exist. The cavitation of the Stu. hydrofoil is slightly different from that of the three other types of hydrofoils. The Stu. hydrofoil always has a thin attached cavity at the leading-edge, and the subsequent series of cavitation evolution occurs close to the maximum thickness of the hydrofoil (approximately x/C = 0.25). The cavitation evolution of the other three hydrofoils starts from the leading-edge. The Cro. hydrofoil cavitation occurs more forward than the others, whereas the Mac. hydrofoil cavitation occurs more rearward. At time ②, the sheet cavitation of the Cro. hydrofoil has been basically broken, whilst the remaining three hydrofoils have just started to break. This condition may be due to the upturning of the leading-edge, resulting in the early break of its sheet cavitation. The last line of Table 2 shows the average cavitation cycle of the four hydrofoils. It can be seen from the table that the cavitation cycle of the Cro. hydrofoil (T = 39.43 ms) is the shortest and that of the Mac. Hydrofoil (T = 42.10 ms) is the longest. This further shows that the change of hydrofoil leading-edge will affect the evolution of cavitation. When the characteristic curve of the hydrofoil leading-edge is Cro. model, the hydrofoil can have a shorter cavitation evolution cycle.
Figure 7 shows the curves of the density distribution (averaged in one cycle) on the suction surface of the four hydrofoils to consider the cavitation evolution of the hydrofoils. The position of the Cro. hydrofoil cavitation occurs earlier (approximately x/C = 0.03) than that of the others, whereas the position of the Mac. hydrofoil cavitation occurs later (approximately x/C = 0.124). For the Stu. hydrofoil, cavitation has already appeared at the forefront of the hydrofoil, and the cavitation range ends at x/C = 0.099. The subsequent evolution of cavitation starts at x/C = 0.241. This is consistent with the results observed in the 3D cavitation evolution of the hydrofoil in Figure 6. The cavitation of the hydrofoils is mainly concentrated in their middle section, and it is the most serious at approximately x/C = 0.21–0.23. As the cavity stretches along the hydrofoils, the density fields of the hydrofoils rise. After the trailing edge is approached, the density fields of the four hydrofoils drop again slightly.
[image: Figure 7]FIGURE 7 | Average density distribution on the suction surface of the four hydrofoils, [image: image].
The occurrence of cavitation will inevitably lead to changes in the cavity velocity. Figure 8 shows the time-averaged x-velocity distribution of the four types of hydrofoils. The upper part of Figure 8 shows the location of the selected area (taking Clark-y hydrofoil as an example, the other hydrofoils are the same). The figure indicates that the velocity fluctuation is related to the selected position of the hydrofoil sections. From the Y-axis direction, the velocity near the walls of the hydrofoils shows great fluctuations; the higher the upward tilt is, the more the velocity fluctuations tend to be stable. As the fluid particle moves towards the trailing edge of the hydrofoils, the influence range of the velocity fluctuation in the Y-axis direction gradually increases. Especially at x/C = 1.2, velocity fluctuations exist in the Y-axis direction, indicating that the cavity will continue to move backward after falling off the surface of the hydrofoils. The size of the velocity fluctuation is related to the thickness of the cavity, and the velocity fluctuation of the Cro. hydrofoil is the smallest. The figure also shows the experimental results of Li et al. (2017). The velocity fluctuations of the four hydrofoils tend to be in good agreement with the experimental results.
[image: Figure 8]FIGURE 8 | Time-averaged velocity fluctuation curve along the flow direction around the four hydrofoils.
Vortex Evolution
The transient cavitating flow of the hydrofoils is closely related to the vortex structure. We use the [image: image] criterion to study the structure of the vortex, which is an important method to study the vortex in transient cavitation flow (Yu et al., 2020). It is defined as follows:
[image: image]
Amongst them, [image: image] is the second invariant of the velocity gradient tensor, [image: image] represents the vorticity amplitude, and [image: image] represents the strain rate tensor. The magnitude of its value can be used to identify the relationship between vorticity and strain rate. When [image: image], the rotation effect is dominant; when [image: image], the shearing effect is dominant.
Figure 9 shows [image: image] distribution of the four hydrofoils. It can be seen from the figure that the [image: image] distribution of Clark-y hydrofoil is significantly different from that of the three bionic hydrofoils. In the whole cycle, the negative [image: image] area of Clark-y hydrofoil is always larger than that of the other three bionic hydrofoils, which shows that the shear effect of Clark-y hydrofoil is dominant when cavitation shedding. The vortex evolution of the three bionic hydrofoils is similar. Take Mac. hydrofoil as an example, in the initial stage (1/5T), [image: image] of the leading-edge is mainly negative, and [image: image] towards the trailing edge becomes positive. The rotation effect of the hydrofoil at the trailing edge is dominant at this time. When the sheet cavitation begins to break (2/5T), the negative [image: image] area near the trailing edge begins to increase gradually, and the shear effect begins to become evident. When the break of the hydrofoil cavity intensifies (3/5T), the negative [image: image] area appears widely. At this time, the positive [image: image] and negative [image: image] areas alternately appear, and the rotation and shear effects jointly dominate the cavitation flow. When the cavity moves further back (4/5T), cavitation is mainly concentrated at the trailing edge. [image: image] value is mainly positive at this time given no shedding of the cavity, and the rotation effect is dominant. With continuous development, an attached cavity is formed at the leading-edge, and the cavitation at the trailing edge begins to fall off the hydrofoil surface (5/5T). At this time, the cavitating flow becomes unstable, and rotation- and shear-dominant areas appear on the cavity surface.
[image: Figure 9]FIGURE 9 | Comparison of the vortex structures around the four hydrofoils based on [image: image] criterion.
However, there are still differences among the three bionic hydrofoils. In the initial stage, the negative [image: image] area of the front edge of the Mac. hydrofoil is more obvious; when the sheet cavitation breaks, the shear effect of the Mac. hydrofoil is more significant. The positive [image: image] area of the leading-edge of the Cro. hydrofoil is significantly wider, indicating that the rotation effect of the Cro. hydrofoil is more obvious. This result shows that in unsteady cavitating flow, rotation and shear jointly control the cavitation evolution. When the leading-edge structure is changed, the evolution of the hydrofoil vortex will also be affected.
The vorticity transport equation is used to compare and analyse the vorticity on the three bionic hydrofoils to study the cavitation–vortex interaction. The equation is as follows:
[image: image]
The vortex-stretching term [image: image] reveals the stretching and tilting of the vortex caused by the velocity gradient. The vortex dilatation term [image: image] is affected by volume expansion or contraction. [image: image] is the vortex baroclinic term, which describes the effect of the baroclinic moment on the vorticity due to the nonparallel pressure gradient and density gradient. [image: image] of different bionic hydrofoils slightly changes, but this change is minimal and is thus usually ignored.
Figure 10 shows the distribution of total vorticity and the three directional vorticities of the four hydrofoils on the cavity surface at the same time (t = 0.4 s). Vorticity distribution in the Z direction is similar to the total vorticity, and the vorticity in the Z direction is much larger than the vorticity distribution in the other two directions. Therefore, the vorticity dynamics of the three bionic hydrofoils are evaluated by analyzing the vorticity Z.
[image: Figure 10]FIGURE 10 | Distribution of total vorticity, vorticity X, vorticity Y and vorticity Z of the four hydrofoils at the same time (t = 60 ms).
The vortex-stretching term is related to the velocity gradient, and cavitation will have a significant effect on the velocity gradient in the transient flow. As shown in Figure 11, in the initial stage (1/5T), only a small range of vortex stretching is evident. Cavitation is in the developing stage, and the velocity gradient does not change much. With the development of cavitation (2/5T), a re-entrant flow gradually forms and develops, causing the velocity gradient of the hydrofoil surface to change. At this time, the influence range of the vortex-stretching term gradually increases. When the sheet cavitation gradually breaks (3/5T), the scope of influence of this item further increases and gradually extends to the entire surface of the hydrofoils. When the sheet cavitation is completely broken, the cavitation begins to move to the trailing edge of the hydrofoils, and the leading-edge cavitation begins gradually (4/5T–5/5T). At this time, the growth of the cavity slows down, the velocity gradient change is small, and the influence range of the vortex-stretching term gradually decreases.
[image: Figure 11]FIGURE 11 | Comparison of the Z-direction vortex-stretching term evolution of the four hydrofoils in a typical cycle.
The change trends of the vortex-stretching term of the four hydrofoils are generally similar. However, there are still differences. Compared with the bionic hydrofoil, the variation area of the vortex-stretching term of Clark-y hydrofoil in the initial stage of cavitation is smaller, but when the cavity begins to shedding from the living cavity, the vortex stretching term begins to change dramatically. The stretching term of vortices of the three bionic hydrofoils changes gently in the whole cycle, and the change of the velocity gradient of the Stu. hydrofoil in each stage is more obvious, especially near the leading-edge. This is because the flat structure of the leading-edge is more conducive to the formation and development of re-entrant flow, resulting in greater changes in velocity gradient. When the attached cavitation of Cro. hydrofoil is formed, the area with zero vortex-stretching term accounts for a larger proportion, and the change of velocity gradient is the smallest.
The vortex dilatation term mainly refers to the change in fluid volume that affects the vortex. Due to cavitation, the volume of the fluid will change, causing the vorticity to also change. Figure 12 shows the distribution of the vortex dilatation term of the four hydrofoils in a typical period. In the 1/5T stage, the vortex expansion is concentrated near the trailing edge, and the vortex dilatation term of the leading-edge is small. When the cavitation develops to the 2/5T stage, an attached cavity gradually develops, and the volume change rate gradually increases. When the sheet cavitation begins to break (3/5T), the volume changes drastically, and the value of the vortex dilatation term reaches the maximum at the break of the cavity. When the sheet cavitation is completely broken to form cloud cavitation (4/5T), the positive and negative values of the vortex dilatation term appear alternately. Afterwards, the value of the vortex dilatation term gradually decreases due to the slow formation of the attached cavity (5/5T).
[image: Figure 12]FIGURE 12 | Comparison of the Z-direction vortex dilatation term evolution of the four hydrofoils in a typical cycle.
In the initial stage of the cavitation evolution cycle, the fluid volume change rate of Clark-y hydrofoil and Mac. hydrofoil is low, and the dilatation term of the vortex is mainly zero. However, at 3/5T, due to the shedding of sheet cavitation, the fluid volume changes sharply, resulting in a sharp decrease in the zero value region of the dilatation term. The zero value area of the vortex dilatation term of the Stu. hydrofoil in the whole cavitation evolution cycle is low, indicating that its fluid volume changes most dramatically. The warping of hydrofoil leading-edge structure will affect the change of vortex dilatation rate.
The vortex baroclinic term is related to the variation of nonparallel pressure and density. For a general positive pressure fluid, pressure and density have the same gradient, that is, zero. For an unsteady cavitating flow, these two items are not always the same, which will cause the change of the vorticity. Figure 13 shows the distribution of vortex baroclinic terms for the four hydrofoils. The vortex baroclinic terms mainly exist in the leading-edge of the hydrofoils and the area where the sheet cavitation is broken. The occurrence of the attached cavity or the break of the cavity will cause a gas-liquid two-phase transition, which in turn will change the density gradient of the flow field. Although the influence range of this term is smaller than those of the above two terms, it plays an important role in the generation of vortices. The baroclinic term of the Mac. hydrofoil and Clark-y hydrofoil are more complex when cavitation breaks (3/5T). When attached cavitation occurs (5/5T), the baroclinic term of the Cro. hydrofoil is more stable. The change in the vortex of the flow field will also change due to the influence of cavitation, and the change in the leading-edge structure will affect the evolution of the hydrofoil vortex.
[image: Figure 13]FIGURE 13 | Comparison of the Z-direction vortex baroclinic term evolution of the four hydrofoils in a typical cycle.
CONCLUSION
This study uses geometrical bionic principles to establish three bionic hydrofoils with evident leading-edge structural differences and calculates the lift and drag coefficients, transient cavitating flow and vortex evolution of the hydrofoils by using the LES method. On the basis of comparison and analysis, the conclusions are as follows:
1) From the comparison of the numerical simulation and experimental results of the transient cavitating flow of four hydrofoils in a period, their cavitation evolution process is always similar. Regardless of the location where the attached cavity occurs, the size of the sheet cavitation and the location of its break and the shape of the cloud cavitation, the numerical simulation and experimental results show a high degree of agreement. This agreement verifies the accuracy of the numerical simulation method in this paper.
2) The lift and drag coefficients of the three bionic hydrofoils and the Clark-y hydrofoil are inconsiderably different in general, but the lift–drag ratio of the Cro. hydrofoil is better. Comparison of Cp cloud images of the four hydrofoils shows that when CL reaches the peak, the pressure surface of the Cro. hydrofoil has the widest high-pressure area. When CL is in the trough, the low-pressure area of the Cro. hydrofoil is the widest. The Cro. hydrofoil has better lift and drag characteristics than the others.
3) The position of the attached cavity of a hydrofoil will change due to the change in the leading-edge structure. When the leading-edge structure is upturned, the position of the attached cavity will move forward. The position where the attached cavity of the Stu. hydrofoil occurs is the rearmost (approximately x = 16.9 mm). The position where the attached cavity of the Cro. Hydrofoil occurs is the most forward (approximately x = 2.9 mm), and the velocity fluctuation at its trailing edge is the smallest. From the perspective of the cavitation evolution period, the cavitation evolution period of the Cro. hydrofoil is shorter (approximately T = 27 ms) than that of the others, whereas the cavitation period of the Mac. hydrofoil is longer (approximately T = 31 ms).
4) The warping of leading-edge structure will cause significant changes in the vortex evolution of hydrofoils. The Mac. hydrofoil has a wider negative [image: image] area at the leading-edge compared with others, whereas the rotation effect of the Cro. hydrofoil is more obvious than that of the others. When the leading-edge structure is tilted downward, the changes in the vortex stretching and dilatation terms of the hydrofoils, particularly the Stu. hydrofoil, are complicated, and their vortex has a wide range of influence.
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The efficiency of the impeller machinery can be improved by the inlet guide vanes, but the relationship between the external characteristics of the centrifugal pump and the internal flow state needs further study. In this paper, the flow characteristics of the centrifugal pump with different offset angles of inlet guide vanes (IGVs) are simulated based on the SST k-ω turbulence model. The influence of the offset angle of the IGV on the internal flow and energy dissipation of the centrifugal pump is analyzed by using the entropy generation theory and Q-criterion. The research results show that the increase of the offset angle is beneficial to reducing the intensity of vortex in the volute and impeller, while the energy loss is reduced by 21.12 and 17.82% at 0.6Qd and 0.8Qd, respectively. However, the excessive offset angle of the IGV tends to cause greater energy loss in the inlet pipe, thus reducing the head and efficiency of the centrifugal pump. In terms of external characteristics, the pump with 25° IGVs has the best head and efficiency improvement. Under three small operating points, the pump with 25° IGVs increased the head by 2.11, 0.95, and 0.73% and the efficiency by 2.51, 1.67, and 1.25%, respectively, compared with the pump with 0° IGVs. The research in this paper contributes to the performance improvement of centrifugal pumps operating at low flow conditions.
Keywords: centrifugal pump, inlet guide vanes, offset angle, internal flow, energy loss
INTRODUCTION
Pumps, a machine for converting energy, are widely used in social production practices (Martinich, 1990; Aaronson et al., 2012). The internal flow of a centrifugal pump is turbulent, which is very different from the laminar flow in some straight channels. Therefore, its internal flow is more complicated (Hu et al., 2020; Hu et al., 2021). Due to the complexity of the flow in the pump, it may have an unstable working operation. For improving the operational performance of centrifugal pumps, researchers have done a lot of research studies in improving the energy conversion efficiency of pumps (Xiong, 1996; Dou et al., 2014; Wang et al., 2018). A common study of pumps includes regulating the intrinsic parameters such as the size structure of the pump and the shape and number of blades. With the continuous development of research, researchers are increasingly interested in the study of adding guide vanes inside various fluid machinery. And some experiments and numerical simulations also prove that IGVs can improve the operating performance of fluid machinery (Dou, 2006; Liu et al., 2011; Shi et al., 2012; Kim et al., 2013).
As early as the 1950s, the method of adjusting working conditions of the impeller machinery such as centrifugal compressors, fans, and turbines by adding IGVs had been widely used. Coppinger and Swain (2000) investigated the effect of guide vanes with an angle ranging from −20° to +80° on industrial centrifugal compressors through experiments and simulations. They found that an excessively large setting angle led to a larger pressure loss, which resulted in a reduction of the overall system efficiency. A suitable angle of guide vanes had a significant effect on extending the stable operating range of the compressor. The performance of centrifugal compressors with IGVs was also studied by Xiao et al. (2006). He demonstrated that the performance curve of centrifugal pumps moved toward the low flow region when guide vanes were positively offset. The opposite result was obtained when they were negatively offset. In the low flow region, the optimal efficiency operating point of the centrifugal pump decreased faster. Fukutomi and Nakamura (2005) investigated the effect of angle and length of IGVs on the performance of cross-flow turbines. By installing guide vanes in the inlet region, the cross-flow turbines had higher pressure and higher efficiency compared to the case without guide vanes. In the high flow condition, the turbines obtained higher pressure and efficiency. But in the low flow condition, the presence of the guide vanes had an inhibiting effect on the circulating flow in the rotor inlet. To address the flow inhomogeneities in centrifugal turbines, Junaidi et al. (2015) installed guide vanes at the impeller inlet of the turbine to eliminate the vortex flow due to internal deformation. Comparing the internal static pressure and axial power of centrifugal fans with and without IGVs, they noticed that the stable operating range of centrifugal fans was extended and the power consumption was reduced under off-design conditions. Based on the above research, the purpose of this article is to understand the effect of the law of inlet guide vanes on the flow field and external characteristics of the centrifugal pump.
In this paper, the flow characteristics of the centrifugal pump with IGVs are simulated. The influence of the law of inlet guide vanes on the pressure, velocity, and other physical quantities of the internal flow field of the centrifugal pump is studied by a steady calculation method. Combined with the energy dissipation in the impeller, the influence of guide vanes with an angle ranging from 0° to 35° on the performance of centrifugal pumps is revealed. The reasons why the offset angle of guide vanes should not be too large are specifically analyzed, and the microscopic mechanism of external characteristics is elucidated. This study provides a certain reference for the selection of the pre-selection angle of the inlet guide vane of the centrifugal pump, and it is of great practical significance to guarantee the long-term and efficient operation of the centrifugal pump.
MODEL DESCRIPTION AND NUMERICAL CONSIDERATIONS
Geometric Model
The centrifugal pump can be divided into four parts according to the overall flow (Li et al., 2018; Li et al., 2020): impeller flow channel, inlet flow channel, outlet flow channel, and volute flow channel. In consideration of reducing the disturbance and stabilizing the flow, a cylindrical extension of four times the diameter is added to the impeller inlet and volute outlet, respectively, in the computational domain model. Pro/Engineer software is used to model the full flow channel of the centrifugal pump, and the 3D model obtained is shown in Figure 1. The structural design parameters of the pump are shown in Table 1.
[image: Figure 1]FIGURE 1 | Three-dimensional model of the centrifugal pump: (A) geometric model; (B) overall perspective view of the centrifugal pump with IGVs.
TABLE 1 | Main design parameters of the centrifugal pump.
[image: Table 1]Two symmetrical inlet straight thick guide vanes were arranged in the inlet section of the centrifugal pump, and the schematic diagram of the guide vane is shown in Figure 2. The length of the vane a is 40 mm, the width b is 50 mm, the thickness c is 2 mm, the distance of the vane from the impeller inlet is 60 mm, and the offset angle between the vane and the axial direction is θ. The geometric shapes of IGVs at different offset angles are demonstrated in Figure 3.
[image: Figure 2]FIGURE 2 | Schematic diagram of inlet guide vanes: (A) side view; (B) radial view.
[image: Figure 3]FIGURE 3 | IGVs at different offset angles: (A) 0°; (B) 15°; (C) 25°; (D) 35°.
Computational Mesh
The multiple reference frame (MRF) method is used for data transfer between dynamic and static computational domains. The meshes are generated for impellers and IGVs with ANSYS ICEM, and the meshes of IGVs and impellers are exhibited in Figure 4. Local refinement is used to improve the simulation accuracy.
[image: Figure 4]FIGURE 4 | Mesh of IGVs, volute, and impeller.
Numerical Methods
The shear stress transport (SST) k-ω turbulence model was applied to solve the flow equations in this study. It has the capability to predict the flow within a side channel pump after evaluating the effects of different turbulence models. And the k-ω model can better simulate turbulent flow away from the wall and has a wider application for solving boundary layer problems under various pressure gradients (Wang, He, Shi et al., 2019; Li et al., 2019; Pei et al., 2019). The boundary condition at the pump inlet and outlet is set to the mass flow rate and pressure, respectively. And the no-slip condition is applied on pump walls, and the scalable wall function is used for near-wall regions. The control equations are as follows.
k equation:
[image: image]
ω equation:
[image: image]
The turbulent viscosity is calculated using
[image: image]
Here, β′, α, β, σk, and σω are empirical model parameters: β′ = 0.09, α = 5/9, β = 0.075, and σk = σω = 2.
The second law of thermodynamics states that the entropy of an isolated system does not decrease, also known as the principle of entropy increase. Fluid flow in centrifugal pump is complex and vortex currents are created. Fluid-fluid interactions and fluid-wall interactions result in fluid energy loss. The entropy generation rate (EGR) in turbulent flow consists of two terms: the first part caused by the dissipation in the averaged flow (direct or viscous dissipation) and the other part due to the dissipation in the fluctuating terms of the flow (turbulent dissipation). The unit volume entropy generation is defined as
[image: image]
where [image: image] is the direct dissipation term:
[image: image]
where [image: image], [image: image], [image: image] denote the time-averaged velocities in the x, y, and z directions, respectively, T is the temperature, and [image: image] is the kinetic viscosity. And [image: image] is the turbulent dissipation term:
[image: image]
Based on investigations by Kock and Herwig (2004), Herwig and Kock (2006), and Eliezer and Cohen (2001), the specific entropy generation rate due to the turbulent dissipation [image: image] is to be calculated through the proposed models. These models describe the relationship between the turbulent entropy generation rate and the parameters obtained from the solution of turbulence model equations. These models are accurate for flows with high Reynolds number, and as Re→∞, they lead to an exact solution:
[image: image]
Furthermore, Eq. 7 can be approximately given by the following expression:
[image: image]
where k and ω are the turbulence kinetic energy and characteristic frequency in the shear stress transport (SST) model, respectively. C is an empirical constant and equals 0.09 (Menter, 1994).
A reasonable selection of the number of meshes can both speed up the calculation and ensure the accuracy and reliability of the simulation results (Li et al., 2017; Wang, He, Cheng et al., 2019). Four groups of computational models with different grid numbers were used for numerical simulations, and their heads were obtained separately, as shown in Table 2. The result shows that all the deviations are within 0.5%. Taking the factors such as saving computing resources and computing time into account, the third grid was finally selected. The accuracy and reliability of the numerical method were verified as well by comparing the simulation pump head and efficiency with experiment results under different flow rates (Lin et al., 2020).
TABLE 2 | Grid independence check for the simulation.
[image: Table 2]RESULTS AND DISCUSSION
The Results of External Characteristics
The results of the external characteristic curves of the pump with IGVs of different offset angles at small operating conditions are shown in Figure 5. From Figure 5, it can be seen that the head and efficiency of the pump with 15°, 25°, and 35° IGVs are higher than those of the pump with 0° IGVs at each small operating condition, and the pump with 25° IGVs has the greatest increase in head and efficiency. Comparing the differences of the head and efficiency of the pump with 0° IGVs and the pump with 25° IGVs under different flow conditions, the head increased by 2.11, 0.95, and 0.73% at the three small flow conditions of 0.4Qd, 0.6Qd, and 0.8Qd, respectively, and the efficiency increased by 2.51, 1.67, and 1.25%, respectively. In order to study the intrinsic microscopic mechanism of the above external results, the internal flow of the centrifugal pump was analyzed. Considering the actual operating environment of the centrifugal pump and the range of operating conditions studied in this paper, we selected the 0.6Qd operating point and the 0.8Qd operating point for the internal flow study.
[image: Figure 5]FIGURE 5 | External characteristics of centrifugal pumps: (A) flow-head; (B) flow-efficiency.
Internal Flow Characteristics
Figure 6 shows the streamlines of relative velocity at mid-section (the location of each flow path is shown in Figure 1A). When the centrifugal pump is operated under low flow conditions, different degrees of vortices appeared in both path 1 and path 6 near the tongue, and the vortices resulted in large vortex cores in the impeller path. Compared with the 0.8Qd operating point, the dynamic and static interference between the tongue and the impeller is more obvious at the 0.6Qd operating point, and the flow pattern in path 1 and path 6 is more turbulent. At the 0.6Qd operating point, the increase of the vane angle is beneficial to reducing the scale of vortices in the flow path. Besides, the area of the vortex core in flow path 1 is the smallest, and there is no large-area agglomeration. At the 0.8Qd operating point, there are almost no vortices in flow path 1 and the area of the low velocity region is minimal.
[image: Figure 6]FIGURE 6 | Streamlines of relative velocity at the cross-section: (A) 0.6Qd and (B) 0.8Qd.
The volute is divided into zones, as shown in Figure 7. The VI and VIII sections of the volute shown in Figure 7 are selected, and their flow is analyzed. The velocity contour and streamlines of the mid-sections under two operating conditions are shown in Figure 8. The offset angle of the guide vane has a certain influence on the size and position of the vortex in the volute section, and the pump with 25° IGVs is the most effective in reducing the size of the vortex. At 0.8Qd operating conditions, the 25° IGV pump has a more stable flow in Section VIII near the spacer tongue. The above results indicate that the increase of the angle has a certain effect on improving the flow pattern near the tongue. The 0.8Qd operating point is closer to the design point, and its scale of vortices is reduced compared with that of 0.6Qd.
[image: Figure 7]FIGURE 7 | Circumferential angle and cross-section distribution of the volute.
[image: Figure 8]FIGURE 8 | Velocity contours and streamlines of four pump sections under two operating points. (A) 0.6Qd and (B) 0.8Qd.
Local Entropy Generation Analysis
The relationship between the flow inside the centrifugal pump and the energy loss can be visualized in Figure 9. The vortex in the impeller is represented by the Q-criterion, and the actual value of the Q-criterion is 3.6 × 105 s−2. At the 0.6Qd operating point, a larger range of high Q regions appears in flow path 1 of four pumps due to the stronger dynamic and static interference near the tongue. Since the flow of the pump with 25° IGVs is more stable, the area of vortex core in flow path 1 is the smallest. From Figure 9, it can be obtained that the increase in the vane’s angle is conducive to reducing the intensity of the vortex and the local entropy generation rate (EGR) in the flow path. At the operating point of 0.8Qd, the effect of increasing the offset angle on reducing the area of vortex core in the flow path is more obvious, indicating that 15°, 25°, and 35° offset angles can effectively suppress the flow turbulence.
[image: Figure 9]FIGURE 9 | Local EGRs and vortex cores of the centrifugal pump with vanes of different offset angles: (A) 0.6Qd and (B) 0.8Qd.
The local entropy generation rate for the pump with vanes of different angles at 0.6Qd and 0.8Qd operating points is illustrated in Figure 10. And the percentage reduction of energy loss in the cross-section for the four pumps is shown in Table 3 (percentage represents the relative ratio of energy loss to that of the pump with 0° IGVs). The energy loss in the section tends to decrease with the increase of the guide vane angle. Compared with that of the pump with 0° IGVs, the energy loss of the pump with 25° IGVs in the cross-section is reduced by 21.12 and 17.82% for the two operating conditions, respectively. The influence of the offset angle on the internal flow of the centrifugal pump is shown as follows: the 25° IGV has the best improvement impact on flow path 1 near the tongue, and the pump’s head and efficiency have improved the most. The larger vortex core area of flow path 1 in the pump with 0° IGVs indicates a much more complex vortex structure in flow path 1, which results in more energy dissipation during energy transport.
[image: Figure 10]FIGURE 10 | Entropy generation rate at 0.6Qd and 0.8Qd operating points.
TABLE 3 | Relative percentage reduction of energy loss at 0.6Qd and 0.8Qd operating points.
[image: Table 3]From the above analysis results and combined with the efficiency and head curves, it can be seen that the increase of the vane angle can improve the flow pattern of fluid in the volute and impeller, increasing the head and efficiency of the centrifugal pump. In order to further reveal the reason why the offset angle of the IGV should not be too large, we subjected the inlet of the centrifugal pump with 25° and 35° IGVs to flow and loss analysis. The contour of the entropy generation rate is depicted in Figure 11 for five different cross-sections of the inlet, and the inlet vortex core of two pumps is characterized in Figure 12. The actual value of the Q-criterion is 9 × 104 s−2. Compared with the 0.6Qd operating point, the 0.8Qd operating point which is closer to the design point has a lower entropy generation rate under the same condition. In both operating conditions, the loss of energy near the inlet increases with the increase of the offset angle.
[image: Figure 11]FIGURE 11 | Cross-sections of the inlet pipe.
[image: Figure 12]FIGURE 12 | Contours of the entropy generation rate at different cross-sections and vortex cores of the inlet pipe: (A) 0.6Qd and (B) 0.8Qd.
The distribution of vortex core in the inlet pipe is more consistent with the variation of energy loss: the higher Q value of the region corresponds to the larger energy loss, which indicates that the energy loss near the vanes is mainly caused by vortices. It is obvious from Figure 12 that the core is mainly distributed in the suction side of the guide vane, which means that the fluid flowing around the guide vanes will produce vortex in the suction side of the guide vane. The above analysis can be summarized as follows: it can be concluded that, for the same operating point, the 35° IGV causes a larger vortex compared to the 25° IGV. Excessive offset angle of the IGV increases the flow turbulence near the inlet, intensifying the hydraulic losses and making the head and efficiency smaller.
Pressure Characteristics at the Cross-Section
Figure 13 shows the static pressure distribution at the cross-section in the centrifugal pump. The static pressure distribution pattern in the pump is basically the same in both operating points. As the flow rate increases, the pressure at the outlet of the volute gradually decreases, but the area of higher pressure remains in the volute. At the 0.8Qd operating point, the pressure at the volute outlet is the lowest. In the impeller flow path, the pressure value increases continuously from the impeller inlet to the outlet. But in the flow path near the tongue, the pressure value distribution is different from that in the other flow paths due to the influence of the tongue, and the pressure gradient is more uneven. At the impeller inlet, due to the energy loss, low-pressure areas appear in both operating conditions, and the low-pressure area is not uniformly distributed. In both operating points, the low-pressure area of the impeller inlet of pumps with 15°, 25°, and 35° IGVs is smaller than that of the pump with 0° IGVs, indicating that the increase in the offset angle of IGVs can reduce the energy loss at the impeller inlet. Of the four pumps studied, the pump with 25° IGVs has the best effect on the pump’s impeller inlet pressure improvement: the low-pressure area is smaller and the distribution of the low-pressure area is more uniform.
[image: Figure 13]FIGURE 13 | Contours of static pressure at the cross-section: (A) 0.6Qd and (B) 0.8Qd.
The pressure distribution at the interface between the volute and the impeller is shown in Figure 14, and the pressure is distributed periodically. In the vicinity of the tongue, the pressure fluctuation is more violent. As the flow rate decreases, the pressure fluctuation near the tongue becomes more and more violent. The pump with 0° IGVs has the lowest pressure at the impeller outlet near the tongue, while the pump with 25° IGVs has the most significant pressure boost. At the position away from the tongue, the pressure distribution at the intersection of the volute and impeller is basically the same for all four pumps, which indicates that the offset angle has no significant effect on the flow at locations away from the tongue.
[image: Figure 14]FIGURE 14 | Pressure distribution at the intersection of the volute and impeller: (A) 0.6Qd and (B) 0.8Qd.
CONCLUSION
The flow characteristics of the centrifugal pump with IGVs of different offset angles were numerically simulated, and the effects of offset angle on the impeller flow, volute flow, and inlet flow were compared and analyzed. Some conclusions are as follows:
1) At 0.4Qd, 0.6Qd, and 0.8Qd operating points, the head and efficiency of pumps with 15°, 25°, and 35° IGVs are higher than those of the pump with 0° IGVs. Among the studied pumps, the head and efficiency of the pump with 25° IGVs have improved the most. The pump with 25° IGVs increased the head by 2.11, 0.95, and 0.73% and the efficiency by 2.51, 1.67, and 1.25%, respectively, compared with that with 0° IGVs.
2) The angle of the IGV has a more pronounced effect on the flow in the flow path near the tongue. The pump with 0° IGVs has a strong vortex in the impeller and a complex flow near the tongue, which always has the largest energy loss. On the contrary, when the IGV is installed at an angle of 25°, the impeller inlet low-pressure area is weakened and the turbulent kinetic energy near the tongue is smaller. It can better reduce the hydraulic loss caused by inlet shock, flow separation, and vortex, thus increasing the pump head and efficiency.
3) Fluid flow around the guide vane will produce vortex on the suction side of the vane, making the energy loss on the suction side greater than that on the pressure side. And the larger the angle of the guide vane, the greater the energy loss on the suction side of the vane. The energy loss of the inlet is the reason why the external characteristics of the centrifugal pump are not proportional to the angle of the IGV.
4) Setting a certain offset angle of the inlet guide vane can inhibit the backflow and separation flow of the impeller inlet and improve the internal flow state of the impeller. And it is beneficial to reducing the energy loss in the impeller so that the centrifugal pump exhibits a higher head and efficiency.
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Time-resolved particle image velocimetry (TR-PIV) measurements were conducted to analyze the unsteady flow field developing in a centrifugal pump. The flow structures in the impeller passage under different flow rates were investigated. The overall statistical characteristics of the flow were obtained with the study of relative phase-averaged flow field, phase-averaged turbulent kinetic energy (TKE), and the analysis of frequency. Through the study of the first few proper orthogonal decomposition (POD) modes of the flow field, the coherent flow structures under several flow rates were revealed, consequently, the flow fields were reconstructed by the POD modes. Results show that the main flow structures could be reflected by the first few modes of the flow field: when the fluid follows the blade contour well, the first few modes corresponded to the “jet-wake” structures; when the large-scale flow structures appear in the passage, the 1st and 2nd modes were associated in pairs and corresponded to the stall cells, the 3rd and 4th modes corresponded to the “jet-wake” structures, and the 5th and 6th modes corresponded to the passage vortexes or the “jet-wake” structures (for the extreme part-load conditions). The flow structures that were reflected by the first few modes change as the decrease of flow rate, especially, at the extreme part-load condition, not only the shapes of the flow structures changed, but also the flow direction is reversed. This indicates that the generation mechanism of turbulent kinetic energy in the flow passage changed at the extreme part-load conditions.
Keywords: TR-PIV, centrifugal pump, POD, coherent structure, energy loss
1 INTRODUCTION
Centrifugal pumps consume about 20% of the total generated energy in the world due to their extensive usage in petrochemical, chemical, coal, chemical, pharmaceutical, and other process fields (Arun Shankar et al., 2016; Bozorgasareh et al., 2021). Improving the efficiency and stability of centrifugal pumps is an urgent request for sustainable development (Krause et al., 2005; Keller et al., 2014; Zhang et al., 2020; Zhang et al., 2021). While unsteady flow structures is the core technical problem to centrifugal pumps’ improvement.
Numerous studies have revealed the relationship between the pump operation instability and the unsteady flow structures. Tan et al. (2017) investigated the role of blade rotational angle in the energy performance and pressure fluctuation of a mixed flow pump and found that the maximum amplitude of pressure fluctuation in the impeller at a blade rotational angle of 4° is greater than that of a blade rotational angle at 0°and 4°, the performance was caused by the strong vortex intensity. Santolaria Morros et al. (2011) explored operation characteristics of a pump in reverse mode involved in unsteady flow pattern and forces. These results demonstrated that fluctuations derived from blade-tongue interactions possess up to 25% of steady component, constituting a serious risk of fatigue failure. Xia et al. (2014) investigated the rotating stall of a pump-turbine in pump mode, and they concluded that under rotating stall condition, the enforced rotating non-uniform pressure distribution on the circumference acting on the impellers can result in a stronger sub-synchronous fluctuation of radial force, which leads to rotor-dynamic instabilities and strong vibrations. Moreover, the difference of pressure fluctuations on both sides of the guide vanes induces torque variations, which may have adverse influence on the machine operation. Kaupert (1999) and Kaupert and Staubli (1999) investigated the unsteady pressure field within a high specific speed centrifugal pump impeller, and they found that the hysteresis loop of the pump may be caused by the backflow at the runner outlet and recirculation at the runner inlet.
The analysis of energy loss within a pump reveals that turbulent dissipation could cause the energy loss. Ghorani et al. (2020) studied the irreversible energy losses within the pump as turbine (PAT), and they found that the blade inlet shock, flow deviation at the blade outlet, flow separation, backflow, and vortices in flow passages were categorized as the main reasons for irreversible hydraulic losses within the PAT components. Their results indicate that the turbulent entropy generation is the dominant mechanism for hydraulic losses. Shi et al. (2020) investigated the velocity distribution in the tip clearance of a multiphase pump, their results show that the flow separation phenomenon occurred at the radial coefficient of 0.97 and led to the increase of the turbulent energy loss of the pump. Li et al. (2018a) analyzed the hydraulic loss and flow field in a PAT, their results show that the increase in hydraulic loss in the runner is caused by the backflow and accompanying vortices at the runner inlet near the shroud. On the other hand, the increase in hydraulic loss in the stay/guide vanes is caused by the flow separation and separation vortices near the hub or the shroud. In order to further enrich the theory of rotational stall, Li et al. (2020a) and Li et al. (2020b) explored the mechanism of internal energy loss in the mixed-flow pump under stall conditions. They found that the high-value region of turbulent kinetic energy was basically corresponding to the backflow region of the impeller outlet and the separation region of the boundary layer near the suction surface, which led to a great increase of energy loss in the impeller.
The aforementioned investigations reveal that unsteady flow structures are responsible for the operation stability and energy loss. The flow structures inside the turbomachines are very complicated, including stall sell, flow deviation, flow separation, backflow, and vortices in flow passages, etc. These flow structures overlap and interact with each other, and it is difficult to obtain the characteristics of a single flow structure and the losses. However, when designing the pump, structural optimization is mainly to suppress the main flow structure that produces instability and loss. Therefore, it is necessary to extract these main flow structures from the flow field and analyze their characteristics. Nowadays, the POD method has been widely used to identify the most important and energetic structures dominated in the flow field. Li et al. (2018b) analyzed the airflow characteristics of thermal plumes inside a small space with POD, and the spatial and temporal characteristics of thermal plumes were identified. Lim et al. (2019) extracted POD modes of flow field about the free jets issued from V-notched nozzles, and the results showed that there was energy redistribution from low-order modes to higher-order modes along both PP- and TT-planes of both notched nozzles. Zhou et al. (2021) implemented the POD analysis to reveal the dominant modes of the flow field near the trailing edge of a pitching NACA 0012 airfoil. Tang et al. (2020) used a POD method to decompose the flow structures downstream of a dynamic cylindrical element in a turbulent boundary layer. Yang et al. (2019) applied the POD method to uncover the relation of the instantaneous energetic large-scale turbulent structures to the dominant POD modes. Moreover, POD has also been used to analyze the coherent structures in turbomachines. Han and Tan (2020) used a POD method to decompose the tip leakage vortex in a mixed flow pump as turbine at pump mode and found that POD could capture the main coherent structures of tip leakage vortex. Semlitsch and Mihăescu (2016) applied POD on the analysis of the flow structures appearing in a centrifugal turbocharger compressor. However, the focus of all recent studies has been made on the volute or diffuser, and little research has been done on the flow field characteristics inside the impeller.
In the present work, a TR-PIV system was utilized to measure the flow fields in a special voluteless centrifugal pump. The phase-averaged relative velocities, TKE, and frequency analysis were obtained to analyze the overall statistical characteristics of the flow. The POD method was used to decompose and reconstruct the passage flow. The contributions to the overall energy and the spatial/temporal behavior of the large-scale flow structures were analyzed in detail, and the dynamic and kinematic energy characteristics of the coherent flow structures that were in the impeller were revealed. Understanding the dynamic and energy dissipation characteristics of the unstable flow structure in the pump would allow inventing improved design methods for delaying or suppressing the unstable flow structures.
2 METHODOLOGY
2.1 Experimental Setup
The pump was subjected to a closed loop (containing a variable frequency drive system, two pressure sensors, three discharge valves, and an electronic flowmeter), which have been already described by Li et al. (2020c). The test pump is a special voluteless centrifugal pump. The impeller and pump casing are made of transparent plexiglass to visualize the flow. Figure 1 shows the test rig and test pump. The main characteristics of the impeller are listed in Table 1. Water was used as working fluid in the pump.
[image: Figure 1]FIGURE 1 | Test impeller.
TABLE 1 | Impeller geometry.
[image: Table 1]2.2 Time-Resolved Particle Image Velocimetry
A TR-PIV system from Lavision was used to obtain a 2D velocity field. The main components are a laser, a laser guiding arm, a high-speed CMOS camera (Phantom Miro 320), and a synchronizer. A commercial software package (DaVis 10.1.2, LaVision) was used to control the image acquisition timing and obtain the velocity fields. The flow was seeded with glass hollow spheres, the diameters ranged from 9–13 μm, and the density is 1050 kg/m3. During the test, the particles were scattered well in the pump. The laser guiding arm and light sheet optics system forms a light sheet of 1 mm thickness and directed along the mid-plane of the impeller. The CMOS camera with 1920 × 1200 pixels was used to acquire images, a Nikkor f = 50 mm, f/1.4 objective from Nikon Corporation was used and an optical filter with a 527-nm high pass filter was installed in front of the camera in order to increase signal-to-noise ratios. The camera was aligned perpendicularly to the laser sheet. The acquisition area contains a complete flow path with a resolution of 0.13 mm/pixel. The maximum frame rate of the camera is 1380 Hz at full resolution, and the minimum frame interval is 1.4 μs. A triggering system (shaft encoder) was used on the rotating shaft, and images were acquired in the same phase of each cycle. The images were processed by the LaVision Davis 10.1.2 software. The multiple interrogation method was used to process the images. The interrogation windows decrease in size in successive iterations: 64 × 64 pixels with 50% overlap, and 32 × 32 pixels with 75% overlap. According to Wernet (2000) the associated uncertainty in the instantaneous PIV velocity estimates was of 1% of the measured velocity, and the remaining particle lag errors arising from non-uniform particle seeding or particle lag are also assumed to be less than 1%, so the relative uncertainty in particle displacement was estimated as 2%.
2.3 Proper Orthogonal Decomposition
The idea of the POD approach is to find the maximized projection of the collected velocity fields onto an orthogonal basis. Moreover, it was introduced into turbulence analysis by Lumley (1967) and Holmes et al. (1997). In the present study, implementation of the POD analysis was based on the mathematical procedure described by Sirovich (1987). A summary of the method is reported here. In the 2D measurement plane, the instantaneous PIV snapshots are arranged into a matrix V:
[image: image]
where M is the number of spatial nodes in a single snapshot, N is the total number of time steps, u denotes the horizontal velocity component, and v is the vertical velocity component. The fluctuating matrix, [image: image], is then calculated by subtracting the mean velocity field, [image: image], from V.
Next, the auto-covariance matrix is formed as follows:
[image: image]
The eigenvector [image: image] and eigenvalue [image: image] can be solved as follows:
[image: image]
The solutions are ordered according to the magnitude of the eigenvalues:
[image: image]
The spatially orthogonal POD mode may be obtained by:
[image: image]
The fluctuating part of the instantaneous velocity field can be calculated with the POD modes by:
[image: image]
where a is the corresponding temporal coefficient.
2.4 Measurements Conditions
The measurements were carried out at a pump rotation speed of 1200 rpm, which corresponds to fBP = 20 Hz and a blade tip speed Utip of 8.92 m/s. The best efficiency point (BEP) was observed at a flow rate of QBEP = 2.4 m3/h. In addition, the experiments were carried out at four flow rates: 0.2 QBEP, 0.4 QBEP, 0.6 QBEP, and 1.0 QBEP. For each flow rate, successive double images were taken every impeller rotation. Therefore, the image collection frequency is 20 Hz. The passages have been numbered from 1 to 5 as presented in Figure 1B. A convergence analysis at four reference points (Figure 1B) showed that convergence starts at about 150 double images (results not shown). Nevertheless, at least 200 double images were obtained for all the results reported herein. Since the development trend of the fluid inside each flow passage is relatively similar with the change of flow rate, the study focuses on the passage 1 shown in Figure 1B. Since the state of the fluid before entering the impeller directly affects the flow state inside the impeller, the study area includes the flow area between the impeller and the shaft, as shown in Figure 1B.
3 RELATIVE PHASE-AVERAGED FLOW FIELD AND STATISTICS
3.1 Relative Phase-Averaged Flow Field
A preliminary view of the influence of flow rate on the impeller passage can be gained by the time averaged flow field. The relative phase-averaged flow field of an impeller passage has been widely described in previous publications (Westra et al., 2010; Li et al., 2020d). Figure 2 shows the phase-averaged relative velocity maps for different flow rates. The contour maps are colored by the vector magnitude, which is normalized by Utip. The relative velocity is obtained by [image: image], where U is the absolute velocity and [image: image] is the local velocity of the impeller. When the flow rate is 1.0 QBEP, the fluid at the inlet near the suction side enters the flow passage along the blades with a high velocity, and the fluid follows the blade contour very well. Nevertheless, ‘jet-wake’ phenomenon is still present. When the flow rate is 0.6 QBEP, the fluid near the suction side deviates from the suction side due to the increase of the attack angle, resulting in blockage. Then the fluid entering the passage is greatly reduced, its velocity is also significantly reduced, resulting in the appearance of a vortex at the suction side. When the flow rate is 0.4 QBEP, the inlet fluid deviates from the suction surface more severely, causing the suction side of the vortex to increase in size, and a smaller vortex appears at the pressure side. When the flow is further reduced to 0.2 QBEP, the scales of the two vortexes are further increased. From the average relative velocity field, the deviation of the inlet fluid is a key factor that causes the instability of the flow in the passage. In addition, for all flow rates, the ‘jet-wake’ phenomenon at the outlet intensifies as the flow rate decreases.
[image: Figure 2]FIGURE 2 | Phase-averaged in-plane relative velocity.
3.2 Phase-Averaged TKE Distribution
It is of particular interest to observe the mean TKE distribution of the velocity field as it is the component responsible for the total energy distribution of injected momentum over the flow field. Figure 3 shows the normalized phase-averaged TKE distributions for different flow rates. Because of the limitations of 2-D measurements, the phase-averaged TKE is calculated through fluctuating components of velocity as shown below:
[image: image]
[image: Figure 3]FIGURE 3 | Normalized phase-averaged TKE distributions.
As shown in Figure 3, a global view on the flow field shows that the high TKE values are observed at the passage inlet and outlet, which is consistent with Pedersen (2000). For the flow rate 1.0 QBEP, the high TKE area is located at the passage outlet, which is probably due to the “jet-wake” phenomenon. In addition, compared with other flow rates, the maximum value of TKE is the smallest when the flow rate is 1.0 QBEP due to the relatively uniform flow in the flow channel. For the part load flow rates, high TKE values at the passage inlet near the suction side become maximum, and the other turbulence sheet with less TKE can be observed at the middle of the passage outlet. For the flow rate 0.6 QBEP, flow instability causes blockage at the inlet, making the inlet fluid accelerate, causing a larger shock effect at the inlet, and therefore, generating the maximum turbulent energy. As the flow rate decreases, the flow velocity at the inlet decreases gradually due to the increase of the inlet blockage. Therefore, the maximum value of TKE in the passage decreases gradually. In addition, the deterioration of the internal flow field causes a gradual increase in the area with high TKE values. The high value area located at the inlet extends toward the pressure side, and the high value area located at the outlet extends toward the pressure side, the suction side, and the inlet direction, respectively.
3.3 Velocity Spectra
According to the distribution characteristics of the relative phase-averaged velocity and TKE field, four points (marked with a black dot in Figure 1B) are selected for velocity spectrum analysis. Points 1 and 3 are located in the high TKE values area, and points 2 and 4 are located in the core area of the two vortexes, respectively. For this analysis the fast Fourier transformation (FFT) was used within a MATLAB 2014 algorithm. Because there is no unsteady flow generated at the flow rate of 1.0 QBEP, the spectral analysis is only performed for the flow fields of 0.2 QBEP, 0.4 QBEP, and 0.6 QBEP. Figure 4 reveals that the dominant frequencies at flow rates of 0.6 QBEP, 0.4 QBEP, and 0.2 QBEP are 2.2, 3.3, and 6 Hz, respectively. All PSDs were normalized by the maximum peak amplitude value (for the point 1, at the flow rate of 0.2 QBEP). These frequencies lie in the range of 11–30% of the rotor speed, which is known as a typical propagation speed of a stall cell (Pedersen et al., 2003; Krause et al., 2007). As shown in Figure 4A, for the flow rate of 0.6 QBEP, the second and third peaks at point 2 are at 5.0 and 5.9 Hz, respectively. At point 4, the second peak is at 3.1 Hz, and some other peaks are at 4.0 Hz, 5.0 Hz, and so on, meaning the existence of other second flow structures in the vortex region near the suction and pressure side. The highest peak at point 3 is at 3.1 Hz, the second and third peaks are at 3.28 and 4.8 Hz, respectively. These frequencies do not coincide with the main frequencies but are equal or close to the other frequencies at points 2 and 4, probably due to the mixing of the upstream flow at the outlet. As shown in Figure 4B, for the flow rate of 0.4 QBEP, the second peak at point 2 is at 6.5 Hz. At point 3, the highest peak is at 6.5 Hz, which is consistent with the second peak at point 2. At point 4, the second and third peaks are at 5.7 and 4.0 Hz, respectively. As shown in Figure 4C, for the flow rate of 0.2 QBEP, the highest peaks are at 6.0 Hz at points 1, 2, and 4. But the highest peak for point 3 is at 8.2 Hz. Point 2 has a second peak at 8.1 Hz and a third peak at 6.7 Hz, indicating that the suction side appears to have the small-scale structures.
[image: Figure 4]FIGURE 4 | Spectra of the velocity fluctuations measured at three points, (A) 0.6 QBEP, (B) 0.4 QBEP, and (C) 0.2 QBEP.
4 PROPER ORTHOGONAL DECOMPOSITION RESULTS
For each flow rate, 200 instantaneous vector fields are used to perform the POD analysis by the POD code in MATLAB. The sensitivity of the POD analysis in relation to the number of the vector fields is studied for the flow rate of 0.4 QBEP. The results obtained for the first six eigenvalues are plotted in Figure 5. The magnitude of the first four largest eigenvalues does not change significantly when the number is larger than 150. This indicates that the number of velocity fields 200 is sufficiently large for providing statistically converged results.
[image: Figure 5]FIGURE 5 | Eigenvalue convergence as a function of ensemble size.
4.1 Flow Energy Distributions
The distribution of the relative TKE content [image: image] associated with the individual mode is shown in Figure 6A, and the values for the first 10 modes are shown in Table 2. The cumulative energy contents [image: image] for different numbers of the POD modes are shown in Figure 6B. For the flow rate of 1.0 QBEP, the cumulative energy content is 53.35% for the first 10 modes and 21.8% for the first 2 modes. As for the other flow rates of 0.2–0.6 QBEP, their cumulative energy content for the first 10 modes is 77.09, 81.2, and 83.98%, respectively. For the first two modes, it is 47.45, 55.58, and 62.98%, respectively. These distributions indicate that there is significant energy redistribution to POD modes for different flow rates. It suggests that for the flow rate of 1.0 QBEP, the large-scale and coherent flow structures that are associated with lower POD modes are the most incoherent and minimum. For the other flow rates, the large-scale and coherent flow structures are being rendered more incoherent and smaller scale as the decrease of flow rates. Which indicates the energy is redistributed to the higher POD modes and the flow structures are more complex as the flow rate decreases. This trend is consistent with the mean flow characteristics described earlier. For all the flow rates, the energy content does not show classical distribution: the energy content for the first mode is much higher than that for the second mode, and also the following modes do not look like they are in pairs. Furthermore, the largest energy content reduction occurs for the first mode as the decrease of flow rate, which would correspond to the change of the large-scale coherent flow structures.
[image: Figure 6]FIGURE 6 | (A) Energy contribution of each mode and (B) cumulative energy contents.
TABLE 2 | Specific values for the first 10 modes.
[image: Table 2]4.2 Analysis of POD Modes 1 and 2
4.2.1 Vector Plots
Figure 7 shows the vector plots for the first two modes, the contour maps are colored by the vector magnitude which is normalized by Utip. For the flow rate of 1.0 QBEP, the large flow structures are detected at the passage outlet that is near the pressure side for both modes. In addition, the area is consistent with the high TKE area that is shown in Figure 3. Both modes display similar structures as shown in Figure 7, which illustrates the presence of alternate counter-rotating vortexes, reflecting the mutual interaction process occurring between the backflow and the outflow. As for the flow rate of 1.0 QBEP, the fluid in the passage follows the blade very well, thus no large-scale coherent structures in the passage have been observed. However, due to the complexity of the flow in the passage, the low energy fluid has been swept toward the suction side, and the high-energy fluid has been forced toward the pressure side. Therefore, the “jet-wake” structure is taken place at the outlet of the impeller, and the high-energy fluid near the pressure side results in a jet region (Pedersen et al., 2003). The first two modes are the reflection of the mixing of the “jet-wake” (Pedersen et al., 2003), which means that the energy losses are mainly from the “jet-wake” structure for the flow rate of 1.0 QBEP.
[image: Figure 7]FIGURE 7 | The vector plots of the first and second modes for different flow rates. (A) First mode, (B) second mode.
As for the flow rates of 0.2 QBEP to 0.6 QBEP, large flow structures are detected in the passage. For the first mode, at the flow rate of 0.6 QBEP, the kinetic energy is concentrated near the suction side along the passage, a large-scaled anticlockwise vortex structure near the pressure side is observed at the impeller inlet, and an anticlockwise vortex with the same scale is downstream this vortex. The upstream vortex blocks the passage inlet, since the vortex is closer to the pressure side, the fluid near the suction side is accelerated. As the fluid flows downstream, the accelerated fluid bends and forms the second vortex at the leading edge of the pressure side. As the flow rate further decreases to 0.4 QBEP, the kinetic energy is concentrated at the passage inlet, and the downstream vortex disappears, the scale and strength of the upstream vortex increase, due to the stronger blocking effect. When the flow rate decreases to 0.2 QBEP, the upstream vortex turns rotating clockwise, and the flow direction in the passage begins to reverse. Indicating the vortex dynamics is different from that at 0.4 QBEP, and the turbulent kinetic energy is mainly caused by reverse flow. For the flow rates of 0.2 QBEP to 0.6 QBEP, the position of accelerated area is consistent with the high TKE area that is near the passage inlet.
For the second mode, at the flow rate of 0.6 QBEP, the kinetic energy is concentrated at the middle of the passage, a large-scaled clockwise vortex structure near the suction side is observed at the impeller inlet. In addition, an anticlockwise vortex with the same scale near the pressure side downstream the vortex is observed. Both vortexes are induced by the inlet fluid that is near the pressure side. At the passage outlet, a small-scaled vortex is observed downstream the anticlockwise vortex. At the flow rate of 0.4 QBEP, the scales of the two large-scaled vortexes are smaller than that at 0.6 QBEP, but the scale of the vortex near the passage outlet is much larger than that at 0.6 QBEP. At the flow rate of 0.2 QBEP, the kinetic energy is concentrated near the pressure side at the outlet of the passage, and an anticlockwise vortex is detected. For the flow rates of 0.2 QBEP to 0.6 QBEP, the positions of the vortexes that near the outlet are consistent with the high TKE area that nears the passage outlet.
4.2.2 Temporal Characteristics
Although there is no classical paired distribution between the first and second modes from the energy content distribution, the flow structures for the first two modes are complementary. To further investigate this observation, the corresponding temporal characteristics are determined. The normalized temporal coefficients (normalized by the maximum value for 0.6 QBEP) of the first two modes are shown in Figure 8A, their normalized frequency spectra (normalized by the maximum peak amplitude value for 0.6 QBEP) are shown in Figure 8B. The cross-correlations between the coefficients are shown in Figure 9. All cross-correlation values are normalized by the same peak amplitude value of cross-correlation values. At the flow rate of 1.0 QBEP, the temporal coefficient for both modes does not exhibit regular variation, and no prominent spectral peak has been found, meaning that no regular vortex shedding persists. Therefore, the structures in the “jet” region might be small-scale fluctuations, or the vortex shedding processes could not be resolved due to the limited time resolution. For the sake of simplicity, the temporal coefficients, the frequency, and the spectra cross-correlations are not shown in the figures.
[image: Figure 8]FIGURE 8 | Temporal characteristics of mode 1 and mode 2. (A) Temporal coefficients of the first two modes; (B) FFT distribution of the first two modes.
[image: Figure 9]FIGURE 9 | Cross-correlation between the first mode and the second mode. (A) 0.6 QBEP, (B) 0.4 QBEP, (C) 0.2 QBEP.
At the flow rate of 0.6 QBEP, the temporal coefficients for the first two modes have the same variation properties except that the variation strength for the second mode is smaller than that for the first mode, and the cross-spectrum showed that the two modes have 0.2 s time lag led by the second mode. Furthermore, a well-defined peak frequency for both modes corresponding to 2.2 Hz is identified. This is consistent with the frequency of stall cell described in Section 3.1. The distinct single peak indicates that there is a single flow phenomenon described by the first two modes at the flow rate of 0.6 QBEP. All the above temporal characteristics for the first and second modes display excellent matches, indicating that the first two modes are different phases of the stall phenomenon.
At the flow rate of 0.4 QBEP, the matching degree for the two modes is smaller than that at 0.6 QBEP. The variation properties of temporal coefficient for the two modes are different; a distinct single peak is identified at 3.3 Hz for the first mode, whereas for the second mode, two peaks are identified, the dominant peak occurs at 3.3 Hz and the other peak occurs at 6.5 Hz with a small amplitude. Furthermore, the cross-spectrum showed less correlation between the two modes. The frequency 3.3 Hz is consistent with the frequency of the stall cell described in Section 3.1. In addition the frequency of 6.5 Hz is consistent with the frequency corresponding to the highest peak of point 3 in Section 3.1. From the vector plots of mode 2 as shown in Figure 7B, the position of point 3 is exactly in the small-scale vortex area at the outlet. Therefore, it can be concluded that the frequency of this small-scale vortex structure is 6.5 Hz. In addition, the second peak of point 2 is also at 6.5 Hz, so it can be inferred that this small-scale vortex is caused by the backflow structure that is induced by the suction side vortex at the outlet. It is precisely because of this small-scale vortex structure that the correlation between the first mode and the second mode is reduced. However, they still mainly reflect the characteristics of the stall phenomenon.
At the flow rate of 0.2 QBEP, the flow structures become more complex, the vector plots and temporal coefficients do not show obvious correlation between the two modes. But the spectral peaks for the two modes both correspond to 6 Hz, the cross-spectrum also shows some correlations between the two modes, suggesting the possibility of limited matches between the two modes.
4.2.3 Analysis of Higher POD Modes
Figure 10 shows the vector plots for the third and fourth modes. The kinetic energy at different flow rates is concentrated at the passage outlet, and the flow structures are very similar to the first and second modes at 1.0 QBEP, indicating that both the third and fourth modes mainly reflect the characteristics of the ‘jet-wake’ structures. The flow structures extend toward the suction side along the outlet with the decrease of flow rate. For all the flow rates, the distributions of temporal coefficients and cross-spectrum between the third and fourth modes show that there is no obvious correlation between them. Therefore, only the frequency spectra are presented in Figure 11. The frequency spectra distributions are very noisy and multiple peaks at relatively low amplitudes can be observed. The peak frequency situations are also very intriguing. At the flow rate of 0.6 QBEP, the peak frequencies ranked in terms of amplitudes are detected at 3.06, 5.24, 7.32, and 4.0 Hz for the third mode, and 3.82, 8.4, 5.4, and 3.06 Hz for the fourth mode. At the flow rate of 0.4 QBEP, the peak frequencies occur at 4.26, 6.33, and 8.1 Hz for the third mode and 3.25, 2, 6.5, and 5.5 Hz for the fourth mode. While at the flow rate of 0.2 QBEP, the peak frequencies ranked in terms of amplitudes are detected at 6.0, 3.5, 8.1, and 2.1 Hz for the third mode, 6.0 and 8.2 Hz for the fourth mode. In addition, some of these frequencies coincide with those detected in Section 3.1. This suggests that at the outlet, the interaction between the upstream flow structure and the outlet flow structure creates the ‘jet-wake’ structures.
[image: Figure 10]FIGURE 10 | The vector plots of the third and fourth modes for different flow rates. (A) Third mode, (B) fourth mode.
[image: Figure 11]FIGURE 11 | FFT distribution of the third mode and the fourth mode. (A) 0.6 QBEP, (B) 0.4 QBEP, (C) 0.2 QBEP.
Figures 12–14 show the vector plots, the temporal frequency spectra, and the cross-correlations between the coefficients for the fifth and sixth modes. At the flow rates of 1.0 QBEP and 0.2 QBEP, the kinetic energy is concentrated at the outlet of the passage, very similar to the “jet-wake” structures, and no obvious peak can be identified for their frequency spectra. Therefore, the results for the flow rates of 0.6 QBEP and 0.4 QBEP are analyzed. At the flow rate of 0.6 QBEP, the kinetic energy for both modes is almost evenly distributed in the whole passage, and three large-scale vortexes can be seen for both modes. In addition, there are some other small-scale structures. For the frequency spectra, the maximum amplitude peaks are distinct and occur at 5.0 Hz for both the fifth and sixth modes. The cross-spectrum shows that the two modes have 0.1 s time lag led by the sixth mode. So that the dominant structures that are described by the two modes represent the same flow phenomenon, we introduce the passage vortexes. The frequency about 5.0 Hz is consistent with the frequency corresponding to the second peak of point 1 and the third peak of points 2 and 4 that were detected in Section 3.1, indicating that the passage vortexes are induced by the stall cell. At the flow rate of 0.4 QBEP, the main flow structures for both modes are also passage vortexes in the passage, but the energy in the outlet area is more concentrated. The frequency spectrum for both modes is also very similar. The maximum amplitude peaks for both modes occur at 6.5 Hz, which is also consistent with the frequency corresponding to the second peak of point 2 and the highest peak of point 3 that were detected in Section 3.1. But their cross-spectrum shows that their correlation decreases a lot. This is due to the appearance of the flow structures corresponding to the next highest peaks: 6.45 and 6.78 Hz correspond to the fifth and sixth modes. This means that the dominance of passage vortexes has been affected by the passage outlet structures. For the seventh mode, the vector plots exhibit smaller and irregular structures. In addition, no obvious peak can be identified for their frequency spectra, too. After the seventh mode, the structures of the higher modes become increasingly random and irregular; the details will not be repeated for the sake of brevity.
[image: Figure 12]FIGURE 12 | The vector plots of the fifth and sixth modes for different flow rates. (A) Fifth mode, (B) sixth mode.
[image: Figure 13]FIGURE 13 | FFT distribution of the fifth mode and the sixth mode. (A) 0.6 QBEP, (B) 0.4 QBEP.
[image: Figure 14]FIGURE 14 | Cross-correlation between the fifth mode and sixth mode. (A) 0.6 QBEP, (B) 0.4 QBEP,
4.2.4 Mode Reconstruction
Figure 15 shows the reconstructed vector plots using mean velocity and a few lower modes at an arbitrary time at 0.6 QBEP and 1.0 QBEP. At the flow rate of 0.6 QBEP, it is evident that the first two modes are sufficient to capture the largest-scale vortex which has been marked with a red rectangle in Figure 15A. The general structure of the other two vortexes (also marked with a red rectangle) can also be described, but their shapes and scales are significantly different from the raw flow field. As the number of modes considered in POD flow reconstruction increases, the structure of the two vortexes is closer to the raw flow field. When the first seven modes are used, the other two vortexes are basically the same in scale as those in the raw flow field, except for their different shapes. In addition, the flow reconstructed from 20 modes appears identical to the raw data in terms of vector plots. At this time, the energy occupied by the first 20 modes is more than 90% of the total energy. This is another indication that the chosen sample size for the number of flow fields is adequate. In addition, the large-scale structure in the flow field can be well displayed by the first seven modes, which means that the coherent structures in the flow field are mainly composed of the stall structure at the inlet, the “jet wake” structure at the outlet, and the passage vortex structure in the passage. Therefore, during the design of centrifugal pumps, it is suggested to consider suppressing these three types of flow structures, especially the stall structure caused by inlet blockage. This can provide guidance for the design of centrifugal pumps.
[image: Figure 15]FIGURE 15 | Comparison of vector plots between the raw and reconstructed fields. (A) 0.6 QBEP, (B) 1.0 QBEP.
At the flow rate of 1.0 QBEP, the deviation trend of the fluid from the pressure blade near the outlet is captured by the first two modes. As the number of modes considered in POD flow reconstruction increases, the deviation degree of the fluid increases slowly (the deviation area has been marked with a red rectangle in Figure 15B), and the flow structure is closer to the raw flow field. When the flow is reconstructed from 20 modes, the deviation degree is obviously smaller than that of the raw field. At this time, the energy occupied by the first 20 modes is 71.2% of the total energy. This means that more energy is allocated to higher-order modes when the flow field is without a large-scale flow structure. Therefore, the flow field reconstructed from the first few modes is not enough to express the flow characteristics.
5 CONCLUSION
The unsteady behavior of flow structures in a centrifugal pump is investigated by means of TR-PIV measurements. Four cases with different flow rates, e.g., 0.2 QBEP, 0.4 QBEP, 0.6 QBEP, 1.0 QBEP, are chosen for investigation. The POD method is employed to decouple and reconstruct the coherent structures of flow fields. The main conclusions can be drawn as follows:
1) The mean results show that the decrease of the relative velocity and the deviation to the suction side of the inlet fluid are the main causes of unstable flow. The TKE statistical results show that at the flow rate of 1.0 QBEP, the highest TKE value area is located at the passage outlet due to the “jet-wake” phenomenon; for the part load flow rates, the highest TKE values are concentrated at the passage inlet near the suction side due to the larger shock effect of the inlet flow. The velocity spectra results show that the dominant frequencies for part load flow rates reveal a typical propagation speed of a stall cell.
2) For the best efficiency point (1.0 QBEP), the fluid follows the blade contour very well. In addition, the main POD modes show that the coherent structures are located at the passage outlet and are shown as alternate counter-rotating vortexes, which is due to the mixing of the “jet-wake” structures.
3) For the medium part-load condition (0.4 QBEP to 0.6 QBEP), the first and second modes are found to be associated in pairs corresponding to the stall cells. However, the flow structures of the first two modes change as the flow rate decreases, resulting in the weakening of the correlation between the first and second modes, and the increase of stall cell frequency. The third and fourth modes are found to be associated with the ‘jet-wake’ structures; some of the frequencies for the third and fourth modes are consistent with the frequencies of the velocity spectrums, indicating that the interaction between the upstream flow structure and the outlet flow structure creates the “jet-wake” structures. The fifth and sixth modes are found to be associated with the passage vortexes, and the passage vortexes are induced by the stall cell.
4) For the extreme part-load condition (0.2 QBEP), the characteristics of the stall cells are different from that at medium part-load condition: the stall cells shown in the first and second modes are reverse flow, the rotation directions of the stall cells are opposite to that of the medium part-load condition, indicating the turbulent kinetic energy of the internal flow is mainly caused by the reverse flow; furthermore, the third to sixth modes are all displayed as jet-wake characteristics.
5) POD can reconstruct the flow structures when large-scale flow structures appear in the flow field. The large-scale structures can be reconstructed by the first two high-energy modes and the phase-averaged approach; the reconstruction of the smaller scale structures required at least six POD modes when a large-scale coherent structure appears. This suggests that most of the turbulent kinetic energy is manifested in the first few modes; therefore, the inlet region and outlet region should be optimized to suppress the generation of stall cells and “jet-wake” structures.
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NOMENCLATURE
[image: image] Impeller rotation angular velocity
[image: image] phase-averaged turbulent kinetic energy
[image: image] spatially orthogonal POD mode
A eigenvector
b blade height, mm
D diameter, mm
fBP rotation frequency of the impeller
M the number of spatial nodes in a single snapshot
QBEP design flow rate, m3/h
r radius, mm
U absolute velocity, m/s
u horizontal velocity component
Utip blade tip speed
V the matrix of velocity
v vertical velocity component
W relative velocity, m/s
Z number of blades
β blade angle, °
λ eigenvalue
1 parameters are related to fluctuating value impeller inlet
Subscripts
1 parameters are related to fluctuating value impeller inlet
2 impeller outlet
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Submersible mixer is the core machinery of sewage treatment, which has a profound effect on the efficiency and performance of the submersible mixing system of sewage treatment. This paper summarizes the scientific research results of submersible mixer in recent years from four aspects: structure and energy characteristics of submersible mixer, numerical simulation calculation method, flow field characteristics, and factors affecting the flow field characteristics. The existing published literature indicates that the structure of submersible mixer for sewage is complicated and the parameters of energy characteristics are special. Few experimental studies are conducted, and mostly numerical calculations are based on clear water as the medium. The mixture model based on the Euler–Euler method is the multiphase flow model currently applied in the field of submersible mixer research. Many factors affect the mixing effect of a submersible mixer, such as installation factors (the location and angle of installation) and impeller design parameters (blade gap, hub-tip ratio, blade angle, etc.), all having a significant impact on the mixing performance. Meanwhile, the development and trends of submersible mixer technology are prospected, and the future directions of further research are proposed: establishing a more suitable numerical calculation method for submersible mixer based on the Euler–Lagrange model; constructing the calculation model with real fluid—solid-liquid two-phase flow as the medium; exploring the influence of various parameters on flow field characteristics of mixing fluid; getting the mixing mechanism of submersible mixer; promoting the development of submersible mixer; and realizing the efficient and stable operation of submerged mixing system.
Keywords: submersible mixer, numerical simulation, flow field characteristics, multiphase flow, CFD
INTRODUCTION
Environmental protection is a prerequisite for the coordinated development of economy, society, and environment, an important social and economic development strategy of all countries and an important and arduous task facing national construction. Water pollution has caused serious water loss in China, and the harmless treatment of sewage is an important measure to protect the environment and maintain green mountains on Earth. Therefore, it is important to study and develop efficient submersible agitators for wastewater (Li et al., 2007).
Submersible mixer for sewage (hereinafter referred to as submersible mixer (as shown in Figure 1) is a submerged device of mixing and pushing flow, is suitable for mixing various types of sewage treatment, which can mix and stir the surrounding water to improve the efficiency of sewage treatment (Gu et al., 2015), and is the core machinery in sewage treatment, with the advantages of small size, high efficiency, and strong turbulence (Yi and Zhai, 2003). In the treatment process, its power consumption accounts for more than 50% of the total power consumption of the whole wastewater treatment process (Kissel and Effenberger, 2010; Brehmer and Kraume, 2012). Its performance directly affects the efficiency, effectiveness, and stability of the whole wastewater treatment system (Qiu, 2021).
[image: Figure 1]FIGURE 1 | Submersible mixer.
The study of the submersible mixer not only aims at the structure and performance of the submersible mixer itself but also includes the flow characteristics in the impeller of the submersible mixer and the movement of fluid in the mixing pool of the submersible mixer. As the whole fluid is continuous and interacts with each other, the mixing effect and efficiency are affected by the combination of mixer and pool wall. The research on mixers is complicated.
Scholars from various countries have carried out much research on the working mechanism, flow field characteristics, and other aspects of submersible mixers and achieved certain research results. This paper summarizes the structural characteristics of submersible mixers. It reviews and analyses the current status and progress of domestic and international research in terms of the structure and energy characteristics of submersible mixers, numerical simulation research methods of submersible mixers, flow field characteristics and key factors affecting the flow field characteristics, respectively. It also points out the shortcomings in the research on submersible mixers and the areas that need further in-depth research. It provides a technical reference for relevant personnel to carry out research on submersible mixers.
STRUCTURE AND ENERGY CHARACTERISTICS OF SUBMERSIBLE MIXERS
The submersible mixer is mainly composed of a submerged motor, sealing mechanism, runner, hand hoist mechanism, electrical control, and so on (as shown in Figure 2). The impeller of the submersible mixer rotates the agitated liquid under the drive of the electric motor to generate a rotating jet and mixes it with shear stress along the jet surface so that liquids other than the jet can be agitated by friction. Volume flow is formed during extreme mixing. A mass flow mode is applied to obtain the agitated and pushed conveyance of controlled fluid (Xu, 2006; Yan et al., 2009; Weixing and Shouqi, 2010b).
[image: Figure 2]FIGURE 2 | Structural diagram of submersible mixer.
The rotational speed of submersible mixers is generally 100–1,500 r/min, which is divided into three types according to the impeller speed and the main function: low speed, medium speed, and high speed. The rotating speed of a low-speed submersible mixer is lower than 120r/min, which is mainly used to form long-distance flow pushing, improve fluid flow rate, and prevent sedimentation. The impeller speed range of the medium speed submersible mixer is 120 r/min ∼350 r/min, which mainly focuses on pushing the flow between far and near distances to improve the fluid flow rate and prevent deposition. The rotating speed of the impeller of the high-speed submersible mixer is higher than 350 r/min, which mainly focuses on the short-distance push flow to improve the fluid mixing effect and prevent deposition (GB/T 33566-2017, 2017).
During the operation of the submersible mixer, the fluid in the pool is subjected to the action of convection and vortex splitting, and the effect of uniform mixing is achieved by mixing, which is usually in a turbulent state (Tian et al., 2014a). In the turbulent flow field, there are vortices of different sizes, and the fluid energy is stored in these vortices. Shear forces are formed at the boundary of large-scale vortices to split the large-scale vortices into multiple small-scale vortices. At the same time, the energy of large-scale vortices is transferred to small vortices, and there is energy loss in the process of energy transfer in the meantime. The vortex phenomenon has a significant impact on the effect of pushing the flow. The fewer the number of vortices, the larger the scale of individual vortices, the steadier the flow regime, the lower the energy consumption of vortices, and the better the effect of pushing the flow and mixing (Zhang et al., 2020a). Therefore, the design and the installation of submersible mixers and the matching of the pool should be fully considered to reduce the vortex energy consumption.
Wastewater contains a large amount of suspended organic matter, sediment, mineral fertilizers, and microorganisms with a complex composition (Yan et al., 2009; GB 18918-2002, 2002; Jishui Paishui Sheji Shouce (Disanban), 2016; GB 50318-2017, 2017; Ma and He, 2003); the volume of the pool being agitated is typically large (Chen et al., 2016; Gong et al., 2017; Shi et al., 2019; Chen et al., 2020a); and the development of the flow field is also influenced by factors such as boundaries (Peng et al., 2009; Tian, 2012), making the flow field situation highly complex. Generally, the velocity flow field distribution diagram and axial effective propelled distance, effective disturbance radius of water section, operating power, efficiency, and so on are used to express the conversion characteristics of submersible mixers to the water flow energy. These are the external manifestations of the internal flow law of submersible mixer (CJ/T 109-2007, 2007; GB 37485-2019, 2019).
The velocity flow field distribution diagram can indicate the velocity distribution in the flow field and show the effective range of the fluid stirred by the submersible mixer (Figure 3).
[image: Figure 3]FIGURE 3 | Velocity flow field distribution.
Axial effective propelled distance refers to the effective distance that submersible mixer pushes the water along the axial direction in the effective area of the water body’s push-flow mixing work (maintaining the flow velocity greater than or equal to 0.3 m/s), expressed by the symbol Ly (CJ/T 109-2007, 2007).
Effective Disturbance Radius of Water Section
The effective radius of the submersible mixer that disturbs the cross section of the water body in the effective working area of the water body’s push-flow mixing (maintaining the flow rate greater than or equal to 0.3 m/s) is expressed by the symbol Ry (CJ/T 109-2007, 2007). These two parameters investigate the mixing effect of submersible mixers from a macro perspective.
Operating power was proposed in 2019, which refers to the input power acting on each cubic meter of water when the water velocity is not less than 0.3 m/s under the specified test conditions, expressed by symbol E. The calculation formula is as follows (GB 37485-2019, 2019):
[image: image]
where E is the operating power, P is the input power of the motor, and V is the equivalent effective volume.
Efficiency
In 2012, Tian Fei and other scholars used the power definition and momentum conservation to deduce the efficiency calculation formula of the submersible mixer. It is concluded that the mixer’s efficiency is directly proportional to the 3/2 power of the water thrust and inversely proportional to the impeller diameter and shaft power of the submersible mixer. The calculation formula is as follows (Tian et al., 2012a):
[image: image]
where η is the efficiency, F is the water thrust of the submersible mixer, D is the impeller diameter, P1 is the shaft power, and k is the coefficient, deduced by scholars as different.
The special working environment and matching conditions determine that the design of a submersible mixer is different from other fluid machineries such as water pumps and turbines.
NUMERICAL SIMULATION CALCULATION METHOD
The experimental study of submersible mixer is difficult to conduct due to the large size of the pool, the complex internal flow field, the difficulty of measurement, and the high cost.Therefore, experimental research on submersible mixers is not well conducted. Currently, the numerical simulation method is applied to study the characteristics of the flow field. It can analyze the flow field and predict the performance of the flow field inside the impeller of the submersible mixer and the pool, with a short period, high efficiency, and low cost, and provide guidance for engineering applications and optimization of the design (Tian et al., 2013a).
In 1982, Harvey first introduced computational fluid dynamics to the prediction of two-dimensional flow fields in stirred tanks (Harvey and Greaves, 1982a; Harvey and Greaves, 1982b). Numerical simulation studies then developed rapidly, from two-dimensional to three-dimensional numerical simulations and from single-phase to multiphase flows. Research tools were no longer limited to experimental schemes, and the theoretical data no longer depended on experimental empirical data. Recently, as the development of grid technology has enabled the numerical study of more complicated geometric models, computational fluid dynamics functions have become more complete and powerful.
Treatment Method of Mixing Area
In the numerical simulation of the mixing field, for solving the problem of relative motion in the stationary and rotating regions, research scholars have proposed some different solutions, which are primarily black box model method, inner-outer iterative procedure, multiple reference frame method, sliding grid method, and so on (Zhou et al., 2004).
Black Box Model Method
Also known as the impeller boundary condition method, this method deducts the blade area from the calculation domain during calculation. The blade’s effect is virtualized, and the time-averaged velocity and turbulence parameters are used to replace the actual effect of the blade on the fluid. The data of boundary conditions are generally obtained by experimental methods. The model method does not need to consider the grid of the impeller part and has a small amount of computation, which is suitable for the calculation of the steady-state flow field. Harvey verified the feasibility of this method for the first time (Harvey and Greaves, 1982a). However, its boundary conditions need to rely on the support of experimental data, and it is difficult to carry out numerical calculations in complex situations.
Inner-Outer Iterative Procedure
The inner and outer iterative procedure adopts the method of considering the calculation domain separately and divides the calculation domain into two overlapping parts of the inner ring and the outer ring. The calculation of the inner ring is carried out in the reference system rotating at the speed of the impeller, and the calculation of the outer ring is carried out in the static coordinate system. Through the alternating iterative calculation of the two regions, a convergence result is finally obtained. Compared with the black box model method, the inner and outer iterative procedure does not require experimental data, can realize the simulation of the whole mixing area, and has succeeded in calculating some mixing fields. Wang Weijing et al. used an improved internal and external iteration procedure to perform an overall numerical simulation of the Rushton turbine baffled stirred pool. The results are basically consistent with the experimental values (Wang and Mao, 2002). However, this method is not popularly used in commercial software because it requires trial-and-error iterations in the calculation, and the convergence speed is slow.
Multiple Reference Frame Method
The multiple reference frame method (MRF) was proposed by Issa et al. (Issa et al., 1994), which is a calculation method applied to steady-state flow fields. This method divides the mixing area into the impeller area and the mixing pool area. Each area uses an independent reference system for calculation: the impeller area uses the coordinate system of the impeller rotation, and the mixing pool uses the static coordinate system. MRF can simulate the whole flow field of submersible mixer with small amount of calculation and is widely used in many commercial software. At present, the numerical simulation of steady flow field of submersible mixer is mainly based on MRF method. Peng Zhenzhen et al. used FLUENT software to numerically simulate the three-dimensional flow field of a submersible mixing pool with the MRF method and achieved good results (Peng et al., 2009). Tian Fei et al. used the MRF method to perform numerical simulation of the three-blade submersible mixer and verified the matching between submersible mixer and the sewage treatment pool (Tian et al., 2012b). Zhang Haisheng et al. conducted numerical simulations using the MRF method to study the hydraulic performance of submersible mixers at different placement angles and arrived at the optimal placement angle (Zhang et al., 2021). Chen Yunfan et al. used the MRF method for numerical simulation to verify the feasibility of the streamline method and the loop quantity distribution method applied to the design of submersible mixer blades (Chen et al., 2020b).
Sliding Grid Method
The flow field generated by the impeller of the submersible mixer is a periodic flow field (Van’t Riet et al., 1976), and the steady-state calculation method cannot completely reflect this flow field. In 1993, Luo proposed the sliding grid method (Luo et al., 1993). The division method of this method is the same as the MRF method, and it is also divided into the impeller area and the mixing pool area. The sliding grid method is an unsteady calculation method. In this method, the grid of the impeller part rotates with time, so there is mutual sliding of the grid at the interface between the impeller and the mixing pool. At present, this method is widely adopted by general commercial software. Zhou Guozhong et al. used the sliding grid method to numerically simulate the flow field near the paddle in a stirred pool (Zhou et al., 2002). Jin Jianhua et al. used the sliding grid method to numerically simulate the three-dimensional two-phase flow of a submersible mixer (Jin and Zhang, 2014). Tian Fei et al. used the sliding grid method to analyze the internal pressure pulsation characteristics of the submersible mixer and achieved good results (Tian et al., 2014b).
Numerical Calculation Method of Turbulence Model
The fluid ejected from the impeller of the submersible mixer has not only an axial velocity and radial velocity but also a certain tangential velocity (rotational velocity). Rotational velocity makes the radial and axial pressure gradient and affects the entire flow field. So, this jet is a rotating jet. The rotational jet is a composite flow of free jet plus rotation, and its flow situation is relatively sophisticated, mostly in a turbulent state (Tian, 2012). Currently, three types of numerical simulation of turbulence are used in engineering: direct numerical simulation (DNS); Reynolds-averaged equation (RANS), and large eddy simulation (LES) (Liang, 2012). DNS is used to solve the N-S equations directly without introducing any closed model within the grid size at the turbulent scale (Wang, 2016). DNS method would require high computational tools, and thus the DNS method is presently not directly applied to engineering numerical calculations to solve practical problems in engineering. RANS is used to solve the time-averaged Reynolds equation. The controlling equation for the time-averaged physical quantities is obtained by averaging the time of the non-stationary N-S equation. This control equation contains the unknown quantity of the time average of the pulsation, so the number of equations obtained will be less than the number of unknown quantities. Then, it is necessary to assume a closed model, using the lower-order time average to represent the unknown higher order to determine the function of some quantity to make the equation closed. At present, the RANS method has become the most widely used numerical simulation method of turbulence, which is also applied extensively in the numerical simulation of submersible mixers (Wang et al., 2016). LES is a direct solution of the N-S equation. Its basic idea is to accurately solve the motion at all turbulence scales above a certain scale, which enables capturing many large-scale effects and anthropomorphic structures that occur in non-stationary and non-equilibrium processes that the RANS method is unable to do while overcoming the huge computational overhead of DNS method due to the requirement to solve for all turbulence scales. Thus, it is considered the most promising direction for developing a numerical simulation of turbulence. Nevertheless, LES has not been widely used in engineering because the computational overhead is still substantial (Zhang et al., 2008).
Boundary Conditions
For delineating boundary conditions in the numerical simulation of the submersible mixer, the contact surface between pool and atmosphere is relatively unusual. The liquid surface is a free liquid surface. The more popular setting of the free liquid surface boundary conditions has three treatments: no-slip wall, VOF, and rigid-lid assumption. Wang Li et al. used the VOF method, but this method is more cumbersome, and human factors are particularly critical when dealing with function problems (Wang et al., 2007). He Zigan et al. applied simple rigid-lid assumption to the setting of free liquid level in large eddy simulation. By comparing the numerical simulation results with the test results, the limitation of the benchwork assumption near the solid wall was revealed (He et al., 2000).
Tian Fei et al. used FLUENT software to study the numerical simulation of the free liquid surface of the pool set to wall, VOF model, and rigid-lid assumption for three cases, respectively. They found that, in these three models, only the flow field near the pool surface has a significant effect. Among the three models, the numerical simulation of the pool surface as no-slip wall surface was the most difficult to converge, and the computational time was longer. The calculation of the free liquid surface treatment of pool surface using the VOF model required a higher computer configuration and accounted for more computational memory. The rigid-lid assumption was closer to the actual situation and easier to converge, with lower requirements for the computer. Nevertheless, the authors also suggested that the rigid-lid assumption is not realistic for liquid surfaces with relatively large free surface undulations (Fei et al., 2013).
Multiphase Flow Model
Practical application scenarios of submersible mixers are mainly for the movement of multiphase flows. The role of a submersible mixer in the wastewater treatment process is to provide the required circulating flow rate to keep the mixture in the pool in suspension (Liu et al., 2010), where the flow is relatively complex. Compared to the study of single-phase flow, the study of multiphase flow is more difficult. Currently, two major treatments are used in the study of numerical simulation of solid-liquid two-phase flow: Euler–Euler model and Euler–Lagrange model (Liu and Liu, 2018).
Euler–Euler Model
In the Euler–Euler model, the solid and liquid phases are treated as a continuous medium mixed. The solid and liquid phases are placed in the Euler coordinate system for solution (Bao et al., 2005). The Euler–Euler model contains a variety of calculation models. The mixture model is commonly used when studying solid-liquid two-phase flow in FLUENT. The mixture model is a simplified multiphase flow model. The model assumes that the velocity is locally balanced on a short time and space scale. An interphase interaction model must be added to calculate the homogeneous multiphase flow with strong coupling. Jin Jianhua et al. investigated the flow field characteristics of submersible mixers in solid-liquid two-phase flow based on the mixture model (Jin and Zhang, 2014). Tian Fei et al. studied the three-dimensional flow field of submersible mixers based on the rigid-lid assumption using the mixture model (Tian et al., 2014c).
Euler–Lagrange Model
The Euler–Lagrange model regards the fluid as a continuous phase and uses the continuity equation, momentum equation, and energy equation of the Euler method to establish the governing equation. The solid is regarded as a discrete phase, and the Lagrange equation of the discrete phase is established. Momentum, energy, and mass are exchanged between the discrete phase and the continuous phase. Typical Euler–Lagrange models include discrete phase model (DPM) and discrete element model (DEM). Lang Tao et al. investigated the flow characteristics of a sewage pump with a front-mounted stirring device using a DPM model (Lang et al., 2015). Shao Ting et al. used the CFD-DEM method to simulate the solid-liquid suspension system in the stirred kettle (Shao et al., 2013). Shao Wenbo, Shi Weidong, and Xia Cheng et al. conducted a numerical simulation study based on the fully coupled CFD-DEM method for multistage mixed-flow and cyclonic pumps and compared it with the experimental results to verify the accuracy of the computational model (Shao et al., 2020; Shi et al., 2020; Cheng et al., 2021).
The Euler–Euler model has the advantages of shorter solution time and simpler operation (Yang and Zhou, 2017) but ignores the interaction between the solid and liquid phases, which weakens the realism of the non-homogeneous structure in the solid-liquid two-phase flow and is not able to characterize the various properties at the particle level. In contrast, the Euler–Lagrange model takes into account the effects of components of different particle sizes on turbulent diffusion and the effects of turbulent diffusion and pulsation on the motion of the particle population and can trace the complex motion of the particle population and visualize the motion and changes of solid-phase particles in a visual form. Nevertheless, tracking the particle population by the Euler–Lagrange model requires many computer resources and a long solution time (Liu and Liu, 2018).
RESEARCH ON FLOW FIELD CHARACTERISTICS
The research on the flow field characteristics of submersible mixers can be divided into research on the flow field characteristics inside the impeller and research on the flow field characteristics inside the mixing pool.
Flow Field Characteristics Inside the Impeller
The research on the characteristics of the flow field inside the impeller is mainly to analyze and study the speed field and pressure field inside the impeller. The research in this area is of great significance to the performance analysis and structural design of the impeller. Tian Fei et al. studied the internal flow field characteristics of the 2-blade submersible mixer and the internal pressure pulsation characteristics by numerical simulation using FLUENT as the calculation software. It is found that the fluid flow velocity near the blade working surface is low and the pressure is high, the back of the blade will form a high-speed zone and a negative pressure zone, and the fluid velocity and pressure gradient from the blade working surface to the back of the blade is apparent. Impeller import and export axis surface velocity is parabolic distribution, import and export velocity ring volume value is small, and the change is smoother. The blade exit axis surface velocity changes gently, approximately equal axial velocity distribution, blade inlet axis surface velocity is linear distribution, and blade import and export velocity ring volume is linear, regular distribution (Tian et al., 2013a).
The fluid inside and near the impeller is greatly affected by the periodic rotation of the impeller. Both the high-pressure low-speed zone and the low-pressure high-speed zone periodically change with the rotation of the impeller. The frequency of pressure pulsation at the inlet and outlet of the impeller and its interior is dominated by the rotation frequency of the impeller, and the pressure pulsation amplitude difference at the inlet of the impeller is greater than the pressure pulsation amplitude difference at the outlet of the impeller (Tian et al., 2014b).
Characteristics of the Flow Field Inside the Pool
The research on the internal flow field characteristics of the submersible mixing pool is of great significance for the design optimization of the submersible mixer and the evaluation of the mixing effect. At present, there is much research on the single-phase flow of submersible mixers but few studies on multiphase flow.
Single-Phase Flow
Peng Zhenzhen et al. used the effective axial advancing distance and the effective diffusion radius to judge the hydraulic performance of submersible mixers. The numerical simulation results show that the rotating impeller produces a high-speed jet, which is pushed forward and divided into two streams. One stream flows to the liquid level and returns to the back of the impeller to form a circulating vortex. The other stream is pushed forward until it hits the pool wall and turns back to form a large circulating vortex. The effective diffusion radius near the blade area is ≥ 2 m. The fluid away from the blade area to the pool wall also rotates around the x-axis but with smaller velocity values (Peng et al., 2009). Xu Qiao et al. used numerical simulation methods to compare the mixing flow fields of the axial flow pump impeller and submersible mixer impeller and found that the flow fields in the two pools are basically similar, showing the characteristics of axial thrust and radial diffusion. However, there are also certain differences. The submersible mixer impeller works better than the axial flow pump impeller in the area where the flow rate is less than 0, and the mixing effect is better (Qiao, 2018). Xu Weixing and others used FLUENT software to analyze the stirred flow field. It was found that the liquid is thrown out by the high-speed rotating impeller on the one hand and compressed by the impeller on the other hand, which forms a high-speed flow area near the impeller with a strong axial component and forms a rotating jet. It advances forward in accordance with an elliptical isovelocity line. The velocity along the centerline is faster than that in other directions. The liquid is conveyed by volume flow (Weixing and Shouqi, 2010a; Weixing and Shouqi, 2010b; Xu and Yuan, 2011a; Xu and Fan, 2011). Tian Fei and others studied the flow field characteristics of the conventional submersible mixer, new-type two-way submersible mixer, and new-type two-impeller submersible mixer. They found that the mixing performance of the two new-type submersible mixers is obviously better than that of the conventional submersible mixer with the same impeller, and the axial effective propelled distance is larger, which is suitable for mixing in a large water pool (Tian et al., 2019). Zhang Xiaoning et al. used the dynamic grid module and UDF module in FLUENT software to numerically simulate the mixing flow field of the swing submersible mixer. They found that the mixing effect of the swing submersible mixer is better than that of the non-swing submersible mixer (Zhang et al., 2017).
Tian Fei et al. summarized and further studied the jet characteristics of submersible mixers on the basis of previous studies. By analyzing and comparing the velocity flow field diagrams in the pools stirred by the four submersible mixers, it is concluded that the jet of the submersible mixer belongs to the submerged non-free turbulent circular cross section rotating jet. As shown in Figure 4, the fluid in the pool flows under the combined action of the submersible mixer and the pool wall. The fluid flows from the suction surface of submersible mixer blades and is pushed out from the impeller working surface after the action of the impeller. As the fluid flows downstream, the perturbation radius of the jet of the submersible mixer increases, the range of the mixing area becomes wider, and the flow velocity at the center of the jet of the mixer gradually decreases. When the fluid moved to the pool wall, the fluid spread to both sides to form a backflow, and two obvious large vortices appeared between the backflow fluid and the jet. Most of the fluid is sucked back into the working area of the impeller due to the backflow, forming the circulation of the fluid in the stirred pool. The fluid flow in the pool is more complicated, and there are three phenomena of entrainment, wall attachment, and vortex (Tian, 2012; Fei et al., 2014).
[image: Figure 4]FIGURE 4 | Flow diagram in pool. (I) Free jet region; (II) the region impacting with sidewall c; (III) the region impacting with the bottom of the pool; (IV) the region impacting with the bottom of the pool; (V) the region impacting with the surface of the pool; (VI) the region of the bottom of the pool wall jet; (VIII) the region of radial wall jetting with the sidewall c; (IX) the region of radial wall jetting with the pool surface.
Błoński conducted a comparative study on the performance of submersible mixers under three methods (experiment, numerical simulation, and theoretical calculation) and found that the jet of a submersible mixer was divided into three areas. As shown in Figure 5, the first area is the core area. In this area, the streamline is similar to the shape of a cone, the bottom diameter is equal to the diameter of the impeller, and the length of the area is 4–5 times the diameter of the impeller. The second zone is the transition zone, which is responsible for stronger mixing. The cone angle is approximately 2π/15 radians. The third area is the diffusion area, where momentum loss occurs and the velocity field tends to be unified (Błoński et al., 2021).
[image: Figure 5]FIGURE 5 | Immersed free stream.
Solid-Liquid Two-Phase Flow
The mixing fluid of the submersible mixer is usually clear water-sludge solid-liquid two-phase flow. Compared with the flow field of single-phase flow, the study of solid-liquid two-phase flow will focus on the distribution, velocity, trajectory, and suspension characteristics of the solid phase inside the pool.
Jin Jianhua et al. used FLUENT software as a tool to study the flow field under two conditions: single-phase flow with clean water and two-phase flow with sewage-sludge as media. The results show that the overall flow law of the flow field is roughly the same under both conditions, and the mixing radius increases with the advance distance of the flow. However, the axial push-flow velocity of the sewage-sludge two-phase flow is less than the flow velocity of the clean water single-phase flow, and the high-velocity area above 1 m/s is also small. At a certain distance downstream of the mixing flow field, the mixing radius is small, and precipitation is formed at the bottom of the pool. In addition, there are obvious deposits directly under the mixer (Jin and Zhang, 2014). Tian Fei et al. used FLUENT software to compare and study the flow field characteristics in the two cases of clear water flow and solid-liquid two-phase flow. The study found that the velocity distribution of the flow field in the two cases is similar. However, in the solid-liquid two-phase flow, due to the influence of solid particles, the velocity of the flow field will increase in the low-velocity zone. In contrast, in the high-speed zone, the velocity of the flow field will decrease. The concentration of solid particles near the pressure surface of the blade is greater than that near the suction surface. Moreover, it was found that, in the dead zone inside the pool, the concentration of solid particles in the dead zone near the pool was higher than that in the upper dead zone of the pool (Tian et al., 2014c).
RESEARCH ON KEY FACTORS AFFECTING FLOW FIELD CHARACTERISTICS
In practical engineering applications, fluid movement is relatively complicated. The jet will collide with the wall of the pool and produce rebound, backflow, vortex, and other phenomena (Tian et al., 2012a). The flow field characteristics of the mixing tank are influenced by several factors, including installation factors of installation position and angle of submersible mixer and impeller design parameters of hub-tip ratio, blade angle, impeller diameter, number of blades, and so on. These factors directly affect the mixing effect and have intuitive guidance for the engineering application of submersible mixers.
Installation Factors
Installation Position
The distance between the installation position and the bottom of the pool stipulated in the measurement of the specific power of the submersible mixer is 1/3 of the effective water depth (GB/T 33566-2017, 2017). However, in practical application, the installation position of the submersible mixer needs to be adjusted according to the actual situation, and various positions have a different impact on the characteristics of the flow field. Xu Weixing et al. used the method of numerical simulation. They used clean water as the medium to compare the flow field distribution in the pool when the installation depth of the submersible mixer was 3 and 5.72 m. It was found that when a submersible mixer is installed near the bottom of the pool, a high-speed flow zone can be formed on the bottom of the pool, which will flush it with jets. This will help prevent the deposition of solid particles at the bottom of the pool so that the medium in the pool can be averaged (Xu and Yuan, 2011b). Tian Fei et al. used numerical simulation methods to study the external characteristics of submersible mixers at four different positions in the pool and analyzed the velocity cloud diagram inside the pool. The results show that when the center axis of submersible mixer impeller is 600 mm from the bottom of the pool, the blade is at least 200 mm from the bottom of the pool, the distance ratio between the left and right walls is 4 : 3, the mixing efficiency and the average velocity of the pool are the highest, and the fluid is stirred the most stable (Tian et al., 2013b). Jin Jianhua used numerical simulation methods to numerically simulate the three-dimensional flow in a two-phase environment of sewage and sludge. It is concluded that reducing the installation position of the mixer can increase the flow rate at the bottom of the pool and reduce the sedimentation of sludge. Moreover, it was found that when the central axis of the impeller is 0.4 m away from the bottom of the pool, there is no obvious sludge deposition, and the density distribution is uniform (Jin and Zhang, 2014).
Installation Angle
Tian Fei et al. used numerical simulation to study the flow field distribution in the pool at different installation angles for two submersible mixers at the same depth and concluded that the installation position and angle of submersible mixers have a great influence on the flow field in the pool and the average flow velocity of the whole pool (Tian et al., 2012c). Based on Star-ccm + virtual simulation platform, Chen Yunfan et al. carried out numerical simulation of the full flow field with water as the research medium and studied the impact of the layout on the mixing effect of the hypoxic pool mixtures when using two submersible mixers. Analyzing the flow field, it was found that the mixing effect of the overall pushing was better than that of the distributed pushing, and the area of the low-speed area was smaller. On the basis of the overall pushing flow, the mixing flow field under three installation angles was studied, and combined with the actual situation of the pool, it was finally determined that the mixer with 45° installation angle would run more safely and stably (Chen et al., 2020a). Zhang Xiaoning et al. studied the velocity distribution of the flow field in the mixing pool with water as the medium and horizontal installation angles of 30°, 45°, 60°, and 90°. It is concluded that the different horizontal installation angles of submersible mixer have a great influence on the flow field in the pool. Among the four schemes studied, the layout angle of 45° has the best effect. In addition, a new method for evaluating the performance of submersible mixer, effective mixing domain method, is presented; that is, the hydraulic performance of submersible mixer can be evaluated by calculating the effective mixing volume (≥0.1 m/s) of water pushing mixing (Zhang et al., 2014). Zhang Zhi et al. used FLUENT software to numerically simulate and theoretically analyze the flow field of the submersible mixer at different installation angles to obtain the effect of different installation angles on the push-flow effect and found that adjusting the installation angle of the submersible mixer can improve the flow state inside the pool, increase the average flow velocity, and reduce the dead zone rate at the bottom, while reasonably changing the installation angle can also reduce the vortex energy consumption. They proposed that the analysis of the dead zone rate using the grayscale correlation method is more accurate than the average velocity method (Zhang et al., 2020a).
Impeller Design Parameters
Blade Gap
Xu Shun et al. found that the blade gap has some influence on the mixing effect of the submersible mixer. Through numerical simulation, the flow field under six working conditions with blade gap of 1, 3, 6, 8, 10, 14 mm was studied and analyzed. It was found that the shaft power and outlet flow were not affected by the blade gap, and the effective mixing ratio increased first and then decreased with the increase in blade gap. The maximum effective mixing ratio, maximum thrust, and minimum effective energy consumption per unit were achieved when the blade gap was 6 mm (Xu et al., 2017).
Hub-Tip Ratio
The hub-tip ratio is the ratio of the diameter of the hub to the diameter of the impeller. It is an important parameter in the design of the impeller of the submersible mixer and has an important influence on the hydraulic performance of the submersible mixer. Xu Weixing et al. used numerical simulation methods to compare the flow fields when the hub-tip ratio was 0.2, 0.3, and 0.4. It is concluded that the impeller with a smaller hub has higher speed, more uniform speed distribution, and better mixing effect (Xu and Yuan, 2010; Xu and Yuan, 2011b; Weixing and Jianping, 2011).
Blade Angle
Blade angle is an important parameter in the impeller design, which has a significant influence on the stirring effect and pressure distribution on the impeller surface. Xu Shun and Ren Xiangxuan used numerical simulation to analyze the flow field under three models with a blade angle of −4°, 0°, and 4°. The results show that, with the increase of blade angle, the area of effective mixing area increases, and the mixing effect is better. The shaft power and thrust of the submersible mixer are continuously increased, and the area of high pressure on the pressure surface of the blade is constantly increased when the blade angle is increased from −4° to 4° degrees. In addition, with the increase of blade angle, the effective energy consumption per unit also increases (Xu et al., 2017; Ren et al., 2021).
Impeller Diameter
The impeller diameter is a fundamental parameter of the impeller, and the optimal matching relationship exists between the outer diameter of the impeller and the rotational speed under the same power. Chen Bin et al. used STAR-CCM + simulation software to conduct a full flow field constant numerical simulation of the submersible mixer and analyzed the average flow velocity in the pool with various impeller diameters in the operation of the circular inspection pool and the square pool. It was found that, in the circular inspection pool, the larger the impeller diameter of the submersible mixer at the same power, the better the effect of push flow, as shown in Figure 6A. In the square pool, the average fluid flow velocity in the pool would first increase and then decrease with the increase of impeller diameter, as shown in Figure 6B. It means that in a square pool, the increase of impeller diameter may deteriorate the mixing effect of submersible mixer. As the impeller diameter is excessive, the cross section of the mainstream is large, the return channel area is reduced, and the total resistance is increased. Thus, the efficiency of the submersible mixer will be declined. Therefore, it is necessary to conduct a more detailed analysis when selecting a submersible mixer in a square pool (Chen et al., 2018).
[image: Figure 6]FIGURE 6 | Average flow velocity in two kinds of pools with different impeller diameters.
Number of Blades
The number of blades of submersible mixer is usually 2–3 blades. Zhuang Yufang et al. used numerical simulation to study the effect of the number of blades on the push-flow performance of the submersible mixer. It was found that the push-flow effect of the three-blade submersible mixer and two-blade submersible mixer is basically the same in the circular pool, but there are certain discrepancies as shown in Figure 7A. When the impeller diameter is 1.1–3.1 m, under the same power, the three-blade submersible mixer pushes the flow better than the two-blade effect. When the impeller diameter is greater than 3.1 m later, the two-blade submersible mixer has a better effect of push flow. In the square pool, two-blade and three-blade submersible mixer impeller diameter and speed curve trend are identical. The effect of push flow is enhanced with the increase in impeller diameter and then weakened, as shown in Figure 7B. However, while the impeller diameter is from 1.7 to 4.3 m, the two-blade submersible mixer has a better push-flow effect. When the impeller diameter is in the range of 1.1–1.7 m or greater than 4.3 m, the three-blade submersible mixer has a better push-flow effect (Zhuang, 2018).
[image: Figure 7]FIGURE 7 | Comparison of the average velocity in the pool of three-blade and two-blade submersible mixer.
Impeller Speed
Tian Fei et al. conducted a three-dimensional numerical simulation of the flow field inside the stirred wastewater treatment pool with the same submersible mixer under various rotational speeds using the RNG k -ε turbulence model and SIMPLE algorithm with FLUENT software. By analyzing the velocity field at different cross sections in the pool, it was obtained that, with the increase in impeller speed, the fluid stirred more and more sufficiently in the whole pool, and the effective disturbance radius of the water body cross section became increasingly large. Moreover, it was found that the power of the mixer was proportional to the third power of the mixer speed for the same pool with the same mixer (Tian et al., 2011).
Other Factors
Pool Structure
Column structures are commonly found in large underground sewage mixing pools. The shape and distribution of the column and the shape of the pool have a great influence on the mixing effect. Shi Shuzhou et al. studied the flow field when the columns are square and cylindrical by numerical simulation. It was found that the overall flow velocity of the cylinder was higher, and the flow field distribution was more uniform. The shape resistance of the square column near the column was significantly higher than that of the cylinder, and the fluid flow around the column was poor. The distribution of the column should be well-coordinated with the installation position of the submersible mixer to avoid the loss of the thrust caused by the direct jet network of the mixer. In addition, the simulation analysis on the corner of the pool with right and round corners was carried out. The results show that the smooth transition can minimize the generation of vortices. The flow state in the pool with round corners was more uniform, the overall flow rate was higher, the dead zone area was smaller, and sludge was not easy to deposit (Shi et al., 2019).
Pool Shape
Shi Weidong et al. used the numerical simulation method to simulate the operation of the same submersible mixer in rectangular, straight circular tube, progressive circular tube, and abrupt circular tube four pool types of pools to compare the different power consumption. It was found that the fluid flow in the straight circular tube pool is relatively stable, the effect of fluid flow in the progressive circular tube pool is the second, and the fluid flow in the abrupt circular tube pool is the worst. In the power consumption, the abrupt change circular tube pool within the submersible mixer consumes the most power, the smallest power consumption within the progressive circular tube pool. The authors recommended the application of progressive circular tube pools and circular straight tube pools in the engineering design (Shi et al., 2009).
Diversion Shell
A diversion shell is widely used in fluid machinery and is a device for diversion. After installing the diversion shell, a submersible mixer can produce stable axial flow, reduce the shaft power, and improve efficiency. Using FLUENT as the fluid calculation software, Shi Weidong et al. simulated and analyzed the flow of submersible mixer with diversion shell by combining numerical simulation with experimental verification. It was found that the fluid velocity of submersible mixer with a diversion shell was obviously transferred along the axis, and the radial diffusion was relatively small, which had obvious axial diversion and reduced the effect of the boundary of the pool wall on the fluid in the pool (Shi et al., 2011). Using CFX as the fluid calculation software, Xu Qiao et al. compared the flow field of the submersible mixer with and without the diversion shell by numerical simulation. It was found that the trend of the axial flow velocity is the same in both cases, manifesting as the phenomenon of axial push flow and radial diffusion. However, the model with a diversion shell had a higher axial flow velocity, and the model without a diversion shell had a higher velocity in the reflux zone and a better reflux effect (Qiao, 2018). Using ANSYS-CFX as the fluid calculation software, Xiao Xia et al. studied the flow field distribution of diversion shells at the front and back ends of large and small pools, respectively, by combining numerical simulation with experimental verification. It was found that adjusting the diversion shell to the front can increase the effective advancing distance of the mixer and increase the mixer’s efficiency. In small pools, adjusting the diversion shell to the back can increase the effective advancing distance and overall mixing volume and increase the efficiency of the submersible mixer in the pool (Xia et al., 2019).
OUTLOOK
In recent years, domestic numerical simulation of submersible mixer research has been a significant development. In the future, the following directions deserve attention in the research on submersible mixers:
1) Application of numerical calculation method based on the Euler–Lagrange model to numerical simulation of solid-liquid two-phase flow in the submersible mixer. At present, there are few studies on numerical simulation of submersible mixer in solid-liquid two-phase flow, and the main application is the Euler–Euler model. The numerical simulation method based on the Euler–Lagrange model is more suitable for the practical application of submersible mixer and has been widely used and verified by experiments in the field of water pump, mixing sink (Sun, 2015; Zhang et al., 2020b; Cao et al., 2020; Chen et al., 2021; Li et al., 2021; Quan et al., 2021; Shi et al., 2021). Referring to other research methods of hydro-machinery and combining with the characteristics of the submersible mixer itself, the development of a numerical simulation model suitable for the study of multiphase flow in the submersible mixer will become the main research content in the future.
2) Flow field characteristics of submersible mixer with the solid-liquid two-phase flow as a medium. The flow field characteristics of submersible mixers in water medium have been studied maturely. However, there are some deficiencies in the study of the flow field characteristics of submersible mixer with the solid-liquid two-phase flow as the medium, especially the distribution of solid phase, motion track, and velocity characteristics in two-phase flow. In practical application, the sewage tank usually contains unfiltered small sediment, microorganisms, and other objects. The solid medium will affect the flow field characteristics of the submersible mixer, such as the wear, oscillation, and unstable operation of the impeller of the submersible mixer. For the mixing flow field, there are also effects such as sludge deposition in the mixing dead zone and poor mixing effect.
3) The calculation model based on real fluid—solid-liquid multiphase flow is built to explore the influence of various parameters on the flow field characteristics of mixing fluid in a submersible mixer. At present, the research on the factors influencing the flow field characteristics of submersible mixers in single-phase flow is mature. However, there are few studies on the factors influencing the flow field characteristics in solid-liquid two-phase flow. In the case of two-phase flow, the influence of various parameters of solid phase, such as density, hardness, and volume, on the flow field characteristics should be the focus of future research.
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According to the structural characteristics of a steam generator and a reactor pressure vessel, the reactor primary circuit system of HPR1000 is simplified to make the reactor coolant pump (RCP) characteristics match the resistance characteristics of the system pipeline, so a simplified model of reactor primary circuit closed system is formed. On this basis, the RCP shutdown accident in a single circuit of the reactor is numerically simulated. Results show that the pressure in the pipeline system has changed greatly compared. The flow rate drops rapidly and decreases to 1.7% of stable operation at 10s. The torque drops sharply to −51.89% of stable operation, and then rises slowly to zero. The pressure at the inlet and outlet of the impeller changes dramatically which leads to the change of blade load and the velocity in the impeller passage decreases gradually. The pressure and velocity in the guide vane continue to decrease.
Keywords: reactor coolant pump, reactor primary circuit closed system, shutdown, transition process, computational fluid dynamics
INTRODUCTION
Nuclear power is a kind of efficient environmental protection energy, HPR1000 is China’s independent third generation nuclear power technology (Long et al., 2020), and the reactor primary system is mainly a closed energy generation and exchange system composed of reactor pressure vessel, RCP, pressurizer, steam generator, and pipeline. It is the most basic core part of all reactor systems. Figure 1 is a schematic diagram of the primary circuit of the reactor. Safe and stable operation is the most important for nuclear power plants, so it is of great significance to study the transient process of emergency shutdown of reactor primary circuit closed system. Many scholars have done a lot of research on different transient processes of pumps. Kim et al. (2014) analyzed the transient characteristics of pump-rising pipeline system with an air chamber using the method of characteristics. Wang et al., (2020) studied the transient characteristic of RCP under the condition of the rotor seizure accident by experiment. Fu et al. (2020) conducted experimental and numerical studies of the transient characteristics during the start-up process of the axial flow pump. Lu et al. (2019) used different models of RCP to carry out transient performance test research of RCP during shutdown coasting transition. Zhong (2018) built the transient test system of RCP shaft sticking accident, and calculated the transient flow of RCP shaft sticking accident by bidirectional fluid structure coupling. Gao et al. (2013) and Su et al. (2017) studied the RCP transient performance in primary coolant system during the start-up period and mathematically solved and elucidated the RCP start-up mechanism. Tang et al. (2021) carried out transient three-dimensional numerical simulation of CEFR primary circuit pump shaft sticking accident, and obtained three-dimensional thermal hydraulic characteristics of key structures and components during shaft sticking accident. Liu et al. (2009) has carried out experimental research on the transient hydraulic characteristics of the RCP during the shutdown and idling process, and found that the instantaneous flow and rotation speed of power failure rapidly decreased, the vibration of bearing seat suddenly increases at the moment of power failure. Wu et al. (2010) reported the transient flow of the RCP in the transient process of rapid valve opening. Azzoune et al. (2019) took the main pump of AP1000 reactor as the research object, studied the transient transition process under the condition of a stuck rotor, and carried out two-way fluid structure coupling calculation. Sabotinov and Srivastava (2010) simulated and analyzed the large break loss of coolant accident of VVER-1000 reactor. A large number of researchers have also calculated and analyzed the influence of some transient processes of pump shutdown on the system in multi-pump system (Farhadi, 2010; Liu et al., 2021). In the study of pump shutdown transition process, most numerical calculations need to give boundary conditions, but in this paper, the reactor primary circuit closed system model of the RCP is adopted, so the boundary conditions of the RCP inlet and outlet cannot be given, and the transient process of the RCP shutdown can be simulated more accurately.
[image: Figure 1]FIGURE 1 | HPR1000 reactor primary circuit simplification.
MODEL SIMPLIFICATION
The primary circuit system of HPR1000 includes three circuits. It is assumed that the circuit in the reactor three circuits are independent of each other and do not affect each other, and the probability that the RCP rotor accident occurs in the reactor three circuit systems is extremely low, so it is assumed when a pump shutdown accident occurs in a single circuit of the reactor, the other two circuits are in normal operating conditions at this time, which can simplify the reactor’s three circuits power system to a single circuit power system. If the pipeline performance curve is superimposed with curve of the pump performance, the meeting point will be the operating point of the pump for that system. The pipe resistance can be controlled by regulating the pipe diameter of the resistance element. The local resistance loss formula is as follows and changing the diameter of the resistance element can change the resistance.
Due to the complicated internal structure of the steam generator and the reactor pressure vessel, the steam generator in the reactor single circuit system needs to be simplified in structure. Use CREO software to model the water body of the RCP suction section, impeller, guide vane, and pressurized water chamber (Li et al., 2020), the rated parameters of the main pump are shown in Table 1. According to the structural characteristics of large number of heat transfer tubes, small diameter, and thin tube wall in the ZH-65 steam generator (He et al., 2021) of HPR1000. Therefore, it is difficult to carry out numerical simulation for all heat transfer tubes, so the heat transfer tubes can only be simplified. Based on the equal flow cross-section method for heat transfer tubes, the equal area of heat transfer tubes is further simplified to three inverted U-bends. Similarly, the cold leg pipe, heat leg pipe, transition pipe, and reactor pressure vessel of single circuit reactor are simplified, and resistance characteristic elements are added into the simplified structure of inverted U-bend and reactor pressure vessel. By adjusting the resistance values of each part and comparing with the theoretical resistance values, it shows that the simplification is reasonable as shown in Figure 1.
TABLE 1 | Nominal parameters of the RCP
[image: Table 1]CONDITION MATCHING OF REACTOR PRIMARY CIRCUIT SYSTEM
According to the principle of determining the operating point of the closed pump system, the resistance performance curve of the reactor primary circuit pipeline can only be adjusted by controlling the flow radius of the resistance element, so that the reactor single circuit system can operate at the rated operating condition. By adjusting and controlling the resistance characteristics of the heat transfer tube and the reactor pressure vessel, the resistance characteristics of the simplified three inverted U-bends are in line with the resistance characteristics of the original heat transfer tube, and the resistance characteristics of the reactor pressure vessel are in line with the actual situation.
Mesh Generation
Use ANSYS ICEM software to divide the water body of the pump with high-quality hexahedral meshes and encrypt the wall meshes. The distance between the first layer of mesh and the wall is 0.3–0.4 mm to meet the requirements of the turbulence model y+ = 30–300. In order to ensure the reliability of numerical calculation and reduce the cost of the calculation, the grid independence test is performed with the head of the RCP as a verification index. When the number of grids reached 8.8 million, the head of the RCP stabilized. Therefore, the total number of grids of each flow-through component reaches 9.0305 million to meet the requirements. Among them, the number of grid units of the impeller is 2.7978 million, the guide vane is 2.5503 million, the pressurized water chamber is 2.896 million, and the suction section is 786,400. The grid of each part of the pump is shown in Figure 2. Tetrahedral grids with good adaptability are used in the pipeline system, and the total number of pipeline grids is 24.3372 million. The total grid number of the whole system is about 33 million.
[image: Figure 2]FIGURE 2 | Grid independence verification (A) and pump mesh generation (B).
Experimental Verification of Calculation Model and Condition Adjustment
The reliability of the numerical calculation is verified by the external characteristic experiment of the RCP. Test the change of RCP head and efficiency under different flow conditions, draw the external characteristic curve. The hydraulic performance test device included the console, motor, closed water tank, pump, control system, and valves, as shown in Figure 3A. The comparison between the experimental results and the steady-state calculation results is shown in Figure 3B. The curve of numerical calculation results and the curve of experimental results have the same change trend, and the consistency of each point is high under the full condition. At rated flow, the error between the calculated head of RCP and the experimental value is 4.0% and the error between the calculated efficiency of RCP and the experimental value is 1.73%, the maximum error is less than 5%. The calculation model of the RCP meets the requirements of the engineering calculation.
[image: Figure 3]FIGURE 3 | Experimental system (A) and hydraulic performance comparison (B).
If the pipeline performance curve is superimposed with the curve of the pump performance, the meeting point will be the operating point of the pump for that system. The pipe resistance can be controlled by regulating the pipe diameter of the resistance element. The local resistance loss formula is as follows and changing the diameter of the resistance element can change the resistance.
[image: image]
In this formula, ΔP is the pressure drop, K is the resistance coefficient, A is the cross-sectional area of the pipeline, and Q is fluid volume flow rate.
As shown in Figure 4, if the resistance is too small, the position of the pipeline performance curve 1 deviates from the rated operating point of the pump. Currently, it is necessary to reduce the pipe diameter. If the resistance is too large, it will reach the position of pipeline performance curve 2. Currently, it is necessary to increase the pipe diameter. After several adjustments, the pipeline performance curve 3 is finally obtained. Currently, the error of the steam generator resistance is 3.3%, the error of the reactor pressure vessel resistance is 2.9%, the error between the pump flow of the closed system and that of the rated condition is 0.998%, the error between the pump head of the closed system and that of the rated condition is 3.76%. The error of the two methods is small, which meets the requirements of overall simplification.
[image: Figure 4]FIGURE 4 | Pump performance curve and pipeline performance curve.
NUMERICAL SIMULATION OF TRANSITION PROCESS
For the transient process of pump stop, according to the above parameters, the commercial ANSYS-CFX software platform was used to calculate, and the RNG κ-ε turbulence model was selected to consider the influence of curved wall on the flow as much as possible. The near wall area is treated by the standard wall function. The pressure and velocity are coupled by SIMPLEC algorithm. The second-order central difference scheme is used to discretize the diffusion term, the second-order upwind scheme is used to discretize the diffusion term, and the second-order discrete scheme is used to discretize the governing equations, which can reduce the influence of truncation error and improve the calculation accuracy. The time step of transient calculation is 1.122 × 10−4s, the starting time of shutdown is 0.404 s (the pump rotates for 10 turns). Refer to the experimental data of literature (Zhong, 2018), and the pump stop time is selected as 0.6 s. Since the primary circuit system of RCP is a closed system, the transition process of stopping the pump can be realized only by changing the speed of the pump. The function of the pump speed n changing with time is shown below, the unit is r/min, and the transient calculation lasts for a total of 10 s.
[image: image]
In this formula, n is rotation speed, t is time.
Eight monitoring points: PIN, REIN, REOUT, SGIN, SGOUT, G1, G2, and POUT located in the middle of the pipeline section as shown in Figure 5 are arranged in the primary circuit pipeline system of the pump to monitor the change of instantaneous pressure with time in the pipeline system during the shutdown transition of the pump. In the impeller passage of the pump, 6 monitoring points are arranged along the direction of fluid flow as shown in Figure 6 which are P1, P2, and P3 in the impeller passage, and 3 monitoring points in the guide vane passage are P4, P5, and P6, respectively, to monitor the instantaneous changes of pressure and velocity in the pump.
[image: Figure 5]FIGURE 5 | Monitoring points of reactor primary circuit pipeline.
[image: Figure 6]FIGURE 6 | Monitoring points of impeller and guide vane.
NUMERICAL SIMULATION OF TRANSITION PROCESS
Pressure Change in Piping System
Figure 7 shows the average transient absolute pressure value at each position of the reactor primary circuit when the RCP operates normally. The calculation results show that the pressure distribution in the whole closed primary system is not uniform under the stable operation of the reactor primary system. Because of pipeline resistance, the pressure in all parts of the system decreases from the outlet of RCP along the direction of transition pipe, reactor pressure vessel, hot leg pipe, steam generator, cold leg pipe, and RCP inlet.
[image: Figure 7]FIGURE 7 | Average absolute pressure of pipeline monitoring points.
Figure 8 is the absolute pressure change diagram of each monitoring point in the pipeline system during the pump shutdown transition process. After the start of the pump shutdown transition process, due to the rapid stop of the impeller hindering the fluid flow, the fluid in the pipeline system generates pressure wave due to inertia, and strong oscillation occurs in the pipeline system. The pressure wave is transmitted along the direction of the transition pipe, steam generator, and hot leg pipe, and the peak point of the transient pressure wave gradually presents a downward trend. The maximum peak pressure is located at the PIN monitoring point at the inlet pipeline of the pump, and the value is 15.65 MPa at the end of pump shutdown. The minimum value is located at the POUT monitoring point at the outlet section, and the time is also at the end of the pump stop, and the value is 15.31 MPa.
[image: Figure 8]FIGURE 8 | Absolute pressure change of pipeline monitoring points during the transition process.
The pressure values at the monitoring points of PIN, G1, G2, and SGOUT all rose rapidly to the end of the clamping shaft and reached the peak value, and then decreased slowly. They were close to stable around 2 s and finally reached the reference pressure of 15.5 MPa. In addition, due to the dissipation effect of pressure wave propagation in the pipeline, the closer to the pump inlet, the greater the peak value, and the smaller the peak value away from the pump inlet. The pressure values at SGIN, REOUT, REIN, and POUT monitoring points all rapidly decrease to the end of pump shutdown and reach the minimum value, then slowly rise. The closer to the pump outlet, the greater the decrease value will be, and it is close to stable around 2 s, finally reaching the reference pressure of 15.5 MPa.
Analysis of External Characteristics of RCP
The change of flow rate and torque with time during pump shutdown is shown in Figure 9. It can be seen from the figure that when the pump rotation speed drops to 0r/min, due to the inertia effect of the fluid in the pipeline system, the mass flow rate does not immediately drop to 0 m3/h, but rapidly decreases before the time point when the rotation speed of the pump decreases to 0r/min, and then slowly decreases. The overall trend shows an exponential function, and by 10 s, the mass flow rate decreases to 1.7% of the stable operation. The torque decreased sharply with the transition process of pump stopping. The torque decreases sharply at first and becomes 0N•m at 0.68 s. When the pump speed drops to 0r/min, it drops to −51.89% of the stable operation. Then it rises slowly and becomes flat at 2.2 s, close to 0N•m.
[image: Figure 9]FIGURE 9 | Change of mass flow and torque during the transition process.
Flow Analysis in Impeller Passage
Figure 10A shows the pressure change in the impeller passage during the pump stop transition. The pressure from impeller inlet to outlet presents obvious gradient change in the stable operation state. As a result of rapid stop blocking of impeller flow and fluid inertia, the transition process stopped after the start in the pump, the impeller import part of the fluid to the impeller flow in inlet pressure increases first and then, within the impeller outlet outside part of the fluid to the impeller flow in inlet pressure increases after the first decreases, and export pressure decreases then increases first. Figure 11A shows the pressure change at the monitoring point in the impeller passage of the pump during the pump shutdown transition process, which is consistent with the trend of change in Figure 10A. When the monitoring point P1 runs smoothly, the pressure value is the smallest in the monitoring points P1, P2, and P3. In the process of pump shutdown transition, the pressure value rises sharply to the maximum value of 15.64 MPa and then decreases slowly. The next monitoring point, P2, dropped sharply to 15.27 MPa and then rose. When the pressure value of P3 is the largest in stable operation, the pressure value drops sharply to the minimum value of 15.19 MPa and then rises. With the process of pump shutdown transition, the pressure values in the impeller flow passage tend to be stable and close to the reference pressure of 15.5 MPa.
[image: Figure 10]FIGURE 10 | Change of absolute pressure (A) and velocity (B) in impeller passage during the transition process.
[image: Figure 11]FIGURE 11 | Change of absolute pressure (A) and velocity (B) at monitoring points in impeller passage during the transition process.
Figure 10B shows the velocity changes in the impeller during the pump shutdown transition process. After the pump shutdown transition process starts, the velocity in the flow passage gradually decreases compared with the stable operation state of the pump. Figure 11B shows the velocity changes at the monitoring points in the impeller passage of the pump during the transition process of pump shutdown. The velocity at P1 gently decreases during the transition process, while the velocity at P2 and P3 gradually decreases and is accompanied by oscillation. At 5s, the speed of each monitoring point was close to 0 m/s.
Load Analysis of Blade
Figure 12 shows the pressure distribution on different spans of blades along the flow direction during the pump shutdown transition process. The variation trend of blade load along with the transition process is relatively consistent on the span of 0.1, 0.5, and 0.9. At 0.5 s, the pump shutdown transition process has begun, the pressure on the pressure surface is greater than the pressure on the suction surface, and the pressure difference becomes smaller compared with the stable operation. The torque is smaller than that of smooth operation. All these make the torque relatively stable and the operating value smaller. Currently, the torque of the impeller to the fluid is active. In the transition process of pump shutdown, the pressure on the pressure surface gradually decreases, and the pressure on the suction surface gradually increases. The pressure on the suction surface begins to become larger than the pressure surface, leading to the negative torque, and the torque of the fluid on the impeller gradually becomes active. At 1 s, the pressure difference between the suction surface and the working pressure surface reaches the maximum, resulting in reverse peak torque. At 1.5 s, the pressure on the suction surface is still greater than that on the pressure surface, but less than the pressure difference at 1 s, so the torque value is still negative, but the value decreases somewhat. When it reaches 2 s, the pressure of the pressure surface is close to that of the suction surface, and the torque is close to 0N•m. The overall trend of torque is consistent with Figure 9.
[image: Figure 12]FIGURE 12 | Absolute pressure distribution on one blade 0.1 span (A) 0.5 span (B) and 0.9 span (C) during the transition process.
Flow Analysis in Guide Vane Passage
Figure 13A shows the pressure changes in the guide vane during the pump stop transition process. After the start of the pump shutdown transition process, the fluid continues to flow to the outlet of the pump because the impeller stops fast and hinders the flow and the inertia of the fluid, leading to the pressure in the guide vane dropping first and then rising slowly. Figure 13A shows the change diagram of the pressure monitoring points during the pump stop transition process. The pressure values of the monitoring points P4, P5, and P6 inside the guide vane flow passage all drop sharply. The pressure value of P5 point decreases most sharply, reaching 15.21 MPa. Then there is the pressure value at P6, which drops to 15.29 MPa. The pressure value of P4 drops slightly, which is 15.38 MPa. With the progress of the pump shutdown transition process, the final pressure values in the guide vane passage are close to the reference pressure of 15.5 MPa and tend to be stable.
[image: Figure 13]FIGURE 13 | Change of absolute pressure (A) and velocity (B) in guide vane passage during the transition process.
Figure 14B shows the velocity changes in guide vane passage during the pump stop transition process. After the start of the pump shutdown transition process, the velocity in the flow passage first decreases, then increases, and then decreases. Figure 14B shows the change diagram of velocity monitoring points in guide vane passage during the pump stop transition process. The speed of the monitoring point in the guide vane channel increases suddenly and then decreases slowly at about 1 s. At 5 s, the velocity of the monitoring point in the guide vane passage is close to 0 m/s.
[image: Figure 14]FIGURE 14 | Change of absolute pressure (A) and velocity (B) at monitoring points in the guide vane passage during the transition process.
CONCLUSION

1) In the pump under the shutdown accident shows obvious transient effect, the pressure near the RCP inlet in the pipeline system increases and then decreases, and the pressure near the RCP outlet first decreases and then increases. The maximum pressure is at the pump inlet and the minimum pressure is at the pump outlet.
2) With the process of pump shutdown, the flow rate decreases rapidly. The torque curve first drops sharply to zero and continues to decrease to the negative extreme when the pump rotation speed drops to zero, finally the torque rises slowly and then tends to zero.
3) During the transition process of pump shutdown, the work capacity of the impeller decreases gradually. The pressure at the inlet of the impeller passage first increases and then decreases, the pressure the outlet of the impeller passage first decreases and then increases, and the velocity in the impeller channel gradually decreases to zero. The load of the impeller blade changes from the pressure on the pressure surface is greater than that on the suction surface during stable operation to the pressure on the suction surface is greater than that on the pressure surface, after reaching the peak value, the pressure difference gradually decreases to zero.
4) The pressure in the guide vane passage decreases rapidly at first and then increases slowly during the transition process of pump shutdown. When the velocity in the guide vane channel decreases, the velocity rises suddenly when the pump rotation speed drops to 0r/min, and then continues to drop to zero.
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NOMENCLATURE
RCP reactor coolant pump
Q mass flow rate
Qd nominal mass rate flow
H pump head
Hd pump head under nominal rate flow
t time
T torque
Td torque under rated condition
n pump speed
K resistance coefficient
ΔP pressure drop
A cross-sectional area of the pipeline
Greek
η efficiency
ρ density
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In order to solve the problems of large reflux and low output performance of the valveless piezoelectric pump with conical tubes, the valveless piezoelectric pump with hyperbolic tubes was proposed. However, the previous research only paid attention to the difference of forward and reverse flow resistance inside the tubes. For this reason, the prototypes of conical tube valveless piezoelectric pump and hyperbolic tubes valveless piezoelectric pump were fabricated in this paper. The maximum output flow rate of the valveless piezoelectric pump with hyperbolic tubes was 54 ml/min. Subsequently, the size and position of entropy production of the hyperbolic tube and the conical tube were numerically calculated based on entropy production theory in this paper. The results show that the entropy production rate of the hyperbolic tube was significantly lower than that of the conical tube, which is consistent with the experimental results. This research analyzed the energy loss inside the valveless piezoelectric pump by using the entropy generation theory, and provided a new design and research method for improving the output performance of the valveless piezoelectric pump in the future.
Keywords: hyperbolic tube, conical tube, valveless piezoelectric pump, entropy generation, output flow
INTRODUCTION
As the core component of the micro-fluid control system, the output performance of the micro pump determines the characteristics of the entire system. According to different driving methods, micro pumps can be divided into electromagnetic pumps (Mi et al., 2020; Rusli et al., 2018) heat pumps (Feng et al., 2021; Skye and Wu, 2021), pneumatic pumps (Hamid et al., 2017; Ma et al., 2019), shape memory pumps (Robertson et al., 2016) and piezoelectric pumps (Huang et al., 2020; Ma et al., 2016; Ma et al., 2015). Among them, piezoelectric pumps have attracted more and more attention for their outstanding advantages such as high energy density, fast response speed, large driving force, and easy integration. According to whether there are valves inside, piezoelectric pumps can be divided into valve piezoelectric pumps and valveless piezoelectric pumps (Singhal et al., 2004; Li et al., 2021). The valve piezoelectric pump has a movable valve, which can avoid backflow and generate a larger output pressure. However, due to the existence of micro-valves, processing and assembly are difficult. In addition, the valve is easy to wear and there is a risk of fatigue damage, which greatly reduces the reliability of the valve piezoelectric pump. Compared with the former, the valveless piezoelectric pump uses a fluid diode to replace the active valve, which simplifies the structure of the valveless piezoelectric pump, makes it easy to miniaturize, and improves the system integration (Zhang et al., 2017).
The valveless piezoelectric micropump is usually composed of a piezoelectric vibrator, a pump body and a fluid diode. The fluid diode has the characteristics of unequal flow resistance between the forward and reverse directions, so it is the most important part of the valveless pump. Among them, the cone tube, as the most classic fluid diode, was first used in valveless piezoelectric pumps (Stemme and Stemme, 1993; Olsson et al., 1997). Because there is no movable valve, there are shortcomings of large output return and low output performance for the valveless piezoelectric pump. To this end, many researchers have proposed valveless piezoelectric pumps such as Tesla tube (Morris and Forster, 2003; Gamboa et al., 2005), Y-shaped tube (Zhang et al., 2008), multi-stage bifurcated tube0 (Fadl et al., 2010; Huang et al., 2014), spiral tube (Leng et al., 2013), and vortex tube (Huang et al., 2019; Huang et al., 2021) to reduce backflow and increase output flow.
However, the conical tubes valveless piezoelectric pump is still widely studied due to its simple structure. Among them, Zhang et al. (Bian et al., 2020) proposed the hyperbolic tubes valveless piezoelectric pump based on the conical tube, aiming to improve the output performance of the valveless piezoelectric pump by reducing the vortex during the flow of the piezoelectric pump. However, this study only used software simulation (Tang et al., 2021) and combined with experimental research on the internal flow field distribution of the hyperbolic tubes to illustrate the flow characteristics of the pump (Wang et al., 2020). Therefore, this article will analyze minutely the internal flow and energy loss of the hyperbolic tubes valveless piezoelectric pump based on the entropy generation theory. Subsequently, the size and position of entropy generation in the conical tube and the hyperbolic tube are obtained by numerical calculation. Finally, the output performance experiments of the prototypes are carried out. The calculation and analysis of fluid diodes using entropy generation theory can provide new ideas for improving the output performance of valveless piezoelectric pumps.
STRUCTURAL DESIGN AND WORKING PRINCIPLE
Design of Hyperbolic Tube
Figure 1 shows a schematic diagram of the conical tube structure, in which L is the length of the conical tube, D is the diameter of the throat of the conical tube, and θ is the cone angle. The hyperbolic tube is made by changing the structure of the conical tube, that is, the gradually expanding straight wall of the conical tube is changed to a hyperbolic wall, and the throat of the conical tube is changed to a circular arc transition section. The left side of Figure 2 shows the wall curve of the hyperbolic tubes, where h1 is the height of the arc section, h2 is the height of the hyperbola section, and r is the minimum radius of the flow channel of the tube. The hyperbolic function is:
[image: image]
Among them, a is equal to r, and b is the only variable in Formula (1). Constrain the hyperbola with two straight lines y = 0 and y = 9. The arc part at the throat is constructed by Formula (2):
[image: image]
Finally, the obtained hyperbolic arc streamline is rotated 360° around the axis to obtain the inner flow passage of the hyperbolic tube as shown in the right side of Figure 2.
[image: Figure 1]FIGURE 1 | Schematic diagram of conical tube structure.
[image: Figure 2]FIGURE 2 | Schematic diagram of hyperbolic structure.
Working Principle
The valveless piezoelectric pump with hyperbolic tubes is composed of a piezoelectric vibrator, a pump body containing two hyperbolic tubes, and a pump cover, as shown in Figure 3. In this study, the fluid flowing from the arc section into the hyperbola is defined as the forward flow, and the fluid flowing from the hyperbolic section into the arc section is defined as the reverse flow. The piezoelectric vibrator receives the current voltage signal to generate up and down vibrations to change the volume of the pump cavity and change the pressure inside the pump cavity, so as to realize the unidirectional transportation of the fluid on the macroscopic level.
[image: Figure 3]FIGURE 3 | Structure diagram of valveless piezoelectric pump.
The circular piezoelectric vibrator is fixed by adhering its periphery to the pump body, and AC voltage is applied to generate periodic vibration, and its vibration shape is approximately parabolic. By establishing a polar coordinate system, the origin of the coordinate system is the center of the piezoelectric vibrator, then the polar coordinate equation of the parabola:
[image: image]
In the formula, Ω0is the maximum amplitude, R is the radius of the piezoelectric vibrator, and the maximum volume change of the pump cavity is:
[image: image]
The flow resistance experienced by the fluid in the hyperbolic tube is mainly local resistance and friction resistance, as shown below:
[image: image]
[image: image]
In the formula, γ+ is the total forward flow resistance coefficient of the hyperbolic tube, and γ− is the total reverse flow resistance coefficient of the tube. The output flow of the pump can be expressed as:
[image: image]
Where ƒ is the driving frequency of the piezoelectric vibrator.
EXPERIMENTAL SETUP
In this paper, a stereolithography machine (SLA) was used to fabricate the valveless piezoelectric pump with conical tubes and the valveless piezoelectric pump with hyperbolic tubes. As shown in the left of Figure 4, the pump body is made of photosensitive resin. The tube parameters are shown in Table 1, the pump cavity diameter is 41 mm, the pump cavity depth is 0.8 mm, and the vibrator radius is 41 mm.
[image: Figure 4]FIGURE 4 | Experimental setup and piezoelectric pump body model.
TABLE 1 | Analysis of grid independent.
[image: Table 1]The experimental setup of the piezoelectric pumps with two tubes is shown in the right of Figure 4. The input AC voltage of the piezoelectric pump is set to 200 Vpp (peak-to-peak voltage). The reservoir contained a certain amount of deionized water. Take the small radius of the flow tube as the inlet and the flow tube with joints as the outlet, and the liquid level of the inlet and outlet are the same during the experiment. The analytical balance is used to measure the output flow of the piezoelectric pump per unit time under different frequencies. The accuracy of the analytical balance is 0.001 g.
SIMULATION ANALYSIS
Entropy Generation Theory
During the operation of the valveless piezoelectric pump, due to the viscosity of the working fluid and Reynolds stress, the consumed mechanical energy is irreversibly converted into internal energy. According to the second law of thermodynamics, the entropy generation theory is used to calculate the energy loss.
For turbulent flow, based on the Reynolds time-average equation, the entropy generation rate can be divided into two parts, the one is caused by the average velocity, called the direct dissipation term; the other is caused by the pulsating velocity, called the turbulent dissipation term. So, define the local total entropy production rate SD per unit volume as:
[image: image]
In the formula, [image: image] is the entropy production rate caused by the average speed, W/(m3·K); [image: image] is the entropy production rate caused by the pulsating velocity, W/(m3·K).
The entropy production rate caused by the average speed is:
[image: image]
The entropy production rate caused by the pulsating velocity is
[image: image]
Where [image: image], [image: image], [image: image], are the components of the average velocity in the x, y, and z directions, m/s; u′, v′, w′ are the components of the pulsating velocity in the x, y, and z directions, m/s; T is the temperature, K; μ is the hydrodynamic viscosity, Pa·s; μeff is the effective dynamic viscosity of the fluid, Pa·s, which can be calculated by Formula (11), where μt is the turbulent flow viscosity, Pa·s.
[image: image]
However, the pulsating velocity component cannot be calculated in the Reynolds average equation. This paper adopts the k-epsilon turbulence (Shi et al., 2020; Han et al., 2021) model. Therefore, the entropy generation rate produced by the pulsating velocity can be approximated by the following formula.
[image: image]
In the formula, the empirical coefficient β = 0.09, ƒ is the characteristic frequency of turbulent pulsation, s−1, k is turbulent kinetic energy, m2/s2; ρ is the density, kg/cm3.
Integrating the above-mentioned parts of the entropy production rate in the integration area, the direct dissipation entropy production [image: image] (W/k) and the turbulent dissipation entropy production [image: image] (W/k) can be obtained respectively.
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Therefore, the entropy production of the mainstream area in the entire computational domain is:
[image: image]
According to the entropy generation calculation results of the conical tube and the hyperbolic tube, the resistance coefficient ɛ is used to describe the flow performance and defined in Eq. 16. the impedance ratio is defined in Eq. 17, which is adopted to describe the unidirectional transport performance of the tube.
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Hyperbolic Tube Grid Establishment
The finite element models of the tubes are shown in Figure 5 (the conical tube on the top and the hyperbolic tube on the bottom). The k-epsilon turbulence model is adopted, because there is small turbulence in tubes. The wall is a non-slip boundary, the pressure applied to the inlet is 500, 1,000, 2,000, and 4,000 Pa, the outlet of the tube is defined as 0 Pa, and the numerical convergence residual is set to 10–4.
[image: Figure 5]FIGURE 5 | Finite element models of conical tube and hyperbolic tube.
The grid independence of the model is verified. Table 1 shows the calculation results of grid independence, where N is the number of grids, Q is the flow rate (kg/s), and r is the relative error. When the mesh numbers of the conical tube and the hyperbolic tube are 375,700 and 279,000 respectively, the error is less than 1%, so the finite element model is used to calculate the entropy generation.
RESULTS AND DISCUSSION
The experimental result of the pump flow rate is shown in Figure 6. The output flow rate of the piezoelectric pump with hyperbolic tubes is finally measured at a frequency of 40 Hz, which is 54 ml/min. The maximum output flow rate of the piezoelectric pump with conical tube is 47 ml/min. Therefore, the output performance of the piezoelectric pump with hyperbolic tubes is greater than that of the piezoelectric pump with conical tubes.
[image: Figure 6]FIGURE 6 | Flow rate of the piezoelectric pumps.
Calculate the viscous entropy production and turbulent entropy production under different pressure differences when the two tubes are flowing in the forward direction, as shown in Table 2 and Table 3. It can be seen that under the same working conditions, the turbulent entropy production and viscous entropy production of the hyperbolic tube are smaller than that of the conical tube. Therefore, the output performance of the piezoelectric pump with hyperbolic tubes is better than that of the piezoelectric pump with conical tubes.
TABLE 2 | Entropy production of conical tube under different pressure difference.
[image: Table 2]TABLE 3 | Entropy production of hyperbolic tubes under different pressure difference.
[image: Table 3]The difference between the forward and reverse flow resistance of the hyperbolic tube directly affects the cut-off performance, which in turn affects the output performance of the valveless piezoelectric pump with hyperbolic tubes.
Figure 7 shows that the forward flow resistance of the hyperbolic tube is smaller than the reverse flow resistance, indicating that unidirectional transport of fluid can be achieved. Moreover, the impedance ratio of the hyperbolic tube is larger than that of the conical tube, indicating that the unidirectional transport performance of the hyperbolic tube is better than that of the conical tube.
[image: Figure 7]FIGURE 7 | Flow resistance and impedance ratio.
Figure 8A shows the turbulent entropy production of the conical tube. The turbulent entropy production is mainly caused by turbulent dissipation. It can be seen that the turbulent entropy production is symmetrically distributed on the axis of the conical tube, and it is greater in the reverse flow than that in the forward flow. Figure 8B shows the viscous entropy production of the conical tube. Compared with the turbulent entropy production, the viscous entropy production is smaller. The viscous entropy production is mainly caused by the dissipation of the irreversible viscous entropy production. The viscous entropy production is at the smallest radius of the tube. The maximum, decreases as the tube spreads.
[image: Figure 8]FIGURE 8 | Entropy cloud diagram of the conical tube. (A) Turbulent entropy cloud diagram (B) Viscous entropy cloud diagram.
Figure 9A shows the viscous entropy production of the hyperbolic tube. Compared with the conical tube, the viscous entropy production area of the hyperbolic tube in the forward and reverse flow is smaller than that of the conical tube. Figure 9B shows the turbulent entropy production of the hyperbolic tube. Compared with the conical tube, the turbulent entropy production of the hyperbolic tube is much smaller than that of the conical tube, and the viscous entropy production is less dissipated. In summary, the entropy production at the smallest channel diameter of the tube is larger, and both viscous entropy production and turbulent entropy production are positively correlated with the pressure difference, but the turbulent entropy production and viscous entropy production of the hyperbolic tube are both smaller than those of the conical tube.
[image: Figure 9]FIGURE 9 | Entropy cloud diagram of the hyperbolic tube. (A) Viscous entropy cloud diagram (B) Turbulent entropy cloud diagram.
Figure 10A and Figure 11Arespectively show the velocity cloud diagrams of the conical tube and the hyperbolic tube. It can be seen that the flow velocity of the fluid in the hyperbolic tube is greater than that in the conical tube. In addition, there is a larger vortex in the conical tube, which is larger than the hyperbolic tube, which has a greater impact on the flow of fluid in the tube. Figure 10B and Figure 11B respectively show the pressure cloud diagrams of the conical tube and the hyperbolic tube. It can be seen that the reverse cut-off performance of the hyperbolic tube is better than that of the conical tube.
[image: Figure 10]FIGURE 10 | Flow distribution simulation results of the conical tube. (A) Velocity streamline diagram (B) Pressure distribution diagram.
[image: Figure 11]FIGURE 11 | Flow distribution simulation results of the hyperbolic tube. (A) Velocity streamline diagram (B) Pressure distribution diagram.
Therefore, under the same working conditions, the energy loss of the hyperbolic tube is smaller than that of the conical tube, and the output performance of the hyperbolic tube piezoelectric pump is better than that of the conical tube piezoelectric pump.
CONCLUSION
In order to improve the flow characteristics of the valveless piezoelectric pump, two valveless piezoelectric pumps with tubes with different curves as the inlet and outlet pipes were developed. The prototypes of the piezoelectric pumps were fabricated, and the experimental results showed that the hyperbolic tubes had the largest flow rate, and the corresponding valveless piezoelectric pump had better output performance. The entropy generation theory was used to analyze the energy loss of the tube, and the entropy production values of the tubes were calculated. The results show that the total entropy produced by the hyperbolic curve tube is smaller than the entropy produced by the conical tube. The entropy generation theory can effectively predict and analyze the energy loss of the tubes, and provide a reference for the structural design and performance optimization of the piezoelectric pump.
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This study performed external characteristics, dynamic pressure, and vibration tests on the closed impeller model, semi-open type impeller model, and open impeller model in order to study the influence of the impeller structure on the operational stability of the pump. According to the research findings, the external characteristics of the three impellers enjoyed favorable stability with flat curves under low flow rates. As the flow increases, the stability of the external characteristics weakens, and the poorest stability can be observed in the open impeller, while the enclosed impeller has the best stability under a large flow rate. In addition, intense pressure fluctuations arise near the casing tongue due to the dynamic and static interference between the blade and the casing tongue, causing a large amplitude of pressure pulsation near the casing tongue and the pump outlet. It can be seen that the stability of pressure pulsation of the closed impeller in the casing tongue area was the best, whereas the stability of pressure pulsation of the open impeller was the poorest. The minimum casing vibration can be found in the closed impeller, followed by the semi-open impeller, and the open impeller, with the maximum vibration. In addition, the optimum stability of rotor vibration can be observed in the closed impeller, semi-open impeller, and open impeller with similar stability of rotor vibration.
Keywords: external characteristic, pressure pulsation, vibration characteristic, stability, centrifugal pump
INTRODUCTION
The centrifugal pump should be of high security and reliability during operation; otherwise, it might affect the normal operation. Hence, the stability of the operating condition of the centrifugal pumps has become a hotspot issue of high concern. Centrifugal pumps are widely used in the oil and gas industry (Bellary and Samad, 2016), aerospace engineering (Hong et al., 2013), marine engineering (Wang. et al., 2020), and other fields. Centrifugal pumps, in general, are equipped with varying types of impellers for different pumped mediums. An open impeller is suitable for conveying materials containing a large amount of suspended matter, a semi-open impeller is suitable for conveying easy precipitation or containing particles of material, and a closed impeller is suitable for conveying clean liquid without impurities (Gulich, 2010). Different impeller types have significant impacts on the operational stability and reliability of the centrifugal pump, mainly stable performance and vibration stability of the pump. To be specific, the stable performance of the pump involves a flat lift curve and equally distributed pressure, while vibration stability consists of satisfactory vibration characteristics of the rotor system and casing vibration characteristics. Stable operation of the centrifugal pump is normally affected by many complex flows in the operation of centrifugal pumps, such as interstitial flow (Wood et al., 1965), secondary flow (Klaus and Rainer, 2005), eddy current (Zhu and Kamemoto., 2005), and backflow (Yamamoto and Tsujimoto, 2009), as well as a variety of unstable phenomena occurring in the operation, such as rotating stall (Sano et al., 2002), rotor-stator interaction (Zheng et al., 2016), cavitation (Zhang et al., 2015), and vibration (Jia et al., 2015). Chen et al. (2022a) utilized a TR-PIV system to measure the flow fields in a special voluteless centrifugal pump. The contributions to the overall energy and the spatial/temporal behavior of the large-scale flow structures were analyzed in detail, and the dynamic and kinematic energy characteristics of the coherent flow structures that were in the impeller were revealed. Chen et al. (2022b) explored a method to directly describe the loss distribution trend of the flow field through the PIV experiment. Results show the distribution of local pressure head increase (Hpr) is affected mainly by the inlet flow field of the impeller passage, while the maximum value region of local velocity head increase (Hvr) along the radial direction is located at the downstream of the unstable region on the blade suction side and at the center of the unstable region on the pressure side. A vast number of numerical and experimental studies have been performed on the pressure pulsation and vibration characteristics of centrifugal pumps under unsteady conditions. He (1996) studied the mechanism of pressure pulsation of the pump and indicated that vibration and noise of the pump are related to the pressure pulsation of the pump. Pressure pulsation mainly consists of axial frequency and blade frequency pressure pulsations. Yuan et al. (2010) pointed out that no evident high-frequency component was found in the pressure pulsation of the volute under design flow rate. The dominant frequency at the same monitoring point was constant, but its amplitude varied under different flow rates. Specifically, the amplitude was large under low flow rate, reaching the minimum under design flow rate, according to Zhu and Hu (2010). Moreover, the centrifugal pump is also affected by the rotor–stator interaction and unsteady internal flow apart from the abovementioned influence of different hydraulic conditions on pressure pulsation, since asymmetry of pressure distribution and pressure pulsation are inevitable. Jia et al. (2019) studied the pressure distributions of the volute and the front sleeving wall under different flow rates, with the results showing that the asymmetry of the pressure distribution and the magnitude of the pressure decrease with the rising flow rate. The rotor–stator interaction between the rotating impeller and the fixed volute might lead to high-frequency unsteady pulsation inside the volute and low-frequency unsteady pressure pulsation inside the impeller. Yang et al. (2014) studied the influence of radial clearance between the blade tip of the impeller and the casing tongue on the performance and pressure pulsation of the pump as a turbine, showing that the high-frequency unsteady amplitude will be increased and the pressure pulsation in the volute will be decreased with the increase in radial clearance. Cui et al. (2015) studied the unsteady flow characteristics of the low specific speed centrifugal pump under varied flow rates, indicating that the flow instability resulted from the interaction of the impeller and the volute, thereby leading to the instability in the circumferential direction. As the impeller and the volute are essential for the generation of pressure pulsation inside the pump, their geometric parameters were modified in some studies to lower the pressure pulsation and vibration. Zhu et al. (2007) proved that the geometrical shape of the impeller blades exerted an impact on the unstable pressure pulsation. Tao et al. (2016) studied the effect of blade thickness on the transient flow characteristics of a centrifugal slurry pump with semi-open impellers. According to the result, the greater the blade thickness, the larger the pressure pulsation at the impeller outlet. This article studied closed, semi-open, and open impellers through performing external characteristics, dynamic pressure, and vibration characteristics tests under full flow rates, as well as comparatively analyzed the external characteristics, pressure pulsation, and vibration characteristics of the three impellers.
To sum up, most of the current centrifugal pump impeller structures are for a single type, and comparing the flow characteristics of different types of centrifugal pump impeller is impossible. Therefore, studying the influence of different impellers structures on the stability and reliability of centrifugal pumps is very important. In this article, the performance stability and vibration stability of centrifugal pumps with three typical impeller models (closed, semi-open, and open) are studied through external characteristic tests, dynamic pressure tests, and vibration tests.
EXPERIMENTAL APPARATUS
The test bench designed for the operational stability of the centrifugal pump described in this study is composed of data acquisition systems, such as dynamic pressure, vibration characteristics, and external characteristics, as well as centrifugal pump, water tank, high-precision electromagnetic flowmeter, valves, water inlet and outlet pipelines, and motors. The circuits of the test system are shown in Figure 1A. A low specific speed centrifugal pump with three impeller types at a rotational speed of 3,000 r/min was tested. Specific performance parameters and geometric parameters are shown in Table 1. The physical diagram of the model centrifugal pump test bench is demonstrated in Figure 1B, and the physical diagrams of the three impellers of the model pump are presented in Figure 1C. Note that three impellers with the same molded lines have six blades. Clearwater is used as the experimental medium in this study.
[image: Figure 1]FIGURE 1 | Experimental apparatus: (A) testing system of the centrifugal pump and (B) testing centrifugal pump (b): (Ⅰ) closed impeller, (Ⅱ) semi-open impeller, and (Ⅲ) open impeller (C) Testing centrifugal impellers.
TABLE 1 | Performance parameters and geometric parameters of the centrifugal pump.
[image: Table 1]The centrifugal pump dynamic pressure test system is composed of a pump, pressure sensor, and dynamic pressure data acquisition system. The locations of pressure measuring points of the centrifugal pump body are given in Figure 2 and Table 2.
[image: Figure 2]FIGURE 2 | Locations of the pressure testing points.
TABLE 2 | Locations of the pressure testing points.
[image: Table 2](The layout of monitoring points should reflect the pressure value of the centrifugal pump and its changing trend as far as possible. Therefore, on the premise of ensuring that effective data can be obtained, monitoring points should be arranged as much as possible in key positions with large pressure changes in order to ensure the performance stability of the centrifugal pump to make accurate judgment. This explains why the pressure testing points are not symmetrical on the casing. Due to the large unstable flow in the impeller runner, tongue area, and pump outlet, the monitoring points in these locations are properly encrypted, so as to more accurately reflect the pressure change of the centrifugal pump.)
The centrifugal pump vibration test system comprised an acceleration sensor, an eddy current displacement sensor, and a data acquisition system. The acceleration sensor is a piezoelectric triaxial acceleration sensor that can simultaneously measure the vibration acceleration in the directions of x, y, and z, with a sensitivity of 10 mV/g, a measuring range of 500 g, and a response frequency ranging from 0.5 to 10 kHz. Acceleration sensors are installed at the pump inlet, pump outlet, casing tongue area, and pump body. As can be seen from the installation position of the acceleration sensor in Figure 3, measuring point 1 is installed at the position near the volute tongue, measuring point 2 is installed on the pump outlet flange, measuring point 3 is installed on the pump body, and measuring point 4 is installed on the inlet flange. The sensitivity of the eddy current vibration displacement sensor used is 4 mV/μm, with the effective measuring distance ranging from 0 to 2 mm, and the frequency response ranging from 0 to 10 kHz. The installed position of the eddy current vibration displacement sensor is shown in Figure 3, with the horizontal direction defined as direction x and the vertical direction as direction y.
[image: Figure 3]FIGURE 3 | Install locations of acceleration sensors and eddy current sensors: (A) axial section and (B) middle section of impeller.
External characteristics, pressure pulsation, and vibration data are collected synchronously via 64-channel data collectors with a maximum sampling frequency of 204.8 kHz. Sampling can be performed by each channel in a simultaneous and parallel manner with an amplitude accuracy of 0.1% FS (1 V input, ≤10 kHz) and a frequency accuracy of 0.001%.
RESULTS AND DISCUSSION
External Characteristics
External characteristic curves of the three impeller model pumps under full flow rates are presented in Figure 4. Evidently, the closed impeller has the highest lift and efficiency, whereas the open impeller has the smallest lift and efficiency. The lift curves of the three impellers are relatively stable and flat at small flow rates. When the flow rate increased from 1.0Qdes to 1.4Qdes, the lifts of the three impellers dropped significantly. Specifically, the lifts of the closed impeller, the semi-open impeller, and the open impeller were dropped by 19.05%, 29.86%, and 38.95%, respectively. Evidently, the lifts of the three impellers are relatively stable under small flow rates, which become less stable with rising flow rates. In addition, the closed impeller has the best lift stability, while the open impeller has the worst lift stability.
[image: Figure 4]FIGURE 4 | External characteristics of the centrifugal pump with three impellers.
Circumferential pressure distribution profiles of the three impeller volute walls under different flow rates are shown in Figure 5. Apparently, the pressures of the three impellers are progressively decreased with the increasing flow rate as the strengthening degree of pressure declines. The pressure change of the closed impeller is less affected by the flow rate, followed by the semi-open impeller, and the wall pressure of the volute of the open impeller is most sensitive to flow change. The pressure drop of the closed impeller near the pump outlet is smaller than that of the other two impellers with the rising flow rate, and the open impeller has the most obvious pressure drop.
[image: Figure 5]FIGURE 5 | Static pressure on volute casing of the centrifugal pump with three impellers: (A) closed impeller, (B) semi-open impeller, and (C) open impeller.
When the flow rate is small (ranging from 0 to 0.8Qdes), the pressure will be increased from the circumferential position of 0° to the pump outlet, and the maximum will be reached at the impeller outlet. The pressure increase gradient is increased near the casing tongue of the volute, and the pressure increase trend becomes more significant with the rising flow rate. The pressure increase near the volute reaches 40 kPa at 0–0.4Qdes, while the pressure increase is only 10 kPa at 0.8Qdes for the closed impeller. The pressure increase trend becomes gentle from the volute tongue to the pump outlet, and the pressure increase for the open impeller reaches only 15 kPa. When the flow rate is large, the pressure at the casing tongue of the volute will suddenly decrease, and the pressure drop range will become more severe with the further increasing flow rate with the pressure drop gradient reaching its maximum at 1.4Qdes. The closed impeller, semi-open impeller, and open impeller reached the maximum pressure drop amplitudes of 39 kPa, 45 kPa, and 51 kPa, respectively, at the separation tongue, and the pressure is rising quickly from the casing tongue of the volute to the pump outlet, with their pressure rise amplitudes reaching 60 kPa, 46 kPa, and 25 kPa, respectively. This showed that the closed impeller has the strongest pressure recovery capability with good pressure distribution stability, while the open impeller has the weakest pressure recovery capability with the worst pressure distribution stability at large flow rates from the volute tongue to the pump outlet.
Radial static pressure distribution profiles of the three impeller front cover walls under different flow rates are shown in Figure 6. As can be observed from the figure, the closed impeller has the largest pressure value, followed by the semi-open impeller, and the open impeller has the smallest pressure value. The pressure is on the rise along the direction from the impeller inlet to the outlet. The maximum pressure increase gradient is found in group D, and then pressure drops rapidly in group E. The closed impeller has the smallest degree of pressure drop in group E, followed by the semi-open impeller, and the open impeller has the greatest degree of pressure drop. As group E is located near the volute tongue area, the quick drop in static pressure might lead to a sharp increase in the fluid speed of the tongue area. As a consequence, energy loss caused by the collision between fluids as well as between fluid and wall might increase, conveying slanted against fluids. This shows that the stable pressure distribution of the closed impeller in the tongue area is most conducive to fluid conveying, whereas the excessive pressure drop of the open impeller in the tongue area is least conducive to fluid conveying.
[image: Figure 6]FIGURE 6 | Static pressure on front casing of the centrifugal pump with three impellers: (A) closed impeller, (B) semi-open impeller, and (C) open impeller.
Pressure Pulsation Characteristic
Pressure fluctuation distribution profiles of the three impeller volute walls under design flow rates in the frequency domain are shown in Figure 7. Apparently, the axial frequency and the blade frequency of the closed impeller test are 49.85 Hz and 298.16 Hz, respectively; the axial frequency and the blade frequency of the semi-open impeller test are 49.79 Hz and 298.03 Hz, respectively; and the axial frequency and the blade frequency of the open impeller test are 49.73 Hz and 297.52 Hz, respectively. As can be observed from Figure 9, the degree of pressure pulsation is strengthened along the rotating direction of the impeller from the pressure measuring point 1 to 15, reaching the maximum at the pump outlet. The dominant frequency of pressure pulsation is concentrated at the shaft frequency at measuring points 1 to 12, while the dominant frequency of pressure pulsation is concentrated at the blade frequency at the pressure measuring points (measuring points 13–15) of the pump outlet. A frequency range of broadband pulsation exists at all pressure measuring points. So the position of the broadband pulsation moves gradually from near the shaft frequency to near the blade frequency from measuring points 1 to 15. The broadband pulsation is concentrated at the blade frequency or above at the pump outlet. The open impeller has the largest pressure pulsation amplitude, and conversely, the closed impeller has the smallest amplitude at the same measuring point. In the model pump, pressure pulsation at varying positions in the volute has different effects on the operational stability of the pump; the effect degree gradually increases from the starting point of the volute spiral to the outlet along the rotation direction, and the operational stability of the pump is dependent on pressure pulsations at the pump outlet and the casing tongue of the volute.
[image: Figure 7]FIGURE 7 | Pressure pulsations on volute casing of three impellers at design point: (A) closed impeller, (B) semi-open impeller, and (C) open impeller.
Pressure fluctuation distribution profiles of the three impeller volute walls under design flow rates in the frequency domain are shown in Figure 8. Apparently, the axial frequency and the blade frequency of the closed impeller test are 49.85 Hz and 298.16 Hz, respectively; the axial frequency and the blade frequency of the semi-open impeller test are 49.79 Hz and 298.03 Hz, respectively; and the axial frequency and the blade frequency of the open impeller test are 49.73 Hz and 297.52 Hz, respectively. As can be observed from Figure 8, the maximum pressure pulsation amplitude appeared in group D, and the maximum pressure pulsation of the closed impeller was the smallest in group D, followed by the open-plate impeller, and the open-type impeller was the largest. The amplitude of pressure pulsation in group E is small. Because group E is close to the tongue region, pressure pulsation here will cause a large energy loss. In the model pump, the effect degree on the operational stability of the pump gradually increases from the inlet of the impeller to the outlet.
[image: Figure 8]FIGURE 8 | Pressure pulsations on volute casing of three impellers at design point: (A) closed impeller, (B) semi-open impeller, and (C) open impeller.
To obtain the relationship between the pressure pulsation intensity and the flow rate at different circumferential positions of the volute in a rotation cycle, the dimensionless coefficient of the event-related pressure pulsation intensity is defined as Cpsd, which can be expressed as
[image: image]
where N is the number of time steps in a stable rotation cycle (it is 360 in this paper), p(x, y, z, ti) is the static pressure value of the node (x, y, z) at the ith time step, ρ is the fluid density, and u2 is the peripheral speed of the impeller outlet.
The pressure pulsation intensity at monitoring points 1–15 of the three impellers under design flow rate is presented in Figure 9. Pressure pulsation amplitudes at measuring points 1 to 11 fluctuate gently for the three impeller types. Pressure pulsation amplitudes near the casing tongue (at the measuring point 12) and the pump outlet (at the measuring 13 to the measuring 15) are significantly greater than those of other measuring points, and the pulsation amplitudes of the open impeller and the semi-open impeller are 7.7% and 3.5% greater than those of the closed impeller, respectively. The open impeller has the largest pressure pulsation amplitude, while the closed impeller has the smallest amplitude at the same measuring point. It indicates that intense pressure fluctuations arise near the casing tongue due to the dynamic and static interference between the blade and the casing tongue, causing a large amplitude of pressure pulsation near the casing tongue and the pump outlet. At the same time, the closed impeller has the best stability under pressure pulsation and the open impeller has the poorest stability under pressure pulsation.
[image: Figure 9]FIGURE 9 | Pressure pulsation intensity with three impellers.
The pressure pulsation intensity at monitoring points 16–35 of the three impellers under design flow rate is presented in Figure 10. The pressure pulsation intensity increases gradually along the direction from the impeller inlet to the impeller outlet, and reaches its maximum at the impeller outlet. As group E is located near the volute tongue area, the static pressure drops rapidly here, so the pressure pulsation intensity is greater than that in other positions.
[image: Figure 10]FIGURE 10 | Pressure pulsation intensity with three impellers.
Vibration Characteristics
The distribution profile of vibration acceleration in domain frequency at the casing tongue of the volute of varying impellers under design flow rates is shown in Figure 11. According to Figure 5, the dominant frequency of vibration acceleration is at the shaft frequency only when the motor is rotating. At the same time, certain vibration acceleration pulsations can be found at the multiplier of the shaft frequency. Moreover, a certain degree of vibration can also be observed at the shaft frequency and its multiplier when the pump is idling. The dominant frequencies of vibration acceleration of the centrifugal pumps with three impeller types are the blade frequencies, with distinct pulsation amplitudes at the shaft frequency and its multiplier. Among them, the open impeller has the maximum pulsation of vibration acceleration, followed by the semi-open impeller, and the closed impeller has the smallest acceleration pulsating amplitude. The maximum vibration acceleration pulsation amplitudes of the open, semi-open, and closed impellers at the blade frequency are 0.046 m/s2, 0.039 m/s2, and 0.035 m/s2, respectively, with 0.026 m/s2, 0.025 m/s2, and 0.015 m/s2, respectively, at the shaft frequency. It can be seen that vibration acceleration in the tongue area is larger than that in other areas, demonstrating that internal flow in the area is unstable. The dynamic and static interference between the impeller in the pump and the casing tongue has the maximum impact on the vibration of the pump case. Comparatively speaking, the flow in the casing tongue area of the closed impeller is more stable than that of the other two impellers.
[image: Figure 11]FIGURE 11 | Frequency distribution of vibrating acceleration of different impellers at design flow rate.
The distribution profile of radical vibration displacement of the pump shaft of the centrifugal pump with different impeller types under design flow rates in a rotation cycle is shown in Figure 12. Vibration displacements in the x and y directions share similar distribution patterns, with a phase difference of 90°. Displacement components of the rotating shaft in the x and y directions fluctuate slightly, from−0.008 mm to 0.012 mm when the motor is idling. Evidently, the model pump motor shaft has favorable dynamic balance performance. When the pump is idling, the model pump shaft fluctuates from−0.025 mm to 0.045 mm in direction x, and from−0.041 mm to 0.028 mm in direction y. It can be seen that a certain range of shaft vibration displacement deviation can be witnessed between the model pump shaft and the motor shaft due to rotor centering. As a result, the vibration displacement when the pump is idling is greater than that when the motor is idling. Components of vibration displacement in the x and y directions have similar distribution patterns for three impellers. The rotation center of the closed impeller rotor system is much closer to that when the pump is idling, and both are closer to the shaft center. On the contrary, the rotation centers of the centrifugal pumps with semi-open and open impellers greatly deviate from the shaft center. In combination with Figure 5, it can be found that the circumferential pressure of the volute of the closed impeller is uniformly distributed, showing a slowly rising trend; and the circumferential pressures of the volutes of the open impeller and semi-open impeller are dropping suddenly near the casing tongue, which might be caused by the shape of the decline in the fluid force acting on the impeller in the area. Furthermore, it leads to the shifted center of rotation of the pump shaft.
[image: Figure 12]FIGURE 12 | Vibration displacements of different impellers at design flow rate: (A) x axis and (B) y axis.
The distribution profile of radical vibration displacement of the pump shaft of the centrifugal pump with different impeller types under design flow rates in the frequency domain is shown in Figure 13. Evidently, the dominant frequency of pulsation of vibration displacement of the model pump in the x and y direction components is at the shaft frequency when the motor and pump are idling, and the pulsating amplitude of vibration displacement at the dominant frequency when the pump is idling is greater than that when the motor is idling. The pulsating amplitude of idling vibration displacement at the dominant frequency is roughly 0.013 mm, whereas the pulsating amplitude of vibration displacement when the motor is idling is only 0.004 mm. The dominant frequencies of vibration displacement pulsation for three impeller types are at the shaft frequency, with the pulsation amplitude far greater than that of the idled pump. Therefore, the excitation force of the unsteady fluid in the pump has a remarkable impact on the vibration of the pump rotor system. Meanwhile, the pulsating amplitude of the closed impeller at the dominant frequency is smaller than that of the other two impellers, and the open impeller has the maximum pulsating amplitude. According to the research on rotor vibration of varying impeller types, the closed impeller rotor system has the optimum vibration stability, and the semi-open and open impellers have similar rotor vibration stability. In addition, pressure pulsation and fluid exciting force are dominant factors affecting the vibration stability of the pump rotor. Furthermore, the rotor vibration stability is less affected by the motor vibration, and more affected by the rotor centering problem between the pump and the motor.
[image: Figure 13]FIGURE 13 | Frequency distribution of vibration displacements of different impellers: (A) x axis and (B) y axis.
Simonovskiy et al. (2021) introduced the method of linear and nonlinear parameter identification for vibration mathematical models of centrifugal pumps and turbocharger rotors to ensure vibration reliability of the centrifuge rotor system. As an example of using the proposed methodology, the analysis of forced oscillations and stability of the rotor’s rotation of a centrifugal compressor for underground gas storage with 25 MW power is considered. In solving the nonlinear differential equations, the time characteristics, the spectrum, and the orbit of rotor oscillations for 2nd mass in the directions of the X-axis and Y-axis in the case of stable and unstable rotation are obtained. The vibration results obtained in my experiment have similar distribution patterns. The vibration displacement of the rotor system in the X-axis and Y-axis directions is periodic. In the same period, the deviation degree between the rotation center and the axis center is also different at different times. The reliability of my test results has been verified.
CONCLUSION
This study analyzed the lift and efficiency, the circumferential pressure distribution of the volute wall, the dynamic pressure of the volute wall and the front cover wall, the vibration acceleration, the radial vibration displacement of the pump shaft, and the vibration energy for model pumps with three varying impellers under different flow rates. Conclusions are presented as follows:
1) The closed impeller enjoys the best performance stability, whereas the open impeller has the poorest performance stability, particularly when the flow rate is large. The closed impeller has the maximum radial static pressure value of the front cover wall, followed by the semi-open impeller, and the open impeller shows the least static pressure value. The stable pressure distribution of the closed impeller in the casing tongue area is most favorable to fluid conveying, whereas the excessive pressure drop in the casing tongue area of the open impeller is least conducive to fluid conveying.
2) In the model pump, pressure pulsation at varying positions in the volute has different effect degrees on the operational stability of the pump; the effect degree gradually increases from the starting point of the volute spiral to the outlet along the rotation direction. Also, intense pressure fluctuations arise near the casing tongue due to the dynamic and static interference between the blade and the casing tongue, causing a large amplitude of pressure pulsation near the casing tongue and the pump outlet. The pulsation amplitudes near the casing tongue of the open impeller and the semi-open impeller are 7.7% and 3.5% greater than those of the closed impeller, respectively. At the same time, the closed impeller has the best stability under pressure pulsation and the open impeller has the poorest stability under pressure pulsation.
3) Based on the findings of vibration acceleration, tongue vibration has the greatest proportion, and the flow in the volute tongue area is the least stable among the vibrations of the pump case. The maximum vibration acceleration pulsation amplitudes of the open, semi-open, and closed impellers at the blade frequency are 0.046 m/s2, 0.039 m/s2, and 0.035 m/s2, respectively, with 0.026 m/s2, 0.025 m/s2, and 0.015 m/s2, respectively, at the shaft frequency. The minimum casing vibration can be found in the closed impeller, followed by the semi-open impeller, and the open impeller has the maximum vibration. The optimum stability of rotor vibration can be observed in the closed impeller, semi-open impeller, and open impeller with similar stability of rotor vibration.
Overall, it can be proven that the centrifugal pump equipped with a closed impeller has the best performance stability and vibration stability, followed by the semi-open impeller, and the open impeller is the worst.
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The steady-state flow force is the fundamental reason that affects the pressure stability, which will reduce the control performance of a hydraulic valve. A mathematical model of the axial steady-state flow force on the valve core is proposed to master the principle and characteristics of steady-state flow force. For understanding the dynamic changes of the steady-state flow force, a two-dimensional axisymmetric model is built to discuss the value of flow force. Different geometric parameters and operating conditions have different effects on the performance of the valve, and analyzing a variety of parameters is difficult because of the complexity of the test. Therefore, the geometric parameters and operating conditions in the steady-state flow force were optimized by the orthogonal test-optimization method. The main significant factors affecting the performance of steady-state flow force on the cone valve core are determined by extreme difference analysis, which are the opening and pressure differential, respectively. Furthermore, a test ring is built to measure the steady-state flow force. The results show that the greater the pressure differential is, the greater the steady-state flow force is. The steady-state flow force does not increase linearly, but increases first and then decreases with the increase of the opening. The study will lay the foundation to precise axial flow force prediction and reference for design optimization of the valve.
Keywords: steady-state flow force, cone valve, orthogonal test method, opening, pressure differential
INTRODUCTION
Cone valve is the main control component of the hydraulic systems, which is widely used due to their advantages of fast dynamic response, high control accuracy, and simple structure. The flow force is one of the most important reasons for the vibration of the cone valve, which has a significant influence on the stability and accuracy of the hydraulic system (Li et al., 2018). In the working process of the cone valve, the flow force will impede the spool displacement, cause the vibration of the cone valve, and reduce the reliability of valve, so far as to shorten the service life of the cone valve. A comprehensive understanding of the flow force is rather complicated, which is closely related to complex flow fields in the valve. Due to the complex flow channel structure of the valve, there may be complex turbulence phenomenon. Because of this complexity and uncertainty in the turbulence flow, it is difficult to effectively estimate the precise information caused by the flow force. Therefore, it is very necessary to fully investigate the reason, influencing factors, and variation characteristics of flow force in conical valve, which is of great significance to improve the control performance of the hydraulic system.
Many scholars have carried out the research on the flow field characteristics of the valve and deepened the research on the flow force (Kang et al., 2020). Jia et al. (2019) studied the fluctuation of the pressure in the cone valve to obtain the L/D parameter, which had the greatest impact on the stability of the system and could be used to predict the more stable flow force output of the system. Gao et al. (2019) took the influence of flow force into account and developed a nonlinear mathematical model to improve the valve’s performance. Han et al. (2017) investigated unsteady cavitation process inside a water hydraulic poppet valve, and pointed that the flow force will increase with the increase of cone angles, and cavitation could slightly decrease the flow force. Zong et al. (2020) got the steady-state flow forces exerted on the valve disk at different valve openings numerically and experimentally. However, it is hard to get how flow force works on different types of valves because of the turbulent flow in the valve. Lei et al. (2018) discussed the flow model of the poppet valve orifice with a novel function of flow discharge coefficient, and the flow force caused by the valve body motion and the flowrate variation are also considered; CFD method (Computational Fluid Dynamics) and experimental evaluation are combined together, predicting the flow force more accurately. Zhang et al. (2019) studied the opening characteristics of the dynamic relief valve by combining numerical calculation and experimental research, and then obtained the correlation between operating parameters and variation characteristics of the flow force. Filo et al. (2019) proposed a new core head geometry to improve the valve’s performance by analyzing the flow force of differential switch valve installed in throttle check valve body. Tan et al. (2019) analyzed the force of the split proportion valve core numerically and got the influence of the valve core structure parameters on the force. Yang et al. (2019a, 2019b) compared and analyzed the continuous micro-jet control flapper nozzle pilot valves with traditional nozzle and micro-nozzle, then obtained the influence of different structural parameters on the flow force. Lin et al. (2018) presented a novel method to reduce the overflow loss using an energy recovery unit and pointed that the steady-state flow force decreases dramatically with increasing return line pressure. Scuro et al. (2018) pointed that average normal disc force is about 19% lower than theoretical ASME force, which could prevent the valve oversizing. Kang et al. (2020) pointed that the fluctuation of the flow force of the pilot stage will affect the output stability of the servo valve. However, most research focus on flow force in the slide valve rather than the cone valve, and a single control volume is used to calculate the flow force and the influence of wall surface is not considered. There are many factors affecting the flow force, such as opening, the inlet and outlet pressure, the cone angle of the conical valve core, the diameter of valve core, the radius of flow channel, and the density of the fluid, not only the geometric parameters but also operating conditions. Different parameters have different effects on the control accuracy of valve, so analyzing a variety of parameters on the flow force is difficult because of the complexity of the test. Although some literature discussed the effect of pressure differential and opening on the flow force, their findings were not comprehensive enough and did not apply the influence degree of each factor.
In this paper, a mathematical model of axial steady-state flow force based on the momentum theorem and Bernoulli equation is derived to perform a detailed force analysis of the control volume in the upstream and downstream flow channels of cone valve. A test ring is used to measure axial steady-state flow force at different conditions to validate the model. In addition, for the comprehensive consideration of geometric parameters and operating conditions, an orthogonal test combined with extreme difference analysis is used to examine factors affecting flow force. The weight between geometric parameters and operating conditions is discussed, and the most significant influence parameters on the flow force are presented. Then the value of flow force on the variation of pressure and opening of the cone valve are investigated. The paper will provide theoretical guidance for the calculation of flow force, give reference for design optimization, and control accuracy improvement of the valve.
THEORETICAL ANALYSIS OF STEADY-STATE FLOW FORCE
As shown in Figure 1A, the flow area of the internal flow cone valve is divided into two control volumes taking the orifice as the interface; the upper valve abcd-a′b′c′d′ is defined as control volume I, the lower valve efghijk is defined as control volume II, and the upward direction is used as the positive direction. The momentum theorem is applied to analyze the force in control bodies I and II, which are shown as follows:
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where m is the mass of fluid passing through flow section per unit time, [image: image] is the velocity of fluid flowing through the orifice, [image: image] is the velocity of fluid flowing into control volume I, α is the angle of horizontal velocity direction in the control volume I, FII is the axial force acting on control volume I by valve core, Ps is the pressure on the ring ad-a′d′ at the valve seat in control volume I, ΔA is the area on the ring ad-a′d′in control volume I, v2 is the velocity of fluid flowing out of the control volume II, FⅡ is the axial force acting on control volume II by valve core, P2 is the outlet pressure, and A2 is the cross-sectional area of the downstream channel. Combined with Eqs 1, 2, the total axial force Faxis acting on control volume by valve core could be obtained, which is defined as follows:
[image: image]
[image: Figure 1]FIGURE 1 | Schematic diagram of control valve: (A) control volume; (B) pressure distribution at the shoulder.
According to Newton’s third law of motion, action and reaction are equal and opposite. The force F on the cone valve core could be obtained, which is shown as
[image: image]
where ρ is the fluid density and Q is the fluid flow. When the fluid flows into and out of control volume I, the velocity of fluid will change with the position of the flow area. According to the Bernoulli equation, the pressure of fluid from the inlet to the outlet will also change.
As shown in Figure 1B, the control volumes I and II have good symmetry. By using the axisymmetric theoretical model, we usually can get good effect in solving problems. Point O could be obtained by extending the line ad to intersect with the valve core, and then a few equally spaced nodes are set in the line ad to divide it into several smaller segments. Some different length segments could be obtained by connecting each node with the point O, and then the isobaric surfaces at different positions in the line ad could be obtained by drawing an arc with each small segment, which is the radius, and the point O, which is the center of the circle. Therefore, the PsΔA is defined as follows:
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where r1 is the radius of valve core, r2 is the radius of the flow channel downstream, P1 is the inlet pressure, Ar is the area of isobaric surface, K is the opening of the valve core, and θ is the half cone angle of the valve core.
Combining Eqs. 4–6, the hydrostatic pressure FP could be obtained. The mathematical model of the axial steady-state flow force on the internal flow cone valve core is listed as follows:
[image: image]
As shown in Eq. 7, the axial steady-state flow force is not only influenced by geometric parameters but also influenced by operating conditions, such as opening, inlet and outlet pressure, the angle and radius of the valve core, the radius of the flow channel downstream, and the density of the fluid. While other physical conditions all remain unchanged except the opening, the axial steady-state flow force does not simply change linearly with the increase of the opening. In fact, it is a nonlinear process.
NUMERICAL MODELLING
Governing Equations and Boundary Conditions
Continuity equation for the mixture is
[image: image]
The momentum equation for the mixture is
[image: image]
The net mass transfer from liquid to vapor is often described by Schnerr and Sauer model:
[image: image]
Here,
[image: image]
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where ρm is the mixture density; αv is the vapor volume fraction; [image: image] and μm are the velocity and viscosity of the mixture, respectively; and Re and RC are the mass transfer between the vapor and liquid phases in cavitation.
The internal fluid’s flow state is turbulent because the Reynolds number in the cone valve is much greater than the critical Reynolds number. Based on the results of Park and Rhee (2012) and Lain et al. (2002), the RNG k–ε model in turbulent flow is used to study the flow force, which is shown as follows:
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where [image: image] is the generation of turbulence kinetic energy due to the mean velocity gradients and ε is the fluid’s turbulent dissipation rate. σk and σε are the turbulent Prandtl numbers for k and ε, respectively. C1ε, C2ε, and C3ε are constants. Sk and Sε are user-defined source terms.
The inlet and the outlet pressure are chosen as the boundary conditions in this paper. No.46 antiwear hydraulic oil is used for the hydraulic fluid, whose density is 889 kg/m3 and viscosity is 4.6 × 10−5 m2/s. In CFD simulation, according to the study of Han et al. (2017), the force could be expressed as follows:
[image: image]
where Fs is the flow force acting on the cone, Fp is the force that generated by the static pressure, Pdynamics is the dynamics pressure distributed on the surface of the spool, and Sc is the axial area of the conical surface.
Geometry and Mesh of the Cone Valve
Considering the axisymmetric structure of the valve, the computational domain could be simplified to a two-dimensional axisymmetric geometric model (Liang et al., 2016; Han et al., 2017). To save calculation time and reduce the complexity of numerical simulation, a two-dimensional axisymmetric model is adopted, as shown in Figure 2. The flow channel in the cone valve is divided into four regions. The structural grid is used in regions ⅰ, ⅱ, and ⅳ, while the unstructured grid and local encryption are used in region ⅲ because the flow field is complex due to the large variation of fluid velocities and pressures at the orifice. [image: image] is the radius of the flow channel upstream and [image: image] is the total length of flow channel.
[image: Figure 2]FIGURE 2 | Geometric structure of the cone valve.
Figure 3 is the grid independence verification in region ⅲ because of local encryption of the grid under the same operating conditions. It could be found that the grid size gradually reduced in region ⅲ, while the corresponding mass flow rate reduced first, and then increase later, and finally it remains stable. Therefore, the mesh size of 0.032 mm is chosen for the simulation, to maintain the calculation accuracy and save the calculation time. The detailed of meshing near the orifice and partial enlarged drawing are shown in Figure 4, and the final grid number of the whole flow channels is about 80,000.
[image: Figure 3]FIGURE 3 | Verification of grid size independence at orifice.
[image: Figure 4]FIGURE 4 | The detailed meshing.
EXPERIMENTAL METHODS
Orthogonal Tests and Analyses
Different geometric parameters and operating conditions have different effects on the performance of steady-state flow force on the internal flow cone valve core, so analyzing their respective roles for flow force needs a tremendous amount of work. Therefore, the orthogonal test-optimization method is designed to study the combined effect of geometric parameters and operating conditions on the flow force. Table 1 shows the factors affecting the flow force and their levels. In this paper, four factors and four levels are selected for the orthogonal analysis of the flow force.
TABLE 1 | Table of factor levels
[image: Table 1]According to the factor level numbers and data processing software SPSS, a suitable orthogonal test table [image: image] is developed and its header is also designed as shown in Table 2. The target of this analysis is to estimate the value of the flow force. According the test scheme shown in Table 2, a numerical simulation could be used to calculate the flow force (Xie et al., 2018), which is [image: image], [image: image].
TABLE 2 | Orthogonal test table
[image: Table 2]In Table 2, [image: image] is the sum of all test factors in column j and the level number i, [image: image] is the average value of [image: image], and the optimal level and combination of factors in column j could be determined by the value of [image: image]. [image: image] is the extreme difference analysis of factor in column j, [image: image], which could reflect their variable range if there are fluctuations of the factors in column j. The larger [image: image] is, the greater effect of this factor on this extreme difference analysis process is. According to the value of [image: image], we could rank these factors in order of importance. It could been seen from the orthogonal test results in Table 2 that [image: image]. It points out some primary factors affecting the flow force and their important orders are pressure differential > opening > cone angle of valve core > the diameter of valve core. Therefore, these two factors, pressure differential and opening, have the most important influences on the flow force. This orthogonal test-optimization method provides a theoretical basis for the following flow force and its influencing factors.
Figure 5 shows the relationship between influencing factors and indicators, which helps us to better understand the influence of various factors on flow force at the unlimited and given level, so as to better assist the experimental work and save time. It could be found from Figure 5 that the flow force is the minimum when the opening reduces to the minimum [image: image] and other conditions, such as the pressure differential, remain the same. When the pressure differential reduces to the minimum [image: image] and other conditions, such as the opening, remain the same, the flow force is the minimum.
[image: Figure 5]FIGURE 5 | Comparison of experimental results of various factors.
Experimental System
The experimental device is shown in Figure 6, which consisted of a hydraulic system and a flow force measuring system. The hydraulic system contains a pump, an air-cooling device, an accumulator, a relief valve, a control valve, two flowmeters, a transparent test valve, a back throttle valve, two pressure gauges, and two pressure sensors. They are all connected by oil tubes. The hydraulic pump is used to provide power for this system. The air-cooling device is used to keep the oil at constant temperature, and the accumulator is used to reduce the pressure pulsation of this system. The relief valve, control valve, and back throttle valve are used to control the pressure and flow of the system. The inlet and outlet pressure of the transparent test valve are displayed by two pressure gauges. Two pressure sensors are used to monitor the inlet and outlet pressure of the test valve in real time. The flow force measuring system consisted of a displacement sensor and a micro-force sensor. The transparent valve is self-designed for installing this flow force measuring system. The opening of this test valve is measured by the displacement sensor, and the micro-force sensor is used to measure the flow force. The measured signals are collected and transmitted to the computer via a data acquisition card. All these components and parts are mounted on a self-designed optical platform to reduce vibration and improve the accuracy of the results.
[image: Figure 6]FIGURE 6 | Experimental system.
RESULTS AND DISCUSSION
As discussed in the aforementioned orthogonal tests, the pressure differential and the opening are the most important factors influencing the characteristics of steady-state flow force. The relationship between the pressure differential, the opening, and steady-state flow force is discussed theoretically, numerically, and experimentally in this section.
Effects of Pressure on Steady-State Flow Force Characteristics of the Valve
Figure 7 shows the relationship among the [image: image], [image: image] and the valve core’s opening [image: image]. The cross-sectional area [image: image] of the cone valve orifice is defined in Figure 2, which is the minimum flow area. [image: image] is defined as the maximum area [image: image] (Ye et al., 2014) when [image: image] is 5 mm. It could be seen that [image: image] increases with the increasing opening of the valve, while the opening is less than 5 mm.[image: image] is equal to the area of the channel downstream A2 while k = 5 mm. If the opening continues to increase, A2 will be smaller than [image: image], and the throttling effect of the cone valve will disappear. Therefore, the range of the opening in this paper varies from 0 to 5 mm.
[image: Figure 7]FIGURE 7 | The relationship among the cross-sectional area of the orifice and downstream channel and the opening.
To interpret the change of steady-state flow force in the valve, the nephogram of pressure and velocity in the flow channel under different inlet and outlet pressures is shown in Figure 8; at this time, the opening is 1 mm. There is one low-pressure area located near the tip of the valve core, while the other low-pressure area is located at the orifice. When the pressure differential increases gradually, greater pressure variation happens near the orifice. The greater pressure differential is, the larger pressure downstream is. In addition, the size of low pressure area at the orifice gradually increases with the increasing pressure differential. If the low pressure is lower than the saturated vapor pressure of liquid, cavitation will occur (Yuan et al., 2019). Furthermore, the velocity nephogram shows that both the maximum velocity and the average velocity at orifice increase with the increasing pressure differential. The larger pressure differential is, the larger range of high-speed zone is. The high-speed zone is corresponding to the low pressure range. The increment of pressure differential enhances the variation gradient of velocity, and the result is that the variation of pressure gradient near the orifice becomes more obvious. These changes of pressure and velocity in the flow field satisfied Bernoulli equation ignoring the energy loss and gravity potential energy.
[image: Figure 8]FIGURE 8 | Pressure and velocity nephogram with different pressure differentials: (A) Δp = 0.5 MPa; (B) Δp = 0.8 MPa; (C) Δp = 1.1 MPa; (D) Δp = 1. 4 MPa.
To better understand the influence of pressure differential on the flow force, the numerical calculation results of the local pressure distribution along the outline of the valve core tip is shown in Figure 9. The opening and the outlet pressure remain the same, while the inlet pressure increases gradually, that is to say, the pressure differential increases gradually. From Figure 9, we could find that the abscissa of the minimum pressure along the outline of the valve core tip increases gradually with increasing pressure differential, and the position where pressure changes dramatically gradually moved to the valve core tip. The value of this minimum pressure decreases with increasing pressure differential. The changes of the minimum pressure are more obvious under a larger pressure differential.
[image: Figure 9]FIGURE 9 | The local pressure distribution along the outline of the valve core tip under various differential pressure conditions.
The experimental data, calculation, and simulation results of the axial steady-state flow force under different pressure differentials are shown in Figure 10. The value of axial steady-state flow force increases with the increasing pressure differential at the same opening of the valve. When the differential pressure is 0.3 MPa, the value of flow force is 2.8 N. When the differential pressure increases to 1.4 MPa, the value of flow force reaches 14.1 N. When the pressure difference is small, the flow rate through the orifice is small, which will result in smaller change of fluid momentum, so the steady-state flow force is small. With the gradual increase of the pressure differential, the flow rate and change of fluid momentum through the orifice increase, which also increases the steady-state flow force. The experimental data, calculation, and simulation results agree well with each other, which reveal the reliability and feasibility of the proposed theoretical model. Furthermore, there are also some small deviations among them because of the simplification of the two-dimensional model and assumptions in the calculation. Machining tolerance of the test valve, ignoring the frictional resistance between valve core and valve body, ignoring oil compressibility in the simulation, etc. are all the reasons for this deviation.
[image: Figure 10]FIGURE 10 | The relationship between the differential pressure and steady-state flow force under various differential pressure conditions.
Effects of Opening on Steady-State Flow Force Characteristics of the Valve
Figure 11 shows the pressure and velocity nephogram near the orifice at the same pressure differential and increasing opening of the valve. Although the opening is different, the distribution of pressure is almost the same. The highest pressure is located at the inlet port, and the pressure changes more violently at the orifice. It also could be seen from Figure 11 that there are two low-pressure areas, which locate near the tip of the valve core and the orifice, respectively. With the increase of the valve opening, the pressure decreases first and then increases. The pressure acting on the surface of the valve core will vary with the oil velocity, which satisfies the Bernoulli equation. Furthermore, the change of velocity nephogram shows that the variation of velocity at larger opening is more significant than that at smaller openings. The maximum velocity increases rapidly with increasing valve opening, and the high-velocity area also increases rapidly with increasing valve opening. Also, the average velocity at the orifice rises with increasing opening. Higher flow velocities occurring at the orifice will result in larger value of the flow force.
[image: Figure 11]FIGURE 11 | Pressure and velocity nephogram at different openings: (A) 0.5 mm; (B) 1 mm; (C) 2 mm; (D) 4 mm.
Figure 12 shows the numerical calculation results of pressure distribution along the outline of the valve core tip at different valve openings. To better demonstrate the change of pressure distribution, this line starts at the bottom of the cone angle. When the opening gradually increases, the pressure along the outline of the valve core tip downstream decreases first and then increases, and the position of the minimum pressure move toward downstream gradually. The position where the dividing point of the pressure near the orifice gradually moves to the cone tip is the same as that shown in the pressure nephogram in Figure 11.
[image: Figure 12]FIGURE 12 | Pressure distribution along the outline of the valve core tip at different openings.
Figure 13 shows the variation of the axial steady-state flow force acting on the valve core with changing opening. It could be seen that the value of flow force increases first and then decreases with the increase of opening. When the opening is very small (0–0.5 mm), the flow rate in the valve is relatively small and the momentum change is also small, which will result in small flow force. While the opening of the valve gradually increases (0.5∼2 mm), the flow rate increases significantly, and so does the corresponding change of momentum, which induces a significant increase in the flow force. At the opening of 2 mm, the steady-state fluid force reaches its maximum value. If the opening of the valve is larger than 2 mm, the throttling effect of the conical valve will be seriously affected. Although the flow rate continues to increase, its variation amplitude of momentum begins to decrease, which also decreases the flow force. At the opening of 4–5 mm, the throttling effect of the valve is not obvious; the steady fluid force is tiny but not equal to zero. Furthermore, the change trend of the axial steady-state flow force under different pressure differentials also has similar characteristics.
[image: Figure 13]FIGURE 13 | The curve of the axial steady-state flow force acting on the valve core with different openings.
The flow force is one of the important factors affecting the performance and control accuracy of the valve, which will lead to poor control performance of the system. Reasonable geometric parameters and operating conditions are beneficial for normal operation of valve, avoiding suffering from the negative impact derived from the flow force, reducing power consumption, and improving efficiency. This paper concerns the rules of how flow force works on the valve core, providing a foundation for the improvement of the valve’s stability.
CONCLUSION
In this paper, the characteristics of the axial steady-state flow force acting on the internal flow valve core are investigated by theoretical, numerical calculation and experiment investigation. A mathematical model of calculating the steady-state flow force is proposed. Also, the orthogonal test is designed with the help of the four-factor, four-level orthogonal table, which is used to investigate combing geometric parameters and operating conditions affecting the axial steady-state flow force. By extremum difference analysis, the pressure differential and the opening are the main factors affecting the axial steady-state flow force on the internal flow inside the valve. The pressure acting on the surface of the valve core will vary with the changing oil velocity. High flow velocity occurring at the orifice will result in a significant increase in flow force. The larger the pressure differential is, the larger the flow rate and the axial steady-state flow force on the internal flow field of the valve core are. Furthermore, the flow force is small when the opening is very small. With the increase of the valve opening, the flow force increases first and then decreases when the pressure differential remains the same. The results help to improve the reliability, control performance, and service life of the hydraulic systems.
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To improve the efficiency of low-head pump device in the large-discharge and low-head domain, the hydraulic characteristics of vertical axial flow pump devices with different guide vane inlet angles were studied using computational fluid dynamics (CFD) and model test methods. The [image: image] and [image: image] curves of the pump device were obtained for different impeller blade angles when the inlet angle adjustments of the guide vane were 0° and −12°. The resulting hydraulic performance was compared and analyzed. The results showed that the pump device efficiency under low-head and large-discharge conditions was improved when the guide vane inlet angle was rotated in the clockwise direction. The reason for the increased pump device efficiency was analyzed using CFD. When the guide vane inlet angle adjustments were 0° and −12° under low-head working conditions, the vortex in the guide vane was eliminated, the hydraulic loss of the guide vane decreased, and the energy performance of the pump improved. When the operational conditions of the pump device deviate from its high-efficiency zone due to limitations in the pump model or the motor itself, the application of these results could improve its hydraulic performance, which is of great significance to the design and application of low-head pump devices.
Keywords: axial-flow pump device, guide vane, inlet angle, hydraulic characteristics, numerical simulation, model test
INTRODUCTION
Low-head pumping stations are widely used in fields such as water resource allocation, agriculture irrigation and drainage, urban drainage, and water environment improvement plans. The design heads of many of these pumping stations can be very low—that is, approximately 1.0 m (Qi et al., 2017; Yu et al., 2018). Affected by the pump model and motor, the pump devices used in these pumping stations often operate in low-head and large-discharge areas, which deviate from high-efficiency areas, resulting in the operational efficiency of the pumping stations being low (Wu et al., 2016).
The vertical axial flow pump device is arranged in the vertical direction, having the advantages of a simple structure, excellent heat dissipation, convenient installation and maintenance, and mature design and manufacture (Liu et al., 2008; Zhang et al., 2011); it is also widely applied in low-head pumping stations. It consists of an inlet conduit, impeller, guide vane, and outlet conduit, the hydraulic characteristics of the pump device being determined by these four components and their mutual matching. For example, the guide vane is used to recycle the kinetic energy of the water flow, its hydraulic design impacting the hydraulic performance of the pump and pump device. With a guide vane installed in the pump, water flow from the impeller outlet with tangential velocity is partly eliminated, and the water flow energy is converted into pressure energy, the recyclable rotation kinetic energy of the flow using the guide vane accounting for 10–15.7% of the total energy of the impeller outlet (Tang and Wang, 2006; Li et al., 2009). Compared to an axial flow pump with no guide vane, the efficiency can be improved by 5% when a guide vane is installed in the pump (Hu et al., 2008). The design of the guide vane clearly influences the position of the high-efficiency area for the pump (Zhou and Xu, 2007). Previous studies have shown that the pump device efficiency and discharge with the guide vane were higher than those for a pump device with no guide vane under design working conditions (Feng et al., 2012). To improve the efficiency of the axial flow pump, the influence of the guide vane angle adjustments on the hydraulic performance of the axial flow pump has been studied; the results have shown that the water head and efficiency of the axial flow pump increase when the guide vane is adjusted from the off-design condition, the pump efficiency improving by a maximum of 2.16%, and the stable operating range broadening (Qian et al., 2010; Qian et al., 2013).
The vertical axial flow pump device used in extra-low-head pumping stations usually works in a large-discharge area deviating from the high-efficiency area of the pump device, with the inlet angle of the guide vane not matching the direction of water flow at the impeller outlet. Consequently, the pump device efficiency can be improved by adjusting the inlet angle of the guide vane. Another function of the guide vane is that it can be used to fix the guide bearing in its wheel hub so that only the inlet angle of the guide vane can be adjusted.
Computational fluid dynamics (CFD) has been widely used in studies of the axial flow pump (Kan et al., 2021a; Al-Obaidi, 2021), submersible pump (Patil et al., 2019; Wang et al., 2021), centrifugal pump (Gonzalez and Santolaria, 2006; Wang et al., 2020a), the intake of pumping stations (Zhou et al., 2021) and the pump device (Kan et al., 2017), and other aspects (Wang et al., 2020b; Tang et al., 2021; Zawistowski and Kleiber, 2021; Zhang et al., 2021; Zhu et al., 2021), providing a convenient and effective method for their design and performance optimization. This study focuses on the vertical axial flow pump device and examines the influence of adjusting the guide vane inlet angle on energy performance of the pump device using three-dimensional turbulence flow numerical simulations. The results of the study are verified using a pump device model test.
PUMP DEVICE AND METHODS
Parameters of Axial Flow Pump Device
Based on the parameters of a low-head pumping station, the influence of the guide vane inlet angle adjustment on energy performance of a vertical axial flow pump device was investigated. The parameters of the pumping station were as follows: the design head, maximum head, and minimum head were 1.08, 1.5, and 0.11 m respectively; the design discharge of one pump was 6.67 m3/s; the TJ04-ZL-07 pump model, used in the pump test in the same test-bed as for the South-to-North Water Diversion Project, was chosen (Liu et al., 2006); the prototype pump impeller diameter ([image: image]) and prototype pump rotation speed ([image: image]) were 1,460 mm and 247 r/min, respectively, based on the principle that the prototype (nD) and the model (nD) were equal, the model pump impeller diameter ([image: image]) and model pump rotation speed ([image: image]) being 300 mm and 1,200 r/min, respectively. The performance curve of the pump selection for this pumping station is shown in Figure 1. It can be seen that the design operating point is in the large-discharge and low-head area and that the pump efficiency is low.
[image: Figure 1]FIGURE 1 | Comprehensive performance curve of the pump selection.
The elbow inlet and siphon outlet conduits were adopted in the pumping station, a drawing of the vertical axial flow pump device model being shown in Figure 2.
[image: Figure 2]FIGURE 2 | Drawing of the vertical axial-flow pump device. (A) Elevation, (B) Plan.
Adjustment Scheme of Guide Vane Inlet Angle
In the vertical axial flow pump device, the guide vane inlet continues the water flow from the impeller; thus, the inlet shape line design needs to meet the requirement that the stream flows into the guide vane smoothly. The stream then flows into the outlet conduit from the guide vane. Therefore, the outlet shape line design needs to meet the requirement that it efficiently adjusts the flow direction. From a structural design point of view, a guide bearing is installed in the guide vane wheel hub. Thus, the guide vane needs to meet the requirement of securing the guide bearing block.
Based on the guide vane hydraulic design and structure requirements, the guide vane can be divided into three sections—that is, the inlet, middle, and outlet sections, as shown in Figure 3, where [image: image] is the total height of the guide vane and [image: image] is the inlet height of the guide vane. In this study, the middle and outlet sections were fixed, and only the angle of the inlet section could be adjusted. When the total height of guide vane ([image: image]) is a constant value, when the inlet height of the guide vane ([image: image]) is higher, the fixed length of the guide vane is reduced, adversely impacting the function of the fixed guide bearing block. Moreover, when [image: image] is lower, the influence of the guide vane adjustment on the hydraulic performance of the pump is adversely impacted. Consequently, [image: image] was taken to be 0.25⋅[image: image].
[image: Figure 3]FIGURE 3 | Schematic of guide vane subsection.
For an axial flow pump, the guide vane inlet angle ([image: image]) can be determined based on the design condition, the guide vane inlet angle being consistent with the direction of the flow absolute velocity at the impeller outlet based on the design discharge condition (Figure 4A), the stream flowing into the guide vane smoothly. When the pump operates in an off-design condition, the inlet angle does not match the flow direction (Figures 4B,C), flow impact and separation being generated in the guide vane, increasing the hydraulic loss and reducing efficiency. In Figure 4, [image: image], [image: image], [image: image] are the absolute velocity of the flow at impeller outlet under the design condition, smaller discharge condition, and larger discharge condition, respectively; [image: image], [image: image], [image: image] are the relative velocity of the flow at impeller outlet under the design condition, smaller discharge condition, and larger discharge condition, respectively; [image: image] is the transport velocity; [image: image], [image: image], [image: image] are the angle between absolute velocity and transport velocity under the design condition, smaller discharge condition, and larger discharge condition, respectively.
[image: Figure 4]FIGURE 4 | Matching relationships between the guide vane inlet angle and the impeller outlet flow direction. (A) Design discharge condition ([image: image]), (B) Smaller discharge condition ([image: image]), (C) Larger discharge condition ([image: image]).
The guide vane inlet angle ([image: image]) can be determined based on the design working conditions. For ease of expression, the inlet angle adjustment ([image: image]) can be taken to be 0° when the guide vane inlet angle is [image: image], as shown in Figure 5A. To improve the efficiency under the larger discharge condition, based on the flow direction at the impeller outlet, the guide vane inlet angle should be rotated clockwise based on [image: image], as shown in Figure 5B so that the stream can flow smoothly into the guide vane. For the vertical axial flow pump of the pumping station, the inlet angle adjustment ([image: image]) can be taken to be −12°.
[image: Figure 5]FIGURE 5 | Rotation direction for adjusting guide vane inlet angle (A) Inlet angle of guide vane ([image: image] = 0), (B) Clockwise rotation ([image: image] <0).
Numerical Simulation Method
Governing Equations and Turbulence Model
The Reynolds-averaged Navier-Stokes equations can be applied to solve the flow field in a vertical axial flow pump device, as follows:
[image: image]
[image: image]
where [image: image] is the density, [image: image] is time, [image: image] and [image: image] are the mean velocity components, [image: image] is the mean pressure, [image: image] and [image: image] are coordinate directions, [image: image] is the dynamic viscosity, [image: image] is the body force component, [image: image] is the Reynolds stress, and [image: image] and [image: image] are fluctuating velocity components, respectively.
There are many turbulence models for fluid flow simulations (Li et al., 2020; Kan et al., 2021b; Han et al., 2021). The Renormalization Group (RNG) [image: image] turbulence model was chosen to solve the flow in the pump device, because this model is suitable for solving rotating, separated, and vortex flows (Jafarzadeh et al., 2011; Qiao et al., 2018; Jiao et al., 2019; Caruso amd Meskell, 2021). The [image: image] and [image: image] equations of the RNG [image: image] turbulence model can be expressed as follows:
[image: image]
[image: image]
where [image: image] is the turbulence kinetic energy production term, [image: image] is an empirical constant, [image: image] is an empirical constant, [image: image] is the corresponding Prandtl number for the turbulence kinetic energy [image: image], and [image: image] is the corresponding Prandtl number for the turbulence kinetic energy dissipation rate [image: image].
Computational Domain and Mesh Generation
The computational domain of the three-dimensional turbulence flow simulations for the pump device comprises the forebay, inlet conduit, impeller, guide vane, outlet conduit, and outlet sump. The bodies of the inlet conduit, impeller, guide vane, and outlet conduit and the fluid flow within them are complex; thus, an unstructured mesh was adopted. The bodies and fluid flow of the forebay and outlet sump are, however, simple; therefore, a structured mesh was adopted. To obtain the most economical grid number, the grid independence was checked. Figure 6 shows the relationship between the pump device efficiency and grid number under the conditions of a blade angle of 0°, guide vane inlet angle adjustment of 0°, and discharge of 245 L/s. When the gird number exceeds approximately 3,240,000, the pump efficiency changes slightly. Consequently, the number of mesh cells for the vertical axial flow pump device was chosen to be 3,240,000, the grid numbers of each component being listed in Table 1. The value of y + affects the calculation accuracy: in this calculation the y + value of the impeller wall was 14.8. The computational domains and mesh generations for them are shown in Figure 7.
[image: Figure 6]FIGURE 6 | Relationship curve of pump device efficiency and grid number.
TABLE 1 | Grid number of each component of the computational domain of the pump device.
[image: Table 1][image: Figure 7]FIGURE 7 | Computational domains and mesh generations of vertical axial flow pump device. (A) Pump device, (B) Impeller, (C) Guide vane.
Boundary Conditions and Numerical Settings
The inlet boundary was set in the forebay, the velocity being uniformly distributed on the inlet boundary, and the flow direction being perpendicular to it. Because the discharge was known, the velocity inlet boundary condition was adopted. The outlet boundary was set at the outlet sump, far from the outlet section of the outlet conduit. The flow direction was perpendicular to the outlet boundary, the flow being fully developed there so that the outflow boundary condition could be adopted there. The bottom of the forebay and outlet sump, the side walls of the conduit, the surface of the guide vane, and the surface of the impeller blade were solid walls, the impeller blade surfaces being set as a rotation wall. The surfaces of the forebay and outlet sump were free water surfaces, the symmetry boundary being specified on the water surface.
In the numerical simulations, the SIMPLEC algorithm was used to solve the pressure-velocity coupling equations, the first-order upwind differencing scheme was used to solve the governing equations, [image: image] and [image: image] , and the convergence precision was set to 1 × 10–7.
The numerical simulation conditions were as follows: the model pump impeller diameter ([image: image]) and rotation speed ([image: image]) were 300 mm and 1,200 r/min, respectively; the impeller blade angles ([image: image]) were −4°, −2°, and 0°; and the guide vane inlet angle adjustments ([image: image]) were 0° and −12°. Figure 8 shows a perspective view of the vertical axial flow pump with two guide vane inlet angle adjustments.
[image: Figure 8]FIGURE 8 | Perspective view of the model vertical axial flow pump device. (A) Pump Device, (B) Pump Segment ([image: image] = 0°), (C) Pump Segment ([image: image] = −12°)
Model Test Method
The model vertical axial flow pump device included all flow conduits, the model inlet and outlet conduits being made of steel plates. An image of the model vertical axial flow pump device installed on the pumping station test bench at Yangzhou University is shown in Figure 9. The uncertainty of the pump device efficiency test in this experimental study was ±0.36%, the main test instruments of the test bench being listed in Table 2. Consistent with the numerical calculations, the energy performance test of the pump devices with inlet angle adjustments ([image: image]) of 0° and −12° was conducted under 3 impeller blade angles ([image: image]) of −4°, −2°, and 0°, respectively. The head, torque, and rotation speed of the pump device are measured at different flow discharges under each impeller blade angle and inlet angle adjustment of guide vane, and the pump device efficiency is calculated according to the test results. The flow discharge change is regulated by valve.
[image: Figure 9]FIGURE 9 | Image of vertical axial flow pump device model.
TABLE 2 | Main test instruments of test bench.
[image: Table 2]The impeller blade angle was changed by adjusting the blade angle, while the guide vane inlet angle was changed by using two model guide vanes. The guide vane with an inlet angle adjustment ([image: image]) of 0° was the original guide vane of the TJ04-ZL-07 pump model, as shown in Figure 10A. The guide vane with an inlet angle adjustment ([image: image]) of −12° was constructed, as shown in Figure 10B. The model guide vane was divided into two parts—that is, the guide vane shell and the guide vane itself, the guide vane shell being shown in Figure 11A. The two model guide vanes had the same shell; thus, the energy performance of the pump device with two guide vane inlet angles could be tested and compared simply by replacing the guide vane. The assembly of the guide vane and guide vane shell is shown in Figure 11B.
[image: Figure 10]FIGURE 10 | Images of model guide vanes with inlet angle adjustments [image: image] of 0° and −12°, respectively. (A) [image: image] = 0°, (B) [image: image] = −12°.
[image: Figure 11]FIGURE 11 | Images of the model guide vane assembly. (A) Guide vane shell, (B) Assembled guide vane.
RESULTS AND ANALYSIS
Numerical Simulation Results and Analysis
Under the conditions of the impeller blade angles ([image: image]) of −4°, −2°, and 0°, respectively, three-dimensional turbulence flow in the vertical axial flow pump device was calculated when the inlet angle adjustments of the guide vane ([image: image]) were 0° and −12°, respectively. Based on the calculation results, the [image: image] and [image: image] relationship curves of the vertical axial flow pump device are shown in Figure 12.
[image: Figure 12]FIGURE 12 | Numerical calculation results of [image: image] and [image: image] relationship curves of the axial flow pump device with [image: image] of 0° and −12°, respectively. (A) [image: image] = −4°, (B) [image: image] = −2°, (C) [image: image] = 0°.
From Figure 10, it can be seen that there is an intersection point (O) between the two [image: image] curves with inlet angle adjustments ([image: image]) of 0° and −12°, respectively. On the left side of point O, the pump device efficiency ([image: image]) at an inlet angle adjustment ([image: image]) of 0° is higher than that at an inlet angle adjustment ([image: image]) of −12°; on the right side of point O, the pump device efficiency ([image: image]) at an inlet angle adjustment ([image: image]) of 0° is lower than that at an inlet angle adjustment ([image: image]) of −12°. That is, the farther away from point O one gets, the larger the difference between the efficiency of the two pump devices. Compared with the pump device with an inlet angle adjustment ([image: image]) of 0°, the optimal efficiency of the pump device with an inlet angle adjustment ([image: image]) of −12° is reduced by approximately 2%.
To analyze the influence of the guide vane inlet angle adjustment, based on the composition of the pump, the relationship between the pump device efficiency ([image: image]), impeller efficiency ([image: image]), vane efficiency ([image: image]), and conduit efficiency ([image: image]) can be expressed as follows:
[image: image]
where [image: image] is the pump device efficiency, [image: image] is the acceleration of gravity, [image: image] is the discharge, [image: image] is the pump head, [image: image] is the pump shaft power, [image: image] is the pump segment efficiency, [image: image] is the impeller efficiency, and [image: image] is the impeller head.
The pump segment efficiency ([image: image]), impeller efficiency ([image: image]), guide vane efficiency ([image: image]), and conduit efficiency ([image: image]) can be expressed as follows:
[image: image]
[image: image]
[image: image]
[image: image]
where [image: image] is the pump segment head, [image: image] is the impeller head, [image: image] is the guide vane hydraulic loss, and [image: image] is the conduit hydraulic loss.
The three-dimensional turbulence flow in the pump device with a guide vane inlet angle adjustment ([image: image]) of 0° and −12° were simulated when the impeller blade angle ([image: image]) was 0° and the discharge ([image: image]) was 0.33 m3/s, the flow fields of the two pumps being shown in Figure 13. It can be seen that the flow fields in the conduits of the pump device are the same when the inlet angles of the guide vane differ, the flow velocity of the water in the inlet conduit gradually increases, the flow decreases smoothly and evenly, and the water flow in the outlet conduit diffuses smoothly without poor flow patterns. Based on the calculated hydraulic loss of each part, the relationships between [image: image] and [image: image], [image: image], and [image: image] were analyzed, and the influence of [image: image] on the vertical axial flow pump device efficiency was examined. The main energy performance parameters of the pump device with inlet angle adjustments ([image: image]) of 0° and −12° under the chosen working conditions are listed in Table 3.
[image: Figure 13]FIGURE 13 | Pump device flow fields with [image: image] of 0° and −12°, respectively. (A) [image: image] = 0°, (B) [image: image] = −12°.
TABLE 3 | Comparison of energy performance parameters of pump devices with [image: image] of 0° and −12°.
[image: Table 3]It can be seen that when [image: image] is adjusted from 0° to −12° for the vertical axial flow pump device, the impeller heads ([image: image]) and impeller efficiencies ([image: image]) are the same, the conduit hydraulic losses ([image: image]) change a little, and the conduit flow fields remain the same. However, the guide vane hydraulic loss ([image: image]) decreases from 0.211 to 0.138 m; thus, the guide vane efficiency ([image: image]) increases from 87.0 to 91.6%, the pump segment efficiency ([image: image]) increases from 67.1 to 70.8%, and the pump device efficiency increases from 38.5 to 42.6%.
Under the conditions of an impeller angle of 0° and a discharge of 0.33 m3/s, the flow fields of the outer, middle, and inner rings of the guide vane when [image: image] is 0° are shown in Figure 14A, the flow fields when [image: image] is −12° being shown in Figure 14B. It can be seen that when [image: image] is 0°, the direction of water flow entering the guide vane does not match the guide vane inlet angle; therefore, the separation flow and vortex are at the front of the guide vane, as shown in Figure 14A. Conversely, when [image: image] is −12°, the direction of water flow entering the guide vane matches the guide vane inlet angle. Thus, there is no vortex in the guide vane, as shown in Figure 14B, and the guide vane hydraulic loss decreases.
[image: Figure 14]FIGURE 14 | Guide vane flow fields with [image: image] of 0° and −12°, respectively. (A) [image: image] = 0°, (B) [image: image] = −12°.
Model Test Results and Analysis
A model test for the vertical axial flow pump device was conducted to verify the numerical computational results. Based on the test results, the [image: image] and [image: image] curves of the model pump device with inlet angle adjustments ([image: image]) of 0° and −12°, respectively, under different impeller blade angles are shown in Figure 15. The energy performance parameters of the main working conditions for the model vertical axial flow pump device with [image: image] of 0° and −12° are listed in Table 4.
[image: Figure 15]FIGURE 15 | Model test results of [image: image] and [image: image] relationship curves of the axial flow pump device with [image: image] of 0° and −12°, respectively. (A) [image: image] = −4°, (B) [image: image] = −2°, (C) [image: image] = 0°.
TABLE 4 | Comparison of performance parameters at main operating points of the pump devices.
[image: Table 4]From the pump device model test results, it can be concluded that
1) There is an intersection point O between the two [image: image] curves of the pump device with two inlet angle adjustments of 0° and −12°. The discharge and pump device efficiency are 258.6 L/s and 67.5%, respectively, when the impeller blade angle is −4°, the discharge and pump device efficiency are 278.7 L/s and 67.1%, respectively, when the impeller blade angle is −2°, and the flow discharge and pump device efficiency are 301.9 L/s and 65.3%, respectively, when the impeller blade angle ([image: image]) is 0°.
2) When [image: image] is adjusted from 0° to −12°, the pump device efficiency is reduced. For the pump impeller blade angles of −4°, −2°, and 0°, the pump device efficiency decreases by 1.4, 1.1, and 2.5%, respectively.
3) When [image: image] is adjusted from 0° to −12°, in the large-discharge area—which is on the right-hand side of point O—the pump device efficiency with a [image: image] of −12° is higher than with a [image: image] of 0°. Consequently, the lower the head and the greater the discharge, the greater the difference in pump efficiency.
A comparison between the numerical simulation and model test results of the pump device energy performance with an impeller blade angle ([image: image]) of 0° is shown in Figure 16. The maximum difference in the pump device efficiency (between numerical simulation and model test results) is approximately 3%, the maximum difference of the pump device head being approximately 0.2 m. In short, the numerical calculations are consistent with the model test results.
[image: Figure 16]FIGURE 16 | Comparison of model test and numerical calculation results of energy performance of the pump device with [image: image] of 0°. (A) [image: image] = 0°, (B) [image: image] = −12°.
CONCLUSION

1) The guide vane inlet angle had a significant impact on the energy performance of vertical axial flow pump device. When the guide vane inlet angle was adjusted in a clockwise direction, the pump device efficiency was reduced at the pump device optimal operating point, but its efficiency improved in low-head and large-discharge areas.
2) When the guide vane inlet angle did not match the direction of flow from the impeller outlet in the axial flow pump device, flow separation and a vortex were generated in the guide vane. By adjusting the guide vane inlet angle, the flow field could be significantly improved, the hydraulic loss of guide vane decreasing, and the energy performance of the axial flow pump device improving.
3) When the operating conditions of the low-head pump device are frequently in the large-discharge and low-head areas that deviate from the high-efficiency area due to limitations of the pump model or motor itself, these research results could be used to improve the energy performance of pump device in the low-head area.
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As an important machine for energy conversion and fluid transmission, centrifugal pump has the advantages of high efficiency, reliable performance, and easy adjustment. In order to improve the stability of the pump, this article adopts the method of experimental and numerical simulation in the pump and studies the variation of the vibration characteristics in the operation process. Based on the numerical simulation results, the intake condition and the cavitation inside the centrifugal pump are analyzed and summarized, which reveals the flow attenuation mechanism of a pumping station. The main results of the work reported in this article are as follows: 1) Various experimental schemes to monitor the vibration of centrifugal pumps in real time have been designed. The vibration characteristics of the pumps have been significantly improved by adding special trash barriers. 2) The gas entering the pump was not enough to affect the normal operation of the pump, but cavitation did occur in the actual operation process. 3) The critical net positive suction head under the three conditions is calculated to be 8.9, 10.9, and 12.9 m, respectively.
Keywords: centrifugal pump, vibration, external characteristics, cavitation, numerical simulation
INTRODUCTION
Centrifugal pumps are widely used in chemical, petroleum, aerospace, and other fields (Zhou et al., 2013) (Botros et al., 2016), and the requirements of its hydraulic performance and operational stability are becoming higher (Dong and Chu, 2018). With high efficiency, reliable performance, easy adjustment, and other advantages (Guo et al., 2018), centrifugal pump has become an indispensable part of the economic development (Nishida et al., 2016) (Adamkowski et al., 2016). Therefore, it is important to research the internal situation of centrifugal pumps for technological development.
Kreuz-Ihli et al. (1999) demonstrated the excitation effect of the tongue region in a vaneless radial inflow turbine, and their results showed that the phenomenon of partial load cyclone has a great influence on the generation of cavitation (Muggli et al., 1997), but no analysis has been made on the net positive suction head (NPSH). Kaupert and Staubli (1999) studied the full-load disturbance phenomenon in centrifugal pumps with guide vanes at different specific speeds, and the results showed that the frequency of full-load disturbance phenomenon increases with the increase in specific speed (Yang et al., 2015) (Zhang et al., 2019). However, no detailed analysis of the operating conditions in sandy rivers has been made. Guelich and Egger (1992) used experimental and numerical simulation methods to study the unstable flow field inside the centrifugal pump with a guide vane, and the results showed that the frequency gradually increased to the level of full-load disturbance in the impeller (Posa and Lippolis, 2019) (Yousefi et al., 2019). The main cause of this phenomenon is a rotational stall (de O. Turci et al., 2020). Centrifugal pump optimization methods based on computational fluid dynamics (ELM/CFD) and actual experiments have been widely applied (Wang et al., 2017) (Li et al., 2018), but there is insufficient research on pump cavitation (Schäfer et al., 2017). The combination of experimental and numerical simulation methods can effectively predict the centrifugal pump axial force (Mortazavi et al., 2017) (Liu et al., 2014), so this combined method has been used in this research.
This research took the selected pumping station with double-suction pumps and four water pumps as the experimental object. The drainage area of this station is the Yellow River, with a maximum sand content of 69 kg/m3 (Wang et al., 2016). The sand in the water flow caused serious abrasion to the pump and restricted the effective use. At present, the pumping station has experienced a significant flow decline from 5.1 m3/s to 3.7 m3/s. This research adopted numerical simulation (Lomakin et al., 2016) and experimental methods (Fu et al., 2020) to study the internal flow performance of the pumping channels and analyzed the reason of flow decay in the pumping station. This further revealed the mechanism of flow decay in the pump station and provided the theoretical basis for the stable operation of the pump station.
METHODS AND EXPERIMENTS
Numerical Simulation Settings
The proper setting of the boundary conditions greatly affects the accuracy of the numerical simulation. In thisarticle, the specific boundary conditions are set as follows: the fluid is incompressible, and the turbulent flow model uses the SST k-ω model. The inlet boundary in the stationary, under non-cavitation, conditions uses the inlet pressure of 101325Pa. With a constant discharge (or head), the inlet pressure has to be decreased to allow the static pressure at some areas inside the pump (at the impeller blade inlet edge or suction side) to fall sufficiently below that of the saturated liquid vapor. According to the actual conditions, the boundary condition of the outlet is mass flow. The solid-wall surface uses the no-slip boundary condition, which means that the wall surface velocity is the same as the fluid velocity. The standard wall is applied to the surface near the wall. The saturation pressure is 3169Pa, and the default value of 2 × 10−6 m is selected for the mean diameter. The frozen rotor is used for steady-state simulations, and the stator–rotor interface is used for unsteady simulations. The convergence accuracy (RMS) is set to 10–5.
Computational Area and Grid
Calculation Area
According to the actual situation of the pumping units in the double-suction pumping station, Pro/E 2018 software is used to establish the 3D model of the full flow path of the centrifugal pump. The cross-sectional length of the inlet and the outlet of the centrifugal pump will reduce the influence of boundary conditions on the internal flow field during the modeling process.
Grid
Grid is the calculation carrier of numerical simulation, which imposes strict requirements on the resolution of the grid. The inlet flow channel is divided into three parts: inlet section, channel, and outlet section. The 3D model of the centrifugal pump is divided into five parts: inlet section, suction chamber, impeller, spiral casing, and outlet section, which are further divided into different numbers of grids. In this article, we choose the unstructured tetrahedral mesh. The grid of some parts is shown in Figure 1.
[image: Figure 1]FIGURE 1 | The grid of flow system components. (A) Impeller; (B) Suction chamber; (C) Volute; (D) Exit section.
Grid Independence Study
Table1 Grid recorded the results with different node numbers used in the simulation. It can be seen from the table that when the number of grids reaches 14 million, the efficiency and head remain unchanged with an increased number of grids. Considering the time and computer performance, the final number of cells is 14 million. There are 1.4 million grid cells in the inlet section, 5.9 million grid cells in the suction chamber, 2.6 million grid cells in the impeller, 3.14 million grid cells in the volute, and 0.9 million grid cells in the outlet section.
TABLE 1 | Grid independence analysis.
[image: Table 1]Centrifugal Pump Experiment
In thisarticle, the centrifugal pump experimental system includes double-suction centrifugal pumps, accelerometers, a wireless gateway data acquisition system, and a software data analysis system. The acceleration sensor (frequency range 2–10 KHz; noise <20 mV) can measure the velocity and acceleration in all directions at the same time. In this experiment, the main collection is the vibration velocity of the pump casing under each monitoring point. The acceleration sensor specification model is GY7600WS, which is produced by Zhongke Genyun in China. The data acquisition system is mainly a wireless gateway by ZigBee whose specification model is GY7800WS. The design flow rate QD of the double-suction centrifugal pump is 4.57 m3/s, the design head is 108.08 m, and the design speed is 750 r/min. Specific parameters are shown in Table 2.
TABLE 2 | Centrifugal pump parameters.
[image: Table 2]The real-time monitoring system used the velocity sensor, acceleration sensor, and temperature sensor to monitor the state of the pump at five different locations and the data is recorded during 72 h without drastic changes in the flow. The monitoring points are shown in Figure 2. Choose the flow channel after the front pond to put the trash rack and monitor the data after 4–5 h. Close the valve of the pump and remove the gas in the pump. After reaching the maximum flow, record the inlet and outlet pressure and flow data until the flow becomes stable again.
[image: Figure 2]FIGURE 2 | Experimental scheme: (A) monitoring points; (B) trash rack.
Verification of Numerical Simulation Results and Experimental Results
Figure 3 shows the comparison between the simulation results and the experimental results in the clear water state to verify the accuracy of the numerical simulation. The numerical simulation results are in good agreement with the experimental results. Some load and overload conditions show large errors, which may have come from unstable factors such as reflux and flow separation. However, the error is still within the acceptable range, and the efficiency error and head error are less than 5.0%. Near the effective area (0.7–1.1QD), the errors of head and efficiency are less than 3.0 and 3.5%, respectively. Therefore, the numerical model in this article can meet the requirements of the calculation accuracy.
[image: Figure 3]FIGURE 3 | Comparison between the simulation results and the experimental results.
NUMERICAL SIMULATION RESULTS AND DISCUSSION
Gas–Liquid Flow Characteristics of the Inlet
The gas (air)–liquid (water) distribution diagram of each part of the inlet flow channel of the pump under different flow conditions is shown in Figure 4. The volume of the gas increases with the increasing flow rate, but it can be found that the volume of the gas entering the pump from the outlet section is very small. Therefore, it can be considered that the gas entering the pump is not enough to affect the normal operation of the pump.
[image: Figure 4]FIGURE 4 | The gas–liquid distribution of the inlet flow channel under different water levels. Q in represents different flow rates.
Pressure Distribution of Overflow Components
Cross-Sectional Pressure Distribution in the Suction Chamber
Taking XY as the plane, we draw the pressure distribution diagram of the oil suction cavity section under different flow conditions in the Z-direction. Blue represents the lowest pressure and red represents the highest pressure. It can be seen from Figure 5 that with a rising Z value, the blue area at the interface between the suction chamber and the impeller is decreasing, which means that the pressure is increasing. While the whole area at the housing and other areas of the suction chamber is becoming lighter and the pressure is decreasing. Comparing the position of the blue area, the pressure in the suction chamber near the contact surface of the impeller decreases with the increase in the distance in the Z-direction. Figure 5 shows the pressure distribution of the suction chamber cross section at low flow rate (Q = 4.0 m3/s). Comparing the different flow conditions, in the small flow condition, the pressure on the section of the entire suction chamber is greater than the pressure on the section under the design flow condition, particularly at the curved part of the suction chamber inlet. Because the direction of the fluid changes at these positions, the pressure value is greater than other positions.
[image: Figure 5]FIGURE 5 | Cross-sectional pressure diagram of the suction chamber at Q = 4.0 m3/s. Z in represents different cross-sectional heights.
Impeller Cross-Sectional Pressure Distribution
Taking XY as the plane, we analyze the pressure distribution of the impeller cross section in the Z-direction under the design condition. The maximum cross-sectional pressure at Z = 0.1 m is 881.7 kPa, at Z = 0.15 m is 632.5 kPa, and at Z = 0.2 m is 8,437.9 kPa. The overall pressure decreases with the increase in the cross-sectional distance in the Z-direction. The pressure at the inlet of the blade is the lowest, and gradually increases in the direction of the outlet of the blade. Figure 6 shows the pressure distribution of each impeller section at Q = 4.0 m3/s. The maximum cross-sectional pressure at Z = 0.1 m is 897.5 kPa, at Z = 0.15 m is 647.0 kPa, and at Z = 0.2 m is 462.6 kPa. The relationship between the pressure and the distance in the Z-direction is the same as the design flow condition. Furthermore, the pressure at the inlet of the impeller is smaller than the pressure at the outlet of the impeller, and the pressure on each blade increases gradually in the clockwise direction.
[image: Figure 6]FIGURE 6 | Impeller cross-sectional pressure diagram at Q = 4.0 m3/s. Z in represents different cross-sectional heights.
Pressure Distribution of the Spiral Shell Cross Section
Plot the pressure distribution of the spiral shell cross section in the Z-direction in the design flow condition and low flow condition (Q = 4.0 m3/s), the results are showed in Figure 7. The position of Z = 0 m is also the position of the central section of the shell. According to its pressure distribution, the annular channel of the inlet of the shell owns the smallest pressure of the whole shell components. With the direction of water flow till the outlet part of the shell, the pressure from the inner wall surface to the outer wall surface is increasing. In the diagram with Z = 0 m for design flow and low flow, a circular orange area at the exit of the shell can be seen, surrounded by a red area at higher pressures, indicating the possible presence. In the cross section away from the central section, the pressure in the shell decreases slightly. But in the cross section away from the profile, there are more red areas, filling almost the entire exit section of the shell. But the cross section between Z = 0.05 m and Z = 0.1 m does not show any orange areas in the central section. It can be observed that as the flow rate increases, the pressure in the various sections of the shell decreases (Lomakin et al., 2016).
[image: Figure 7]FIGURE 7 | Q = 4.0 m3/s spiral shell cross-sectional pressure diagram. Z in represents different cross-sectional heights.
Pump Cavitation Characteristic
Based on the experimental results and external characteristics analysis, the cavitation may occur in the pump. Three flow conditions are designed in the numerical simulation of cavitation, the pump inlet pressure is reduced from 2 atm (101,325 Pa) to 1 atm, forcing the centrifugal pump cavitation.
Design Flow Conditions
It can be seen from Figure 8 that when the inlet pressure is reduced from 2 to 1 atm, the volume of the bubbles on the back of the blade changes during the whole process. From the beginning of the bubble, the volume of the bubble on the blade suction side will increase with every 0.1 atm decreasing until the inlet pressure drops to 1 atm. It can be found that the bubble volume at the inlet of the blade gradually increases until it reaches the maximum at 1 atm. On the contrast, the bubble volume in the direction of the outlet gradually decreases and reaches the lowest. And there is no cavitation on the outside of the blade because of the inlet pressure on the back of the blade reaching the lowest. As showed in Figure 8, the bubbles first appeared at the back of the blade. As the pressure increased, the bubbles moved toward the blade outlet and gradually spread to the inside through the flow channel. The pressure of the blade inlet penetrated again and gradually started to compress the bubble, made the volume of the bubble rapidly decrease until it busted. The surrounding high-pressure liquid quickly fills the volume left by the burst of the bubble. When the inlet pressure drops to 1atm, the volume of the bubbles on the back of the blade has almost reached 1/2 of the entire blade.
[image: Figure 8]FIGURE 8 | Volume distribution of cavitation on the blade suction side. P in represents different atmospheric pressures.
With the reduced inlet pressure, the vapor phase volume fraction in the impeller runner changes a lot - the results are shown in Figure 9. The inlet pressure from 2.0 atm down to 1.5 atm, the impeller runner volume of the bubbles did not change much. When the pressure falls, the impeller runner volume fraction of the bubbles begins to grow substantially. The inlet pressure at 1.3 atm of the bubble volume fraction has increased significantly. The vapor phase volume fraction increases significantly with every 0.1 atm decreasing of the inlet pressure.
[image: Figure 9]FIGURE 9 | Volume distribution of cavitation with the trash rack. P in represents different atmospheric pressures.
Off-Design Conditions
The head and NPSH at the corresponding inlet pressure can be solved by the relevant formula. The cavitation characteristic curve of the centrifugal pump under different flow conditions have been plotted in Figures 10A–C. As the NPSH decreases, the pump head also decreases in all the figures. At Q = 4.0 m3/s, when the NPSH drops to 15 m, the head starts to drop. After that, when the pressure is reduced by 1atm, the head will be greatly reduced. It is generally believed that when the head of the pump drops by 3%, it is considered that the cavitation has occurred inside the pump. The cavitation margin at this time is the critical cavitation margin, which can be calculated. The critical cavitation allowance under small flow conditions is 8.9 m. The critical cavitation can be calculated as 10.9 m, and the centrifugal pump in the design flow conditions is 10.5 m, which also confirms the accuracy of the numerical simulation.
[image: Figure 10]FIGURE 10 | Cavitation curves for different operating conditions. Q in represents different flow rates.
VIBRATION CHARACTERISTICS OF THE CENTRIFUGAL PUMP WITH TRASH RACK
Vibration of Bearing Housing at the P1 Monitoring Site
The design flow rate is 4.57 m3/s, the speed is 750 r/min, and the theoretical shaft frequency is 75 Hz. Figure 11A is the bearing vibration velocity of the unit under different flow conditions without the trash rack. It can be seen from Figure 11A the diagram of the vibration velocity amplitude of the pump casing in the low-frequency section. The vibration amplitude at the maximum flow rate can reach 4.65 mm/s, and the minimum vibration amplitude at the minimum flow rate is about 4.3 mm/s. The maximum velocity amplitude at the low-frequency band in Figure 11A will decrease as the flow rate decreases.
[image: Figure 11]FIGURE 11 | Vibration velocity distribution of P1 monitoring point. ((A) Vibration velocity distribution of P1 without the trash rack. (B) Velocity frequency domain distribution of P1 with the trash rack. (C)–(F) Distribution of velocity frequency domain for different flow conditions at P1 (C) Q = 4.3 m3/s, (D) Q = 4.45 m3/s, (E) Q = 4.85 m3/s, and (F) Q = 5.05 m3/s).
Figure 11B shows the vibration velocity amplitude distribution in the frequency spectrum with different flow conditions after adding the trash rack. The vibration velocity amplitude can reach 4.0 mm/s at the maximum flow and 2.45 mm/s at the minimum flow. Comparing Figure 11A with Figure 11B, the velocity amplitude in the low-frequency band is much larger after adding the trash rack. The amplitude of the velocity frequencies decreases as the flow rate decreases.
Figures 11C–F represent the frequency spectra of the bearing housing vibration velocity at each flow condition. No matter in which flow condition without the trash rack, there will always be many irregular vibration velocity spectral components in the low-frequency band. The figure shows that the large vibration velocity amplitude occurs again 2 times at the shaft frequency in both the high flow conditions, which is probably due to the higher flow and poor stability of the pump shortly after discharge.
Vibration of Bearing Housing at the P2 Monitoring Site
The vibration pattern at the P2 monitoring point of the pump in the low-frequency band is more complicated without the trash rack. In each flow condition, the largest value can reach upto 2.5 mm/s. Near the designed condition, the smallest amplitude is 1.8 mm/s which is smaller than the range of the velocity amplitude at P1. The vibration amplitude variation pattern at P2 is more complex due to the turbulence. The vibration pattern of the pump casing at P2 is more simplified after adding the trash rack, and the vibration amplitude in the low-frequency band is also much smaller. The maximum vibration amplitude can reach upto 4.7 mm/s and the minimum vibration amplitude is 1.8 mm/s, which is better optimized compared with the vibration amplitude without the trash rack.
By comparing the velocity frequency domain diagrams at the same flow condition, it can be found that under small flow condition, the largest values of velocity appear at the shaft frequency, but the largest values of velocity appear at the blade frequency in the large flow condition. Moreover, after excluding the influence of weeds and other debris, the pump vibration condition under the P2 monitoring point is well improved. The vibration amplitude in the wide frequency area will become relatively simple with the decrease of weeds and other debris with the trash rack.
Vibration of Bearing Housing at Different Flow Conditions
The change of P3 (different from the position monitored by P1) is very similar to the change of the P1 monitoring point. Without the trash rack, the vibration velocity amplitude is slightly higher, the velocity amplitude is larger, and the vibration velocity spectral components are also higher. The vibration velocity spectral components of P2, P3, P1, and P5 under low and high flow conditions are compared, as shown in Figures 12A–D. It can be found that the largest vibration velocity amplitude of P2 is greater than the largest vibration velocity amplitude of P3 in all the conditions. At the low frequency, the vibration times of P3 becomes longer than P2, and in the high frequency, the broadband region of P2 becomes wider than P3. For P1 and P5, it can be found that the vibration of P1 in the low-frequency band is slightly better than that of the P5 monitoring points. The vibration amplitude of P1 in low-frequency band is higher than P5. The vibration amplitude of P1 in the high-frequency area is smaller than the P5. But at the higher frequency, the P5 monitoring point does not have a significant vibration amplitude.
[image: Figure 12]FIGURE 12 | Velocity frequency spectra at P3 for each flow condition. Q in represents different flow rates.
The changes in the vibration frequency spectra taken at the monitoring sites show some similarity in the pump casing vibration when measured in the same direction. As the pump is a double-suction centrifugal pump, flow inlets, the influence of water flow velocity, inlet size, and other factors will lead to a certain difference in the flow field. According to the vibration velocity spectral components of all the monitoring points, it is obvious that: 1) after adding the trash rack, the vibration frequency domain of each monitoring point is better than the speed frequency domain. 2) Irregular vibration amplitude is found in the low-frequency region of each monitoring point, but is further reduced in the frequency domain after adding the trash rack. 3) The irregular vibration amplitude may be caused by the cavitation in the centrifugal pump.
CONCLUSION
In thisarticle, the change law of the vibration of the centrifugal pump during operation was studied by using experimental and numerical simulations. The results presented the flow decay mechanism of a double-suction pump station. The main works and findings can be summarized as follows:
1) We monitored the vibration of the pump bearings in real time. The results showed that the pump vibration curves were significantly improved after adding the trash rack.
2) We compared and analyzed the gas (air)–liquid (water) characteristics of each component under different conditions by the numerical simulations. The gas in the inlet flow channel could not affect the normal operation of the pump.
3) The head gradually decreases as the flow rate rises, and the efficiency reached the maximum when the flow rate was 4.5 m3/s.
4) Based on the numerical simulation of cavitation, the change law between the bubble volume on the blade suction side and the inlet pressure under the three flow conditions was analyzed. The critical NPSH was calculated to be 8.9, 10.9, and 12.9 m, respectively.
5) Serious cavitation has happened inside the pump. This is the main reason that causes the centrifugal pump performance and pump flow to drop. It is hoped that the cavitation of the pump can be more effectively solved with the joint cooperation of more scholars in the future.
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A wear-ring is an important part of the centrifugal pump. The leakage flow in the wear-ring clearance and main flow at the impeller inlet form crossed mixed flows perpendicular to each other. Large eddies and shocks are produced at the intersection of the two flows due to great velocity difference and different directions, resulting in flow losses, unsteady flow, and even flow-induced vibration. Consequently, the pump performance, pressure pulsation and vibration, and other characteristics will be greatly affected. In this paper, 5 incident angles between the incident section of the wear-ring clearance and the circumferential direction of impeller inlet, i.e., the original angle (90°), 75°, 60°, 45°, and 30°, were formed with a low-specific-speed centrifugal pump as the study object. Unsteady flow calculation and fluid–structure interaction calculation were performed on centrifugal pumps with different wear-ring clearances; the effect of the incident angle of the wear-ring clearance on the distribution of pressure pulsation and vibration performance of centrifugal pump was analyzed. The results showed that the improved efflux angle of the wear-ring clearance could effectively weaken the impact disturbance of the leakage flow in the wear-ring clearance to the main flow at the inlet. Accordingly, the flow status at the inlet of the centrifugal pump was improved, flow losses were reduced, the efficiency of the centrifugal pump was improved, and the vibration amplitude and vibration energy of the pump were also reduced.
Keywords: incident angle, wear-ring clearance, pressure pulsation, vibration performance, vibration energy, centrifugal pump
INTRODUCTION
The leakage flow in the wear-ring clearance and main flow at the impeller inlet form crossed mixed flows perpendicular to each other. Large eddies and shocks are produced at the intersection of the two flows due to great velocity difference and different directions, resulting in flow losses, unsteady flow, and even flow-induced vibration. Consequently, the pump performance, pressure pulsation and vibration, and other characteristics will be greatly affected. Wu et al. (Xianfang et al., 2021) studied the effect of the front and rear wear-ring clearance on the pump performance and investigated the changes in the pump performance by a test and numerical simulation. Yan et al. (Yan et al., 2019) found that the wear-ring clearance leakage seriously affects the pump performance. Adistiya et al. (Adistiya and Wijayanta, 2019) studied the effect of the wear-ring clearance by changing the clearance, so as to get higher efficiency. The study of Zheng et al. (Zheng et al., 2020) found that the changes in the wear-ring clearance cause a decrease in the lift, efficiency, and pressure pulsation of a centrifugal pump, and that the clearance efflux angle has a great influence on the pressure distribution at the impeller inlet. Liu et al. (Liu, 2014) found that the pressure distribution in the anterior clearance is greatly affected by the size and radial position of the wear-ring clearance. The study of Li et al. (Li, 2012) found that clearance expansion reduces the efficiency of the centrifugal pump, but the amplitude decreases as the viscosity increases. According to the study of DaqiqShirazi et al. (DaqiqShirazi et al., 2018), when the wear-ring clearance is small, disc friction efficiency has the greatest effect on the efficiency; with the increase of the wear-ring clearance, the volumetric efficiency decreases, but the friction efficiency increases, and the overall efficiency does not decrease significantly. Chen et al. (Chen et al., 2012) indicated that the reason for the decrease in the lift and efficiency of the centrifugal pump is as follows: a small wear-ring clearance reduces the internal turbulence and hydraulic loss, and the increase of clearance decreases the eccentric vortex. Gupta et al. (Gupta and Childs, 2006) established a compressible fluid model for leakage flow of the front and rear wear-ring clearance and obtained the dynamic performance of leakage flow. Zhang (Zhang et al., 2017) found that, within a certain clearance range, the clearance leakage has little effect on pressure fluctuation at the impeller inlet and in the center area; beyond this range, the fluctuation of the whole flow passage increases obviously, but clearance change has little effect on the fluctuation of a guide vane. Yu et al. (Yu, 2019) studied the effect of tip clearance on the performance of low-specific-speed mixed-flow pumps and found that the changes in the size of the tip clearance have a greater effect on the external performance under high flow. Anish et al. (Anish and Sitaram, 2017) found that pressure fluctuation is still controlled by the blade passing frequency in the clearance. Hao (Hao and Tan, 2018) studied the effect of different radial clearances on vibration noise by the fluid–structure interaction (FSI) method and found that increasing the radial clearance will not only reduce the efficiency but also reduce the vibration and noise. In addition to the effect of the wear-ring clearance on the efficiency, lift, and other performance of the pump, the leakage flow in the wear-ring clearance and main flow at impeller inlet form crossed mixed flows perpendicular to each other. Large eddies and shocks are produced at the intersection of the two flows due to great velocity difference and different directions, resulting in flow losses, unsteady flow, and even flow-induced vibration (Sergio and Francesco, 2016; Norrbin et al., 2017; Shi et al., 2017-7). At present, the studies on the wear-ring clearance of centrifugal pumps mainly focus on the effect of clearance flow on the pump performance, and the effect on pressure pulsation and vibration performance is seldom involved. In this paper, the pressure pulsation and vibration performance of the pump under different incident angles were studied by changing the incident angle of the wear-ring clearance of the centrifugal pump. This study showed that the improved efflux angle of the wear-ring clearance could effectively weaken the impact disturbance of the leakage flow in the wear-ring clearance to the main flow at the inlet. Accordingly, the flow status at the inlet of the centrifugal pump was improved, flow losses were reduced, the efficiency of the centrifugal pump was improved, and the vibration amplitude and vibration energy of the pump were also reduced.
CENTRIFUGAL PUMP MODEL
In this paper, the speed of the model pump n = 2,950 r/min, the design flow Qd = 11 m3/h, and the rated lift Hd = 40 m. The pump inlet diameter Ds = 50 mm, the outlet diameter Do = 40 mm, the impeller inlet diameter D1 = 50 mm, the impeller outlet diameter D2 = 160 mm, the impeller outlet width b2 = 10 mm, the number of impeller blades Z = 6, the blade inlet angle β1 = 23°, the blade outlet angle β2 = 23°, the blade thickness δ = 2.7 mm, the volute base circle diameter Db = 165 mm, and the volute inlet width b2 = 15 mm. The model pump is shown in Figure 1. The main geometric parameters of the prototype pump are shown in Table 1.
[image: Figure 1]FIGURE 1 | Diagram of computational domain of flow field and rotor. (A) Computational domain of flow field. (B) Computational domain of rotor.
TABLE 1 | Main geometrical parameters of centrifugal pumps.
[image: Table 1]In this paper, the incident angle of the wear-ring clearance was changed to 90° (IA90), 75° (IA 75), 60° (IA 60), 45° (IA 45), and 30°(IA 30) by changing the outer contour of 1-pump and 2-impeller wear-rings; the same wear-ring clearance (0.3 mm) and same incident position were maintained; the diagram of the incident angle of different wear-ring clearances is shown in Figure 2.
[image: Figure 2]FIGURE 2 | Diagram of incident angle of different wear-ring clearances.
NUMERICAL CALCULATION METHOD AND TEST APPARATUS
Numerical Calculation Method
The model in this paper was the SST k–ω model. When the compressibility of the fluid is not considered, this model can be expressed as (Menter, 1992; Versteeg and Malalasekera, 1995)
[image: image]
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where [image: image], [image: image], [image: image], [image: image], [image: image].
In this paper, the velocity inlet and free outflow were used in the numerical calculation of the whole flow field of the centrifugal pump. The walls of the impeller flow domain and those in contact with the solid region of the impeller were set to rotate walls, the walls of other flow domains were set to stationary walls, and all walls were set to smooth walls. The coupling between speed and pressure was realized by the SIMPLEC algorithm. The second-order upwind and central difference scheme were adopted for the spatial dispersion of the convective term and diffusive term, respectively. In the unsteady calculation of the whole flow field, the time step of every 1° rotation of the impeller was taken as a time step, and a rotation cycle contained 360 time steps in total. The speed of the model pump was 2,950 r/min, the time step was 5.64972 × 10−5 s, and the convergence residual accuracy of each physical quantity was set to 10−5.
In the FSI calculation, the calculation of the three parts, the flow field, solid structure field, and data transfer of the FSI surface, converged. The convergence criterion in the data transfer of the FSI surface was
[image: image]
where, [image: image] is the load component of the previous iteration and [image: image] is the load component of the current iteration. A convergence precision [image: image] is pre-given, only when [image: image] is smaller than [image: image]. Data transfer can be considered to have been converged. The convergence criterion in the data transfer of FSI surface was
[image: image]
The criterion for determining the convergence of the FSI load data transfer is: [image: image] < 0.
Figure 3 shows a diagram of the flow field domain and rotor mesh. Figures 4A,B are mesh independence verification diagrams of the flow field domain and impeller rotor domain, respectively. According to the mesh independence verification, the number of mesh cells finally selected herein for the flow field and rotor domain was 6.06 × 106 and 15.31 × 104, respectively.
[image: Figure 3]FIGURE 3 | Diagram of flow field domain and rotor mesh. (A) Impeller flow. (B) Rotor structure mesh. (C) Whole flow field mesh. (D) Partial enlarged drawing.
[image: Figure 4]FIGURE 4 | Diagrams of mesh independence verification. (A) Diagram of flow field mesh independence. (B) Diagram of rotor domain mesh.
Test Apparatus
The test apparatus and piping system are shown in Figure 5. The pressure pulsation sensor used herein is a high-frequency dynamic pressure sensor. Its model is GYS-I, its measuring range is -0.01–1 MPa, its accuracy is 0.2, and its frequency response is 10 kHz. The installation position of the sensor is shown in Figure 6 and Table 2. In this paper, a non-contact electric vorticity sensor with a sensitivity of 4 mV/μm and a range of 0–2 mm was used to measure the vibration displacement of the centrifugal pump. The installation position of the vibration sensor is shown in Figure 7.
[image: Figure 5]FIGURE 5 | The test apparatus and piping system.
[image: Figure 6]FIGURE 6 | Installation position of pressure sensor.
TABLE 2 | Installation position of the pressure sensor.
[image: Table 2][image: Figure 7]FIGURE 7 | Schematic diagram for installation of vibration displacement sensor.
RESULTS AND DISCUSSION
Effect of Wear-Ring Incident Angle on Pump Pressure Pulsation
Figure 8 shows the comparison of the experimental value and calculation results of the pressure pulsation of the prototype pump (IA90) at different observation points under design conditions. According to the figure, under the design flow (11 m3/h), the main frequency of pressure pulsation at different observation points was near the blade frequency, and the maximum amplitude of the experimental value and calculation results was at observation point EP15. In general, under design conditions, the experimental value and calculation results of pressure pulsation have a consistent distribution trend, with the main frequency at the blade frequency (with an error of only 0.2%). This verified that the numerical calculation method used herein is accurate and reliable.
[image: Figure 8]FIGURE 8 | Comparison of experimental value and calculation results of pressure pulsation of the prototype pump (IA90) at different observation points under design conditions and the original pressure signal.
In order to further analyze the flow status in the wear-ring clearance and at the impeller inlet, 4 observation points were arranged in the wear-ring clearance and on the near wall of the impeller inlet, respectively. The position of observation points is shown in Figure 9. SP1∼SP4 are observation points in the wear-ring clearance; SP5∼SP8 are observation points on the near wall of the impeller inlet.
[image: Figure 9]FIGURE 9 | Diagram of position of observation points for wear-ring pressure pulsation. (A) Sectional position of observation points. (B) Position of observation points SP1∼SP8.
Figure 10 shows the frequency domain distribution at observation points in the wear-ring clearance under the design flow and different incident angles of the wear-ring clearance. This figure shows that the pressure pulsation frequency domain of centrifugal pumps with the different incident angles of the wear-ring clearance also shows strong asymmetry. The frequency domain of pressure pulsation is mainly in the low-frequency band. The intermediate frequency is mainly the frequency multiplier (295 Hz) of the blade passing frequency. The reason for this is that after a long anterior flow domain, the flow gradually becomes orderly and the high-frequency pulsation is gradually weakened. The main frequency of each observation point is different and is mainly concentrated in the multiplier and shaft frequency multiplier and shaft frequency. The pulsation amplitudes in each frequency domain decrease with the decrease of the incident angle of the wear-ring clearance. The reason is that the decrease of the incident angle of the wear-ring clearance makes the flow in the wear-ring clearance more orderly. Compared with the maximum amplitude of pressure pulsation of IA90, the maximum amplitude of pressure pulsation of IA75, IA60, IA45, and IA30 decreased by 5.9%, 44.3%, 49.6%, and 42.7%, respectively.
[image: Figure 10]FIGURE 10 | Comparison of shaft frequency and blade frequency of pressure pulsation in wear-ring clearance under design conditions and different incident angles of wear-ring clearance. (A) Point SP1. (B) Point SP2. (C) Point SP3. (D) Point SP4.
Figure 11 shows the comparison of the RMS values of pressure pulsation in the wear-ring clearance under the design conditions and different incident angles of the wear-ring clearance. It can be seen from Figure 11 that compared with IA90, the RMS values in each band of IA75 did not change greatly. This indicates that IA75 has no obvious effect on pressure pulsation in the wear-ring clearance. However, compared with the IA90 model, the amplitude of pressure pulsation in the low-frequency band of IA60, IA45, and IA30 models was greatly improved, while the amplitude of the low-frequency RMS value decreased by 30.8%, 44.0%, and 37.4%, respectively. The amplitude of the RMS value of pressure pulsation in the middle frequency band of IA60, IA45, and IA30 models also decreased significantly and was 22.4%, 29.3%, and 32.2% lower than that of the IA90 model, respectively. The amplitude of the RMS value of pressure pulsation in the high-frequency band of the three models was also greatly improved and was 12.4%, 9.3%, and 24.2% lower than that of the IA90 model. Thus, it can be seen that the decrease of the incident angle of the wear-ring clearance can effectively reduce the amplitude of pressure pulsation in the low-frequency band and has little effect on the amplitude of pressure pulsation in the high-frequency band.
[image: Figure 11]FIGURE 11 | Comparison of RMS values of pressure pulsation in wear-ring clearance under different incident angles of wear-ring clearance. (A) Low band. (B) Mid band. (C) High band.
Effect of Wear-Ring Incident Angle on Pump Vibration Performance
Figure 12 shows the comparison of time domain and frequency domain of the results of the vibration displacement experiment and numerical simulation of the IA90 centrifugal pump. According to Figure 12, the time–domain diagram of vibration displacement shows obvious periodicity and has six peaks and troughs; experimental values are slightly greater than calculated ones; the amplitude is mainly concentrated in the shaft frequency and blade frequency. The experimental values at the design flow and the FSI calculation results have a consistent trend, which indicates that the results of the FSI calculation adopted in this paper are relatively accurate.
[image: Figure 12]FIGURE 12 | Time domain and frequency domain of simulated vibration and experimental vibration. (A) Time domain (B) Frequency domain.
Figure 13 shows the distribution diagram of the time domain and frequency domain of radial force on the pump impeller under the design flow and different incident angles. As shown in Figure 13C, the radial force on the impeller shows obvious periodicity; the decrease of the incident angle of the wear-ring clearance will gradually decrease the radial force on the impeller, and the pulsation amplitude of the radial force will also gradually decrease; however, from the frequency domain distribution of the radial force, the changes in the incident angle of the wear-ring clearance have a greater influence on the pulsation amplitude of the radial force at the shaft frequency and have a minor influence on the pulsation amplitude of the radial force at the blade frequency.
[image: Figure 13]FIGURE 13 | Time domain diagram and frequency domain diagram of radial force of centrifugal pump under different wear-ring incident angles and the design flow. (A) Time domain diagram. (B) Vector diagram of radial force. (C) Frequency domain diagram. (D) Pulsation amplitude at shaft and blade frequency.
Figure 14 shows the overall vibration displacement diagram of the impeller rotor system of a centrifugal pump under different incident angles of the wear-ring clearance at t = 0.02 s. It can be seen from the figure that the maximum vibration displacements of centrifugal pumps with different incident angles of the wear-ring clearance appeared at the outer edge of the impeller, mainly at the highest and lowest point along the gravity direction and at the cutwater, and the minimum displacements appeared at the furthest distance from the cutwater. The maximum vibration displacement of IA90 under the original incident angle of the wear-ring clearance was 2.78 μm, while the vibration displacement of IA75 was slightly greater and was 2.72 μm. The maximum vibration displacement of IA60, IA45, and IA30 gradually decreased with the decrease of the incident angle of the wear-ring clearance. Moreover, the average of the deformed area decreased significantly; the maximum vibration displacement was 2.63, 2.59 and 2.55 μm, respectively. This shows that the decrease of the incident angle of the wear-ring clearance can effectively inhibit the vibration of the centrifugal pump impeller.
[image: Figure 14]FIGURE 14 | Cloud map of vibration displacement of impeller under the design flow.
In order to further study the vibration performance of the centrifugal pump, the root mean square of the vibration power spectrum signal was calculated and was defined as the vibration energy RMS [1,66]. Figure 15 shows the vibration energy distribution of the impeller under different incident angles. As shown in this figure, the changes in the incident angle of the wear-ring clearance have a certain effect on the vibration energy of the pump. The vibration energy of the pump impeller gradually decreases and is inhibited to some extent with the gradual decrease of the wear-ring incident angle.
[image: Figure 15]FIGURE 15 | Vibration energy distribution of impeller under different incident angles.
CONCLUSION
In this paper, IA30 is the best case of clearance shape from the analyzed ones; the pressure pulsation and vibration performance of the centrifugal pump under 5 different incident angles of the wear-ring clearance were analyzed by calculating the unsteady flow and FSI in the whole flow field of the centrifugal pump. The main conclusions are as follows:
1) Small incident angles of the wear-ring clearance will weaken the impact and disturbance of the wear-ring jet flow on the main flow, thus reducing the pressure pulsation of the pump, and the smaller the incident angle, the smaller the pressure pulsation amplitude.
2) The decrease of the incident angle of the wear-ring clearance can effectively reduce the amplitude of pressure pulsation in the low-frequency band and has little effect on the amplitude of pressure pulsation in the high-frequency band.
3) The analysis of the radial force on the impeller and vibration displacement and vibration energy of the impeller showed that the decrease of the incident angle of the wear-ring clearance will decrease the radial force on the impeller and also inhibit the vibration amplitude and vibration energy of the impeller.
4) The smaller the incident angle of the orifice ring gap, the higher the head and efficiency. This is because with the decrease of the incident angle of the orifice ring gap, the leakage of the front orifice ring gap decreases gradually, which improves the volumetric efficiency and thus the head and efficiency.
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The life test of a complex electromechanical system (CEMS) is restricted by many factors, such as test time, test cost, test environment, test site, and test conditions. It is difficult to realize system reliability synthesis and prediction of a CEMS which consists of units with different life distributions. Aiming at the problems, a numerical analysis method based on the computer simulation and the Monte Carlo (MC) method is proposed. First, the unit’s life simulation values are simulated using the MC method with the given each unit’s life distribution and its distribution parameter point estimation. Next, using the unit’s life simulation values, the CEMS life simulation value can be obtained based on the CEMS reliability model. A simulation test is realized instead of the life test of the CEMS when there are enough simulation values of the CEMS life. Then, simulation data are analyzed, and the distribution of the CEMS life is deduced. The goodness-of-fit test, point estimation and confidence interval of the parameters, and reliability measure are estimated. Finally, as a test example of the wind turbine, the practicability and effectiveness of the method proposed in this paper are verified.
Keywords: Monte Carlo simulation, computer simulation, system reliability prediction, system reliability synthesis, complex electromechanical system
INTRODUCTION
Complex electromechanical systems (CEMSs) have been used in industry, civil machinery, aerospace, and so on (Mi et al., 2016; Wang et al., 2022). Reliability synthesis and prediction of CEMSs have long been critical issues within the field of reliability engineering. CEMSs are usually composed of optics, machinery, and electricity (Tang et al., 2021). Some CEMSs have very complex structures, some have huge volumes, some have long service life, and some are expensive (Han et al., 2021). Thus, reliability synthesis and prediction of CEMSs only relying on life testing are limited by multiple factors such as test scheme, test site, test time, test cost, and test conditions. However, at the stage of the project demonstration and initial design of CEMSs, reliability synthesis and prediction of CEMSs are necessary (Fuqiu et al., 2020). Therefore, it challenges the realization of reliability synthesis and prediction of CEMSs.
Since Buehler proposed a reliability synthesis method for a series system with two binomial components (Buehler, 1957), scholars from classical, Bayes, and fiducial schools have conducted a lot of research on reliability synthesis and prediction of systems. The classical school put forward the maximum likelihood estimation (MLE) method, modified maximum likelihood estimation (MML) method, sequential reduction (SR) method, combined MML and SR method (CMSR), and so on (Yu et al., 2013). The MLE method is only applicable to large sample tests, and the failure distribution is an unbounded symmetric normal distribution. The MML method is only applicable to binomial (pass–fail) component systems (Fo and Xiong, 2009). The disadvantage of the SR method is that successive compression of test data leads to information loss, resulting in large estimation variance and a more conservative confidence limit of system reliability (Zhu and J Sh, 1990). The algorithm of the CMSR method is complex, and it is not suitable for the system with zero failure number of unit test data. The Bayes method only solves the reliability interval estimation of binomial or exponential approximation for complex systems (Guo and Wilson, 2013). The fiducial method has been proved unsuitable for system reliability evaluation (Zhou and Weng, 1990). Therefore, it is difficult to use the abovementioned methods to synthesize and predict the CEMSs’ reliability, and reliability synthesis and prediction of CEMSs are still problems in reliability engineering (Peng et al., 2013). Although the Monte Carlo method can easily deal with the reliability synthesis problem of systems with different unit distributions (Yeh et al., 2010), the simple Monte Carlo method, bootstrap method, double Monte Carlo method, and asymptotic method introduced in many studies can only solve the lower confidence limit of system reliability, and the interval estimation problem of system life distribution types and parameters are unsolved (Meng and Wen-Tao, 2021). Despite decades of research, there is still no general method to realize the reliability synthesis and prediction of CEMSs (Kovacs et al., 2019).
It is well known that a CEMS is composed of several units (subsystems), and the system reliability depends on the reliability of its constituent units (subsystems) (Negi and Singh, 2015), (Liu et al., 2015). When the constituent units’ life of CEMS follows different distributions, it is difficult to synthesize and predict the CEMS reliability from units’ reliability data information (Weiyan et al., 2009). Hence, some scholars have conducted a lot of correlational research. For example, Guo et al. (2014) analyzed some theories and methods for system reliability synthesis, and the new idea was proposed for the problem aiming at specific engineering backgrounds. Considering that some CEMSs contain outsourced components, Sun et al. (2018) computed system reliability and component importance measures. According to the equal-principle first and second moment of reliability, Yu et al. (2013) investigated Bayes reliability confidence limit for a series-parallel system consisting of different distribution units. Graves and Hamada (2016) evaluated the likelihood for simultaneous failure time data when monitoring was stopped. In view of the lack of reliability data information of CEMSs, Wilson et al. (2006) and Yuan et al. (2019) discussed how to make full use of limited reliability data information of CMESs to synthesize and predict system reliability. Although scholars have discussed the reliability synthesis and prediction of CEMS from many aspects, there are still challenges by many factors such as difficulty in establishing a reliability model for CMES, lack of reliability data information, high test cost, and so on. It is necessary to be studied further.
In order to solve the above problems and realize the reliability synthesis and prediction of CEMS, a numerical analysis method based on the computer simulation and the Monte Carlo (MC) method is proposed in this article. The remainder of this article is organized as follows: In Section 2, we propose a method to obtain the life simulation values for the constituent units of CEMS when the life distribution types and distribution parameters of constituent units are known. In Section 3, we take a method to obtain the system life simulation value from the units’ life simulation values. One system life simulation value represents a reliability test of CEMS. Computer simulation can be realized instead of life test when there are enough system life simulation values. In Section 4, we carry out the initial selection of CMES life distribution types and goodness-of-fit test. In Section 5, a case study of a CMES is presented to demonstrate the effectiveness of our proposed method. Finally, conclusions are made in Section 6.
LIFE SIMULATION VALUES FOR THE CONSTITUENT UNITS OF COMPLEX ELECTROMECHANICAL SYSTEMS
It is assumed that a CEMS is composed of n different life distribution units, and the life distribution and the appropriate parameters of each constituent unit are known. The life simulation values for n units are generated using the random variable simulation conversion equation and through Monte Carlo simulation (Yoshida and Akiyama, 2011; Wang et al., 2012; Zhang et al., 2014). According to the common distributions in engineering, such as the exponential distribution, Weibull distribution, normal distribution, logarithmic normal distribution, extreme value distribution, Gamma distribution etc., the respective random variable simulation conversion equations [image: image] are deduced and listed in Table 1. If a unit is subject to any other distribution, its random variable simulation conversion equation can be solved similarly using the inverse function method.
TABLE 1 | Conversion formulas of different distributions.
[image: Table 1]In order to ensure that all units are independent of each other, the pseudo-random number is computer-generated for each unit and subject to 0-1uniform distribution.
[image: image]
According to the life distribution and parameters of each constituent unit, the life simulation value [image: image] for the corresponding unit can be obtained through logical operation.
[image: image]
In this way, a set of life simulation values of n units can be obtained, and the first simulation values are completed. The m groups of life simulation values are obtained after m cycles.
LIFE SIMULATION VALUES FOR THE COMPLEX ELECTROMECHANICAL SYSTEMS
For the CEMS composed of n units, the life simulation value for each unit can be obtained through each simulation, and they are denoted by [image: image]. According to the reliability logical relationship between the CEMS and each component unit, the life simulation values for the CMES are obtained on the minimal path set method (Cancela et al., 2013; Schallert, 2014).
[image: image]
where S denotes the CEMS, q denotes the number of the minimum path sets in the CEMS, [image: image], and [image: image], [image: image]… is all the units in a minimum path set.
Therefore, the life simulation value [image: image] for a CEMS can be obtained through logical operation after each simulation.
[image: image]
where [image: image] is the life simulation value for the CEMS, [image: image]… is the life simulation value for each unit in the minimum path set, and [image: image] is the life simulation value for the hth minimum path set.
The minimal path sets of the typical system are shown in Figure 1, and the system has four minimum path sets: [image: image], [image: image]. The life simulation values for the system are obtained by the following equation (Hong-Bo and Guo, 2009):
[image: image]
[image: Figure 1]FIGURE 1 | Minimal path sets of typical system.
In general, the CEMS is usually considered to be composed of several simple serial or parallel subsystems, and the following equations are established:
[image: image]
[image: image]
where [image: image] is the life simulation value for the serial subsystem and [image: image] is the life simulation value for the parallel subsystem.
For any CEMS, the simulation value array [image: image] for the units can be obtained by carrying out [image: image] simulations over n component units.
[image: image]
Each simulation can yield a set of life simulation values for the units, and one life simulation value for the system can be obtained by Eq. 2. If r simulations are performed, r life simulation values can be obtained, namely, [image: image], and tSr is equivalent to the full life test over r CEMSs. If r is large enough, the life distribution types for CEMSs can be counted and deduced from [image: image]. Therefore, the probability estimation for the reliability measures of the CEMS is taken.
INITIAL SELECTION OF LIFE DISTRIBUTION TYPES FOR THE COMPLEX ELECTROMECHANICAL SYSTEMS AND GOODNESS-OF-FIT TEST
In order to determine the life distribution types for the system, this thesis makes use of the probability graph estimation method and goodness-of-fit test method. First, the probability graph for common distributions is designed and constructed on the computer, and [image: image] is drawn and fit on the probability graph. Then, the residual sum of squares under each distribution is calculated, and the distribution whose residual sum of squares is minimal is selected as the initial distribution. Finally, the Pearson [image: image] goodness-of-fit test is performed (Praks and Gono, 2011; Aguwa and Sadiku, 2012), and the life distribution type for the system is determined after the hypothesis test is accepted.
Data Processing and Initial Selection of Distribution Types
The basic principle for the probability idea design is to linearize the distribution function, and Table 2 shows the linearized conversion equations for seven common distributions. The system life data are drawn in the new coordinate system, respectively. According to the discretization of the fitting line, the life distribution types for the system are initially decided.
TABLE 2 | Design of different probability plots.
[image: Table 2]To improve the accuracy of statistical inference, the value of [image: image] is relatively larger. To reduce the amount of calculation, the life simulation values for the system [image: image] are arranged in ascending order of time.
[image: image]
Then [image: image] is evenly divided into p intervals, and p can be determined according to the number of simulations, r, generally [image: image]. The time interval is calculated as follows:
[image: image]
where [image: image], [image: image] is the boundary of the kth interval and [image: image] is the kth interval space.
The median [image: image] of all intervals is denoted as follows:
[image: image]
The frequency number of the life simulation value for the system in the kth interval [image: image] is denoted as [image: image]. [image: image], and the corresponding cumulative failure probability constitutes p scattered data pairs [image: image].
[image: image]
Each scattered data pair [image: image] corresponds to 1 point on the probability graph, and the least square method is used to fit the straight line.
[image: image]
where aj and bj are the linear parameters of the fitting line, and q is the number of the selected probability graphs.aj and bj and the residual sum of squares [image: image] are calculated on the probability graph, respectively.
[image: image]
[image: image]
where [image: image] and [image: image] are the horizontal and vertical coordinate of the kth data point.
The values of [image: image] on different distribution probability graphs are compared, and the distribution corresponding to the minimum value of [image: image] is selected as the initial life distribution for the CEMS.
Pearson [image: image] Goodness-of-Fit Test
The goodness-of-fit test should be performed after the initial distribution is determined.
The initial distribution function as [image: image] is set, and the sample observation is the median value of p intervals, [image: image]. The Pearson [image: image] goodness-of-fit test is performed as follows:
1) The hypotheses are established.
The original hypothesis [image: image]: the sample is from [image: image], and the alternative hypothesis: the sample is not from [image: image].
2) The point estimate value [image: image] (or [image: image]) of [image: image] is estimated using the probability graph method.
The probability for p intervals is calculated as follows:
[image: image]
3) The Pearson [image: image] test statistics is calculated by
[image: image]
4) When the confidence probability [image: image] is given, the following formula holds:
[image: image]
where v is the degree of freedom, [image: image], and l is the number of parameters of initial distribution.
If [image: image], the original hypothesis is accepted at a high probability, and then, the sample can be identified from [image: image]. Otherwise, the original hypothesis shall be rejected.
To facilitate the computer analysis, the Fisher approximation of [image: image] is given
[image: image]
where [image: image] is the [image: image] quantile of the standard normal distribution, which can be approximated as follows:
[image: image]
where a0 = 2.3075; a1 = 0.2706; b1 = 0.9922; b2 = 0.0448; and [image: image].
ENGINEERING APPLICATION–SYSTEM RELIABILITY PREDICTION ON WIND TURBINE
An MW wind turbine unit is mainly composed of impeller, gearbox, generator, yaw system, pitch system, brake system, lubrication system, electrical system, and frequency converter in serial connection, and its reliability block diagram (RBD) is shown in Figure 2.
[image: Figure 2]FIGURE 2 | Reliability block diagram of the wind turbine.
The given life distributions and parameters for all components in the wind power generator unit are listed in Table 3 (Tavner et al., 2007; Spinato et al., 2009; Guo et al., 2012).
TABLE 3 | Distribution parameters of the units.
[image: Table 3]According to the relevant parameters of each unit listed in Table 3, the life simulation value for each unit is generated using the simulation conversion equation in Table 1. We set [image: image], and the 500 life simulation values for units are obtained as listed in Table 4 (excerpt). 500 life simulation values for the system are obtained through logical operation.
1) Initial selection of the life distribution types for the wind turbine.
TABLE 4 | Units’ life simulation data ([image: image]).
[image: Table 4]The characteristic data in Table 5 are processed using probability graph estimation to get the residual sum of squares under different distributions, [image: image], as listed in Table 6.
TABLE 5 | The system simulation life data.
[image: Table 5]TABLE 6 | The life distribution deduction result.
[image: Table 6]It is shown in Table 6 that the residual sum of squares for the two-parameter Weibull distribution was the least, and it can be used as the initial distribution.
2) Goodness-of-fit test for the initial distribution.
According to the probability graph estimation, [image: image], [image: image], the Pearson [image: image] test statistics is obtained from Eqs 12 and 13:
[image: image]
Given the confidence probability [image: image], [image: image] is obtained from Eq. 15.
[image: image]
We can obtain [image: image] less than [image: image].
[image: image]
The hypothesis test is passed at a high probability, and then the life data of this wind turbine follows the two-parameter Weibull distribution, the distribution parameters, the point estimation and the interval estimation of reliability measures can be further solved.
We set [image: image] as a complete sample, the likelihood function for the two-factor Weibull distribution can be expressed as
[image: image]
The logarithm is taken from
[image: image]
The constraint conditions are set as
[image: image]
The likelihood equations are established and arranged as
[image: image]
[image: image] are substituted into Eq. 19 to solve the maximum likelihood estimation for the parameter m, [image: image].
[image: image]
Therefore,
[image: image]
where [image: image] is the maximum likelihood estimation for the average life of the wind turbine.
As [image: image], gamma function can be approximated as
[image: image]
If [image: image], the calculation can be simplified using the recursive equation and [image: image] can be calculated as follows:
[image: image]
With the given t value, the maximum likelihood estimation for the reliability function [image: image] is
[image: image]
Therefore, the maximum likelihood estimation for the failure rate function [image: image] is
[image: image]
If the confidence probability is set as [image: image], the confidence interval for the distribution parameter m, [image: image] is
[image: image]
[image: image]
where [image: image] is the quantile of standard normal distribution, and it can be calculated by Eq. 16.
To simplify the calculation, the shape parameter m can be taken as its maximum likelihood estimation, and it is taken as [image: image].
When the given confidence probabilities [image: image] are 0.9, 0.8, and 0.7, respectively, the confidence interval for the distribution parameter m, [image: image], and lower confidence limit for the average life of the wind turbine are shown in Table 7.
[image: image]
TABLE 7 | The confidence interval for the distribution parameter and lower confidence limit for the average life of the wind turbine under different confidence probabilities.
[image: Table 7]The upper confidence limit ([image: image]) for its failure rate is approximated as
[image: image]
when t is 1000, 1500, 2000, 2500, and 3000h, and the confidence probabilities [image: image] are 0.9, 0.8, and 0.7, respectively, the reliability lower confidence limit ([image: image]) and failure rate upper confidence limit ([image: image]) of wind turbine are shown in Figure 3 and Figure 4, respectively.
[image: Figure 3]FIGURE 3 | Reliability lower confidence limit ([image: image]) of the wind turbine under different confidence probabilities and life.
[image: Figure 4]FIGURE 4 | Failure rate upper confidence limit ([image: image]) of the wind turbine under different confidence probabilities and life.
It can be seen from Figure 3 and Figure 4 that all lower limits of reliability [image: image] show a downward trend, while all failure rates show an upward trend under different confidence probabilities.
CONCLUSION
For the CEMS with many limiting factors, this article presented a method of replacing life test with computer analog simulation for CEMS. The life simulation values of system constituent units of CEMS could be obtained by their life distribution types and relevant distribution parameters. The life simulation values of CEMS were obtained according to the reliability logic relationship and reliability logic block diagram of the CEMS, and the simulation was instead of the life test of CEMS when the simulation times were enough. The method proposed in this thesis was of great significance to save test time and test cost, especially for the CEMSs that could not carry out reliability life test.
The method proposed in this thesis could solve the problems of system reliability synthesis and prediction of CEMS with different distributions of units. When the “pyramid model” was used for system reliability level by level synthesis and prediction. Compared with the traditional life test method of CMES, it could save a lot of test cost, test time, test site, and so on. This approach could be applied to the early program design, prototype development, trial production, and other stages of production. In engineering applications, the CMES reliability logic block diagram could be drawn by computer, and all the smallest path sets could be obtained by the node traversal optimization algorithm. Therefore, it has obvious application value in engineering.
Finally, the proposed method was applied to the wind turbine, and the reliability lower confidence limit ([image: image]) and failure rate upper confidence limit ([image: image]) of wind turbine were calculated with given the life time t. The method is also applicable to other CEMSs and can be utilized to provide guidance for system design, maintenance planning, and so on. This paper provides an effective and flexible method for reliability synthesis and prediction of CEMS, which can be easily implemented in engineering practices.
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Double-stage flap valves are widely used in new pumping stations. The different opening angles of the double-stage flap valves have a great influence on the outflow. To gain insight into this phenomenon, four commonly used operating conditions with opening angles were selected to perform three-dimensional simulation calculations and physical model studies on the flow pattern of the water behind the valves at different flow rates. The flow pattern of the water flow is analyzed by three indicators: the streamline of the water flow, the uniformity of the flow velocity, and the head loss in the culvert. The result shows that the coefficient of resistance loss along the way of the outlet culvert has a negative correlation with the opening angle. The larger the opening angle of the flap valve, the less the head loss of the water flow in the outlet culvert, and the flow pattern of the water flow in the culvert gradually becomes better.
Keywords: double-stage flap valves, flow analysis, numerical simulation, physical model experiment, flow velocity uniformity
1 INTRODUCTION
Pump stations play an important role in water resource deployment, urban flood control, stable and high agricultural production, drought and flood protection, etc. The flap valve is an important part of the pumping station operation process, and its role is to use its gravity and the pressure of the water flow to fall on its own after the pumping station has finished running to block the water flow. The more common flap valve types are integral flap valves, double-stage flap valves, multi-stage flap valves, suspension flap valves, side single-opening flap valves, side double-opening flap valves, etc. The flap valve design is related to the stable operation of the pump station.
Compared with other cut-off methods, flap valves have certain apparent advantages: the first is its simple structure design. In addition to the valve seat and the valve body, the structure of the flap valve only needs a one-to-one chain to connect the two. As a result, the impact of the water flow will open the flap valves, and it will work typically. When the current is cut off and locked, the flap valve will close automatically by its weight and water pressure. The second is its low production price and easy-to-obtain raw materials; the third is its high reliability in the operation process and low failure rate. The length of the valve body of the flap valve is many times the length of the valve shaft. Therefore, the valve body can be opened when impacted, with the impact force of the valve shaft, and with other influences, so there are very few valves that are affected. Finally, it is easy to maintain and install without complicated procedures. The water flow and itself do the closing and opening of the flap valve, no precise positioning is required, and it is easier to use automatic control equipment.
With the development of the society and the need to deploy water resources, more and more pumping stations have been built. As the main intercepting device, flap valves have a significant impact on the safe operation of the pumping station, so it is essential to study the flow pattern of the water behind the flap valve and choose the suitable buffer device. With the advent of fluid simulation software, in the research of numerical simulation theory (Sudo et al., 1998; Ahmed, 2000; Luo et al., 2018; Zhang et al., 2021; Wang et al., 2021; Zhou et al., 2021; Hu et al., 2022; Zhang et al., 2022), analysis of the turbulence model, and formulation of the turbulent kinetic energy equation (Zeng and Li, 2010; Shin, 2018), more and more high-precision numerical simulation technologies have been used to simulate the complex flow in the pump station. The standard K-ε model, the realizable K-ε model, the renormalized group (RNG) K-ε model, and the shear stress transfer (SST) K-ε fluid volume (VOF) multiphase model (Qian et al., 2016) are used to simulate the three-dimensional (3D) unsteady turbulence in the pump basin. The LES (large eddy simulation) technology (Yamade et al., 2020) is used to analyze the causes and influencing factors of the inspiratory vortex in the intake tank of the pumping station.
Based on this, researchers only conducted optimization research on the simulation of the operation of the flap valve through numerical simulation or physical experiments and few studies on the flow state behind the flap valve. In this study, the numerical simulation method and physical model experiments were used to analyze the flow pattern from three aspects: velocity uniformity, streamline, and head loss of the outlet culvert after tapping the flap valve. It provides academic help for optimizing the flow state of the culvert in the pumping stations.
At present, some scholars have carried out relevant research, mainly in the following aspects: in the study of pump station optimization (Alawadhi et al., 2021; Shen et al., 2021; Shi et al., 2020), based on the multidisciplinary optimization design method of the approximate model, established the objective function based on the blade quality and efficiency of design conditions and optimized the impeller of the axial-flow pump, but only the impeller of the axial flow pump is analyzed, and the outflow conditions of the axial flow pump are not studied. Wang et al. (2020) studied and tested the geometric parameters of the blade groove structure of various impellers and analyzed the influencing factors by numerical simulation and physical model studies. In the study of pump station faults, Zhu et al. (2022) analyzed multi-signal defects of hydraulic piston pumps by using a profoundly improved convolutional neural network. Zhu et al. (2021) used ENET-5 and particle swarm optimization hyperparameter optimization to study the faults of hydraulic piston pumps and analyzed the advantages of this method. Moreover, in the research of the pump station flap valve, Yang (2011) used computational fluid dynamics (CFD) software to carry out the numerical calculation of the outflow flow state when the opening angle of the valve was 25° in the design condition of the pump device and when there was no tap valve and analyzed the outflow flow state with and without the valve. Gao et al. (2021) investigated the velocity distribution and streamlining of the distribution of pipelines at different sections, the distribution uniformity of outlet sections, and the hydraulic loss of pipelines at different flows through the standard K-ε model. Yu and Zhu (2014) used the standard k-ε turbulence model and the SIMPLEC algorithm to conduct CFD numerical tests on the flow field in the rear pressure water tank of the pumping station. Hong and Li (2015) analyzed the flow state of the upside-down and side-down flap valves using the velocity vector diagram through numerical simulation analysis of hydraulic characteristics. Yan et al. (2020) used CFD technology to conduct numerical simulation calculations on the straight pipe outlet passage of the horizontal pump station and analyzed the flow characteristics inside the outlet passage and the influence of hydraulic loss by changing the outlet passage profile.
The above research results are mainly about the flow in the culvert and wall turbulence. There are also some research papers about machine learning optimization flow (Zhu et al., 2021; Tang et al., 2022). However, there are few research studies on the near-wall vortex in pump station engineering, especially on the formation mechanism of the asymmetric wall-attached vortex in pump station engineering. In this study, the standard K-ε model is selected to conduct numerical simulation research on the flap valves of a pumping station in a practical project. The semi-implicit SIMPLE (Semi-Implicit Method for Pressure-Linked Equations) algorithm is used to solve the velocity and pressure coupling equations. The VOF (Volume of Fluid) method is used to simulate the free surface. The uniformity of the flow velocity of the culvert behind the double-stage flap valves is studied, and its proper opening angle is analyzed. By using the physical model experiment, the reasonable opening angle of the double-stage flap valves is analyzed by studying the head loss before and after the valves. Finally, combined with the results of numerical calculations and physical models, a comprehensive analysis of the proper opening angle of the double-stage flap valves is made. It provides theoretical help for solving this problem in pumping station engineering.
The rest of the article is organized as follows: the first section describes the parameter settings of pumping station outlet modeling, numerical simulation, and physical model experiments. The second section summarizes the flow pattern behind the side flap valve of the pump station with the change of opening angle through numerical simulation results. Next, the flow pattern is translated behind the side flap valve of the pump station with the evolution of opening angle through numerical simulation results. By using the physical model experiment, the reasonable opening angle of the double-stage flap valves is analyzed by studying the head loss before and after the valves. The flow pattern is analyzed from three aspects: velocity uniformity, streamline, and head loss of the outlet culvert pipe behind the flap valve. The last section summarizes the thesis and gives relevant conclusions.
2 METHODS
2.1 Model Design
The total height of the pumping station is 3.30 m, and the total width is 3.24 m. The upper and lower flap valves have a 0.4 m pump station design lower hinge section. The height of the upper flap valves is 1.7 m, and that of the lower flap valves is 1.2 m.
The pump station engineering design drawings and relevant data build a computational area model for its exit buildings. First, the flow state under different flow rates was analyzed by numerical simulation. Then, the influence of different opening angles of the flap valves on the water flow behind the flap valves is obtained. It is found that the flow state behind the flap valves is more complicated when the flow rate is 16 m³/s. Therefore, the working condition under this flow rate is selected for further studies. Based on the 3D modeling software UG, Build the 3D model including a water pump outlet pipe, double-stage flap valves, a pressure box culvert, and a road culvert (four parts). The elevation of the pump station body and the culvert through the road is shown in Figure 1, and the structure diagram of the double-stage flap valve is shown in Figure 2.
[image: Figure 1]FIGURE 1 | Diagram of the model and cross-section: (A) diagram of the flap valves section and (B) diagram of the culvert section.
[image: Figure 2]FIGURE 2 | Structure diagram of the double-stage flap valve.
2.2 Numerical Simulation
The governing equations used in the numerical simulation in this paper are the continuity equation of the incompressible fluid and the Reynolds time-mean N-S equation. Common turbulence models for numerical value simulation include the standard k-ε model, RNG k-ε model, realizable k-ε model, standard k-ε model, etc. This paper adopts the realizable k-ε model (Jafarzadeh et al., 2011; Lu et al., 2021). The numerical calculation methods of the flow field mainly include the coupling calculation method and separated calculation method. The numerical solution of the equation in this paper adopts the separated semi-implicit pressure coupling algorithm (SIMPLEC method) (Axell and Liungman, 2001; Xi et al., 2021; Xi and Lu, 2021).
The 3D turbulent N-S equation was filtered using a spatial filter function. The governing equation of the large eddy model is
[image: image]
The equation for [image: image] in the transport equation of the standard model is
[image: image]
The equation for [image: image] is
[image: image]
[image: image] is the methodical kinetic energy; [image: image] is the turbulent dissipation rate; [image: image] is the velocity component; [image: image] is the coordinate component; [image: image] is the density of water; [image: image] is the turbulent viscosity coefficient; [image: image] is the turbulent dynamic energy generated by the laminar gradient; [image: image] indicates that the transition–diffusion fluctuations in compressible turbulence are constant; [image: image], [image: image], [image: image] are constant; and [image: image] and [image: image] are custom.
The basic idea of the VOF method is as follows: define volume rate function F = F (x, y, z, t), which indicates the relative ratio of the volume of the fluid in the calculation area to the volume of the calculation area. For a certain computing unit, when F (x, y, z, t) = 1, it means that the unit is full; when F (x, y, z, t) = 0, it means that the unit is empty; when 0＜F (x, y, z, t)＜1, it means that part of the unit is filled with the liquid. The free surface exists in the third unit. The gradient of F can determine the average direction of the free boundary. After calculating the value and angle of each element, the approximate position of the free surface in each element can be determined. The sum of the volume fractions of water and gas in each unit is 1. There will be one more (water or gas) volume fraction variable compared with the real single-phase flow. Let aw denote the volume fraction of water; then, the volume fraction of gas aa can be expressed as aa = 1−aw.
As long as the volume fractions of water and gas are known everywhere in the flow field, the unknown quantities and characteristic parameters shared by all other water and gas can be represented by the weighted average of the volume integral. Therefore, in any given unit, these variables and characteristic parameters represent either pure water or gas or a mixture of the two. Therefore, the determination of the water–air interface requires solving the following equation:
[image: image]
t is the time. After the introduction of VOF, ρ and v are functions of the volume fraction, not constants, and through the iterative solution to the volume fraction of water aw, ρ and v can be obtained by the following formula:
[image: image]
[image: image]
In the formula, ρa and ρw indicate the density of air and water, respectively, and va and vw indicate the molecular viscosity coefficients of air and water, respectively.
Boundary conditions such as the inlet section, outlet section, and outlet flow mode should be set for the numerical simulation calculation. In this numerical calculation, the inlet section was controlled using the velocity inlet (Shi et al., 2010); the water body velocity is 1.778 m/s. The outflow section selected outflow of the culvert, set as free outflow. The relative pressure was 1 standard atmospheric pressure. Other surfaces are set as the solid wall. The flap valve is also treated as a solid wall surface but set as a separate structural surface. The model grid is meshed by ANSYS’s meshing software ICEM CFD. After study and trial calculations, the maximum size of the overall structure grid is 0.2, and the maximum size of the flap valve panel is 0.05. The mesh density has a significant influence on the results of numerical calculations. The finite volume method solves the nodes composed of each grid discrete in the whole computational domain; the internal flow structure cannot be captured when the grid nodes are insufficient (Xu et al., 2014). For the progressively increasing irrelevance analysis of 1.2 times the total number of grids, the hydraulic loss of double-stage flap valves under different grids is taken out. When the number of grids exceeds 899721, the hydraulic loss tends to be stable, and the grid size is selected as the dividing basis. The maximum size of the overall structure grid is 0.2, and the maximum size of the flap valve panel is 0.05. The grid diagram and the diagrams of hydraulic loss under different grids are shown below.
2.3 Physical Model
The hydraulic loss model test device of the double-section door flap consists of water supply and return equipment and systems, flow stabilization facilities, regulation and control facilities, measuring equipment and facilities, and the door body model. In a typical operation, the circulation system is composed of a pump, connecting pipe, control gate valve, steady flow plate, pressure-measuring node, plexiglass tube, gradient tube, transparent square box, flap valve body, and transparent outlet pipe, and the water level is controlled by regulating the gate. The door model is made of plexiglass, and the weight and buoyancy of the door and its corresponding moment are simulated by the counterweight method. At the same time, the geometric similarity of the prototype and model door body is ensured. Figures 3, 4 for the model test.
[image: Figure 3]FIGURE 3 | Diagram of the model test device: (1) pump, (2) connecting pipe, (3) control gate valve, (4) steady flow plate, (5) pressure-measuring node, (6) plexiglass tube, (7) gradient tube, (8) transparent square box, (9) flap valve body, and (10) transparent outlet pipe.
[image: Figure 4]FIGURE 4 | Diagram of the model test measurement.
The scale of the original model is 5:1, and the water level inside and outside the gate is displayed by the computer data acquisition system. The water level measurement point outside the pat door is located under the pat door, and the water level measurement point inside the pat door is located at the bottom of the pipe 50 cm inside the door. The flow measurement is taken through a throttling differential pressure flow meter. The standard orifice plate is stainless steel, and the pressure method is flange pressure. During the model test, speed measurement points 0.7 m inside and 1.5 m outside the exit of the model are set. PIV (Particle Image Velocimetry) is used to measure the culvert flow field in the transparent plastic pipe.
The PIV system (Chen et al., 2022a; Chen et al., 2022b) was used to simultaneously measure the flow field in the transparent plastic tube behind the flap valves. The working frequency of the PIV test laser is 50 HZ, the acquisition speed is 260 frames per second, and the interval is 100 microseconds. The CCD camera takes 600 PIV particle pictures each time. It analyzes them through Microver software. Then, the data are further processed by Tecplot software to obtain the steady-state flow field diagram and velocity field diagram after the flap valves. To analyze the flow field characteristics after the flap valves are shut based on the cloud image, the flow field characteristics after the flap valves at different opening angles are processed through the Tecplot software.
A certain depth of pure colorless water is injected into the entire circulation device; lasers, synchronizers, etc., are installed and connected; and the light source generated by the laser is aligned at the test section. The position of the CCD camera is adjusted, and the corresponding test parameters of the PIV system are set so that the particle image of the test section is displayed on the computer screen. During the test, the camera and laser light source should not be shaken or displaced. During the experiment, the pump is turned on to form a stable water injection form. The water injection volume can be controlled through the regulating gate valve on the water injection pipe, and the water level in the test section can be adjusted and stabilized. The water flows into the transparent plastic pipe, and the water injection process is formed continuously. When the water flow circulates in the flow channel, until the water flow movement in the test section becomes stable, the computer pre-installed program is used to collect the flow field behind the flap valves and the water level and flow before and after the flap valves.
2.4 Velocity Uniformity of a Cross Section
The outlet of the culvert has better flow conditions, and the opening angle of the flap valve directly affects the flow pattern behind the flap valve. Therefore, when designing the flap valve, it is necessary to consider the complete development of water flow in the culvert, and the flow state should be relatively stable. Furthermore, the velocity distribution should be relatively uniform when it reaches the outlet of the culvert (Xu and Zheng, 2013). In this paper, several calculated sections of the culvert section are selected for comparative analysis to consider the flow pattern of water entering the culvert through the flap valve.
Velocity uniformity of a section is the distribution uniformity of axial velocity on the section. It can be used as a quantitative index for flow field analysis, reflecting the flow field environment of the outlet section (Nejadrajabali et al., 2016). The higher the velocity uniformity of the section is, the more uniform the velocity distribution on the section is and the better the flow condition is. The formula for calculating the uniformity of axial velocity distribution is as follows:
[image: image]
Type: [image: image] is the average axial velocity of the calculated section, [image: image] is the axial velocity of each calculation unit of the calculation section, and n is the number of units for calculating the section.
2.5 Head Loss in the Outlet Culvert Section
After the culvert follows the flap valve, the additional flap valve will affect the flow in the culvert. This is because different opening angles of the flap valve affect the flow head loss in the culvert section. To get a complete understanding of the effect of the opening angle of the valve on the flow of water behind the valve, the change of culvert head loss with different opening angles of the flap valve is analyzed and the relationship between hydraulic λ, the resistance coefficient along the path, the opening angle of the valve, and the flow rate are explored. In the case of determining the opening angle of the flap valves, the following formula can be used to estimate the head loss of the flap valves:
[image: image]
[image: image] is the upward warping angle of the front flow direction based on the horizontal plane（°）, and [image: image] is the opening angle of the flap valves（°）. In the calculation process of head loss of double-section flap valves, the opening angle of the flap valves can be calculated as the average opening angle of the upper and lower flap valves ([image: image]). Using the proportion of weight to estimate the angle, the head loss of the flap valves [image: image] can be determined more objectively and accurately. It can be calculated by the following formula:
[image: image]
In this formula, v is the flow rate at the pump outlet（m/s）, g is the acceleration of gravity（m/s2）, and [image: image] is the head loss coefficient.
2.6 Case Selection
To study the influence of the opening angle of the double-section flap valves on the flow pattern of the outlet pipe behind the culvert, this example mainly calculates the flow state of the outlet culvert at different opening angles of flap valves under multiple flow rates of the pump station. As the flow rate continues to increase, the opening angle of the flap valves will gradually increase. Under different opening angles, the hydraulic loss and flow pattern will be different. It will also have a particular impact on the flow pattern of the water flow behind the flap valves. The opening angle is formed by water flow and the flap valves. The flap valves have a specific working state when they are working. The four options selected here are commonly used in the operating state corresponding to the flow in the actual project. The angle of the upper flap valve is set as α1. The angle of the lower flap valve is set as α2. Table 1 for the opening angle scheme of double-section flap valves. Figure 5 is the diagram of flap valve angles.
TABLE 1 | Opening angles for each case.
[image: Table 1][image: Figure 5]FIGURE 5 | Distribution of flap valve angles.
3 ANALYSIS OF THE RESULTS
3.1 Analysis of Numerical Simulation Results
3.1.1 Flow Field Analysis
Taking a design flow rate of the pumping station of 16 m³/s as an example, the water flow in the culvert behind the gate of the four schemes is simulated by the numerical simulation method. The flow field distribution diagram is obtained (Figure 6 below). The flow line variation of the outlet pressure water tank and culvert section was studied. Analyzing the flow of the entire outlet culvert, at the same time, the culvert outlet section was selected to observe the velocity vector diagram at the section.
[image: Figure 6]FIGURE 6 | Distribution of streamlines: (A) case 1, (B) case 2, (C) case 3, and (D) case 4.
According to Figure 8, when the flap valve opens at a tiny angle, the water flow in the culvert is spiral, streamline disorderly, and there will be water retention in the pressure box culvert, accompanied by whirlpools. As the opening angle increases, the flow of water gradually straightens, the streamlines are no longer out of order, and there is no water retention in the pressure box culvert. In order to conduct an in-depth study on flow field changes in pressure box culverts, the cross-section flow velocity vector diagrams 40 m away from the entrance of the four schemes were intercepted for comparison (Figure 7).
[image: Figure 7]FIGURE 7 | Vector diagram of cross-section velocity: (A) case 1, (B) case 2, (C) case 3, and (D) case 4.
According to Figure 9, in case 1, there are two reverse vortices in the section with axial symmetry. The high velocity is distributed in the upper part of the vortex on both sides. The vortexes on both sides are asymmetric and collide in the middle of the upper side of the culvert so that the velocity vector is concentrated here; in case 2, the vortex positions on both sides gradually move downward, and the collision area of the vortex becomes larger, extending to the T-shaped area on the upper side, and the vortex is gradually symmetrical. The flow pattern is still poor; as the valve continues to open, the vortex gets smaller and the flow pattern gets better. In case 3, the vortex is further reduced. The collision area of the vortex is further enlarged. The high-velocity region spreads to the upper M-shaped part, and the low-velocity area is compressed below the culvert. The high-speed area is inclined to the lower side. In case 4, the overall flow velocity of the section decreases, the range of vortex becomes smaller, and there is no apparent high-velocity zone. This is due to the friction of the sidewall and the gradient of the flow velocity. The flow velocity in the center of the water flow in front of the shutter is more significant, and the flow velocity near the sidewall is lower, a new flow rate gradient. After passing through the valves, the water flow is fully developed, thus forming two large-scale axis-symmetric vortexes. After the valves are slapped, the inflection affects the water flow, and the high-velocity area is concentrated on the upper part. As the flap valves’ opening increases, the flap valves’ effect gradually decreases, the water flow can pass the flap valves smoothly, and the vortex gradually decreases and disappears.
3.1.2 Flow Field Analysis of the Axial Section
Taking the flow rate of 16 m³/s as an example for analysis, the influence of opening angle change on velocity uniformity was analyzed. In order to study the development and change of water flow, a section every 6 m in the culvert is set to analyze its change rule in order to study the influence of the opening of double-stage flap valves on the water flow behind the valve. The schematic diagram of selected research sections is shown in Figure 8.
[image: Figure 8]FIGURE 8 | Flow field distribution of axial sections: (A) case 1, (B) case 2, (C) case 3, and (D) case 4.
As shown from the figure above, in case 1, when the water flows through the flap valves, the flow pattern is chaotic, and the velocity distribution is irregular. After leaving the flap valves, the water flow shows a trend of rolling up and down. The high-flow velocity area gradually moves upward and forms a reverse vortex on both sides of the cross-section at the backside of the culvert. The distribution of the reverse vortex on both sides of the exit also moves to the upper side, and it is asymmetrically distributed. In case 2, the high-velocity inlet area is mainly compressed on the lower side. In moving to the outlet, the high-velocity area gradually spreads upward from the lower side of the culvert along both sides. Low-speed vortexes are formed on both sides of the middle part of the culvert. The low-velocity area at the exit gathers on both sides of the section, and the vortex range is more extensive than that on both sides of case 1. In case 3, the range of high-velocity area under the inlet gradually increases. The high-velocity area slowly spreads upward along both sides and forms a reverse low-speed vortex on both sides in the middle and front of the culvert. At the outlet, the range of low velocity zone further increases and the velocity gradient decreases. In case 4, the range of high-velocity inlet area is further expanded, and the upward position of the high-velocity zone further advances. The flow tends to be stable, and the outlet velocity distribution is uniform. The overall velocity is low, and there is no obvious velocity gradient.
3.2 Analysis of Physics Experiment Results
3.2.1 Flow Field Analysis of the Axial Section
Physical model tests were used to analyze the flow field at different sections in the culvert using a flow rate of 16 m³/s as an example to analyze the effect of the change in angle of opening of the double-jointed flapper gate on the uniformity of the flow rate. To study the development and variation of the flow, PIV was used to analyze the variation pattern at 6 m intervals in the culvert and to study the effect of the double-jointed flapper gate opening on the flow behind the gate. Figures 1, 2, 9, 10 correspond to the cross-sectional flow field from the inlet to the outlet. The 3D distribution of the specific section flow patterns is shown in Figure 11.
[image: Figure 9]FIGURE 9 | Diagram of the grid division: (A) overall grid diagram and (B) local grid diagram.
[image: Figure 10]FIGURE 10 | Diagrams of hydraulic loss under different grids.
[image: Figure 11]FIGURE 11 | Flow field distribution of axial sections: (A) case 1, (B) case 2, (C) case 3, and (D) case 4.
In case 1, the flow pattern at the flap valves is relatively turbulent, and the high-velocity area is concentrated on the lower side. This is because the opening angle of the flap valves is slight, and the water flow is affected by the flap valves. Behind the valves, the water flow develops in the culvert. The high-velocity area spreads upward from both sides along the edge until it gradually fills the entire culvert and forms two asymmetric reverse vortices in the axial section. In case 2, the opening angle of the flap valves is slightly more prominent, and the high-velocity area is still compressed on the lower side, but the water flow development on the rear side is more lagging than that in case 1, the axial tumbling cycle of the water flow becomes smaller, and the flow state becomes better. In case 3, the opening angle of the flap valves is further increased, the axial tumbling cycle of the flow is reduced, and the flow velocity gradient in the culvert is significantly reduced compared to the first two options. In case 4, the flow tends to stabilize in the middle of the culvert, with no significant velocity gradients and no significant tumbling of the water in the culvert, resulting in perfect flow patterns.
Through observation, it can be found that the results of the physical model test and the numerical simulation show the same trend, indicating that the numerical simulation results are credible.
3.2.2 Vector Analysis of the Outlet Section
Taking the flow rate of 16 m³/s as an example, the physical model is studied. To conduct an in-depth study on the flow field changes in the culvert, the outlet section water flow velocity vector diagrams in the four schemes are intercepted for comparison (Figure 12).
[image: Figure 12]FIGURE 12 | Vector diagram of cross-section velocity: (A) case 1, (B) case 2, (C) case 3, and (D) case 4.
According to the above figure, in case 1, two reverse vortexes are asymmetric along the axial direction in the section. As a result, the vortex area on the right side is significantly larger than that on the left side, and the vortexes on both sides are squeezed, resulting in a strip-shaped high-velocity area in the center of the section. In the second scheme, the vortexes on both sides gradually become symmetrical, the squeezed area of the vortex becomes larger and extends to the X-shaped area in the middle, the range of the low-velocity area at the center of the vortex becomes smaller, and the flow state gradually gets better. In case 3, the vortex position moves to the lower side of the culvert, the high-velocity area spreads to the upper M-shaped area, and the velocity gradient in the culvert decreases. In case 4, the overall flow rate is reduced, there is no apparent vortex and no evident flow rate gradient, the flow pattern is good, and the water flow is stable. The experimental results of the physical model verify the numerical simulation results, so the results of the numerical simulation are credible.
3.3 Analysis of Flow Velocity Uniformity
By using the formula of axial velocity uniformity to calculate the velocity uniformity of each section, the results of velocity uniformity of each calculated section under each scheme were compared with those without the flap valve. The results are shown in Figure 13.
[image: Figure 13]FIGURE 13 | Velocity uniformity at different distances.
According to the curve changes in Figure 12, as the distance increases, the uniformity index of flow velocity improves. According to case 1, when the flap valve opening is small, the overall flow velocity uniformity is low. Still, as the water moves away from the flap valve, the uniformity of flow velocity increases slowly. In the second scheme, where the opening angle of the flap valve is slightly increased, the overall flow velocity uniformity is slightly improved, but like case 1, the uniformity of flow rate increases gradually when it is at a lower level and far from the racket flap valve. In case 3, at 14 m away from the flap valve, the uniformity of flow velocity increases significantly. The uniformity of flow velocity at 33 m exceeds that of the no-flap valve scheme, which shows that the flow pattern in the culvert is improved. In case 4, the uniformity of flow velocity increases rapidly between 14 and 19.5 m and maintains a steady increase in the level higher than the open-valve scheme. At this time, the flow pattern in the culvert has been significantly improved.
According to the analysis of the flow pattern behind the flap valve and the uniformity of the axial flow velocity at the outlet, when the opening angle reaches case 3 and case 4, the flow pattern at the outlet of the culvert pipe can achieve a better state.
4 COMPREHENSIVE ANALYSIS
After the pump unit is started, the residual air in the pipeline will be quickly compressed. When the gas is compressed to a certain level, its pressure may exceed the water pressure outside the flap valves and push the flap valves open. When the flap valves are made available by the air pressure, a large amount of air quickly leaks out, causing the air pressure of the pipe to drop sharply. If there is more residual air in the tube, the above process will be repeated. Finally, after several repeated openings and closings, the lower flap valve will first be pushed open by the water. As the flow increases, the upper flap valve is also made open. At the same time, because of the flap valves, the water flow direction at the pipe outlet will change sharply. At this time, there must be a specific head loss. As the flow rate continues to increase, the opening angle of the flap valves will gradually increase. Under different opening angles, the hydraulic loss and flow pattern will be different. It will also have a particular impact on the flow pattern of the water flow behind the flap valves.
The physical model experiment is used to measure the head loss before and after the double-stage flap valves. The hydraulic loss of the outlet culvert pipe is calculated under eight different flow rates and four schemes of flap valve opening, and its patterns are analyzed. Hydraulic loss results of the culvert pipe under each case are shown in Figure 8. At the same time, the resistance coefficient λ of the pipeline under each scheme is calculated and the relationship between λ and the opening angle of the flap valve under each flow is analyzed, and the calculation results are shown in Figure 14.
[image: Figure 14]FIGURE 14 | Hydraulic loss under different flow rates.
According to the curve changes in Figure 13, the hydraulic loss at each flow rate of the four schemes decreases with the opening of the flap valve. Under the same flow rate, the hydraulic loss of the culvert pipe decreases when the opening angle of the flap valve increases. With the increase of opening angle, the rise of head loss caused by flow growth becomes smaller and smaller. Taking the design flow rate of 16 m³/s as an example, the hydraulic loss value of Scheme 1 is 0.353 m, while the hydraulic loss of case 4 is 0.035 m; the hydraulic losses decreased by 79.1%.
According to the result analysis in Figure 15, at the same opening angle, the resistance coefficient λ along the inner section of the culvert pipe has nothing to do with the change of flow rate. It is always stable around a value. However, as the opening angle increases, the drag coefficient decreases along the way, which means that the more the opening angle of the flap valve is, the smaller the resistance coefficient is and the less the hydraulic loss is.
[image: Figure 15]FIGURE 15 | Change of resistance coefficient along the way.
According to the results, as the opening angle increases, the hydraulic loss in the culvert is significantly reduced. This also shows the better flow pattern of the water in the culvert. Therefore, the larger the opening angle of the flap valve is, the more favorable the flow pattern of the culvert pipe is.
5 CONCLUSION
Numerical simulation is used to analyze the flow pattern behind the double-stage flap valves from three aspects of streamline and velocity uniformity. The physical model test analyzes it from the hydraulic loss. It is found that the greater the opening of the double-stage flap valves, the more uniform the flow of water behind the flap valve and the better the flow pattern. Under the opening angle of double-stage flap valves corresponding to case 3 and case 4, compared with case 1 and case 2, the vortex area is significantly reduced, the flow pattern has been dramatically improved, water flows can be fully developed in culverts, and the uniformity index of flow velocity in the culvert is higher than that of the open-valve scheme. As a result, in order to ensure the flawless operation of the pump station, the impact on the water flow behind the flap valve is reduced, and it is recommended to make the maximum opening angle reached when the flap valve runs as large as possible.
This study focuses on the influence of the opening angle of double-stage flap valves on the water flow behind the flap valve. The relationship between the flow pattern after the valve and the opening angle of the flap valves is analyzed by numerical simulation analysis and the physical model test from the three aspects of streamline, uniformity of flow velocity, and hydraulic loss, and the following conclusions are obtained:
1) After the double-stage flap valves are opened, two axisymmetric reverse vortexes appear in the culvert section behind the flap valve. As the opening angle increases, the flow line in the culvert pipe after the gate gradually moves down and disappears in the high-velocity zone. The eddy dissipates at the outlet.
2) As the distance between water flow and the racket flap valve increases, the uniformity of flow velocity rises gradually. The water flow can be fully developed in the culvert. The uniformity index starts to be higher than the uniformity index without the door at a distance of about 35 m from the entrance.
3) The hydraulic loss coefficient of the culvert section has nothing to do with the volume of flow and is negatively correlated with the opening angle of the flap valve; the bigger the opening angle, the smaller the hydraulic loss coefficient of the culvert section and the smaller the head loss.
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The position of the nozzle in the jet mechanism of the impulse turbine may cause an eccentric jet due to size processing and installation deviations. To study the effect of jet needle eccentricity on the jet, this article first analyzes the jet characteristics of the jet mechanism with different openings (20, 40, 60, 80, 100%) under 4.8% eccentricity, verify the reliability of the research method in this paper. Then the focus is on the jet characteristics of the jet mechanism at different eccentricities (0, 1, 2.1, 4.8, 8, and 14%) at 40% opening. The results show that as the eccentricity of the nozzle increases, the jet appears to be asymmetrical, and the shape of the jet at the inlet section of the runner gradually changes and becomes an irregular shape. The eccentricity of the water jet increases with the increase of the eccentricity of the needle; the efficiency of the injection mechanism gradually decreases, and the energy loss gradually increases. Before the eccentricity of 4.8%, the efficiency decreases more slowly, and after the eccentricity of 4.8%, the rate of efficiency decrease is accelerated.
Keywords: pelton turbine, needle, eccentric jet, eccentricity, JET shape
1 INTRODUCTION
Hydropower is the most abundant renewable energy source in the world, accounting for about 20% of the total global electricity production (Mulu, et al., 2012). Among them, the high-head hydraulic resources are very rich in the western region of my country, and the exploitable water head is between 200 and 2000 m (Yang, 2009; Guo et al., 2020). The pelton turbine applied to the high water head has become the first choice, and the jet mechanism is an important part of the pelton turbine, which has an important impact on the overall efficiency of the turbine. The jet of the impingement turbine nozzle is a complex unsteady multiphase flow (Han et al., 2005). If there is a deviation in the size of the injection mechanism, wear of the support device, or unstable system pressure, the central axis of the injection needle will deviate from the central axis of the nozzle, resulting in an eccentric jet (Park et al., 2021; Wang et al., 2021). Deviating from the original jet trajectory, reducing the flow rate of water injected into the bucket, resulting in water flow loss, thereby affecting the jet efficiency of the jet mechanism. Therefore, it is of great significance to study the eccentric jet of jet mechanism of the impingement turbine to improve the efficiency of the impingement turbine.
Research on gas-liquid two-phase free jets (Sun et al., 2021; Zhang et al., 2021; Ouyang et al., 2021; Zhang et al., 2021) is widely used in fluid mechanics calculations. However, most of them focus on the research fields of jet cutting technology and jet atomization (Li et al., 2019; Deng et al., 2016), and the research on jets ejected from nozzles in impingement turbines is still very limited. Li et al. (2003) studied the influence of nozzles of different shapes on the jet performance, Wei et al. (2001) analyzed the influence of jet interference on the efficiency of the runner, providing a basis for the selection and design of impingement turbines. The research on jet eccentricity is mostly the research on the eccentric jet of the pump (Yan and Long, 2010; Du, 2019)and the eccentricity of the needle valve in the injector (Guo et al., 2015). For the research on the eccentricity of the injection needle in the impingement turbine, foreign scholars In Jung, et al. (2019) studied the eccentricity of the injection needle of the impingement turbine, which caused the jet to spread and increased the loss of the nozzle. The quality has a significant effect, but there is no relevant research on the effect of eccentricity and efficiency characteristics.
In this paper, the jet mechanism of the impingement turbine is modeled by UG, and the jet flow under different eccentricities of the nozzle is calculated and analyzed based on FLUENT, To provide a reference for improving the efficiency of the impingement turbine. To study the influence of the eccentricity of the nozzle of the injection mechanism on the jet flow, according to the literature (Jung et al., 2019), it can be seen that the smaller flow rate has a greater impact on the eccentricity of the nozzle, and 20% opening, 40% opening, 60 opening, and 80% opening are selected., The model of injection mechanism with the eccentricity of 4.8% at 100% opening is verified and analyzed. Select 0, 0.22, 0.45, 1, 1.72, 3 mm eccentricity at 40% opening, that is, 0, 1, 2.1, 4.8, 8, 14% eccentricity. Calculate and discuss the influence of different eccentricities of the nozzle on the jet characteristics.
2 MODEL SETUP AND MESHING
2.1 Model Parameters
In this paper, the injection mechanism of the impingement turbine with the model CJC601-L-45/2 × 3.5 is used for research. The structural parameters of the model and the experimental data are shown in Table 1.
TABLE 1 | Model parameters.
[image: Table 1]2.2 Meshing and Mesh Independence Verification
The purpose of fluid meshing is to realize the discretization of the fluid computational domain. The quantity and quality of the meshes will greatly affect the convergence and accuracy of the numerical calculation. The model in this paper is relatively simple, so the structured grid division method is adopted, which has the characteristics of good grid quality, short calculation time, and high calculation accuracy. The injection mechanism model was meshed by ICEM CFD, as shown in Figure 1.
[image: Figure 1]FIGURE 1 | Structure grid of jet mechanism model.
To ensure the accuracy and efficiency of the calculation, it is necessary to verify the grid independence of the grid. The six grid division schemes of the injection model under normal conditions are shown in Table 2. Based on the FLUENT platform, the digital-analog calculation of the six grid division schemes is carried out, and the results are shown in Figure 2. It can be seen that with the increase of the number of grids, the maximum velocity of the jet mechanism is increasing, but after 2.631 million and the number of grids is increased, the increase of the speed does not exceed 0.78%, while the amount of calculation is greatly increased. Therefore, to save the calculation amount while ensuring the calculation accuracy, the fourth grid division scheme is selected, and the number of grids is 2.631 million.
TABLE 2 | Meshing scheme.
[image: Table 2][image: Figure 2]FIGURE 2 | Grid independence verification.
3 COMPUTATIONAL FIELD SETTINGS
3.1 Model Settings
3.1.1 Fluid Basic Governing Equations
For incompressible fluids, the density is constant and the equation is as follows.
Continuity Equation
[image: image]
Momentum equation
[image: image]
Where [image: image] is the fluid density; [image: image] is the velocity component; [image: image] represents each coordinate component; [image: image] is the mass force per unit volume; [image: image] is the divergence of the stress tensor per unit volume.
3.1.2 VOF Multiphase Flow Model
At present, there are two numerical calculation methods for dealing with the multiphase flow, namely the Euler-Lagrange equation and the Euler-Eulerian equation. The calculation in this paper is that the water jet is injected into the air domain, and the motion of the particles is not involved, so the Euler-Eulerian multiphase flow model in which different phases are processed into an interpenetrating continuum is adopted. In FLUENT, the Euler-Eulerian multiphase flow model is divided into three types, namely the volume of the fluid model (VOF), the Euler model, and the mixture model. The free jet at the nozzle outlet is a two-phase flow of water and air (Ge et al., 2021a). In this paper, water and air are regarded as continuous phases, so the VOF multiphase flow model that can track the free liquid surface of the jet is adopted (Ge et al., 2021b). The model has the advantages of easy implementation, low computational complexity, and high precision. Its governing equation (Ge et al., 2021c) is as follows:
[image: image]
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Where, subscripts 1 and 2 represent the gas phase and the water phase, respectively; [image: image] represents the physical density; [image: image] represents the volume fraction; [image: image] represents the average velocity.
3.1.3 [image: image] Model
The turbulence model is the most widely used in engineering (Han et al., 2021). It includes three types: the standard model, the RNG model, and the achievable model. Compared with the standard model, the RNG model adds a condition to the equation and takes into account the turbulent vortex, which improves the accuracy, so this paper adopts higher confidence and accuracy in a wider range of flows. Accurate RNG model.
The turbulent kinetic energy and dissipation rate equations for the RNG [image: image] model are as follows:
[image: image]
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3.2 Boundary Conditions
The model boundary conditions are shown in Figure 3.
[image: Figure 3]FIGURE 3 | Model boundary condition setting.
Inlet boundary conditions: the water inlet is set as the pressure inlet: the pressure is 0.49MPa, the jet inlet is the air domain, and the relative pressure is 0Pa.
Outlet boundary conditions: the outlet is also an air domain, set as a pressure outlet, and the relative pressure is 0Pa.
Wall: The no-slip boundary condition is used for the wall, and the standard wall function is used for the flow in the near-wall region.
3.3 Parameter Definition

(1) Define the eccentricity as the distance between the central axis of the needle and the central axis of the nozzle, as shown in Figure 4 (the eccentricity in this paper is the radial direction of the needle). The coordinate system and monitoring surface layout are shown in Figure 5.
(2) The eccentricity is defined as the ratio of the eccentric distance to the nozzle radius, as in Formula 10, where l is the eccentric distance and d0 is the nozzle outlet diameter.
[image: image]
(3) To reduce the computational resources, it can be seen from the literature (Li et al., 2003; Liu, 2005) that the jet area is generally set to be about 7 times the diameter of the nozzle outlet. According to the size of the test model used in this paper, 7.4 d0 (y = 30 mm) is defined as the runner inlet.
(4) The pelton turbine is a turbine that uses the kinetic energy of water to do work. The water flow is accelerated through the nozzle and then injected into the atmosphere. Since the jet has no potential energy, all the energy of the water flow is converted into the kinetic energy of the water. Therefore, the theoretical velocity of the jet can be calculated from the head as:
[image: image]
[image: Figure 4]FIGURE 4 | Eccentric model of the injection mechanism.
[image: Figure 5]FIGURE 5 | Coordinate system and monitoring surface layout.
The specific energy loss of the injection mechanism is:
[image: image]
In the formula: [image: image] is the water flow specific energy at the jet outlet (runner inlet), and [image: image] is the water flow specific energy at the nozzle inlet.
The jet efficiency of this jet mechanism (Liu, 2005) can be defined as
[image: image]
In the formula: [image: image] is the jet outlet (runner inlet) velocity, and [image: image] is the theoretical runner inlet velocity value.
The energy loss rate of the injection mechanism is:
[image: image]
(5) The jet eccentricity is defined as the ratio of the distance from the center of the outgoing water flow from the center axis of the model to the radius of the jet area obtained from the water volume fraction program.
3.4 Solve Settings
This paper is for the unsteady calculation of water-gas two-phase flow, and the time step is set to 0.001s. The solution method adopts the SIMPLE algorithm, which is a semi-implicit method for solving the pressure coupling equation and is also an algorithm generally adopted by various commercial CFD software. The discrete format adopts the first-order upwind discrete format. When setting the relaxation factor, set pressure to 0.3 and momentum to 0.2 to ensure convergence. Since both Fr and We of unsteady flow are relatively large, the influence of gravity and surface tension on the mainstream characteristics is small, so the influence of these forces is ignored in the calculation process in this paper (Ge et al., 2020).
4 ANALYSIS OF NUMERICAL SIMULATION RESULTS
4.1 Calculation Method Validation
It can be seen from the results of previous studies that the eccentricity of the spray needle has a significant effect on the flow at a small flow rate. In this paper, the flow rate is controlled by the opening of the nozzle, and the eccentricity of the nozzle at different openings is calculated to verify the accuracy of the model and calculation method in this paper. The injection models of 20, 40, 60, 80, and 100% opening under 4.8% eccentricity are selected for numerical calculation.
Figure 6 is the gas-liquid two-phase cloud diagram of the eccentric jet of the jet mechanism under different opening degrees, and the figure shows the flow state of water when the jet is stable. The gas-liquid two-phase diagrams are consistent at 40, 60, 80, and 100% opening, and the water flow is stable and symmetrical; but at 20% opening, the jet appears to diffuse significantly, and a piece of air doped with a large amount of air appears. area, which is consistent with the literature results. Figure 7 shows the jet state of the runner inlet at different openings. The water volume fraction on the upper side is smaller at 20% opening, which corresponds to the lower side in the cloud diagram. Due to the serious water flow diffusion, some air is mixed in the middle, causing the water body a reduction in the number of points. It can be seen from the graph that the eccentricity of the nozzle has a greater influence on the small flow rate. With the increase of the jet opening, the curve gradually moves to the center, the two sides are gradually symmetrical, and the influence of the eccentricity on the jet gradually decreases.
[image: Figure 6]FIGURE 6 | Gas-liquid two-phase cloud diagram of the eccentric jet at different opening.
[image: Figure 7]FIGURE 7 | The eccentric jet state on the z = 0 mm straight line on the y = 30 mm section under different openings.
Figure 8 is the velocity cloud diagram of the jet with a z = 0 mm section under three different openings of the selected jet mechanism. It can be seen from the figure that when the opening is 20%, the upper and lower boundaries of the jet velocity of the cross-section appear in the middle of a low-velocity area. This is because the development of the needle boundary layer affects the jet velocity, resulting in a low-velocity area in the middle. However, as the opening increases, the needle The influence of the boundary layer on the jet is gradually reduced, and the middle low-velocity area is gradually reduced; the upper and lower high-speed jet areas are different due to eccentricity, but due to different openings, the influence of eccentricity on the jet is different, and it is more obvious at small openings, while the smaller eccentricity has almost no effect on the jet at large openings; the tail diffusion is more serious at small openings, and the diffusion decreases gradually as the opening increases.
[image: Figure 8]FIGURE 8 | Jet velocity cloud diagram at different opening degrees.
The shape of the jet can be seen from the program of the circular section, which reflects the influence of eccentricity on the shape of the jet. Due to the existence of the spray needle, the water flow shape of the jet outlet section should be annular, and there is a certain distance between the nozzle outlet and the runner inlet, and the annular water flow intersects to form a circular jet area. However, due to the influence of the eccentricity of the nozzle, the shape of the jet at several openings is different. At 100% opening, the shape of the jet is circular, and the influence of the eccentricity can be ignored. At 60% opening, the shape of the jet is close to a circle, but the shape deviation is large at 20% opening. With the continuous development of the jet, the diffusion is serious. Due to the influence of eccentricity, an irregular shape as shown in the figure is formed. It can be seen that the eccentricity has a great influence on the jet flow under the condition of small flow, but has almost no effect under the condition of large flow, which is in line with the previous research and verifies the accuracy of the research method in this paper.
4.2 Flow Characteristics at Different Eccentricities
The quality of the jet directly affects the rotation of the bucket, and the eccentricity of the jet will prevent all the water from hitting the bucket, thereby reducing the efficiency of the turbine and even causing the bucket to be damaged. To study the jet characteristics of the jet mechanism under different eccentricities, this paper selects the jet models with eccentricities of 0, 1, 2.1, 4.8, 8, and 14% at 40% opening for numerical calculation.
4.2.1 Efficiency and Energy Loss of Injection Mechanism
The loss of flow in the pipe caused by the sudden reduction of the nozzle outlet section, the friction loss of the nozzle, and the eccentricity of the spray needle will lead to the eccentricity of the jet so that the loss of water flow that cannot be completely shot on the bucket will lead to a decrease in the efficiency of the spray mechanism. To accurately reflect the efficiency of the eccentric injection mechanism, the average velocity of the central circular section should be selected as the runner inlet velocity. According to Figure 9 it can be seen from the numerical results that the area enclosed by the black circle with the center as the dot and the radius of 22 mm is defined as the effective jet area, which can include the main velocity of the jet. Therefore, the average speed of the area is taken as the speed of the runner inlet.
[image: Figure 9]FIGURE 9 | Effective jet area.
The calculation conditions are that the nozzle opening is 40%, the water head is 49m, and the theoretical velocity is 31 m/s. The numerical calculation results are shown in Table 3.
TABLE 3 | The efficiency and energy loss of the injection mechanism under different working conditions.
[image: Table 3]Figure 10 shows the efficiency and energy loss rate of the jetting mechanism under different eccentricities. It can be seen from this that with the increase of the eccentricity of the needle, the jetting efficiency of the jetting mechanism is continuously decreasing. It decreases slowly before the eccentricity is 4.8%, and then decreases more quickly. It can be seen that the smaller eccentricity has little effect on the jet. It can be seen from the above that the shape of the jet has only a small change under the smaller eccentricity, but when the eccentricity is large, the shape of the jet changes greatly, resulting in The jet cannot be injected into the water bucket according to the predetermined trajectory, resulting in the loss of water flow energy. Therefore, with the increase of the eccentricity of the spray needle, the efficiency of the spray mechanism will decrease, and the energy loss will increase.
[image: Figure 10]FIGURE 10 | The efficiency and energy loss rate of the injection mechanism under different eccentricities.
4.2.2 Jet Flow State Under Different Eccentricity
As shown in Figure 11, when the water flow reaches the bucket position under 0, 1, 2.1, 4.7, 8, and 14% eccentricity, the center eccentricity of the water column is 0, 0.5, 0.5, 1.5, 2.5, and 5.5 mm, respectively., the jet area is a cylindrical area with a diameter of 130mm, that is, the jet eccentricity is 0, 0.77, 0.77, 2.31, 3.85, and 8.46%, respectively. Compared with normal without eccentricity, with the increase of needle eccentricity, the jet eccentricity gradually increases, as shown in Figure 12. The increase of jet eccentricity will cause the water flow to fail to shoot on the water bucket completely, resulting in a decrease in the efficiency of the turbine. By fitting the trend line, the water flow eccentricity formula (15) that changes with the change of the eccentricity of the nozzle can be obtained. Because the eccentricity of the nozzle will not increase indefinitely, assuming that the nozzle is ideally attached to the other side of the nozzle outlet, the maximum eccentricity of the nozzle is 42%, and this situation is impossible, and a large eccentricity is easily affected. Found to be overhauled, so only needles with smaller eccentricities will have eccentric jets. Therefore, the eccentricity of 14% is relatively large. The curves fitted by several eccentricities in this paper can completely predict the eccentricity of jets with different eccentricities at 40% opening, which provides a basis for the design of the nozzle and bucket positions.
[image: image]
[image: Figure 11]FIGURE 11 | Jet state on the straight line of z = 0 mm on the runner inlet.
[image: Figure 12]FIGURE 12 | Change of jet eccentricity.
4.2.3 Speed Characteristics at Different Eccentricities
Figure 13 is the velocity cloud diagram of the jet under three different eccentricities of the selected jet mechanism. It can be seen from the cloud diagram that the jet is divided into two high-speed jets. Under normal conditions, the two jets are symmetrical, but in the case of eccentricity, the two jets are no longer symmetrical. The high-speed jet area on one side keeps getting narrower, while the other side keeps getting thicker, and the greater the eccentricity, the more serious the divergence of the tail, 14% of the eccentricity causes the water flow to concentrate almost entirely on one side. The low-velocity zone near the tip of the needle is due to the continuously developing boundary layer on the surface of the needle, which affects the velocity of the jet, resulting in a lower velocity at the center of the jet, but along the direction of the jet, the effect is decreasing (Zeng, 2018).
[image: Figure 13]FIGURE 13 | Cloud diagram of jet velocity under different eccentricity.
Figure 14 shows the program of jet velocity in the y = 30 mm section under different eccentricities. The high-speed jet area in the middle is all water phase, and the flow rate is high. The surrounding high-speed area is doped with a lot of air, and the flow rate is low. Therefore, the cloud image with a speed greater than 20 m/s is selected for analysis, and the shape of the jet can also be observed. Due to the influence of the acceleration of the nozzle outlet, the development of the boundary layer of the water flow on the sidewall of the nozzle and the nozzle will be inhibited, forming a flow in the center of the ring, so there will be an area with a small speed in the middle of the cloud image.
[image: Figure 14]FIGURE 14 | Velocity cloud diagram of jet velocity greater than 20 m/s in y = 30 mm section under different eccentricity.
However, due to the influence of the eccentricity of the spray needle, with the increase of the eccentricity, the shape of the water flow gradually changes and deviates from the center, and the area with a small intermediate speed will also move in the direction of the deviation of the spray needle, forming Figures 14C–E The effect of moving downwards, the high-speed area above will also move downwards closely. When the eccentricity is serious, the speed of the side with the larger water flow will also be greater, and the high-speed area will follow the middle low-speed area downwards. When moving, it will pass through the low-velocity region, forming the deformed shape of Figure 14F. When it hits the bucket, the water flow in the high-speed area will be offset, resulting in waste of water flow energy, thereby reducing the efficiency of the turbine.
Figure 15 shows the velocity distribution of the jet to the cross-section of the water column on the surface of the bucket, from which we can see the effect of different eccentricities on the velocity that can be jetted to the bucket section. When the eccentricity is small, the velocity distribution is almost the same up and down. With the increase of the eccentricity, the high-speed area of the water flow gradually deviates from the center and moves in the negative direction of the x-axis, and the low-speed area in the middle gradually disappears. The upper and lower velocity distributions are no longer consistent. The results of cloud map 14 are consistent.
[image: Figure 15]FIGURE 15 | Jet velocity on the straight line of z = 0 mm on the y = 30 mm section.
5 CONCLUSION
For the Pelton turbine, the quality of the jet mechanism is the key factor that determines the operation performance of the turbine. Based on the fluent software, this paper uses the VOF multiphase flow model and the RNG turbulence model to study and analyze the eccentric jet characteristics of the jet mechanism under different eccentricities of the needle and different openings. The conclusions are as follows:
(1) The eccentricity has a great influence on the jet flow under the condition of small flow but has almost no effect under the condition of large flow, which is in line with the previous research conclusions and verifies the accuracy of the research method.
(2) With the increase of the eccentricity of the needle, the jet is asymmetrical. When the eccentricity of the jet is small, the jet is concentrated and symmetrical, and when the eccentricity is large, the jet is dispersed; At 40% opening, when the water flow reaches the water bucket position with 0, 1, 2.1, 4.7, 8, and 14% needle eccentricity, the jet eccentricity in the center of the water column is 0, 0.77, 0.77, 2.31, 3.85, and 8.46% respectively. Through curve fitting, the water flow eccentricity formula that changes with the change of the needle eccentricity is obtained: [image: image].
(3) With the increase of the eccentricity of the needle, the jet shape of the inlet section of the runner changes and gradually becomes an irregular shape, the efficiency of the injection mechanism gradually decreases, and the energy loss gradually increases; before the eccentricity of 4.8%, the efficiency decreases relatively slowly. After 4.8% eccentricity, the jet shape changes greatly, and the rate of efficiency decrease is accelerated.
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In this paper, the effect of adding non-connected forms of tiny blades with different parameters of radial position, width, and length to the shroud of the impeller on the cavitation performance of a centrifugal pump is researched. A modified SST k-ω turbulence model combined with the Zwart–Gerber–Belamri cavitation model is used for numerical simulation of the model pump. The results show that the numerical prediction of the original pump agrees well with the experimental results. Adding tiny blades with different radial positions, widths, and lengths has a small effect on the pump head and efficiency under each working condition. Adding tiny blades near the impeller inlet has better suppression of cavitation in the initial stage, and adding tiny blades in the middle and backward positions has a better suppression effect on all stages of cavitation. There is an optimal tiny blade width to make the cavitation suppression effect optimal, and the optimal width of the model in this study is 3/4 of that of the main blade. The effect of a tiny blade length on cavitation performance is small. The existence of tiny blades slightly increases the turbulent kinetic energy in the low-turbulent kinetic energy region near the impeller inlet, significantly reduces the turbulent kinetic energy in the high-turbulent kinetic energy region near the outlet, and reduces the overall pressure pulsation main frequency amplitude during pump operation, making its operation more stable.
Keywords: centrifugal pump, low specific speed, cavitation suppression, tiny blades, geometric parameters, the shroud of the impeller, numerical simulation
1 INTRODUCTION
As fluid-transfer power equipment, centrifugal pumps are widely used in the national life and economic production and play an important role. Cavitation is a flow phenomenon that is difficult to avoid during the operation of centrifugal pumps. Its generation is due to the process of cavitation generation, development, and collapse when the local pressure in the liquid medium decreases to the critical pressure. Cavitation can interfere with the normal flow of the flow field. In serious cases, it will reduce the normal energy conversion inside the impeller (Brennen, 1994), accompanied by noise and vibration (Chudina, 2003; Li et al., 2018), which will reduce the hydraulic performance of the pump. Moreover, the bubble collapse process will produce an extremely high local pressure and temperature and high-speed microjets, which can cause erosion of the overflow components (Brujan and Matsumoto, 2012; Wijngaarden, 2016; Dular et al., 2019) and greatly reduce the service life of the pump. Therefore, the research of cavitation suppression in centrifugal pumps is a popular field.
Many scholars have done a lot of research work on centrifugal pump cavitation suppression. Luo et al. and Pei et al. (Luo et al., 2008; Pei et al., 2017) improved the hydraulic and cavitation performance of the pump by optimizing the geometric parameters of the impeller. Adding inducers to the impeller inlet (Acosta, 1958), inducing partial high-pressure fluid injection into the inlet from the pump outlet (Wong et al., 1965; Cui et al., 2019), etc., are methods to suppress cavitation by increasing the impeller inlet pressure. Zhao and Zhao, (2017) placed obstacles at suitable locations on the pressure surface of the blade to inhibit cavitation development. Wei et al. (Wei et al., 2021) improved the fluid dynamics at the inlet of centrifugal pumps by adding a deflector plate, which contributed to the suppression of cavitation instability in high-speed centrifugal pumps. Kurokawa, (2011) designed J-slots in the inlet section wall of centrifugal pumps with inducers to suppress various anomalous flow phenomena such as cavitation by controlling the angular momentum of the main flow. Zhao et al., (2020) studied the method of opening slits on the blade of a centrifugal pump, leading the fluid from the high-pressure region to the low-pressure region and effectively restraining the development of cavitation. (Zhu and Chen, 2012) added a small vice blade to the leading edge of the blade and improved the cavitation performance and hydraulic efficiency by taking advantage of the inflow characteristics and the automatic pressure balancing effect of the clearance channel. Slotting on the pressure side of the leading edge of the blades induces a relatively high pressure, which suppresses the growth of the bubble volume within the impeller (Zhao et al., 2018). A proper inlet diameter of the splitter blade can effectively avoid flow obstruction at the impeller inlet and vortex cavitation in the blade channel (Zhang et al., 2014).
Cavitation occurs at the location of the lowest pressure, usually slightly behind the suction surface of the blade inlet and close to the hub of the impeller (Guan, 2011). Therefore, in this paper, different schemes were designed successively and the effect of adding non-connected forms of tiny blades on the shroud of the impeller with different radial positions, widths, and length parameters on the cavitation performance of a centrifugal pump was investigated. Moreover, by the numerical simulation method, the changes of the bubble volume, flow field structure, turbulent kinetic energy distribution, pressure distribution, and the pressure pulsation amplitude of the main frequency in the impeller under different cavitation margins were compared and analyzed.
2 NUMERICAL METHODS
2.1 Governing Equations
The governing equations for fluid motion are the Reynolds averaged Navier–Stokes equations.
Continuity equation:
[image: image]
Momentum equation:
[image: image]
where ρm is the mixture density; t is the time; ui, uj, and uk are the velocity components; p is the local pressure; μ is the viscosity; μt is the turbulence viscosity; and δij is the Kronecker symbol.
Here, the mixture density ρm is defined as
[image: image]
where α is the volume fraction of one component. The subscripts v and l refer to the vapor and liquid components, respectively.
2.2 Turbulence Model
The SST k-ω turbulence model (Menter, 1994) was used to close the Reynolds-averaged Navier–Stokes equations. The SST k-ω turbulence model takes the k-ω model in the boundary layer region of the wall and the k-ε model in the region away from the boundary layer, which combines the advantages of both models and can predict flow separation on smooth surfaces more accurately
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where Gk and Gω are the generating terms of turbulent kinetic energy k and dissipation rate ω, respectively; Γk and Γω are the effective diffusion coefficients of k and ω, respectively; Yk and Yω are the dissipations of k and ω, respectively; Sk and Sω are user-defined source phases; and Dω is the cross-diffusion term.
However, the uncorrected SST k-ω turbulence model will overpredict the viscosity of the two-phase mixture of vapor and liquid phases during cavitation, resulting in inaccurate prediction of bullbe shedding (Reboud and Dellanoy, 1994; Zheng et al., 2018). In this paper, a modified SST k-ω turbulence model is adopted to reduce the turbulent viscosity in order to capture the flow state of the cavitation flow more accurately. The turbulent viscosity in the region where cavitation occurs is reduced by modifying the density function f (ρm) as follows:
[image: image]
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where n is taken as 10 (Coutier-Delgosha et al., 2003; Ji et al., 2014).
The variation curve of the f(ρm) function is shown in Figure 1. It can be seen from the figure that the corrected density is significantly reduced in the mixing region of the two-phase flow, thereby reducing the turbulent viscosity.
[image: Figure 1]FIGURE 1 | Modified function of turbulent viscosity.
2.3 Cavitation Model
The Zwart–Gerber–Belamri cavitation model (Zwart et al., 2004) based on the Rayleigh–Plesset equation was used, neglecting the surface tension term and the second-order time derivative term, assuming a constant gas nucleus density in the fluid domain, and focusing on the effect of the change in the radius of the bubble during the initial generation and development of cavitation. It is suitable for calculating the transient characteristics of cloud cavitation within a centrifugal pump, and the equation is
[image: image]
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where fv is the vapor-phase mass fraction, m+ is the evaporating phase, m− is the condensing phase, Fvap is the evaporation coefficient, Fcond is the condensation coefficient, Rb is the vacuole radius, αnuc is the volume fraction of cavitation nuclei, p is the flow field pressure, and pv is the saturated vapor pressure. Based on the experience of previous research (Zwart et al., 2004; Ji et al., 2013), Fvap = 50, Fcond = 0.01, Rb = 1 × 10−6 m, αnuc = 5 × 10−4, and saturated vapor pressure pv = 3169 Pa at 25°C.
3 RESEARCH MODEL AND PRELIMINARY LOCATION SCHEME DESIGN
3.1 Research Model
In this paper, a low-specific speed centrifugal pump with a specific speed of ns = 32 was adopted as the research object, which mainly consists of five parts, such as the inlet section, impeller, volute, shroud, and hub. The rated head H0 = 4.2 m, the rated flow rate Q0 = 8.6 m3/h, and the rated speed n = 500 rpm. The main geometric parameters of the model pump are as follows: the inlet section diameter Dj = 107 mm, the impeller inlet diameter Di = 90 mm, the impeller outlet diameter D2 = 310 mm, the impeller outlet width b2 = 12 mm, the blade inlet diameter Db = 80 mm, the blade inlet angle β1 = 37°, the blade outlet angle β2 = 37°, blades are cylindrical blades, the blade number Z = 6, and the blade thickness δ = 4 mm, as shown in Figure 2A, where DX, L, W, and δ1 are the inlet diameter, length, width, and thickness of the tiny blades, respectively.
[image: Figure 2]FIGURE 2 | (A) Geometric model of the centrifugal pump. (B,C) Schematic diagram of geometric parameters such as length, inlet diameter, width, and thickness of tiny blades.
3.2 Preliminary Location Scheme Design
According to previous studies (Zhang et al., 2015), the design of splitting blades in the impeller of a centrifugal pump will have a certain suppression and optimization effect on cavitation but will have a greater impact on the hydraulic performance of the centrifugal pump. In order to minimize the influence on the external characteristics of the centrifugal pump and to reduce the disturbance of the flow in the impeller, the effect of arranging tiny blades of a non-connected form with different radial positions, widths, and length parameters on the inner surface of the shroud of the impeller on the cavitation performance is investigated. When the splitting blades are located in the middle of the flow channel, the pressure distribution of the flow channel of the impeller conforms to the general principle of the pressure distribution of the centrifugal pump, and the inlet diameter of the splitter blade has the greatest impact on the performance. Therefore, the middle position of the tiny blade should be determined first (He et al., 2006; Yuan et al., 2008). The shape of the tiny blade is the same as that of the corresponding position of the main blade. The length L of the tiny blade is 1/8 of the length of the main blade, and the width W and thickness δ1 of the tiny blade are 1/2 of the main blade. The number of the tiny blades is the same as the quantity of the main blade, and the inlet diameter of the tiny blade is Dx. First, five location schemes are designed, as shown in Table 1.
TABLE 1 | Radial position scheme of tiny blades.
[image: Table 1]4 GRID GENERATION
ICEM CFD software was used to discretize the hexahedral structured mesh of the inlet section, impeller, front and rear cavities, and volute of the centrifugal pump model, as shown in Figure 3A, B. In order to improve the calculation accuracy, the grid was locally densified on the walls of each part of the model. The calculation domain of the Scheme A1 model was divided into four groups of grids with different numbers to verify the grid independence, which was used to exclude the influence of the number of grids on the error of the calculation results, as shown in Table 2. From the calculated results, it can be seen that the relative error of the head is within 1% as the number of meshes increases, and finally, the number of meshes of all calculated models is discrete into a number of meshes comparable to Mesh4 for simulation.
[image: Figure 3]FIGURE 3 | (A,B) Grid of calculation domains. (C) Y+ distribution of blades.
TABLE 2 | Mesh independence analysis.
[image: Table 2]Since different turbulence models have different requirements on the grid density near the wall, in order to ensure that the grid density near the wall can accurately capture the flow in the boundary layer, it is necessary to analyze the Y+ value of the near wall. Y+ is defined as
[image: image]
where Δn is the distance between the two mesh nodes closest to the wall and τω is the wall shear stress.
In this study, the modified SST k-ω turbulence model is selected. The requirements of the k-ω model for the mesh quality of the near-wall region can be satisfied when Y+ is less than 100 (Li et al., 2012). The maximum Y+ value of the impeller models with small blades arranged is 15, as shown in Figure 3C.
5 BOUNDARY CONDITION SETTING
ANSYS CFX software was used for numerical simulation. The main boundary conditions are set as follows: pressure inlet and mass flow outlet. The impeller domain was set as the rotating domain, and the others were the static domains. The two outer surfaces of the hub and shroud were set as rotating wall surfaces, and the rest were isothermal and non-slip wall surfaces. In the steady calculation, the dynamic static interface was set to the frozen rotor. In the unsteady calculation, the dynamic static interface was set as the transient rotor stator. In the process of solving, the advection scheme adopted the high-resolution format, and the transient scheme adopted the second-order backward Euler difference format. The two-phase medium calculated by the simulation was water and water vapor at 25°C. The volume fractions of the liquid and vapor phases at the inlet were set to 1 and 0, respectively. The reference pressure of the calculation domain was 0 Pa, the saturated vapor pressure was 3,169 Pa, and the convergence accuracy was set to 1 × 10−5. In the simulation, cavitation occurs in the centrifugal pump by continuously reducing the inlet pressure. First, the steady calculation is carried out, and then, the steady calculation result is taken as the initial value for unsteady calculations. For unsteady calculations, the time step was taken as Δt = 0.001 s; that is, every 3° rotation of the impeller is a time step. Then, each time step was iteratively calculated 20 times, and finally, a convergence result was saved every 15° rotation. The total number of calculation steps was 600 steps, and the last calculation stable rotation period was selected for unsteady characteristic analysis.
6 SIMULATION ALGORITHM VERIFICATION AND PRELIMINARY RESULT ANALYSIS
6.1 Simulation Algorithm Verification
The external characteristics and cavitation performance tests of the original model centrifugal pump were completed on the visualized closed centrifugal pump test platform in the Key Laboratory of Fluid Machinery and Systems of Gansu Province, and the test system is shown in Figure 4. The medium of test is clear water at room temperature (25°C). The test is conducted in accordance with the national standard GB/T 3216-2016 “Hydraulic Performance Acceptance Test for Rotary Power Pumps Level 1, Level 2, and Level 3”. The tested curves of external characteristics and cavitation characteristics of the centrifugal pump are shown in Figure 5A,B, respectively. From Figure 5A, it can be seen that the simulated values of head and efficiency of the original pump under each flow rate condition are basically consistent with the trend of the experimental values. The maximum error between the simulated value of the original pump head and the experimental value occurs when Q/Q0 is 1.3, and the error is 3.25%. Also, the original pump efficiency simulation value is higher than the experimental value, and the maximum efficiency error is 5.68%. These errors are caused by measurement errors, manufacturing errors of the test pump, and insufficient consideration of wear-ring clearance and surface roughness in the simulation calculation model. It can be seen from Figure 5B that the simulated value of the original pump is slightly larger than the experimental value under different cavitation margins, and the simulated value is in close agreement with the experimental value. Therefore, the reasonableness and accuracy of the simulation algorithm for the hydraulic performance and cavitation performance of the centrifugal pump were verified.
[image: Figure 4]FIGURE 4 | Sketch map of the centrifugal pump closed test bench (1, electric motor; 2, torque meter; 3, visual centrifugal pump; 4, outlet pressure sensor; 5, electromagnetic flow meter; 6, outlet valve; 7, vacuum gauge; 8, cavitation tank; 9, liquid ring vacuum pump; 10, inlet valve; 11, inlet pressure sensor).
[image: Figure 5]FIGURE 5 | (A) Hydraulic performance and (B) cavitation performance curves of the centrifugal pump.
6.2 Preliminary Location Scheme Results and Analysis
Numerical simulations of external characteristics and cavitation performance were carried out for the original pump model and four radial position scheme models at the design flow rate Q0, respectively, and the calculation results are shown in Table 3, where Pi is the centrifugal pump inlet pressure, Pa; H is the head, m; Va is the volume of cavitation in the impeller, mm³; and Vr is the percentage change in cavitation volume compared with the original impeller at the same inlet pressure. When the centrifugal pump inlet pressure Pi = 6,000 Pa (NPSHa = 0.290 m), it is the initial stage of cavitation; when Pi = 4,000 Pa (NPSHa = 0.085 m), it is the development stage of cavitation; and when Pi = 3,700 Pa (NPSHa = 0.054 m), it is the serious stage of cavitation.
TABLE 3 | Simulation results.
[image: Table 3]From the data in Table 3, it can be seen that when the pump inlet pressure Pi = 101,325 Pa, the head H of schemes A1–A4 is slightly reduced compared with that of the original pump A0; when Pi = 6,000 Pa, the head H of schemes A1–A4 is slightly reduced compared with that of the original pump A0, but the bubble volume Va of schemes A1–A4 becomes smaller compared with that of A0, indicating that schemes A1–A4 all have the effect of cavitation suppression, the suppression effect is obvious, and the maximum reduction of cavitation volume of the A2 scheme was 90.06%; when Pi = 4,000 Pa, the H of schemes A1–A4 do not change much, but Va of schemes A1 and A2 increase slightly compared with that of A0, indicating that the cavitation development is promoted. Va of schemes A3 and A4 decreased compared with that of A0, indicating that the cavitation development is suppressed; when Pi = 3,700 Pa, H of scheme A1 decreased more compared with that of A0, and H the other three schemes were higher than that of A0. The bubble volume of scheme A1 was larger than that of scheme A0, and those of the other three schemes were all lower than that of scheme A0, indicating that A1 promotes cavitation at this time, while A2, A3, and A4 all inhibited the development of cavitation.
After comprehensive analysis, the cavitation volume in the impeller of scheme A3 was reduced at each selected inlet pressure point (cavitation incipient to cavitation severe stage), with a maximum reduction of 73.37%, and the head was the highest at the lowest inlet pressure point Pi = 3,700 Pa, which was 10.4% higher than that of the original pump. Compared with the simulated value of the external characteristics of the original pump, the hydraulic performance of scheme A3 at different operating points changes less, as shown in Figure 5A, and reduces the critical cavitation allowance point, as shown in Figure 5B. After comprehensive comparison, it can be concluded that A3 has the best comprehensive effect on cavitation suppression.
7 FURTHER WIDTH SCHEME DESIGN AND RESULT ANALYSIS
7.1 Width Scheme Design
The preliminary scheme studied the influence of the radial position parameters of the tiny blades on the cavitation performance and hydraulic performance, and numerical simulations were carried out at the design flow rate of Q0. The results showed that the radial position of the tiny blades of scheme A3 has the best comprehensive suppression effect on the cavitation of the centrifugal pump, and the influence on the hydraulic performance of the centrifugal pump is small. Next, based on the location of this scheme, the effect of the width parameter of the tiny blade on the cavitation performance and hydraulic performance of the centrifugal pump was studied. Five additional schemes with tiny blade widths are designed, in which the tiny blade thickness remains unchanged. W represents the tiny blade width, and b is the main blade width at the scheme A3 radial position. The design scheme is shown in Table 4.
TABLE 4 | Scheme of tiny blade width.
[image: Table 4]7.2 Effect of Width Parameters on Performance
Figure 6 depicts the percentage reduction in head and bubble volume for different tiny blade width schemes at NPSHa = 0.054 m. It can be seen that compared with the original pump, the addition of different widths of tiny blades increased the head after breakage and reduced the volume of bubbles, and all schemes improved the cavitation performance of the centrifugal pump. With the gradual increase in the width of the tiny blade, the change trend of the percentage reduction in the volume of the bubble is consistent with the change trend of the head, showing a trend of first increase and then decrease. It can be seen that there is an optimal width parameter for the cavitation suppression effect. As far as scheme B3 (the tiny blade width is 3/4 of the width of the same radial position of the main blade) is concerned, its head is the highest, 3.73 m, 11% higher than that of the original pump, and the smallest volume of the bubble is 26.39% less than that of the original pump. Next, the optimal width of scheme B3 will be selected for analysis of the internal flow field.
[image: Figure 6]FIGURE 6 | Head and percentage reduction of bubble volume, NPSHa = 0.054 m.
7.3 Analysis of The Internal Flow Field of The Width Scheme
7.3.1 Vapor Volume Fraction Contour
Figure 7 shows the contour of the isosurface of the steam volume fraction (αv = 10%) in the impeller at different cavitation margins. Analysis of the figure shows that the bubbles first appear near the inlet of the impeller blades, and as the cavitation margin decreases, the volume of the bubbles gradually increases and spreads toward the outlet of the flow channel. The existence of bubbles seriously obstructs the normal flow in the flow channel. Compared with the original impeller, after adding tiny blades, when NPSHa = 0.290 m, the bubble volume in the impeller of scheme B3 decreased by 84.42%. When NPSHa = 0.085 m, the bubble volume in the B3 impeller decreased by 5.73%. When NPSHa = 0.054 m, the bubble volume in the B3 impeller was reduced by 26.39%. After adding the tiny blade, the bubble volume in the impeller under different cavitation margins is significantly reduced, which effectively suppresses the occurrence and development of cavitation and improves the cavitation performance of the centrifugal pump.
[image: Figure 7]FIGURE 7 | Vapor volume fraction distribution of the impeller: (A) original impeller and (B) B3 impeller.
7.3.2 Flow Field Structure
Figure 8 shows the flow distribution in the middle section of the impeller at different cavitation margins. Analysis of the figure shows that at each stage of cavitation, vortices are generated in each flow channel of the impeller, and the existence of vortices hinders the normal flow of the fluid, and as the cavitation margin decreases, the vortices move toward the outlet direction, the intensity and the scale of vortices increase, and the flow becomes more turbulent. After the shroud of the impeller increases the tiny blades, in the initial and development stages of cavitation, the vortex intensity is significantly reduced, the flow loss is reduced, and the existence of tiny blades plays a role in combing the flow field structure. However, in the cavitation severe stage, the tiny blades make the vortex intensity enhanced. This is because in the serious cavitation stage, there are many bubbles in the impeller, the two-phase flow is extremely complex, and the vortex is behind the tiny blade. The tiny blade does work on the fluid flowing through it, the fluid kinetic energy increases, the fluid with increased kinetic energy accelerates the rotation speed of the vortex when flowing through the edge of the vortex, and there is sudden diffusion of the channel after flowing through the small blade.
[image: Figure 8]FIGURE 8 | Distribution of Streamlines: (A) original impeller and (B) B3 impeller.
8 FINAL LENGTH PARAMETER SCHEME DESIGN AND RESULT ANALYSIS
8.1 Length Parameter Scheme Design
The previous group of schemes studied the effect of the tiny blade width parameter on the cavitation performance and hydraulic performance of the centrifugal pump, and it was found that the tiny blades width of scheme B3 has the best effect on cavitation suppression and less effect on the hydraulic performance of the centrifugal pump. Next, with the tiny blade width (W = 3/4 b) of scheme B3 as the basis, we continued to control the tiny blade inlet diameter constant for a deeper study and to study the influence of tiny blade length parameters on the performance of centrifugal pumps and design as shown in Table 5, with three groups of length schemes for research, where L represents the length of the tiny blades and l represents the length of the main blade.
TABLE 5 | Tiny blade length schemes.
[image: Table 5]8.2 Effect of Length Parameters on Performance
Figure 9 depicts the head and cavitation volume reduction percentages for different tiny blade length schemes at NPSHa = 0.054 m. From the figure, it can be seen that under different cavitation margins, compared with the original pump A0 scheme, with the length change of the tiny blades, their hydraulic performance changes less and the cavitation suppression effect is similar to that of scheme B3, indicating that the length parameter of the tiny blades has less influence on the cavitation performance. Since scheme C1 has the shortest length of 5 mm but the hydraulic performance and cavitation performance are also better in all stages of cavitation, scheme C1 is chosen next for impeller internal flow field analysis.
[image: Figure 9]FIGURE 9 | Head and percentage reduction of vacuole volume, NPSHa = 0.054 m.
8.3 Analysis of the Internal Flow Field of the Width Scheme
8.3.1 Bubble Volume Analysis
The bubble volume, Vcav, is defined as
[image: image]
where N is the total number of control units in the impeller; αv,i is the volume fraction of the vapor phase in control unit i; and Vi is the volume of control unit i.
Figure 10 shows the variation of the bubble volume inside the impeller at the last rotation cycle at different cavitation margins. The results show that at the initial stage of cavitation, the bubble volume curve fluctuates up and down with time, showing a clear unsteady characteristic. However, as the cavitation margin decreases, the bubble volume in the impeller increases, and the bubble volume continues to fluctuate with the rotation of the impeller, but the fluctuation is relatively small. Scheme C1 shows a significant decrease in the volume of the bubble in the impeller compared with the original impeller at the same cavitation margins. At the initial stage of cavitation with a cavitation margin of NPSHa = 0.290 m, the average volume of bubbles in the original impeller and scheme C1 impeller during the rotation cycle was 6.21 and 0.98 mm3, respectively, and the volume of bubbles in the C1 impeller was reduced by 84.15%; at the stage of cavitation development with a cavitation margin of NPSHa = 0.085 m, the volume of bubbles in the original impeller and C1 impeller during the rotation cycle was 20,145 mm3 and 18,791 mm3, respectively, and the C1 bubble volume was reduced by 6.72%; at the cavitation severe stage NPSHa = 0.054 m, the bubble volumes of the original impeller and C1 impeller during the rotation cycle were 3,42,080 and 2,52,360 mm3, respectively, and the C1 bubble volume was reduced by 26.23%. It can be found that the tiny-blade scheme is particularly effective in suppressing cavitation during the initial and severe stages of cavitation.
[image: Figure 10]FIGURE 10 | Cavitation volume under different NPSHa.
8.3.2 Turbulent Kinetic Energy Distribution
Figure 11 shows the distribution of turbulent kinetic energy in the middle section of the impeller. The magnitude of the turbulent kinetic energy represents the turbulent intensity. As shown in Figures 7, 11, at the initial and developing stages of cavitation, cavitation is mainly generated near the inlet of the impeller. The arrangement of tiny blades can increase the turbulent energy near the inlet, and in the low-turbulent kinetic energy region, which also increases its turbulent intensity, the increased turbulent energy is still small. Moreover, the turbulent flow has the characteristics of pressure and velocity pulsation as well as the characteristics of high momentum and fast transfer, thus suppressing the initial and developmental stages of cavitation. When the cavitation develops to the severe stage, the turbulent kinetic energy on the pressure surface of the main blade in front of the tiny blade increases slightly, and the high-turbulent kinetic energy area behind the tiny blade near the outlet position decreases significantly. The turbulent dissipation loss decreases, and the hydraulic performance improves, as shown in Figure 10, when NPSHa = 0.054 m.
[image: Figure 11]FIGURE 11 | Turbulent kinetic energy distribution in the middle section of the impeller: (A) original impeller and (B) B3 impeller.
8.3.3 Flow Field Structure
Figure 12 depicts the streamline distribution in the middle section of the impeller at different cavitation margins. It can be seen from Figures 8, 12 that the longer tiny blades of scheme B3 weaken the strength and scale of the vortices in the flow channel during the cavitation initial and development stages. However, after the shortening of the tiny blade, compared with the original impeller, the length of the tiny blade of scheme C1 is only 5 mm, and its ability to confine and comb the fluid is weakened, so the intensity and scale of the vortex in the impeller of scheme C1 have less change compared with the original impeller but have a slight tendency to enhance, indicating that the shorter tiny blade has a certain disturbing effect on the flow field structure, especially near the blade inlet. However, it can be seen from Figure 10 that the shorter, tiny blade scheme C1 still significantly reduces the volume of cavitation in the impeller. In the severe cavitation stage, the vortex intensity in the impeller is significantly weaker in scheme C1 compared to the flow field structure of scheme B3 but slightly enhanced compared to the original impeller flow field structure. This is due to the reduced work capacity of the flowing fluid after the shortening of the small blades; the kinetic energy obtained by the flowing fluid is reduced, and the vortex promotion effect is relatively weaker.
[image: Figure 12]FIGURE 12 | Distribution of streamline: (A) original impeller and (B) B3 impeller.
8.3.4 Pressure Distribution
Figure 13 shows the absolute pressure contour distribution in the middle section of the impeller. The cavitation in the impeller is caused by the pressure at the location of the cavitation falling below the saturated vapor pressure. With the development of cavitation, the low-pressure area in the impeller first appears at the inlet of the impeller, so the bubble also first appears at the inlet of the blade. With the cavitation margin reduced, the low-pressure area spreads from the inlet of the blade to the outlet, and the cavitation also spreads from the inlet to the outlet. The distribution change of the bubble volume fraction is consistent with the distribution change of the low-pressure area, as shown in Figures 7, 13. After cavitation occurs, with the gradual reduction of the cavitation margin, the existence of tiny blades induces the relative high pressure near the impeller inlet. The pressure change is an important factor in inhibiting the diffusion of low-pressure areas in the impeller to the outlet, which in turn suppresses the expansion of the volume of the bubble. As shown in Figure 13, when NPSHa = 0.054 m, it can also be seen that the pressure gradient near the impeller outlet is larger, and the head after breaking is also higher, which improves the hydraulic performance during cavitation.
[image: Figure 13]FIGURE 13 | Pressure distribution in the middle section of the impeller: (A) original impeller and (B) B3 impeller.
8.3.5 Pulsation Amplitude Analysis
In order to better analyze the transient frequency characteristics of the flow field, six absolute pressure-monitoring points, such as P1-P5 and V1, are set in the middle of the impeller flow channel and at the position of the volute, as shown in Figure 14.
[image: F14]FIGURE14 | Monitoring points in the impeller middle plane.
Figure 15 depicts the main frequency amplitude of pressure pulsation obtained by a fast Fourier transform (FFT) of the absolute pressure at each monitoring point, and A is the main frequency amplitude. From Figure 15, it can be obtained that at each stage of cavitation, compared with the original impeller, the C1 impeller has a decreasing trend in the amplitude of pressure pulsation at all monitoring points, except for a slight increase in pressure pulsation at two points, P1 and P2, near the inlet, which is consistent with the results of the turbulence energy analysis in Figure 11. This indicates that the existence of the tiny blades will indeed produce a small disturbance to its front impeller inlet position and produce an optimization effect on the flow field behind it. In general, the addition of tiny blades can reduce the overall pressure pulsation in the pump, which then also reduces the noise and vibration generated by the operation of the centrifugal pump.
[image: F15]FIGURE15 | Amplitude of main frequency of pressure.
9 CONCLUSION
In this study, the effects of adding non-connected tiny blades with different radial positions, widths, and length parameters to the shroud of a low-specific speed centrifugal pump impeller on the cavitation performance were investigated by combining numerical simulation and experiments, and the cavitation volume, flow field structure, turbulence energy, pressure distribution, and pressure pulsation amplitude were comparatively analyzed. On the basis of comparison and analysis, the conclusions are as follows:
1) Compared with the original pump, after adding tiny blades with different radial positions, widths, and lengths to the shroud of the impeller, the effect on the head and efficiency of the centrifugal pump under each working condition is small, and the relative change rate is within ±1.0%. Adding tiny blades near the inlet of the shroud of the impeller has a suppressive effect on the initial stage of cavitation and a facilitating effect on the development and severe stages of cavitation. The addition of tiny blades in the middle and backward positions of the impeller radius produced inhibitory effects in all stages of cavitation, especially in the initial and severe stages of cavitation.
2) There is an optimal width of the tiny blade to achieve the best cavitation suppression effect, and when the width of the tiny blade is equal to 3/4 of the width of the main blade, the cavitation performance of the centrifugal pump is optimal. The tiny blade length parameter has little effect on the cavitation performance.
3) The tiny blades slightly increase the turbulent energy near the blade inlet, inducing a relatively high pressure near the inlet and reducing the turbulent energy in the high-turbulent energy region near the impeller outlet. At the same time, it reduces the overall pressure pulsation in the pump, which in turn reduces noise and vibration and makes its cavitation operation more stable.
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Valve-controlled damping adjustable damper has the characteristics of simple structure and adjustable damping, and it has always been a hot research topic. This paper establishes a mathematical model of damping characteristics of the valve-controlled damping adjustable damper and designs the experiment of the damping characteristics of the compression stroke and the recovery stroke. Through simulation and experiment, the accuracy of the mathematical model is verified, and the damping contribution rate of different key parameters under different excitation speeds is analyzed. The results show that the mathematical model of the damping characteristics can well describe the working state of the damper. The damping contribution rate of key parameters under different excitation speeds is obtained. The damping contribution of the constant through-hole diameter decreases gradually after the valve is opened for the first time. With the increase of the excitation speed, the valve plate equivalent thickness and the valve plate maximum limit clearance of the check valve gradually play a major role in the damping contribution rate. The research results can screen out the key parameters, improve the development efficiency of the damper, and provide guidance for the damper design and optimization.
Keywords: damping contribution rate, key parameter, valve-controlled, damping characteristics, damper
INTRODUCTION
As a key component of a semi-active suspension system, the valve-controlled damper is always a research hotspot (Wang, 2016; Yang et al., 2019; Cao, 2020). The damper belongs to the damping multi-state switching damper. Different damping oil circuits are designed by using multiple superimposed valve groups, the oil circuit is switched by an electromagnetic start-stop valve to realize damping adjustment, the adjustable damping damper controlled by the valve has great stability and good promotion perspective. Researchers at home and abroad have studied damper for more than one hundred years and achieved a series of results (Lindler et al., 2000; Liu et al., 2019).
Maemor et al. (2003) proposed an optimization method for the semi-active damper and optimized the area of the compensation hole of the damper with the minimum vertical acceleration as the optimization objective. The results show that the optimized damper can better cope with the change of aircraft mass than the original damper. Causemann (2003) developed a continuously variable damper. The external pilot relief valve can continuously adjust the damping force of the damper in real-time by collecting road spectrum and body posture information. Farjoud et al. (2012) established a nonlinear model of the damper, studied the influence of the parameters of the superposition valve on the damping characteristics, and verified the correctness of the mathematical model through experiments. Luczko and Ferdek (2019) designed a damping adjustable hydraulic damper with an additional inner cylinder. The purpose of changing the damping characteristics according to the road conditions is realized by selecting the appropriate structural parameters.
Zhou and Ren (2009) studied the optimal damping matching of automobile suspension and optimized the thickness of the throttle valve plate of the damper by using the design method of optimal curve fitting. Chen et al. (2013) designed a valve-controlled multi-state switching damper and analyzed the relationship between the damping force of the damper and the stroke and frequency. The experimental results show that the mathematical model has high accuracy. Xuan (2016) designed a four gear valve-controlled adjustable damper, deduced the mathematical model of damping force in the working process, and developed a prototype of the damper. The experimental results show that the valve-controlled adjustable damper can meet the application requirements. Ding et al. (2018) designed an ADS (Adjuster Damping Control) damper, established mathematical models of damping characteristics in different gears, and the influence of geometric parameters of ADS valve damping characteristics are studied. Xie et al. (2018) used Matlab to deduce the analytic expressions of deflection deformation of the single valve plate and the superimposed valve plate and analyzed the influence of geometric parameters of annular valve plate on the deflection of the valve plate. The research has a certain guiding significance for parametric modeling and the optimal design of the damper. Wang et al. (2018) took the maximum adjustment range of MRF (Magnetorheological Fluid) damper as the goal and optimized the effective length of working cylinder, piston rod diameter, and piston diameter by using the Matlab optimization toolbox. The results show that the method is accurate and reliable. Ma (2018) established an RSM (Response Surface Methodology) model of multi-point force damper, selected ten design variables, optimized the design with the indicator characteristics under multiple speed conditions proposed by the cooperative enterprise, which guided the similar engineering. Zhang et al. (2019) established a fluid-structure coupling model of the damper with ADINA, analyzed the influence of different elastic modulus and viscosity on the damping stiffness. Huang et al. (2020) established a simulation model of electro-hydraulic pneumatic coupling damper by AMESim, studied the indicator characteristics and velocity characteristics under different current and external excitation conditions, in addition, explored the influence of different structural parameters of the damper damping characteristics.
At present, many mathematicians have carried out a lot of research on the influence of different structural parameters on the damping characteristics of the damper, and have achieved some results, but most of these researches focus on qualitative analysis and the influence weight of each parameter is not given. To improve the performance of the damper, researchers use different optimization methods to optimize the design of the single tube, double tube, and magnetorheological fluid dampers (Fu, 2016). However, there are few studies on the optimization design of the valve-controlled adjustable damper. At present, the development of the damper still has to carry out the cycle “design, experimentation, evaluation, improvement”. Designers spend a lot of time and energy on repetitive work. At the same time, most adjustment of parameters still depends on experience, which has the disadvantages of low development efficiency and long cycle. With the wide application of the valve-controlled adjustable damper, the demand for the optimal design of this type of damper is more and more intense.
This paper establishes the mathematical model of damping characteristics of the valve-controlled damping adjustable damper and designs the experiment of damping characteristics of the compression stroke and the recovery stroke. Through simulation and experiment, the accuracy of the mathematical model is verified, and the damping contribution rate of key parameters of the valve-controlled damping adjustable damper under different excitation speeds is analyzed. The research results can screen out the key parameters, improve the development efficiency of the damper, and provide guidance for the damper design and optimization.
STRUCTURE AND WORKING PRINCIPLE OF VALVE-CONTROLLED ADJUSTABLE DAMPER
Structure of Valve-Controlled Adjustable Damper
Compared with the structure of the double tube damper, the valve-controlled damping adjustable damper adds a damping control valve on the outside, and the rest of the overall structure is similar to that of the double tube damper, Figures 1–3 show the structural diagram of the damping control valve and check valve, respectively.
[image: Figure 1]FIGURE 1 | Structure of the valve-controlled damping adjustable damper. Note: 1. Mounting Base; 2. Nitrogen cavity; 3. Floating Piston; 4. Oil storage cavity; 5. Bottom Valve; 6. Compression Cavity; 7. Piston Valve; 8. Recovery Cavity; 9. Inner Cylinder; 10. Outer Cylinder; 11. Guide; 12. End Cap; 13. Damping Control Valve.
[image: Figure 2]FIGURE 2 | Structure of the damping control valve. Note: 1. Electromagnet; 2. Flapper valve spool; 3. Flapper valve body; 4. Transparent Cover; 5. Check valve; 6. Locate ring; 7. Inner cylinder; 8. Outer cylinder; 9. Reset spring; 10. Check Valve “d”; 11. Check Valve “c”; 12. Check Valve “b”; 13. Check Valve “a”.
[image: Figure 3]FIGURE 3 | Structure of the check valve.
Damper Adopts a Double Tube Structure
The valve-controlled adjustable damper consists of two parts: the main damper and the damping control valve. The main damper adopts the double tube structure, which is used as the oil channel to guide the oil in the recovery cavity and the compression cavity to the damping control valve. The piston valve of the damper reciprocates in the inner cylinder. The upper end of the inner cylinder realizes the movement guide and seal functions of the piston rod. The lower part of the inner cylinder has a bottom valve, and the lower part of the outer cylinder also has a floating piston. The floating piston can move in the lower part of the outer cylinder, and the mounting base is installed in the lower part of the outer cylinder, which is mainly used to connect with the outside.
Piston Valve of Damper Divides Inner Cylinder Into Two Parts: Recovery Cavity and Compression Cavity
The floating piston divides the bottom part of the outer cylinder into an oil storage cavity and nitrogen cavity. The bottom valve serves as the oil channel between the compression cavity and the oil storage cavity. The upper part of the inner cylinder has an oil hole, which can lead the oil in the recovery cavity into the clearance between the inner and outer cylinders. There are also two oil holes near the bottom valve of the outer cylinder. One oil hole penetrates the inner cylinder and is connected with the compression cavity, and the other oil hole is connected with the recovery cavity through the gap between the inner and outer cylinders. The damping control valve installed on the outer cylinder connects two oil holes, through the adjustment of the damping control valve, different damping forces are produced.
Working Principle of Valve-Controlled Adjustable Damper
Figure 4 shows the working principle of the valve-controlled adjustable damper, and its working process can be divided into two parts: compression and recovery. The bottom valve consists of a compression valve and a compensation valve, the piston valve consists of a recovery valve and a flow valve. The oil flows between the damping control valve, the compression cavity, the recovery cavity, and the oil storage cavity through the piston valve and the bottom valve.
[image: Figure 4]FIGURE 4 | Working principle of valve-controlled damping adjustable damper. Note: 1. Oil storage cavity; 2. Compensate valve; 3. Damping control valve; 4. Flow valve; 5. Inner cylinder; 6. Outer cylinder; 7. Piston rod; 8. Recovery cavity; 9. Recovery valve; 10. Compression cavity; 11. Compression valve; 12. Float piston; 13. Nitrogen cavity.
Oil Flow Path in Compression Stroke
During the compression stroke, the piston moves towards the bottom valve and the oil pressure in the compression cavity increases. There are three ways for the oil to flow from the compression cavity to the recovery cavity: the first one flows through the damping control valve; The second one flows through the flow valve; The third one flows through the compression valve. The oil in the oil storage cavity increases and the floating piston moves downward. The recovery stroke is similar to the compression stroke.
Regulating Step
Figure 5 shows the working principle of the damping control valve. The step regulation of damping is mainly through the damping control valve. “Y1” and “Y2” are solenoid valves. “a”, “b”, “c” and “d” are check valves. When the solenoid valve is powered on, the oil circuit is opened. The solenoid valve loses power and the oil circuit is closed. During the compression stroke, the oil flows in through port “A” and out through port “B”, and the recovery stroke is the opposite.
[image: Figure 5]FIGURE 5 | Working principle of damping control valve. Note: A: Oil pass “A”; B: Oil pass “B”.
Compression stroke: after the oil enters through port “A”, if both solenoid valve “Y1” and solenoid valve “Y2” are powered on, the oil can pass through check valve “a” and check valve “d”, and exit through port “B”; If the solenoid valve “Y1” is energized and the solenoid valve “Y2” is de-energized, the oil flows through the check valve “a” and out of the oil outlet “B”; If the solenoid valve “Y1” is de-energized and the solenoid valve “Y2” is energized, the oil flows through the check valve “d” and out of the oil outlet “B”.
ESTABLISHMENT OF MATHEMATICAL MODEL OF VALVE-CONTROLLED ADJUSTABLE DAMPER
Model Simplification and Hypothesis
Many factors affect the damping characteristics of the damper, such as the structural parameters of each valve system, the friction between the piston and the inner cylinder of the damper, the oil viscosity, the working temperature, and so on. Among them, the structural parameters of each valve system have a great influence on the damping characteristics, such as the constant through-hole diameter, the thickness of the valve plate, the limit clearance of the valve plate, and so on. To avoid the mathematical model being too complex and inconvenient for the subsequent simulation analysis and optimal design, it is necessary to simplify and assume the working process of the damper in the mathematical modeling. The simplification and assumption are as follows.
(a) The internal leakage of the damping control valve and the external leakage of the damper are ignored.
(b) It is assumed that the temperature of the damper is constant and the viscosity of the damper oil is constant.
(c) It is assumed that the damper oil is not compressible and the bubble phenomenon is not considered.
(d) The oil pressure of the recovery cavity and compression cavity is equal to the air pressure of the nitrogen cavity everywhere.
(e) It is assumed that there is no elastic deformation of the parts of the damper, such as the working cylinder and piston rod, except the annular valve plate.
The Damping Force
The working principle of the damper compression stroke and recovery stroke is similar. This paper analyzes the compression stroke of the valve-controlled damping adjustable damper.
When the valve-controlled adjustable damper is on the compression stroke, the piston rod moves downward, the pressure of the compression cavity increases and the pressure of the recovery cavity decreases. Under the action of the piston, the oil in the damper flows from the compression cavity to the recovery cavity through the damping control valve. The pressure of the recovery cavity, compression cavity, and nitrogen cavity are P1, P2, and P3, respectively.
The piston separates the oil from the nitrogen gas. The pressure of the compression cavity and nitrogen cavity are equal. During the compression stroke, as the piston moves down, the pressure in the nitrogen cavity will also increase. According to the gas isothermal state equation:
[image: image]
Where P0 is the initial pressure of the nitrogen cavity (Pa); V0 is the initial volume of the nitrogen cavity (m3); xq is the nitrogen cavity piston displacement (m); r is the temperature index (r = 1.4).
In the compression stroke, the damping force is mainly caused by the pressure difference between the two ends of the piston and the friction between the piston and the working cavity:
[image: image]
Where Fc is the compression stroke damping force of the valve-controlled adjustable damper (N); Ad is the working cylinder area (m2); Ar is the piston rod area (m2); P1 is the oil pressure of the recovery cavity (Pa); P2 is the oil pressure of the compression cavity (Pa); Ff is the friction between the piston and the working cylinder during compression stroke (N); v is the piston movement speed (m/s); sng(v) is step function of v.
[image: image]
Where Ff is the friction force between the piston and the working cylinder during the compression stroke (N); Hr is the contact width between the piston and the working cylinder (m); Pn is the radial pressure on piston (Pa); [image: image] is the hydraulic oil density (kg/m3); δ is the oil film thickness (m); vk is the initial valve opening speed (m/s); ut is the dynamic viscosity of the oil (N·s/m2); Ab is the contact area between the piston and the working cylinder (m2); sp is the displacement of the piston after the valve is opened (m).
Analysis of Valve Opening State of Valve-Controlled Adjustable Damper
For the valve-controlled damper, the mechanical model of the piston valve system or the damper control valve system can simplify the mechanical model of the annular thin plate. The throttling gap of the ring valve divides three stages: before the first opening, after the first opening, and after the second opening. The size of the throttling gap, that is, the deflection of the valve plate is determined by the oil hydraulic pressure difference between the two ends of the valve system. The deflection of the valve plate is zero before the first opening, and the size of the throttling gap after the first opening is determined by the oil hydraulic pressure difference between the two ends of the valve system, the deflection of the annular valve plate is fixed after the second opening, which is equal to the maximum deflection after the first opening. Therefore, it is necessary to model the two states before and after opening the valve, respectively. The oil circuit diagram of the two cases is shown in Figure 6.
[image: Figure 6]FIGURE 6 | Oil circuit diagram of the compression stroke. Note: (A) Before opening the valve for the first time; (B) After opening the valve for the first time.
Before Opening Valve for the First Time
Figure 6A shows a schematic diagram of the oil circuit before opening the valve for the first time. When the vibration speed is small, the oil pressure is less than the valve plate pre-tightening force (Ma et al., 2013), that is, before the initial opening of the valve, the oil in the damper flows through the constant through-hole of the damping control valve and the piston gap.
The constant through-hole is a small hole with a thick wall:
[image: image]
Where ΔP21 is the pressure difference between the compression cavity and the recovery cavity (MPa); Ct is the flow coefficient of the constant through-hole; Nt is the number of the constant through-hole; At is the flow area of the constant through-hole (m2); ρ is the oil density (kg/m3).
The piston gap is an eccentric annular gap, and the flow through the piston gap can be expressed as:
[image: image]
Where ΔP21 is the pressure difference between the compression cavity and the recovery cavity (MPa); d is the inner diameter of the working cylinder (m); δ is the oil film thickness (m); e is the eccentricity; l is the gap length (m).
The constant through-hole is connected in parallel to the piston gap, and the total flow is:
[image: image]
Where vc1 is the piston movement speed of the compression stroke (m/s).
The pressure difference between the compression cavity and the recovery cavity can be obtained by Eq. 6. The final compression stroke is as follows:
[image: image]
After Opening Valve for the First Time
Figure 6B shows the schematic diagram of the oil circuit after opening the valve for the first time. When the vibration speed increases, the oil pressure is greater than the valve plate pre-tightening force, that is, after the initial opening of the valve, the oil in the damper flows through the constant through-hole, throttle gap, and the piston gap, the throttle gap includes valve hole of check valve “a” and annular gap.
When the annular disc is open and the opening is fa, the throttle gap can be regarded as an annular plane gap, and the flow rate is expressed as:
[image: image]
Where fa is the maximum deflection of the annular disc of the check valve “a” (m); ΔP31 is the pressure difference at both ends of the check valve “a” (MPa); rc1 is the inner circle radius of the annular disc of the check valve “a” (m); rc2 is the outer circle radius of the annular disc of the check valve “a” (m).
Similar to Eq. 6, the throttle gap of the check valve “a” is connected in series with the hole of the check valve “a”, so the flow of the two is equal. The constant through-hole, throttling gap, and piston gap are parallel. The total flow after the opening of the valve can be obtained by adding the three flow rates. According to the above two groups of relationships, the total flow after the first opening of the valve is:
[image: image]
Where vc2 is the velocity of the piston movement after the initial valve opening of the compression stroke (m/s); Q21 is the flow of the through-hole (L/min); Q22 is the flow of the through-hole of check valve “a” (L/min); Q23 is the flow of the through the annular gap (L/min); Q24 is the flow of the through piston gap (L/min).
The flow calculation of “Q21” and “Q24” is similar to that of “Q11” and “Q12” before opening the valve for the first time. The pressure difference between the compression cavity and the recovery cavity can be obtained by Eq. 9. Finally, the damping force of the compressed stroke after opening the valve is:
[image: image]
COMPARATIVE ANALYSIS ON SIMULATION EXPERIMENT OF VALVE-CONTROLLED ADJUSTABLE DAMPER
Simulation Analysis of Damping Characteristics
The simulation analysis of damping characteristics of the valve-controlled adjustable damper can reduce the prototype experiment, evaluate the performance of the damper and improve the development efficiency.
Simulation Experiment and Key Parameters Design
Based on the mathematical model of the valve-controlled adjustable damper, the damping characteristic model of the valve-controlled adjustable damper is built by using Matlab software, and the damping characteristic is simulated and analyzed. Figure 7 shows the simulation flow chart of the adjustable damper.
[image: Figure 7]FIGURE 7 | Simulation process of the adjustable damper.
The structural parameters and oil parameters of the damping control valve are internal parameters, and the external excitation is the external parameter. Combined with the mathematical model of damping characteristics, the damping characteristics of the compression stroke before and after opening the valve and the recovery stroke before and after opening the valve are solved, respectively, and the damping characteristic curve of the whole damper is drawn finally. According to the test requirements of damping characteristics of the damper, the external excitation signal is set as a sinusoidal signal with an amplitude of 50 mm.
The vibration speed of the damper are 0.05, 0.13, 0.26 0.39 and 0.52 m/s, the corresponding excitation frequencies are set at 0.16, 0.42, 0.83, 1.24 and 1.66 Hz, respectively. To improve the simulation efficiency, we choose the second gear of the damping valve as the simulated target, and Table 1 shows the main structural parameters of the damper under this target.
TABLE 1 | Key structural parameters of the valve-controlled damping adjustable damper.
[image: Table 1]As shown in Figure 8, the indicated power characteristic curve of the valve-controlled adjustable damper can obtain by substituting the set parameters into the simulation program.
[image: Figure 8]FIGURE 8 | Indicator diagram of the damper.
Indicator Characteristics
As shown in Figure 8, when the excitation speed is 0.05, 0.13, 0.26, 0.39, and 0.52 m/s, the maximum compression damping force is 431 N, 909 N, 1268 N, 1690 N, and 2047 N, respectively, and the maximum recovery damping force is 780 N, 1638 N, 2348 N, 3099 N, and 3935 N, respectively. With the increase of the excitation speed, the damping force also increases and the maximum damping force appears in the stroke center of the damper. During the compression stroke, when the displacement is −20–20 mm, the damping force is basically unchanged. The damping force change rate gradually decreases from the maximum stroke to the stroke center, the curve is smooth, and the damping force is not distorted.
Experimental Study on Damping Characteristics
To ensure the accuracy and reliability of contribution rate analysis and damper parameter optimization results, it is necessary to verify the accuracy of the mathematical model of damping characteristics. Therefore, an experimental study on the valve-controlled adjustable damper is carried out.
Experimental Design
Figure 9 shows a test bench for the valve-controlled adjustable damper. The test bench mainly consists of three parts: mechanical system, hydraulic system, and measurement and control system. The mechanical part is mainly composed of the bench and damper fixtures. The hydraulic part mainly includes a hydraulic pump station, electro-hydraulic servo valve, actuator, and other hydraulic auxiliary components. The measurement and control system mainly includes a monitoring computer, displacement sensor, force sensor, servo amplifier, etc.
[image: Figure 9]FIGURE 9 | Picture of the experimental bench.
During the experiment, it is necessary to ensure the vertical installation of the damper. The lower lug of the damper is connected to the actuator through a clamp, and the upper end of the damper is connected to a force sensor to adjust the gear of the damper. The test method of fixed stroke and variable frequency is adopted.
According to the vibration speed of the damper, the excitation frequencies of the corresponding actuators are set at 0.16, 0.42, 0.83, 1.24, and 1.66 Hz, respectively (Xie et al., 2015). After three to five working cycles, according to the damping force and displacement signals collected by the acquisition card, the characteristic curves of the indicator diagram under each excitation frequency are drawn, as shown in Figure 10 and Table 2.
[image: Figure 10]FIGURE 10 | Indicator diagram of the damper.
TABLE 2 | Comparison of damping peak values of the simulation and test.
[image: Table 2]Indicator Characteristics
Comparing Figures 8 and 10, there are found that the experimental curve does not have distortion, and the contour of the indicator diagram is similar to the simulation curve. With the increase of the excitation speed, the damping force also increases. The maximum damping force appears at the stroke center of the damper. At the same time, the absolute value of the recovery damping force is greater than the compression damping force, and the damping force is not distorted. As shown in Table 2, under the five experimental speeds, the maximum error between the experimental peak and the simulation peak is 11.6%, and the average error of the peak is 9.15%, which indicates that the established mathematical model can better describe the working state of the damper.
RESEARCH ON DAMPLING CONTRIBUTION RATE OF KEY PARAMETERS
Design of experiments (DOE) is a structured mathematical-statistical method (Montgomery, 2009). Through small-scale experiments and experimental data analysis, the influence of different control parameters on one or more target functions can be compared, and the key experimental factors can be identified. Through the experimental design, the influence of various design variables on damping characteristics can be explored, and the key design variables can be selected to reduce the design cost.
The damping contribution rate reflects the percentage of damping force of different parameters in the damping work process. The key design parameters are initially screened, the upper and lower limits of each parameter are given, the cumulative damping force of each key parameter is calculated, and the damping contribution rate of different parameters is obtained.
Experimental Design of Key Parameters of Valve System
DOE is essentially a mathematical model, which aims to find the relationship between factors and response. It is generally divided into three stages: experiment plan, experiment execution, and experiment result in analysis.
Determination of Experimental Factors
Many factors affect the damping characteristics of the valve-controlled adjustable damper. To improve the efficiency of experimental design, the key parameters such as the constant through-hole diameter, the valve plate equivalent thickness and the valve plate pre-tightening force of the two check valves “a” and “b” are selected as DOE experimental factors. Table 3 shows the selected experimental factors and their level values.
TABLE 3 | Parameter level values of influencing factors of damping characteristics.
[image: Table 3]Determine Design Matrix, Factor Level, and Response
According to the research purpose, the damping work of the compression stroke is determined as the response under different excitation speeds of 0.05, 0.13, 0.26, 0.52, and 1 m/s.
Experimental Plan
In ISIGHT, DOE components in-process components and Matlab interface components in application components are used to build the simulation process. The structural parameters and oil parameters of the damping control valve are internal parameters, and the external excitation is external parameters. The experiment includes two strokes of restoration and compression, five excitation speeds for each stroke, seven factors for each stroke, and two levels for each factor, run ISIGHT, and get the final result after calculation.
Discussion of Key Parameters of Valve System
Figure 11 shows the damping contribution rate of each parameter in the compression stroke under different excitation speeds. In the figure, the left axis represents the damping contribution rate of the parameter, and the right axis represents the cumulative percentage of the parameter.
[image: Figure 11]FIGURE 11 | The damping contribution rate of each parameter to the compression stroke under different excitation speeds (%). Note: Excitation speeds: (A) 0.05 m/s (B) 0.13 m/s (C) 0.26 m/s (D) 0.52 m/s (E) 1 m/s.
Figure 11A shows that when the excitation speed is 0.05 m/s, the damping contribution rate of the constant through-hole diameter is the largest, reaching 87.09%; Other parameters such as the valve plate pre-tightening force of the check valve “a” and the valve hole diameter of the check valve “a” contribute less than 5%. This is because when the excitation speed is 0.05 m/s, the check valve “a” is in the state before the first opening, and the damping force is basically generated by the constant through-hole at this stage, and other parameters have little influence on the damping work of the whole compression stroke.
Figure 11B shows that when the excitation speed is 0.13 m/s, the damping contribution rate of the constant through-hole diameter, the valve plate pre-tightening force of the check valve “a”, and the valve plate equivalent thickness of the check valve “a” are larger, and the cumulative contribution rate of the three reaches 94.22%. The damping contribution rate of the constant through-hole diameter decreased. This is because when the valve is opened for the first time, the damping force is mainly provided by the through-hole and the annular gap.
Figure 11C shows that when the excitation speed is 0.26 m/s, the damping contribution rate of the valve plate equivalent thickness, the constant through-hole diameter, and the valve plate pre-tightening force of the check valve “a” are in the top three respectively, and their cumulative contribution rate reaches 90.57%. The damping contribution rate of the valve plate equivalent thickness of the check valve “a” increases, while the valve plate pre-tightening force of the check valve “a” decreases, and the damping contribution rate of the constant through-hole diameter further decreases. The reason is that the influence of the stage between the first opening and the second opening on the damping characteristics is mainly determined by the annular gap caused by the deformation of the valve plate.
Figure 11D shows that when the excitation speed is 0.52 m/s, the parameter with the largest damping contribution rate is the valve plate equivalent thickness of the check valve “a”, reaching 55.14%; The damping contribution rate of the valve plate maximum limit clearance of the check valve “a” increased from the seventh to the second, accounting for 15.9%. The damping contribution rate of the constant through-hole diameter and the valve plate pre-tightening force of the check valve “a” further decreased. This is because when the valve is opened in the second stage, the value of the valve plate maximum limit clearance of the check valve “a” directly determines the flow area of the annular gap. The reason for the decrease of the damping contribution rate of the constant through-hole diameter and the valve plate pre-tightening force of the check valve is similar to that when the excitation speed is 0.26 m/s, so it will not be repeated.
Figure 11E shows that when the excitation speed is 1 m/s, the parameters with the largest damping contribution rate are the valve plate equivalent thickness of the check valve “a” and the valve plate maximum limit clearance of check valve “a”, and the cumulative contribution rate of both is 75.16%.
The damping contribution of the constant through-hole diameter decreases gradually after the valve is opened for the first time. With the increase of the excitation speed, the valve plate equivalent thickness and the valve plate maximum limit clearance of the check valve gradually play a major role in the damping contribution rate. The mathematical modeling of the compression stroke and the recovery stroke is similar to the experimental design process. The discussion of the damping contribution rate of the key parameters in the recovery stroke is similar to that of the compression stroke, so it will not be repeated.
CONCLUSION
A valve-controlled damper with adjustable damping is developed and its damping characteristics are studied. The mathematical model of the damping characteristics of the valve-controlled adjustable damper before and after the opening valve is established, and the damping contribution rate of each parameter of the damping control valve is obtained. Detailed conclusions are presented below.
(a) The peak error of experiment and simulation is within the acceptable range, the damping force has no distortion, and the mathematical model of damping characteristics before and after opening the valve can better describe the working state of the damper.
(b) The simulation obtains the damping contribution rate of each parameter of the compression stroke damping control valve. When the excitation speed is 0.05 m/s, the damping contribution rate of the constant through-hole diameter is 87.09%; When the excitation speed is 0.13 and 0.26 m/s, the damping contribution rate of the constant through-hole diameter, valve plate pre-tightening force of the check valve “a”, and the valve plate equivalent thickness of the check valve “a” are larger, and the cumulative contribution rate of the three is 94.22 and 90.57%, respectively; When the excitation speed is 0.52 m/s, the parameter with the largest damping contribution rate is the valve plate equivalent thickness of the check valve “a”, reaching 55.14%. When the excitation speed is 1 m/s, the parameters with the largest damping contribution rate are the valve plate equivalent thickness of the check valve “a” and the valve plate maximum limit clearance of the check valve “a”, and their cumulative contribution rate reaches 75.16%.
(c) The damping contribution of the constant through-hole diameter decreases gradually after the valve is opened for the first time. With the increase of the excitation speed, the valve plate equivalent thickness and the valve plate maximum limit clearance of the check valve “a” gradually play a major role in the damping contribution rate.
(d) The research results of this paper can screen out the key design variables, improve the development efficiency of the damper, and provide reference and guidance for the damper design and optimization.
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NOMENCLATURE
Fc valve-controlled damping adjustable damper compression stroke damping force, N
Ff friction between the piston and the working cylinder during the compression stroke, N
Fa valve plate pre-tightening force of the check valve “a”, N
Fb valve plate pre-tightening force of the check valve “b”, N
l gap length, m
Ad working cylinder area, m2
Ar piston rod area, m2
Ab contact area between the piston and the working cylinder, m2
At flow area of the constant through-hole, m2
Pn radial pressure on piston, Pa
P0 initial pressure of the nitrogen cavity, Pa
P1 oil pressure of recovery cavity, Pa
P2 oil pressure of compression cavity, Pa
P3 pressure of nitrogen cavity, Pa
ΔP21 pressure difference between the compression cavity and the recovery cavity, MPa
ΔP31 pressure difference at both ends of the check valve “a”, MPa
V0 initial volume of the nitrogen cavity, m3
vc1 piston movement speed of the compression stroke, m/s
vc2 velocity of piston movement after initial valve opening of the compression stroke, m/s
rc1 inner circle radius of the annular disc of the check valve “a”, m
rc2 outer circle radius of the annular disc of the check valve “a”, m
δa valve plate maximum limit clearance of the check valve “a”, mm
δb valve plate maximum limit clearance of the check valve “b”, mm
dd inner diameter of the working cylinder, mm
dr diameter of the piston rod, mm
dt diameter of the constant through-hole, mm
day valve hole diameter of the check valve “a”, mm
dbf valve hole diameter of the check valve “b”, mm
Nt number of the normal through-hole, -
n number of the normal through-hole, -
na number of the check valve “a” hole, -
nb number of the check valve “b” hole, -
Hr contact width between the piston and the working cylinder, m
hae valve plate equivalent thickness of the check valve “a”, mm
hbe valve plate equivalent thickness of the check valve “b”, mm
Ct flow coefficient of the constant through-hole
Ρ oil density, kg/m3
Δ oil film thickness, m
e eccentricity, -
δ piston clearance, mm
xq the nitrogen cavity piston displacement, m
r the temperature index, 1.4
sp the displacement of the piston after the valve is opened, m
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Self-priming pumps, as important two-phase fluid machinery, are widely used in disaster relief and emergency fields. The flow characteristics of the air–liquid two-phase fluid play an essential role in the self-priming pump performance. However, the traditional simulation employed the single-diameter bubbles for analysis, which cannot reflect the internal flow field characteristics. Therefore, in this article, the Population Balance Model (PBM) is employed, which divides the bubble into different diameter groups, and the collision and coalescence between the bubble are considered in the calculation to investigate the influence of different air voids and flow conditions on the performance self-priming centrifugal pumps. The result shows that the frequency of bubble coalescence at the shroud is higher, which is conducive to the formation of large-sized bubbles. Meanwhile, the increment of flow conditions has a significant effect on reducing the pressure pulsation of the gas–liquid two-phase flow, while the improvement of the air voids not only destroys the instability and asymmetry of the internal flow of the two-phase flow but also aggravates the amplitude of pressure pulsation, increasing the surface loading of the blade and radial force. Therefore, this article can provide a certain theoretical reference for the study of air–liquid two-phase flow characteristics of self-priming centrifugal pumps.
Keywords: population balance model, self-priming pump, flow characteristics, blade surface loading, pressure fluctuation
INTRODUCTION
Self-priming pump plays an essential role in disaster relief and emergency fields, and many scholars pay attention to the flow characteristic of the air–liquid two-phase flow of the self-priming pump. Wang et al. (2019a) and Wang et al. (2019b) simulated the air–liquid two-phase basis of the four-stage self-priming pump and found that the self-priming procession consisted of three parts, and the middle self-priming part has an important effect on the self-priming performance. Qian et al. (2020) and Qian et al. (2021) employed the Euler–Euler multiphase model and SST k-omega turbulence model to investigate the two-phase flow patterns of the self-priming process. The results present the air–liquid mixing and separation regulation, and the experiments are carried out to improve the accuracy of the analysis. Huang et al. (2014) studied the transient gas–liquid flow of the start-up stage based on a vertical self-priming pump, and the self-priming time and performance can be predicted by numerical calculations. Zhou et al. (2019) analyzed the influence of reflux holes on the transient flow characteristics of the self-priming sewage centrifugal pump, and the unsymmetrical vortex flow structures are found in the flow field, which aggravates the pressure fluctuation amplitude. Zhang et al. (2021) compared the rapid and slow starting periods of the self-priming pump by experiment, and the similarities and differences between the different start methods were investigated in detail. Chang et al. (2020) and Chang et al. (2021) combined the orthogonal design and grey-correlational method to analyze the influence of geometrical parameters of self-priming equipment on the self-priming performance, and the effect law of the self-priming time is obtained.
Zhang et al. (2016) conducted the visualization experiment based on a three-stage pump with gas and water as the medium and found that the inlet part of the impeller is a bubbly flow, and the average bubble diameter increases with the increase in gas content but decreases with the increase in speed. Ganat et al. (2015) proposed a novel flow calculation method to improve the error caused by the previous measurement based on the traditional method of measuring gas flow. Barrios and Prado (2011) found that the bubble behavior is related to the sudden drop of the head, which is accompanied by the cavitation at the inlet of the pump based on the visual experiment. Yonggang et al. (2019) studied the flow mechanism of the reactor system cooling pump in a gas–liquid two-phase mixed operation state and used the CFX numerical calculation method to analyze the internal gas–liquid distribution of the reactor cooling pump under the four flow conditions with different gas content. Murakami and Minemura (1974) studied the effect of the number of impeller blades on the performance of centrifugal pumps under the aeration conditions and found that the hydraulic loss caused by the bubble flow resistance reduces the total head. Monte Verde et al. (2017) studied the gas–liquid two-phase flow in an electric pump through high-speed photography, and the results show that the appearance of cavitation was the cause of the deterioration of the pump performance. Müller et al. (2015) analyzed the gas–liquid flow characteristics in the centrifugal pump based on the Euler–Euler two-fluid model. Meanwhile, the bubbles and water are regarded as incompressible media, and the interphase force only considers the drag force calculated by the Schiller–Norman model throughout the simulation process. Wu et al. (2017) proposed to use the high-pressure gas generated in the system evaporator to drive a multi-stage gas–liquid booster instead of an electrical working fluid pump which can improve the performance of the organic Rankine cycle system. Zhang et al. (2017) conducted an experimental study on the internal flow characteristics of the side-channel pump under the gas–liquid two-phase flow conditions and analyzed the influence of the blade suction angle on the head and efficiency under different inlet air volume fractions. Musakaev and Borodin (2016) established a two-phase flow model based on a centrifugal pump located in a permafrost zone, which is used to predict the flow field parameters of the two-phase flow inside the centrifugal pump, and added the influence of temperature on the gas–liquid two-phase flow.
Although the researchers have carried out a lot of research on the air–liquid two-phase flow in the centrifugal pumps, the air–liquid two-phase flow simulations were conducted based on the single-diameter bubbles for the analysis. However, in actual operation, due to the interaction between the bubbles and the internal flow field, the collision and coalescence of the bubble are generated, namely, the small bubbles will collide to form large bubbles, and the large bubbles will break into the small bubbles. Therefore, there is a certain deviation in the simulation of the air–liquid two-phase flow with a single-diameter bubble. In this article, the Population Balance Model (PBM) was employed, which divides the bubble into different diameter groups, and the collision and coalescence of the bubble are considered in the calculation to investigate the influence of different air voids and flow conditions on the performance self-priming centrifugal pumps under the part-load flow conditions, which provides a certain theoretical reference for the study of the air–liquid two-phase flow characteristics of the self-priming centrifugal pumps.
CALCULATION METHOD AND MODEL
In this article, the SST k-ω turbulence model is used for the transient numerical calculation, and the total calculation time is 0.2 s. The numerical analysis medium uses 25°C clear water and air as the two-phase flow. By adopting the Euler–Euler model to load the group balance model, the internal flow characteristics of different air voids under the part-load flow conditions are analyzed. The calculation of the self-priming pump consists of five parts: inlet pipe, outlet pipe, self-priming chamber, impeller, and volute. In order to reduce the influence of the inlet and outlet pipe on the analysis results, the inlet and outlet pipe are extended 5 times of the impeller inlet diameter, and the calculation model is shown in Figure 1.
[image: Figure 1]FIGURE 1 | The calculation model of the self-priming pump.
In order to decrease the investigation period, the structured grids are applied on the calculation models by ANSYS ICEM, the grids of the blade leading edge and volute tongue is conducted as a local encryption part. Meanwhile, the optimal flow condition is 500 m3/h, the rotation speed is 2,200 r/m, and the design head is 45 m. Considering the influence of the grid number on the self-priming pump performance, the grid sensitive analysis is conducted. Grid numbers of 5.3×106, 4.5×106, 3.4×106, 2.6×106, 1.9×106, and 1.2×106 are selected. It is found that the deviation of the hydraulic performance is less than 1% when the grid number reaches 2×106, and the investigation results are shown in Figure 2. In addition, to ensure the analysis accuracy, the hydraulic experiments are carried out to validate the calculation result, as shown in Figure 3. The result presents that the deviation between the experiment and calculation is below 3%, which are the results from the volumetric loss without considering the numerical calculation. Thus, the calculation method is reliable for further investigation.
[image: Figure 2]FIGURE 2 | Grid sensitive analysis.
[image: Figure 3]FIGURE 3 | Investigation of the calculation and experiment.
Meanwhile, four schemes under the part-load flow conditions are proposed, as shown in Table 1. According to the previous analysis, the bubbles size distribution is divided into 10 groups. The bubble groups and sizes are shown in Table 2. In the calculation process, the drag force and the virtual mass force are added as the interphase force, and the Schiller–Naumann model is set as the drag coefficient. At the same time, the breakage and coalescence between the bubbles are considered, and the Luo–Svendsen coalescence and breakage models are added in the calculation.
TABLE 1 | Selection of schemes.
[image: Table 1]TABLE 2 | Groups of different bubble sizes.
[image: Table 2]ANALYSIS OF INTERNAL FLOW FIELD
In this article, the group balance model is applied to analyze the influence of air voids and flow conditions on the internal flow characteristics. Figure 4 presents the distribution of 10 different sized bubbles on the circumferential surface of the rear cover (Span 0). Figure 4A shows the distribution of the bubbles with the 1 mm diameter. It can be seen that the bubble distribution of each scheme has obvious similarities. Meanwhile, a small number of bubbles with 1 mm were found on the leading edge of the blades in scheme 1. However, by increasing the air voids under the same flow condition, the strength and area of the bubble distribution are slightly increased in scheme 2. When the flow conditions improve to 300 m3/h, it can be found that a small amount of 1 mm bubbles are generated at the leading edge in scheme 3. Although the distribution area is smaller than that in scheme 2, the strength is significantly enhanced. At the same time, it can be found that the 1 mm bubbles are also generated in the impeller flow passages, but the area is significantly smaller than the leading edge of the blade. By further increasing the air voids based on scheme 3, each impeller flow channel of scheme 4 is distributed with the first size group of the bubbles, and the distribution area is significantly larger than scheme 3.
[image: Figure 4]FIGURE 4 | Distribution of different sizes bubbles on the Span 0. (A) The distribution of 1 mm bubbles. (B) The distribution of 2 mm bubbles. (C) The distribution of 3 mm bubbles. (D) The distribution of 4 mm bubbles. (E) The distribution of 5 mm bubbles. (F) The distribution of 6 mm bubbles. (G) The distribution of 5 mm bubbles. (H) The distribution of 6 mm bubbles. (I) The distribution of 5 mm bubbles. (J) The distribution of 6 mm bubbles.
As shown in Figure 4B, the distribution of the bubbles with 2 mm on Span 0 has a similar variation trend with the 1 mm bubbles, but the area and intensity are significantly enhanced. Compared with the other three schemes, the distribution area of 2 mm bubbles in scheme 1 is the smallest. When the air voids are increased from 3 to 6%, the bubble distribution near the leading edge of the blade is significantly increased. The main reason for this phenomenon is that the improvement of air voids aggravates the collision frequency between the small-sized bubbles and the coalescence ability of the bubble groups improves continuously. When the flow rate reaches 300 m3/h and the air voids are 3%, it is found that the bubbles are generated at the leading edge of the blade and the impeller flow channel. Subsequently, by increasing the air voids to 6%, the distribution of the 2 mm bubbles at the leading edge of the blade and the impeller flow channel is further enhanced. Therefore, by comparing the distribution of the first two groups of size bubbles, it can be found that the bubble distribution shows an increasing trend as the bubble size improves. However, in Figure 4C, the distribution area and the intensity of the 3 mm bubbles are slightly reduced compared to the 2 mm bubbles. When the size bubbles improve from 3 to 10 mm, the corresponding size bubble distribution is continuously reduced. As the bubble size increases to 7 mm, no bubble can be found in scheme 1. Meanwhile, when the bubble size increases to 10 mm, only a small amount of the 10 mm bubbles is generated in scheme 4. Therefore, it can be found that as the bubble size increases from 3 to 10 mm, the coalescence ability of the bubbles of the corresponding size is continuously weakened.
However, the overall variation of the bubble distribution on the rear cover (Span 1) is relatively small. Figure 5A presents the distribution of the bubbles with 1 mm. It can be seen from the figure that only a small number of bubbles were generated on the trailing edge of the blade in scheme 4. By comparing the 2 mm bubble distribution diagrams, it can be found that there are a few bubbles generated in schemes 1 and 2. Figures 5C–J present the distributions from the 3 mm to the 10 mm bubbles. Through comparison, it is found that the distribution of the last eight groups of bubbles shows the same variation trend. There are no large-sized bubbles generated in schemes 1 and 2, but a small number of the large-sized bubbles are generated in scheme 3, and the bubble distribution on the pressure surface of scheme 4 is larger than the other schemes, and the bubble distribution between the adjacent blades is quite different. Furthermore, a large number of bubbles are formed on the trailing edge of the pressure surface near the tongue. As the position of the blade gradually moves away from the tongue, the distribution area gradually decreases. This is mainly due to the continuous collision of the bubbles in the flow field at the shroud, which leads to the generation and gathering of the large-sized bubbles. Therefore, by comparing the bubbles distribution on the shroud and rear cover, it can be found that more large-sized bubbles are formed on the shroud, while the small-size bubbles are generated on the rear cover. The main reason for this phenomenon is that the trailing edge vortex is formed at the outlet of the impeller when the self-priming centrifugal pump operates the under part-load flow conditions. According to the previous analysis (Chang et al., 2019), it can be seen that the vortex is mainly formed near the rear cover, thus the violent collision of the bubble group is formed near the rear cover, which results in the coalescence of the large-sized bubbles. In contrast, the frequency of the bubble coalescence at the shroud is higher, which is conducive to the formation of the large-sized bubbles.
[image: Figure 5]FIGURE 5 | Distribution of different sizes bubbles on the Span 1. (A) 1 mm bubbles. (B) 2 mm bubbles. (C) 3 mm bubbles. (D) 4 mm bubbles. (E) 5 mm bubbles. (F) 6 mm bubbles. (G) 7 mm bubbles. (H) 8 mm bubbles. (I) 9 mm bubbles. (J) 10 mm bubbles.
ANALYSIS OF PRESSURE PULSATION CHARACTERISTICS
In order to ensure the smooth operation of the self-priming pump under the air–liquid two-phase flow conditions, the pressure pulsation characteristics under the different air voids and flow conditions were analyzed in this section. Considering the wrap angle of the impeller to be 60°, the pressure pulsation monitoring points are set on Span 0, Span 0.5, and Span 1 circumference surface every 10°, namely, the monitoring points C1, C2, C3, C4, and C5 on the circumference of Span 0, the monitoring points B1, B2, B3, B4, and B5 on the circumference of Span 0.5, and the monitoring points A1, A2, A3, A4, and A5 on the circumference of Span 1, as shown in Figure 6.
[image: Figure 6]FIGURE 6 | The location diagram of the pressure monitoring points.
Considering the accuracy of the investigation, the data of pressure pulsation are expressed by the dimensionless format, and only the pressure pulsation of the last rotation period is employed. The dimensionless pressure fluctuation data can be obtained by formula (1). At the same time, the density is the mixed density of the air–liquid two-phase flow. For the density of different air voids, the density can be calculated by formula (2) and 3, respectively.
[image: image]
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where, [image: image] is the mixed density of the air–liquid two-phase flow, [image: image] is the density of the liquid, and [image: image] is the density of air.
Figure 7 shows the distribution of pressure pulsation at the impeller outlet, it found that the pressure pulsation under the air–liquid two-phase flow is more complicated. There are multiple secondary peaks within a rotation period, and the pressure pulsation amplitude of each monitoring point is quite different. At the same time, due to the position difference of the monitoring points, the phase difference of the pressure pulsation peaks is generated at each point, and the No. 5 monitoring points sweep the tongue firstly. Therefore, the earliest pressure pulsation peak appeared at the monitoring point 5, and the pressure pulsation peaks of the monitoring points 4, 3, 2, and 1 are lagging behind point 5, respectively. However, the multiple peaks of pressure pulsation are found on the different monitoring points. This phenomenon is attributed to the violent collision of bubbles in the air–liquid two-phase flow, which results in the continuous breakage of large bubbles and the coalescence of small bubbles, the internal flow field is relatively turbulent, thus the multiple peaks of pressure pulsation are generated at each monitoring point.
[image: Figure 7]FIGURE 7 | The pressure fluctuations distribution of different schemes. (A) The pressure pulsation distribution of scheme 1. (B) The pressure pulsation distribution of scheme 2. (C) The pressure pulsation distribution of scheme 3. (D) The pressure pulsation distribution of scheme 4.
As shown in Figure 7, the pressure pulsation amplitude increased continuously when the monitoring points moved from the shroud to the rear cover in scheme 1. The negative amplitude of pressure pulsation of each monitoring point is greater than the positive amplitude. While the positive amplitude difference of the monitoring points on the same circumferential surface is slightly different, the negative amplitude is quite different. Among them, the order of the magnitude of the negative amplitude of each monitoring point is 2 > 3> 4 > 5> 1, namely, the negative amplitude of position 2 is the largest. As the air voids increase to 6%, it can be found that the negative amplitude of the pressure pulsation at each monitoring point in scheme 2 is still greater than the positive amplitude, and the magnitude of the negative amplitude is significantly improved compared to scheme 1. Meanwhile, the pulsation amplitude of the monitoring points on the rear cover is also greater than the pressure pulsation amplitude on the shroud. Furthermore, by comparing the monitoring points on the same circumferential surface, it can be found that the order of the negative amplitudes of the monitoring points remain unchanged. When the flow conditions are further increased, it can be found that the pressure pulsation amplitude of scheme 3 is significantly reduced, which is consistent with the internal flow law of the clear water state. The speed of the fluid flowing out of the impeller continues to increase, which collides with the fluid in the volute. Due to the large difference in speed and direction of the fluid between the impeller and volute, a large impact loss and severe pressure pulsation are formed. With the increase of the flow conditions, the speed difference between the impeller and the volute continues to decrease, the unstable characteristics of the internal flow field are effectively improved, and the pressure fluctuation waveforms at each monitoring point tend to be consistent. At the same time, when the flow rate reaches 300 m3/h, and the air voids are increased from 2 to 6%, it can be found that the pressure pulsation amplitude of each monitoring point in scheme 4 has a significant increase. More importantly, the amplitude of the monitoring points on the rear cover is still greater than that of the shroud, which results from the increase of the air voids enhancing the frequency of collisions between the bubbles in the two-phase flow and aggravating the instability of the internal flow. The breakage and coalescence of the bubbles at the rear cover are more significant, thus making the pressure fluctuations more severe. Therefore, in this section, the pressure pulsation characteristic of the air–liquid two-phase flow is analyzed by increasing the flow condition and the air voids. It can be found that the two methods have opposite mechanisms of pressure pulsation. The increase in flow conditions has a significant effect on reducing the pressure pulsation of the gas–liquid two-phase flow, and the improvement of the air voids not only destroys the stability of the internal flow of the two-phase flow but also aggravates the amplitude of pressure pulsation.
ANALYSIS OF BLADE SURFACE LOADING
Figure 8 presents the blade surface loading distribution on the two circumferential surfaces of the shroud and the rear cover. It can be found that the surface loading of the blade is mainly composed of the two upper and lower curves, and the difference between the two curves presents the surface loading of the blade. By comparing the blade surface loading of the four schemes, it can be found that the pressure on the pressure surface and the suction surface presents the increment trend from the leading edge to the trailing edge, and there are three zero-load points that are generated on the blade, namely. The pressure on the pressure surface and suction surface has the same value.
[image: Figure 8]FIGURE 8 | The blade loading with different schemes. (A) Scheme 1. (B) Scheme 2. (C) Scheme 3. (D) Scheme 4.
The pressure curve on the pressure surface of the blade first drops sharply near the leading edge and then rises at a constant speed to intersect with the pressure curve of the suction surface, that is, there is a point where the pressure on the pressure surface of the blade is equal to the suction surface of the blade, and the first zero load point is generated at the blade relative streamline position of 0.25. This phenomenon is attributed to the collision between the leading edge of the blade and the incoming flow of the inlet pipe, the sudden changes of the liquid speed direction under the action of the blade, which results in the pressure on the pressure surface and the suction surface changes sharply. At the same time, when the relative streamline position passes through the first zero load point, the pressure on the pressure and suction surface still maintains the upward trend, but the pressure growth rate on the suction surface continues to increase and gradually exceeds the growth rate of the pressure surface. At this time, due to the continuous collision of large bubbles and the coalescence of small bubbles, the pressure on the pressure and suction surface of the blade improves progressively. When the pressure caused by the collision and coalescence of the bubble on the suction and pressure surface keep the same value, the second zero load point is formed. In addition, the formation of the third zero-load point is mainly due to the influence of the stator–rotor interaction between the tongue and blade. By comparing the blade surface loading distribution of different schemes, it can be found that due to the violent collision of bubbles at the rear cover, the pressure on the pressure surface and suction is significantly larger than that at the shroud. The surface loading of the rear cover is larger than the shroud. After increasing the air voids based on scheme 1, the blade surface loading increased slightly. However, as the flow rate increases, the blade surface loading decreases effectively. By comparing scheme 3 and scheme 4, the result shows that the blade surface loading has also been improved. Therefore, the effect of air voids and flow rate on the blade surface loading is obtained, two factors have opposite effects on the blade loading. The increment of the flow rates improves the internal flow law and greatly reduces the surface load of the blade, while the improvement of the air voids enhances the collision between the bubbles, which aggravates the instability in the flow field, and increases the surface loading of the blade.
DISTRIBUTION OF RADIAL FORCE
The pump with a spiral volute will lead to the radial force on the impeller during operation, which will cause the shaft to be subjected to alternating stress, resulting in a directional disturbance and affecting the service life of the pump. This phenomenon is attributed to the asymmetry structure of spiral volute is design basis of optimal flow condition, the velocity, and pressure of the liquid in the volute around the impeller are uniform and axisymmetric, without force is pushed on the impeller at the radial direction. However, the break of the radial pressure balance under the nonoptimal flow rates results in the generation of the radial force. In order to ensure the precision of the radial force analysis, we perform a dimensionless processing on the radial force to obtain the radial force coefficient CF. The calculation formula is
[image: image]
At this time, the density is the mixed density of the air–liquid two-phase flow. Therefore, the density of different air voids can be solved by Eqs 2, 3 separately.
Figure 9 shows the radial force polar coordinate distribution of different schemes. It can be seen from the figure that the direction and magnitude of the radial force upon the impeller during the rotation process are always changing. Meanwhile, each group of schemes has the similar transformation law, and there is a consistent waveform in each rotation cycle. With the rotation of the impeller, six wave peaks and six wave troughs can be found in the radial force distribution of each scheme, which is equal to the number of impeller blades, and the wave peaks and troughs have the same angle under the different flow conditions. However, by comparing the four schemes, it can be found that the radial force amplitude of scheme 1 and scheme 2 is large, and the obvious eccentricity is generated. With the increase in flow conditions, the radial force amplitude of scheme 3 and scheme 4 decreases significantly. At the same time, the eccentricity phenomenon is effectively improved. The main reason for this phenomenon is that the velocity in the flow field of the volute is inconsistent with the velocity and direction at the outlet of the impeller, and an obvious collision is created, which results in an uneven distribution of the velocity at the exit of the impeller. The velocity in each flow passage of the impeller is relatively turbulent, which results in a larger radial force amplitude. At the same time, according to the internal flow field analysis, it can be seen that there are continuous bubble collisions in the impeller, a lot of large bubbles are generated, and these bubbles are not evenly distributed in each impeller flow channel, which promotes the formation of local blockages in the individual flow channels. Furthermore, the flow direction in the flow field is changed, which intensifies the asymmetry of the velocity at the impeller outlet. Therefore, the eccentricity of the radial force distribution in schemes 1 and 2 is generated. Moreover, due to the air voids continuously improving from scheme 1 to scheme 2, the collision frequency of the bubbles in the flow field is increased, which leads to the eccentricity phenomenon being more obvious. With the increase of the flow conditions, the velocity difference between the volute and the impeller in the flow field gradually decreases, and the internal flow field becomes smoother. Hence, the radial force amplitude is significantly reduced, and the eccentricity phenomenon is effectively improved.
[image: Figure 9]FIGURE 9 | Radial force distribution of each scheme.
Therefore, the influence of the flow conditions and the air voids on the radial force of the impeller was investigated in this section. It can be found that the increase in the flow condition effectively improves the internal flow law and greatly reduces the radial force of the impeller. While the increment of air voids enhances the collision between the bubbles, aggravating the asymmetry in the flow field intensifies the eccentricity of the radial force.
CONCLUSION

(1) By comparing the bubble distribution on the shroud and rear cover, it can be found that larger-sized bubbles are formed on the shroud, while the smaller-sized bubbles are generated on the rear cover. Because of this, the trailing edge vortex is formed at the outlet of the impeller when the self-priming centrifugal pump operates under the part-load flow conditions. The vortex is mainly formed near the rear cover; thus, the violent collision of the bubble group is formed near the rear cover, which results in the difficulty in coalescence of the large-sized bubbles. In contrast, the frequency of the bubble coalescence at the shroud is higher, which is conducive to the formation of the large-sized bubbles.
(2) The pressure pulsation characteristic of the air–liquid two-phase flow is analyzed by increasing the flow condition and the air voids. It can be found that the two methods have opposite mechanisms of pressure pulsation. The increase in the flow conditions has a significant effect on reducing the pressure pulsation of the gas–liquid two-phase flow, and the improvement of the air voids not only destroys the stability of the internal flow of the two-phase flow, but also aggravates the amplitude of pressure pulsation. Meanwhile, the multiple peaks of pressure pulsation are found on different monitoring points, considering the violent collision of the bubbles in the air–liquid two-phase flow, which results in the continuous breakage of the large bubbles and the coalescence of small bubbles, the internal flow field is relatively turbulent. Thus, the multiple peaks of pressure pulsation are generated at each monitoring point.
(3) According to the analysis of the blade surface loading and the radial force distribution, it can be found that the pressure on the pressure surface and the suction surface presents the increment trend from the leading edge to the trailing edge, and the three zero load points are generated on the blade. Meanwhile, the pressure on the pressure and suction surface is significantly larger than that at the shroud, and the effect of air voids and flow rate on the blade surface loading is obtained. The increment of the flow rates improves the internal flow law and greatly reduces the surface load of the blade, while the improvement of the air voids enhances the collision between bubbles, which aggravates the instability and asymmetry in the flow field, increasing the surface loading of the blade and radial force.
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Through discrete element method-computational fluid dynamics, the internal flow field and particle motion law of a two-stage deep-sea lifting pump at different rotational speeds were analyzed in this work. In addition, the physical phenomena, such as flow field velocity, secondary flow, and particle flow, were studied. The relationship between the rotational speed of the lifting pump and solid–liquid two-phase flow was investigated. An experiment on the hydraulic performance of the lift pump showed that the resulting lift and efficiency were consistent with the numerical simulation data. When the rotational speed was 1,450 rpm, the particles can obtain a higher kinetic energy from the flow field, the flow was more stable, and particle deposition was reduced.
Keywords: DEM-CFD, deep-sea mining, pump, particle, solid-liquid two phase
INTRODUCTION
Oceans contain many resources, including rich deep-sea mineral resources. For example, the total rare earth reserves in the North Central Pacific and Southeast Pacific Oceans are approximately 88 billion tons, which is more than 800 times the total rare earth resources on land (approximately 110 million tons) (Kato et al., 2011). In deep sea mining, lift pumps are key pieces of equipment for ore transportation. The performance (Chen, 2019) and safety of the lifting pump are important aspects of the operating efficiency of the entire deep-sea mining system. Zou et al. (2013) studied the lifting problem of electric transmission pumps and proposed a two-phase flow model of a homogeneous slurry. Dong et al. (2018) used a two-phase flow model of a homogeneous slurry to divide the solid particle size, thereby promoting the research on solid–liquid two-phase flow in deep-sea mining. However, their research utilized the traditional discrete phase model, whereby the mixture of fine particles and seawater was considered a homogeneous slurry, and the particle size ratio, and collision and aggregation between the particles were ignored. Furthermore, the interaction between the particles and fluid was not considered. He et al. (2018) proposed discrete element method-computational fluid dynamics (DEM-CFD) to study the gas–solid two-phase flow. Ebrahimi and Crapper (2017) studied the dynamic principle of DEM-CFD on a solid–liquid two-phase fluid flow. Hu et al. (2021) studied the internal flow of the pump through DEM-CFD coupling simulation and obtained the results for deep-sea pumps in extreme cases, such as surpassing the rated concentration, transportation of extremely large particles, deviation from the rated flow, and return flow of the slurry in the event of a power failure. For investigating the flow characteristics, Li et al. (2019) studied the external characteristics of the pump at different speeds and return flow rates of the pump based on DEM-CFD. These reports results provide favorable support for the study of solid–liquid two-phase flow in deep-sea mining. Wang et al. (2021) studied the influence of the particle migration characteristics on the pump flow and wear. Yang et al. (2014) analyzed the influence of the rotational speed on the solid–liquid two-phase flow, and pointed out that the volume distribution of the particles on the surface of the space guide vane is less affected by the rotational speed. Hu et al. (2020) used DEM-CFD to study the particle transport problem in Y-shaped elbows, and discussed the flow process of particles and fluids at different transport speeds. Liu et al. (2020) studied the effect of particle volume fraction on the performance of deep-sea electric pumps based on the DEM-CFD method. However, these previous studies ignored the interaction between particles. Moreover, the calculation process assumed that no slip exists between the particles and wall. Although this assumption is rational when the particles are smaller, large particle sizes have stronger interparticle interactions. In addition, the relative slip between the particles and wall affects the flow field and interaction between the particles.
Thus, in deep-sea mining, the solid–liquid two-phase flow in the flow channel of the lifting pump is complicated, which is reflected in the random collisions between particles, interactions between the particles and walls, turbulence of the fluid and particles, and interactions between fluids (Chen et al., 2021). In the exploration of deep-sea lifting pumps, computational fluid dynamics (CFD) methods have been widely used to simulate pumps in clean water conditions. However, CFD methods can only calculate the properties of the fluid. Discrete phase model addresses the dynamics of small particles in liquids. This model ignores the particle volume, reduces the particles to Lagrangian particles, and ignores the collisions between the particles (Safaei et al., 2014); thus, it is not suitable for large-diameter particle dynamics (Rashidi et al., 2017). The DEM involves coupled calculations of CFD and DEM realized by the soft sphere method, inter-particle collision, and particle volume fraction. This approach can obtain the fluid and particle properties of a solid–liquid two-phase flow with high accuracy, which is useful in mud transportation simulation. Chen et al. (2020) used the DEM-CFD coupling method to simulate the working conditions of different shapes and concentrations of horizontal pipeline transportation, and obtained the relationship between the effects of the particle characteristics on the efficiency of slurry transportation and flow characteristics. In this study, the DEM-CFD method was employed to investigate the movement of the fluid and particles in a two-stage pump flow path at different speeds.
Numerical Simulations
Particles move independently from each other, and interactions occur when the particles collide with each other and with the walls. The lifting motion of the particles in the fluid is affected by the drag force, which is calculated as
[image: image]
CD is the drag coefficient, expressed as
[image: image]
where Rep is the Reynolds number, ρf is the solid–liquid two-phase flow density (kg/m3), μf is the solid–liquid two-phase flow viscosity (Pa·s), di is the particle diameter (m), uf is the fluid velocity (m/s), and up is the particle velocity (m/s).
The pressure gradient force is expressed as
[image: image]
The additional mass force is expressed as
[image: image]
The Basset force is expressed as
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The Saffman force is expressed as
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The Magnus force is expressed as
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where ω is the angular velocity of the particles (rad/s) and dp is the particle diameter (m).
A frictional force is developed owing to the difference between the speeds of the solid particles and liquid phase; the frictional force of the liquid phase flow is given by
[image: image]
The interaction between the particles and fluid is expressed as
[image: image]
The equation for the dynamic movement of the particles can be obtained using the collision relationship between the particles, and interaction between the fluid and particles, as follows:
[image: image]
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where F is the resultant force of the normal and tangential contact forces, and M is the resultant moment of the particle tangential and rolling frictional moments.
At present, the Verlet and Euler methods are often used to solve the dynamic equation of a particle, and the position, velocity, and acceleration of the particle are superimposed and calculated by Taylor series expansion (Childs, 1991).
The Verlet algorithm was proposed by Loup Verlet in the 1860s. This method is widely used in the field of molecular dynamics and has gradually been applied to solve the Newtonian equations of motion of particles (Gonzalez et al., 2006).
In DEM-CFD, the fluid and particles are considered separately in the coupling calculation. First, the flow field is calculated in Fluent. After the flow field iteration is completed, the data are transmitted to the EDEM solver. The particles are used as discrete phases in EDEM to calculate the flow field information. Parenteau (2010) conducted numerical simulations of a solid–liquid two-phase flow in deep-sea mining using the CFD and DEM-CFD coupling calculation methods. The CFD method did not calculate the interaction between the particles and wall, and the simulation results are different from the experimental results. Meanwhile, the DEM-CFD method considers the interaction between the particles and walls, and has greater calculation accuracy than the CFD method. Thus, the DEM-CFD method has significant advantages in the analysis of a solid–liquid two-phase flow. Compared with the traditional CFD method, the particle movement in the pump can be accurately analyzed.
As a rotating fluid machine, the lifting pump adopts a rotating coordinate system based on the axial direction of the impeller rotating shaft. Under this coordinate system, the continuity equation and Navier–Stokes equation of the relative velocity of the liquid phase are
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where [image: image], [image: image], and [image: image] are the liquid phase velocity vectors (m/s); [image: image]1 is the rotational angular velocity of the impeller (rad/s); [image: image] is the component of the rotational angular velocity of the impeller (rad/s); [image: image] is the linear distance to the axis of rotation (m); [image: image] is the relaxation time of the particles (s); ρs is the solid phase density (kg/m3); ρf is the solid liquid density (kg/m3); p is the equivalent pressure considering the centrifugal force (N); τfij is the pressure vector (N); Cvc is the concentration; and gfi is the gravitational acceleration (m/s2) (Brennen and Yong, 2010).
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where upi is the solid phase velocity vector.
3D Model and Meshing
In this study, the production capacity of the mining system was set to 30 t/h. The particle volume concentration was set to 6%. The maximum particle size was 20 mm, and the flow rate was 420 m3/h. In the simulation, a single particle size of 20 mm was used according to the project requirements, and the particle concentration was controlled with the mass flow rate of 14 kg/s.
The DEM-CFD coupling was based on the Euler–Lagrange method and implemented on the FLUENT-EDEM platform. The flow field information of the fluid in the computational domain was first computed in Fluent for a time step. When the convergence conditions were reached, the drag and lift forces of the particles were calculated, and the information was transmitted to the EDEM. EDEM calculated the particle position, velocity, volume, etc., and passed this information back to Fluent. Thus, the particle and flow field information for the next time step was cyclically updated.
The impeller and diffuser of the multi-stage pump are composed of duplex stainless steel with a density of 7,850 kg/m3, Poisson’s ratio of 0.33, and shear modulus of 7.744 10+10. The contact force of the particles was calculated by the Hertz–Mindlin no-slip model. The lift model adopted the Saffman and Magnus lift models, and the particle–particle and particle–pump interaction settings are shown in Table 1.
TABLE 1 | Contact interaction settings in the EDEM.
[image: Table 1]As the consistency of the EDEM and Fluent data at the inlet and outlet promotes stabilization and convergence, it is preferable to use the predefined pressure outlet and velocity inlet as the boundary conditions for the Fluent data. The EDEM particle factory was set to an infinite number model, thereby randomly generating particles on the same inlet plane as that of the Fluent based on the particle mass flow, and setting equal velocities for the particles and fluid. The data between different sub-computing domains were passed through interfaces. The physical properties of water were set to a temperature of 20°C, density of 0.9982 g/cm3, and viscosity of 1.003 × 10−3 Pa·s. Renormalization group k–ε was chosen as the turbulence model for the refinement of the swirl effect under turbulence. This refinement enhanced the accuracy of the swirling flow in deep-sea lifting pumps. The standard wall treatment, which can effectively handle most industrial flow at y+ of 15–100 near the solid wall, was set as the wall function.
SIMPLEC was used for the pressure–velocity coupling method, which increased the moment, turbulent kinetic energy, and turbulent dissipation rate to the second-order upwind to improve the accuracy of the simulation. The time step was fixed as the elapsed time per 4° of pump rotation: 4.6 × 10−4 s for 1,450 rpm, 5.442 × 10−4 for 1,300 rpm, 6.123 × 10−4s for 1,100 rpm, and 6.9074 × 10−4 s for 1,000 rpm. The convergence rule for all residuals was set to 1 × 10−4.
The parameters of the impeller are listed in Table 2. Table 3 shows the space guide vane parameters of the deep-sea lifting pump. Figure 1 shows a grid diagram of the two-stage deep-sea lifting pump. The inlet section of the first-stage impeller and outlet section of the second-stage space guide vane were lengthened for the smooth entry of the flow field. The grid was dense at the turning points of the first-stage and second-stage impellers, which was beneficial for the calculation of the flow field. The computational domain model was divided into five unstructured meshes with different grid qualities in ICEM. The simulation results are shown in Table 4. The grid-independence simulation test showed that a satisfactory result could be guaranteed for 2300000 grids.
TABLE 2 | Impeller parameters of the deep-sea lifting pump.
[image: Table 2]TABLE 3 | Space guide vane parameters.
[image: Table 3][image: Figure 1]FIGURE 1 | Two-stage deep-sea lifting pump grid.
TABLE 4 | Grid-independence simulation test.
[image: Table 4]NUMERICAL CALCULATIONS
The inlet velocity of the fluid and particles were both set to 3.16 m/s. The coarse-grained ore has spherical particles with a volume fraction of 6% for the 20-mm particles. The impeller speed was set to 1,100, 1200,1300, and 1,450 rpm, according to China’s key R&D program—Deep Sea Polymetallic Combined Mining and Test Engineering.
Figure 2 shows the flow lines and particle velocity diagrams of the two-stage deep-sea lifting pump. The velocity of the particles is lower than the velocity of the fluid, indicating that there is no advance phenomenon during the lifting process. The maximum velocity of the particles and streamlines occurred at the end of the blade. At a speed of 1,100 rpm, the maximum velocity of the particles is 10.2 m/s. As the rotational speed increased, the velocity of the particles and fluid increased. As shown in Figure 2D, the particle velocity reached 19.1 m/s. The blade accelerated the particles well, facilitating their easy passage through the deep-sea lifting pump. After the blade accelerated the particles, they entered the space guide vane. When the particles are thrown from the blade, they hit the outer shell of the space guide vane, resulting in substantial energy loss. The pressure surface of the space guide vane is in contact with the suction surface. As shown in Figure 2, the particles on the pressure surface of the space guide vane are larger than those on the suction surface. Therefore, the pressure surface of the space guide vane will undergo more collisions, and its wear will exceed that of the suction surface. In the two-stage deep-sea lifting pump, the number of particles in the first-stage pump is greater than that in the second-stage pump because of the numerous particles that suddenly entered the pump body, resulting in excessive particle concentration at the junction. With the increase in speed, the number of particles in the first-stage pump decreased, resulting in the significant improvement of the flow capacity. In the deep-sea lifting pump, there is a high possibility of blockage of the first-stage pump.
[image: Figure 2]FIGURE 2 | Streamline and particle velocity diagrams of the two-stage deep-sea lifting pump: (A) 1,100 rpm, (B) 1,200 rpm, (C) 1,300 rpm, and (D) 1,450 rpm.
The fluid moved spirally along the direction of rotation of the impeller blade and reached the maximum speed at the end of the blade. The maximum speed reaches 14.4 m/s (Figure 2A) and 20.5 m/s (Figure 2D). The fluid flows smoothly in the impeller and space guide vanes, indicating the reasonable design of the impeller and space guide vane, and improved pump efficiency. After the fluid enters the space guide vane, the kinetic energy is gradually converted into pressure, thereby decreasing the speed. Local agglomeration occurred at low speeds and decreased as the speed increased. At a higher rotational speed, the uneven transmission of the particles are weakened, thereby stabilizing the particle transmission, and improving the efficiency and head of the pump.
When the rotational speed increased, the acceleration effect of the impeller on the solid–liquid two-phase flow increased, and the movement of the solid–liquid two-phase flow in the impeller and space guide vane stabilized. This is conducive to the transportation of solid–liquid two-phase flows.
Figure 3 shows the axial velocity cloud diagram of the flow field of the two-stage deep-sea lifting pump. As the deep-sea lifting pump is used for lifting solid particles, the axial velocity directly determines the improvement in the solid–liquid two-phase flow. As shown in Figure 3, the axial velocity at the inlet of the impeller is relatively higher than that at the impeller blades. The speed is relatively small because the rotation of the fluid through the blades changes the direction of the fluid velocity from axial to radial. After flowing out of the impeller, the fluid enters the space guide vane, which turns and stabilizes the flow. Consequently, the axial velocity of the fluid increases, and it enters the second-stage impeller with higher stability. As the speed increases, the axial velocity of the fluid at the outlet of the second-stage space guide vane increases from 4.6 m/s to 6.3 m/s. This also indicates the further increase of the lifting capacity of the deep-sea lifting pump for a solid–liquid two-phase flow.
[image: Figure 3]FIGURE 3 | Axial velocity cloud diagrams of the flow field of the two-stage deep-sea lifting pump: (A) 1,100 rpm, (B) 1,200 rpm, (C) 1,300 rpm, and (D) 1,450 rpm.
Figure 4 shows the fluid velocity vector diagram of the impeller section at different speeds. A high-speed area, called the “jet area,” appears near the pressure surface of ​​the impeller blade, and a low-speed area, called the “wake area,” is formed near the suction surface of the impeller blade. As shown in Figure 4D, the relative speed in the impeller channel is higher, which suppressed the separation of the boundary layer; thus, no vortex is formed. At the exit of the impeller, the maximum velocity of the jet and wake areas are 25.3 and 20.66 m/s, respectively, and the relative velocity gradient of the jet wake is small.
[image: Figure 4]FIGURE 4 | Flow velocity vector diagrams of the impeller section: (A) 1,100 rpm, (B) 1,200 rpm, (C) 1,300 rpm, and (D) 1,450 rpm.
At low rotational speeds, the vortex range increased, thereby reducing the hydraulic efficiency, increasing the squeezing effect of the impeller blades, and weakening the flow capacity of the particles. As shown in Figure 4A, the maximum velocity of the jet and wake area are 17.8 and 2.95 m/s, respectively. The relative velocity gradient of the jet wake is large. A larger jet wake structure increased the hydraulic loss of the lifting pump. The jet wake velocity gradient at the first-stage impeller is larger than that at the second-stage impeller because the former has more particles. As the rotating speed of the impeller blades increases, the speed of the fluid on the blades increases, which is beneficial for fluid transportation and reducing the generation of vortices.
The secondary flow is an important parameter for studying the flow field in a flow channel. The generation of a secondary flow has a significant influence on the efficiency of deep-sea pumps. Thus, the secondary flow in the flow channel was studied, and a vector diagram was created. Figures 5, 6 show the distribution of the secondary flow in the connection between the impeller and space guide vane, and that in the space guide vane, respectively.
[image: Figure 5]FIGURE 5 | Distribution of the secondary flow in the link between the impeller and space guide vane: (A) 1,100 rpm, (B) 1,200 rpm, (C) 1,300 rpm, and (D) 1,450 rpm.
[image: Figure 6]FIGURE 6 | Distribution of the secondary flow in the space guide vane: (A) 1,100 rpm, (B) 1,200 rpm, (C) 1,300 rpm, and (D) 1,450 rpm.
When the fluid enters the inlet of the space guide vane from the outlet of the impeller, the velocity changes from radial to axial, and the pressure direction changes. The junction between the impeller and space guide vane has a large curve, where the fluid impacts the impeller and space guide vane. A secondary flow appears in the guide vane shell, forming a pair of vortices in the opposite directions, which are called “basic vortices.” As the rotational speed increases, the outlet flow rate increases, which increases the basic vortex and hydraulic loss. However, from the perspective of the entire lifting process of the deep-sea lifting pump, a speed increase is beneficial to the hydraulic efficiency of the pump. The bend of the runner has a significant influence on the appearance of the basic vortex. In the deep-sea lifting pump, the basic vortex occupies the majority of the flow channel and causes the accumulation of particles.
After the fluid enters the space guide vane, the basic vortex begins to flow to the outer shell of the space guide vane to form a new vortex, called the “curvature vortex,” which gradually became smaller. As the speed of the main flow in the flow channel of the space guide vane increases, the pressure gradient decreases, the curvature vortex begins to decrease, and the flow begins to stabilize, which is conducive to the transportation of the solid–liquid two-phase flow.
The volume concentrations of the particles are listed in Table 5. The particle volume concentration at the first-stage impeller space guide vane is higher than that at the second-stage impeller space guide vane. Owing to its high-speed rotation, the particle volume concentration in the first-stage impeller is slightly lower than that in the second-stage impeller. This is because when the particles enter the first-stage impeller from the extension section of the inlet, the stagnation effect of the particles is stronger, resulting in a higher particle volume concentration. After entering the space guide vane, the particles maintained a high speed. With the turning of the space guide vane and under the effect of steady flow, the kinetic energy of the particles in the space guide vane continuously decreases. When the particles enter the second-stage impeller from the first-stage space guide vane, the collision between the particles increases owing to the gradual narrowing of the vane channel. This results in increased friction between the particles and energy loss. The particle flow is obstructed, resulting in increased volume concentration at the exit of the first-stage space guide vane. This effect increases with decreasing speed.
TABLE 5 | Particle volume concentration distribution under different speed conditions.
[image: Table 5]When the speed is increased from 1,100 to 1,450 rpm, the volume concentrations at the first-stage and second-stage impellers reduced by 0.85 and 0.82%, respectively. The change in the concentration has minimal effect. The volume concentration at the first-stage guide vane is less than 0.36%, whereas that at the second stage is less than 0.7%. The influence of the second-stage space guide vane is higher than that of the first-stage space guide vane. Meanwhile, for the particles at 1,450 rpm, the volume concentrations at the first-stage space guide vane and second-stage impeller are similar; however, the volume concentrations at the first- and second-stage space guide vanes are significantly different, which indicates that the influence of the rotational speed of the latter is greater than that of the former.
As the rotational speed increases, the relative velocity between the particles and fluid decreases, the followability of the particles improves, and the particles can pass through the flow channel easier. Therefore, selecting the optimal operating speed of the pump can ensure efficiency and flow capacity. There may be extensive particle siltation on the blades at the outlet of the first-stage space guide vane and inlet of the second-stage impeller.
The particle distribution and wear were studied through the particle collisions on the impeller and space guide vane. Figure 7 shows the statistics of the particle collisions on the pressure and suction surfaces of the impeller blade. As the collision between the first-stage and second-stage impellers is similar, the erosion position can be predicted by analyzing the collision of the first-stage impeller.
[image: Figure 7]FIGURE 7 | Number of particle collisions on the pressure and suction surfaces of the impeller blade.
As the particles in the deep-sea lifting pump are driven by the high-speed rotation of the impeller, they hit the pressure and suction surfaces of the blade, causing erosion and wear of the blade wall. As shown in Figure 7 (1.0 on the horizontal axis denotes the end of the blade), the numbers of particle collision at different speeds are approximately constant. The number of collisions on the pressure surface of the blade is higher than that on the suction surface, indicating that the wear of the pressure surface is stronger than that of the suction surface. When the relative position is less than 0.2, the number of particle collisions on the pressure surface of the blade increases, which intensifies its wear. With the increase in speed, the number of particle collisions gradually decreases, indicating that the flow of the particles tends to stabilize.
Figure 8 shows the statistics of the effect of the particles on the pressure and suction surfaces of the space guide vane blade, where 1.0 on the horizontal axis denotes the end of the space guide vane blade. When the relative position is less than 0.4, the collision of the particles on the suction surface of the space guide vane blade increases. With the movement of the particles in the flow channel, the relative position exceeds 0.6. The pressure surface of the space guide vane has more collisions, indicating that the particles gradually approached this surface during their flow. The rotational speed has minimal effect on the number of particle collisions on the pressure and suction surfaces of the space guide vane.
[image: Figure 8]FIGURE 8 | Number of particle collisions on the pressure and suction surfaces of the space guide vane blade.
Experiment
The phenomenon of inter-stage matching occurs during the lifting process of the multi-stage pumps. Therefore, to ensure the smooth progress of the sea trial of the deep-sea lifting pump and verify the numerical simulation model developed in this study, a two-stage deep-sea lifting pump was used in the experimental test. The solid–liquid two-phase fluid concentration was equal to 6% in the test. The particles are manganese nodules with a diameter of 20 mm and flow rate of 420 m3/h. The speeds of 1,000, 1,100, 1,200, 1,300, and 1,450 rpm were selected. The two-phase flow tests were done under the aforementioned condition.
The two-stage pump tests was conducted at Tianjin Bailiyitong Electric Pump Co., Ltd. The company has an advanced high-pressure platform for conducting diving tests. The pump test system included a test pump well with a depth of 9 m in the test pool, pipelines, and valves. The schematic of the test loop is shown in Figure 9. The pump test field is shown in Figures 10, 11. The test instruments include the pump inlet and outlet pressure sensors, electromagnetic flow meters, pump speed sensors, current, voltage, and power factor measuring instruments, as shown in Figure 11. The test parameters were consistent with the simulation parameters.
[image: Figure 9]FIGURE 9 | Schematic of the test loop.
[image: Figure 10]FIGURE 10 | Pump test bench.
[image: Figure 11]FIGURE 11 | Two-stage lifting pump on the test bench.
The test steps include the test preparation and testing. The test preparation was carried out as follows:
1) The structural parameters of the pump under test were verified to ensure that they are within the design error;
2) The surface roughness of the overcurrent parts of the pump under test was recorded;
3) The pump under test was installed, and the pump shaft by hand was tested;
4) The normal rotation of each rotating part without interference was ensured;
5) All sensors were checked;
6) The status of each valve in the required position was checked.
The test process was conducted as follows:
1) The main control power switch (leakage micro-break) of the submersible low-voltage test bench and DK1 main power switch were turned on;
2) The isolating switch of the SD4 cabinet was adjusted to a high voltage;
3) The combination switch of the diving high-pressure table was turned to the T1 (high-pressure table) position;
4) The submersible high-voltage test bench master control power switch (leakage micro-break) was turned on;
5) The high-pressure test bench DK2.VS.1 was turned on;
6) The low-pressure test bench DK4 was turned on;
7) The boost button T1 of the diving high-voltage test bench was pressed to increase the voltage until the monitoring voltmeter showed that KV was approximately 40% of the rated voltage. The motor was started, and the value of the ammeter KA was observed and monitored, as was whether the current was balanced. The voltage was increased, the starting current was observed until the motor turned up, and the rated voltage was adjusted to test according to the test item;
8) The computer was turned on to enter the relevant acquisition program, and the test points were adjusted to collect the relevant data.
Figure 12 shows the control main circuit. Figure 13 shows images of the measurement and control system.
[image: Figure 12]FIGURE 12 | Control main circuit.
[image: Figure 13]FIGURE 13 | Measurement and control systems.
According to Eqs 16, 17, the head H and efficiency η can be calculated, respectively:
[image: image]
where p1 and p2 are the static pressures at the inlet and outlet of the deep-sea lifting pump, respectively; v1 and v2 are the average speeds of the inlet and outlet, respectively; and z1 and z2 are the shaft heights;
[image: image]
where ω3 is the rotational speed and M is the impeller torque; both of which can be obtained in the post-processing of the numerical simulation.
[image: image]
where [image: image] is the solid phase density (kg/m3), [image: image] is the fluid density (kg/m3).
Table 6 lists the test and simulation results. The simulation results are significantly close to the experimental results. The simulated head and efficiency are the same as those in the experiment. The maximum errors of the head and efficiency are 2.14 and 3.12%, respectively, which proves that the numerical simulation model used in this study can reflect the actual situation.
TABLE 6 | Test and simulation results.
[image: Table 6]Figure 14 shows a comparison of the flow field velocities obtained using the numerical simulation and experiment. The maximum speed error is 7.61%. With the increase in the rotational speed, the velocity of the flow field increases, indicating that the particles can obtain more kinetic energy from the flow field to sustain their movement, thereby reducing their deposition on the surfaces. The errors between both methods are less than 10%, which can be attributed to the standard spherical particles used in the simulation, even with the existence of other particle shapes in the experiment. The consistency between the experimental and numerical simulation results verifies the credibility of the numerical simulation.
[image: Figure 14]FIGURE 14 | Comparison of the flow field velocities.
From the experiment, the head and efficiency can satisfy the design requirements. With the deep-sea lifting pump speed of 1,450 rpm, the largest lift, efficiency, and fluid velocity are obtained, indicating that the particles can obtain more energy from the flow field. This confirms that the design of the flow channel is reasonable, which ensures the transportation of particles.
CONCLUSION
The operation of a deep-sea lifting pump was numerically simulated through DEM-CFD. The results of the model were verified experimentally. The following conclusions were obtained:
1) The test and simulation results were consistent, and the design requirements were met, indicating the excellent slurry transport performance of the pump. Thus, DEM-CFD can accurately predict the head and efficiency of multi-stage centrifugal pumps conveying coarse particle slurry.
2) As the speed increased, the accelerating effect of the impeller on the solid–liquid two-phase flow increased, and the movement of the solid–liquid two-phase flow in the impeller and space guide vane became more stable, which is conducive to the transportation of solid–liquid two-phase flows.
3) At low rotational speeds, the vortex range increased, thereby reducing the hydraulic efficiency. In addition, the squeezing effect of the blades increased, which weakened the flow capacity of the particles. A large jet wake structure increased the hydraulic loss of the lifting pump. Generally, the jet wake velocity gradient at the first-stage impeller was larger than that at the second-stage impeller owing to the presence of numerous particles in the former. When the rotational speed was 1,450 rpm, the outlet flow rate increased, and the hydraulic efficiency of the deep-sea lifting pump became more favorable. As the speed of the main flow in the space guide vane channel increased, the pressure gradient decreased, the curvature vortex began to decrease, and the flow stabilized, which is conducive to the transportation of the solid–liquid two-phase flow.
4) Based on the particle movements, the particle volume concentration at the first-stage impeller space guide vane was higher than that at the second-stage impeller space guide vane. The particles in the deep-sea lifting pump were driven by the high-speed rotation of the impeller, and hit the blades with pressure. The surface and suction surfaces caused the erosion and wear of the blade wall. As the rotational speed increased, the number of particle collisions gradually decreased, indicating the stabilization of the particle flow.
5) Through the experiments and numerical simulations, with the increase in the lift, the efficiency of the core pump and velocity of the flow field increased simultaneously, indicating that the particles can obtain more kinetic energy from the flow field. At a rotational speed of 1,450 rpm, the movement of the particles was ensured, thereby reducing their deposition. The results of the experiment and numerical simulation were consistent, indicating the credibility of the numerical simulation results.
In this study, spherical particles were mainly used to investigate the hydraulic lifting of the solid–liquid two-phase flow. In actual deep-sea mining, the particles crushed by the crusher are expected to have various shapes. Therefore, the influence of the particle shape on the hydraulic lifting should be further explored, and the theory proposed in this article should be further examined.
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Cavitation is a common phenomenon in hydraulic power industry, ship propulsion, pump station and other industrial fields. In the present work, a high-speed camera is used to visualize the flow field in a rotational hydrodynamic cavitation reactor (RHCR) in a closed cycle test rig, and the numerical simulation is carried out based on the RNG k-ε turbulence model and the Zwart-Gerber-Belamri (ZGB) cavitation model. Influence of hole diameter, hole height and hole cone bottom length on performance of RHCR are comprehensively investigated. The results show that the numerical results are in good agreement with the experimental data, which verifies the accuracy and reliability of the numerical method. The hole diameter mainly influences the water vapor exchange boundary, the hole height mainly influences the cavitation area and intensity, and the cone bottom length mainly influences the vortex number and intensity. Under different hole diameters, the dominant frequent of pressure fluctuation in hole is 24 fi corresponding to the hole number along the circumferential direction, and the maximum amplitude appears near the hole top due to the small gap between the hole top and the side wall of the rotor. When the hole diameter increases from 11 to 17 mm, the pressure fluctuation amplitude increases by 1.65 times for each increase of 2 mm.
Keywords: hydrodynamic cavitation reactor, hole geometry, numerical simulation, vortex, pressure fluctuation
INTRODUCTION
Cavitation is an unsteady and multiphase turbulent flow phenomenon involving mass transfer between vapor and liquid phases (Liu et al., 2018; Liu et al., 2019a; Liu et al., 2019b). Cavitation flow is accompanied by the formation, development and collapse of cavitation, as well as the mass and energy transfer of two phases (Prasad et al., 2018; Sun and Lei, 2020). During this process, the collapse of the bubble can generate a local hot spot of 2,000–6,000 K and induce 1010 K/s heat transfer within 1 ms (Hart et al., 1990; Flint and Suslick, 1991; Didenko et al., 1999a; Didenko et al., 1999b; Rae et al., 2005). Meanwhile, in this extreme environment, water molecules can undergo splitting reactions and chain reactions to produce H and OH radicals (Gostisa et al., 2021). It can accelerate chemical reaction (Sun et al., 2018a), sewage treatment (Sun et al., 2021a), organic matter decomposition (Sun et al., 2021b), sterilization and deactivation (Pegu and Arya, 2021), biodiesel synthesis (Innocenzi and Prisciandaro, 2021) and other engineering applications. Therefore, it has a promising potential application in industry and shares a broad prospect in many disciplines.
According to the flow physics of cavitation generation, cavitation can be generally classified into acoustic cavitation (AC) (Gholami et al., 2020), hydrodynamic cavitation (HC) (Wang et al., 2021), optical cavitation (OC) (Gogate, 2007) and particle cavitation (PC) (Sun et al., 2020a). Among them, the first two categories are more widely studied. With the development and popularization of ultrasonic equipment, the researches on ultrasonic cavitation have experienced a significant increase, and its applications involve many aspects such as medicine (Qian et al., 2020), material processing (Zhao et al., 2020), biochemistry (Patil et al., 2021) and food processing (Krasnikova et al., 2020). However, due to the disadvantages of high energy consumption, small cavitation area and high equipment cost, ultrasonic cavitation has some drawbacks in its further industrialization and practical application (Burzio et al., 2019). On the contrary, hydrodynamic cavitation has the advantages of simple design, low price and high efficiency, so it is widely used in industry (Kwon and Yoon, 2013). In the past, hydrodynamic cavitation is usually generated by orifice plate (Angele, 2021), venturi tube cavitation reactor (Bimestre et al., 2020) and so on. Kuldeep et al. (Kuldeep and Kumar, 2016) numerically simulated flow field inside the venturi cavitation reactor, and the results show that the ratio 1:1 of throat height/diameter to length and 6.5° of divergence angle can be an optimal geometry for best cavitation activity. Alister et al. (Simpson and Ranade, 2018) quantitatively discussed the influence of some key geometric parameters such as the orifice plate thickness, orifice inlet sharpness and wall angle on cavitation behaviors. Keiji et al. (Yasuda and Ako, 2019) studied the influence of venturi shape on the hydrodynamic cavitation reaction rate. Alves et al. (2019) investigated the hydrodynamic cavitation efficiency in removing chemical oxygen demand (COD) from sucrose solution and from effluent generated by the soft drink industry. However, because these two types of cavitation generators induce cavitation through cross-sectional area change, the water flow is severely restricted and the pressure loss is large (Šarc et al., 2018). In addition, their effectiveness was found to be unsatisfactory with high expenses (Sun et al., 2020b). Therefore, more efficient designs need to be developed that can replace the traditional cavitation generator.
Recently, a rotational hydrodynamic cavitation reactor that is composed of rotor and stator is used to generate cavitation. The cavitation mechanism of the structure cavitation reactor is composed of various forces in the complex flow field (mainly shear force and centrifugal force). It gets rid of the traditional cavitation generation mode, and can generate group cavitation in the cavitation reactor with high cavitation intensity and high cavitation efficiency. PetkovsEk et al. (2013) and Badve et al. (2013) studied the ability of rotational structure reactor to treat sewage and industrial wastewater. Kim et al. (2019) carried out the experiment of sludge treatment by rotational cavitation reactor. Milly et al. (2008) used a rotational structure reactor to sterilize fluid food. Sun et al. (2018b) studied the thermal performance of a new type of rotational hydrodynamic cavitation reactor through experiments. Thaiyasuit et al. (2021) studied the optimal production conditions for biodiesel production in a rotating cavitation reactor with uneven rotor surface. Janez et al. (Kosel et al., 2019) used a rotational cavitation reactor to refine pulp samples and found that the device could generate strong shear force and multiple cavitation regions. All of the above researches are based on the applicability test of RHCR, but the mechanism research of RHCRs and the influence of its own structure on the cavitation effect are very limited. Moreover, the hole in the rotor and its geometrical structure is vital for the cavitation generation, and there is still a significant vacancy in quantitatively investigating its effects and underlying mechanics.
In order to address the above problems, the high-speed photographic measuring and the numerical simulation were both employed to study the cavitating flow pattern and pressure fluctuation characteristics inside the RHCR. Subsequently, the correlation between the hole diameter, height and cone bottom length and cavitation characteristics were analyzed, which contributes to the optimal design of RHCR.
EXPERIMENTAL AND NUMERICAL METHODOLOGY
Research Object
As shown in Figure 1, the RHCR is mainly composed of a rotor and a stator. The rotor is a solid cylinder with a diameter of 264 mm. 24 rows of inner holes are evenly distributed on the rotor surface along the circumferential direction, and the angle between any two adjacent rows of inner holes is 15°. There are 5 columns of inner holes evenly distributed on the rotor surface along the axial direction, and the distance between two adjacent rows of inner holes is 22.5 mm. The height of each hole is 55 mm and the diameter is 15 mm. The clearance between the rotor and the stator is fixed at 8 mm. The rotor rotates under the drive of the motor and generates cavitation in the inner hole. The motor can be controlled by the inverter by setting different rotation speeds. The rotation speed in the present work is set as 1,200 r/min.
[image: Figure 1]FIGURE 1 | Tested rotational hydrodynamic cavitation reactor.
In order to reveal the influence of the inner hole structure on the performance of the RHCR, this study analyzed three geometric factors of the inner hole structure. Case 1 keep the hole height 55 mm and the cone bottom length 5 mm unchanged, and select five kinds of diameters, 11, 13, 15, 17 and 19 mm respectively. Case 2 keep the hole diameter 15 mm and the cone bottom length 5 mm unchanged, and select five kinds of heights, 25, 35, 45, 55, and 65 mm respectively. Case 3 keep the hole diameter 15 mm and the height 55 mm unchanged, and select five kinds of cone bottom lengths, 1, 3, 5, 7, and 9 mm respectively. The detailed information on the geometrical factors can be found in Figure 2.
[image: Figure 2]FIGURE 2 | Various geometrical factors of the hole.
Computational Domain and Meshes
As shown in Figure 3A, the computational domain is divided into four parts: inlet domain, cavity domain, rotor domain and outlet domain. The rotor-stator interface is employed to couple the adjacent rotary domain and stationary domain. Moreover, the fluid domain adopts a hexahedral structure mesh is applied to the whole computational domain by using ANSYS ICEM 20.0. Furthermore, mesh near the wall of the inner holes is locally refined, as shown in Figures 3B,C.
[image: Figure 3]FIGURE 3 | The model and mesh of RHCR: (A) Schematic diagram of the RHCR, (B) Computing domain mesh, and (C) Single hole mesh.
NUMERICAL METHOD AND SETTING
Numerical Model and Boundary Conditions
The fluid in the cavitation flow field is considered a homogeneous and compressible mixed medium of liquid and vapor. The continuity and momentum equations in the Cartesian coordinates are as follows:
[image: image]
[image: image]
where ρ is density, t is time, u is velocity, μ is viscosity coefficient, and F is volume force. The RNG k-ε (Liu et al., 2009) turbulence model is applied because of its advantage in predicting the flow with a high strain rate and streamline curvature.
The cavitation model proposed by Zwart is employed to simulate the cavitation flow. In this model, a transport equation with source terms based on the homogeneous flow is used to solve the interphase mass transfer between liquid and vapor phases, which is governed as follows:
[image: image]
The mass transfer for vaporization rate m+ and condensation rate m− are modeled as follows:
[image: image]
[image: image]
where αv is the vapor volume fraction. ρv is the vapor density, and its value is 0.02308 kg/m3 ρl is the liquid density, and its value is 997 kg/m3 pv is the water vaporization pressure that is set as 3,574 Pa in the present simulation. Cvap and Cvond are the empirical coefficients of evaporation and condensation, and their values are 50 and 0.01 respectively (Zwart et al., 2004).
In the present study, the total volume fraction of vapor, βtotal, is defined as the ratio of total vapor volume Vvapor to total volume Vtotal of fluid domain.
[image: image]
where, N is the total number of holes in the fluid domain. βvapor is the volume fraction of steam in each inner hole, Vi is the volume of each inner hole.
The commercial software ANSYS-CFX 20.0 are employed in the present work to simulate the internal flow of the RHCR. The flow conditions of the numerical simulation are consistent with those in the experiment test. The total inlet pressure is 90,000 Pa. The liquid volume fraction is 1, and the gas volume fraction is 0. The outlet mass flow is set to 2.5 kg/s. Non slip wall condition is applied on all the solid walls of the RHCR. In transient calculation, the results of steady calculation were ultilized as the initial flow field.
Independence Test of Mesh Density and Time Step
Because the geometrical models for each case were not identical, the maximum element size was chosen as the index of the mesh resolution, instead of using the total cell number. Table 1 presents the results of the mesh-independence test for three mesh resolutions of the original model: coarse, medium, and fine. Because the relative pressure difference between the medium and fine mesh was negligible. Considering the computational resources and mesh sensitivity, this paper adopts a medium mesh resolution to predict the simulation results.
TABLE 1 | Results of the mesh-independence test.
[image: Table 1]In the transient calculation, in order to verify the time independence, the time step Δt is taken as 1/16, 1/32 and 1/64 of the time interval between two adjacent inner holes at the same position. These three times steps are corresponding to T/24/16 = 0.0001302s, T/24/32 = 0.0000651s, T/24/64 = 0.0000326s, where T is the rotating period of the RHCR. As shown in Figure 4, a monitoring point is set up every 11 mm from the bottom of the hole, and a total of 5 monitoring points are V1, V2, V3, V4, and V5 respectively.
[image: Figure 4]FIGURE 4 | Monitoring points in hole.
The calculation results of the three times steps are shown in Figure 5, the difference between the simulation results under three times steps is very small. Considering the calculation cost, this paper takes the Δt = 0.0001302s.
[image: Figure 5]FIGURE 5 | Time-step independence verification.
In order to verify the accuracy of numerical simulation, the fully developed cavitation patterns obtained by the experiment shown in Figure 6B and the simulation shown in Figure 6C is compared. The results show that the numerical simulation agrees well with the experimental observation, which shows that the employed numerical method is reliable and accurate to predict the cavitating flow field inside the RHCR.
[image: Figure 6]FIGURE 6 | Comparison of experiment and simulation: (A) no cavity of experiment diagram, (B) cavity of experiment diagram, and (C) cavity of simulation diagram.
RESULTS AND ANALYSIS
Based on the previous methods, a systematic investigation on the influence of hole diameter, hole height and cone bottom length on the cavitation patter has been carried out. The pressure fluctuation characteristics of RHCR are further analyzed with consideration of the most influential parameter.
Effect of Diameter
Figure 7 shows the vapor phase distribution under different hole diameters varying from 11 to 19 mm. It is found that the increase of hole diameter results in the increase of cavitation intensity and area. As demonstrated in Figure 7, when the hole diameter increases from 11 to 19 mm, the cavitation extends from the hole bottom to the top. The vapor volume fractions βtotal are 10% of D1 = 11 mm, 22% of D2 = 13 mm, 55% of D3 = 15 mm, 75% of D4 = 17 mm, and 85% of D5 = 19 mm, respectively. For a small hole diameter, the cavitation intensity is suppressed due to the rotor centrifugal force. With the hole diameter increasing, the water-vapor exchange boundary shifts towards the hole top, which leads to a stronger exchange with the water in the actor. Consequently, the hole diameter plays a significant role on cavitation intensity and area in the RHCR.
[image: Figure 7]FIGURE 7 | Vapor phase distribution with different diameters: (A) D1 = 11 mm, (B) D2 = 13 mm, (C) D3 = 15 mm, (D) D4 = 17 mm, and (E) D5 = 19 mm.
Effect of Height
Figure 8 shows the vapor phase distribution under different hole height varying from 25 to 65 mm. The results show there is none cavitation under hole height of H1 = 25 mm, and when the hole height increases to H2 = 35 mm the cavitation appears. The vapor volume fractions are 0% of H1 = 25 mm, 18% of H2 = 35 mm, 55% of H3 = 45 mm, 75% of H4 = 55 mm, and 85% of H5 = 65 mm, respectively.
[image: Figure 8]FIGURE 8 | :Vapor phase distribution with different heights: (A) H1 = 25 mm, (B) H2 = 35 mm, (C) H3 = 45 mm, (D) H4 = 55 mm, and (E) H5 = 65 mm.
Figure 9 shows the pressure and streamline in the hole of different height. when the height of the hole is less than 25 mm, the water in the hole can sufficiently exchange with the outer water despite of the centrifugal force generated by the rotation of the rotor, and the pressure in the hole bottom is not below the saturated vapor pressure. Therefore, the cavitation does not occur under hole height of H1 = 25 mm. When the height of the hole is greater than 25 mm, the streamlines are complex in the hole with the heights of 35, 45, and 55 mm in Figure 9. Due to the increase of the hole height, the water in the hole cannot flow into the hole completely because of the centrifugal force, the water reduces the pressure inside the hole, thus creating cavitation. For the hole height structures from 35 to 55 mm, the center of the vortex is just on the boundary of the low pressure region in the hole, which is just about 25 mm. This better explains why cavitation occurs in the region below 25 mm hole height.
[image: Figure 9]FIGURE 9 | Streamline distribution in hole of different hole height: (A) H1 = 25 mm, (B) H2 = 35 mm, (C) H3 = 45 mm, (D) H4 = 55 mm, and (E) H5 = 65 mm.
In summary, for different hole heights, the water-vapor exchange boundary is nearly the same position. The reason is that the centrifugal force is related to the radius of a circle. With the increase of the hole height, the cavitation intensity and area increase.
Effect of Cone Bottom Length
Figure 10 shows the vapor phase distribution under different cone bottom lengths varying from 1 to 9 mm. The results show that the increase of length for the cone bottom leads to a decrease of cavitation intensity and area. The vapor volume fractions are 64% of L1 = 1 mm, 58% of L2 = 3 mm, 55% of L3 = 5 mm, 40% of L4 = 7 mm and 34% of L5 = 9 mm, respectively.
[image: Figure 10]FIGURE 10 | Vapor phase distribution with different cone bottom lengths: (A) L1 = 1 mm, (B) L2 = 3 mm, (C) L3 = 5 mm, (D) L4 = 7 mm, and (E) L5 = 9 mm.
Figure 11 shows the pressure and streamline in the hole. There are several vortexes in the hole close to the top and bottom, respectively. The vortex formation mechanism is that the water in hole interacts with the outer water and then induces the shear force near the hole outlet interface. For different cone bottom lengths, the vortex shape near the hole top is similar due to the similar shear force, while the vortex number and intensity are different near the hole bottom due to the different cone bottom length.
[image: Figure 11]FIGURE 11 | Streamline distribution in hole: (A) L1 = 1 mm, (B) L2 = 3 mm, (C) L3 = 5 mm, (D) L4 = 7 mm, and (E) L5 = 9 mm.
With the increase of the cone bottom length, the low-pressure region reduces, and the vortex intensity near the hole bottom also weakens. The vortex number varies under different cone bottom lengths, and the reason may be that the shear force, the centrifugal force and pressure gradient interact in the hole. Therefore, the cone bottom length mainly influences the pressure distribution and vortex near the hole bottom, which affects the cavitation intensity and area in the hole.
Therefore, based on the simulation calculation results of the RHCR in this study and the limitation of its structure, the optimal combination of structural parameters in this paper are selected as 17 mm hole diameter, 55 mm hole height and 1 mm cone bottom length under the experimental working conditions.
Spectrum Analysis of Pressure Fluctuation
Figure 12 shows monitoring points of pressure in the rotor, which are used to investigate the influence of hole diameter on the pressure fluctuation of cavitation reactor. Total 10 points are set in the rotor, and P1- P5 are set at the reactor bottom along the flow direction, and P6- P10 are set at the reactor top along the flow direction.
[image: Figure 12]FIGURE 12 | Monitoring points for pressure.
The total time for transient calculation is twenty rotor rotation cycles,and the pressure fluctuation data of the 8th to 16th cycle is taken to obtain the spectral characteristics of the pressure fluctuation by the method of Fast Fourier Transform.
Figure 13 shows the frequency domain of pressure fluctuation of points P1-P5 for different hole diameters in the RHCR. The dominant frequency of pressure fluctuation at each monitoring point is 24 fi, and fi = 20 Hz is the rotor frequency due to the rotor speed of 1,200 r/min. Generally, the amplitude of pressure fluctuation decreases for the harmonic frequency, and the amplitudes of pressure fluctuation at P1 and P2 monitoring points are stronger than that at P3, P4 and P5.
[image: Figure 13]FIGURE 13 | Pressure fluctuation spectrum of P1-P5 with different hole diameters: (A) D1 = 11 mm, (B) D2 = 13 mm, (C) D3 = 15 mm, (D) D4 = 17 mm, and (E) D5 = 19 mm.
Table 2 shows the maximum amplitude of pressure fluctuation points of P1-P5 for different hole diameters in the RHCR. The maximum pressure fluctuations of different hole diameters are all located at P1 close to the hole top, and the amplitudes are 54.1, 89.1, 132.1, 191.6, and 267.1 Pa, respectively. Along the direction of P1-P5, the pressure fluctuation amplitude presents a decreasing trend. From P3 to P5, the pressure fluctuation amplitude becomes stable, and the reason is that the flow impact is mainly induced at the reactor inlet near the P1 and P2.
TABLE 2 | Pressure pulsation at inlet side.
[image: Table 2]Figure 14 shows the pressure distribution in the RHCR. Due to the small gap between the inlet and the side wall of the rotor, the water impacts on the side wall of the rotor and form a high-pressure zone in region 1, which induces the strong pressure fluctuation amplitude near point 1. In addition, the relative motion between the rotor and the stable wall results in the rotor-stator interaction, which also induces the strong pressure fluctuation amplitude near point 1. Therefore, in order to reduce the pressure fluctuation amplitude, the distance between the rotor and reactor wall should be considered in the optimized design of the RHCR.
[image: Figure 14]FIGURE 14 | Pressure distribution in RHCR: (A) pressure distribution at YZ cross-section, and (B) pressure distribution at YX cross-section.
As shown in Figure 14 the pressure distribution on the outlet side of the RHCR in Figure 14A and the pressure distribution on both sides of the RHCR in Figure 14B are more stable compared to the inlet side, and there is no interference from the water flow hitting the rotor. Therefore, five monitoring points on the outlet side were selected to analyze the influence of inner hole diameter on the pressure fluctuation of RHCR.
Figure 15 shows the frequency domain of pressure fluctuation of points P6-P10 for different hole diameters in the RHCR. As shown in Figures 15A–E, the pressure fluctuation amplitudes of points P6-P10 are relatively uniform for different hole diameters, and the dominant frequency of pressure fluctuation at each monitoring point is 24 fi.
[image: Figure 15]FIGURE 15 | Pressure fluctuation spectrum of P6-P10 with different hole diameters: (A) D1 = 11 mm, (B) D2 = 13 mm, (C) D3 = 15 mm, (D) D4 = 17 mm, and (E) D5 =19 mm.
Figure 16 shows the frequency domain of pressure fluctuation at the same point of P8 for different hole diameters. With the increase of the hole diameter, the amplitude of pressure fluctuation obviously increases. When the diameter increases from 11 to 13 mm, the fluctuation amplitude increases about 1.65 times. When the diameter increases from 17 to 19 mm, the fluctuation amplitude increases by 1.37 times. The reason is that the larger hole diameter has stronger effect on the flow field, especially on the interface between hole top and main stream.
[image: Figure 16]FIGURE 16 | Pressure fluctuation spectrum of P8 with different hole diameters.
CONCLUSION
In the present work, a high-speed camera is used to observe the internal flow pattern in the RHCR, and the numerical simulation is used to calculate the three-dimensional cavitating turbulent flow. Effects of hole diameter, hole height and hole cone bottom length on performance of RHCR are comprehensively investigated, and the main conclusions are as follows:
1) The numerical simulation data agrees well with the experiment result, which validates that the numerical model and method are reliable and accurate.
2) The hole geometry of diameter, height and cone bottom length will influence the water-vapor exchange boundary, cavitation area and intensity, vortex number and intensity. The optimal structural parameters of the RHCR were taken as 17 mm hole diameter, 55 mm hole height and 1 mm cone bottom length.
3) The dominant frequent of pressure fluctuation in hole is 24 fi corresponding to the hole number along the circumferential direction, and the maximum amplitude appears near the hole top due to the small gap between the hole top and the side wall of the rotor.
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The energy efficiency characteristics of the turbine, cavitation performance of the runner, and operation stability of the unit are the three major concerns of a hydropower field, the latter two factors leading to the units’ cavitation and stability problems under some operation conditions and fatigue failure of the runner blades, which are the main causes of structural and mechanical failure for the hydropower units. In this article, three conventional unit startup processes are introduced, and combined with the optimal impulse control strategy, an optimized unit startup method is proposed. As the optimal guide vane opening adjustment setting value is obtained by solving the planned startup control strategy, 3D modeling and CFD simulation are carried out, then the equivalent stress characteristics are obtained by finite element calculation when the unit is running from startup to no load at a rated speed on three different startup modes. At last, the dynamic stress tests of the runner blade are performed at the hydropower station by using wireless acquisition and transmission technology, and the peak value and characteristics of the dynamic and static stresses of the blade under different startup processes are obtained. In this, the validity of the model analysis is proved by the comparison between the simulation calculation and the measured results, and the effectiveness of the startup control strategy is proved by combining the runner blade dynamic stress simulation, calculation, and the field dynamic stress test results. The optimization method of the startup process proposed in the article can alleviate the abnormal vibration of the unit and provide a basis for long-term stable operation of the hydropower unit.
Keywords: Francis turbine, stress measurement, startup process, hydropower unit, optimal impulse control
INTRODUCTION
With the development of the design, manufacture, and installation technology of hydropower units, the capacity and size of the turbine are getting larger and larger, and the development and application of conventional turbines, especially the reaction turbines, are becoming more and more extensive. Due to the increase in size and capacity of the unit, the specific speed of the turbine is also increased accordingly, the rigidity of the runner structure is relatively reduced, and the turbine blades of some units develop cracks and breaks; furthermore, some hydropower units built, both domestic and abroad, have problems such as runner cracks. So, in addition to the efficiency and cavitation characteristics, the stability of the hydropower unit is gaining more and more attention.
Currently, more and more scholars, both domestic and abroad, conduct finite element analysis on turbine models and prototypes, predict the operation characteristics of turbines, and carry out optimal design research to achieve better design results. In this article, three conventional unit startup processes are introduced, and combined with the optimal impulse control strategy, an optimized unit startup method is proposed. As the optimal guide vane opening adjustment setting value is being obtained by solving the planned startup control strategy, the 3D modeling and CFD simulation are carried out, then the equivalent stress characteristics are obtained by finite element calculation, when the unit is running from startup to no load at a rated speed on three different startup modes. At last, the dynamic stress tests of the runner blade are performed at the hydropower station by using the wireless acquisition and transmission technology, and the peak value and characteristics of the dynamic and static stress of the blade under different startup processes are obtained. In this, the validity of the model analysis is proved with the comparison between the simulation calculation and measured results, and the effectiveness of the startup control strategy is proved by combining the runner blade dynamic stress simulation, calculation, and the field dynamic stress test results. The optimization method of the startup process proposed in the article can alleviate the abnormal vibration of the unit and provide a basis for the long-term stable operation of the hydropower unit.
STARTUP PROCESS OF HYDROPOWER UNIT
Common Startup Processes
The common startup control methods of the hydropower units include open-loop control, closed-loop tracking control, and open–closed loop–combined control (Lei et al., 2021).
An open-loop control mainly means that after the governor receives the power-on command, the guide vane will be opened to the preset opening at the maximum opening speed, and the opening will remain unchanged. When the frequency rises to the preset value, the guide vane will be opened again. close to the predetermined no-load opening, such that the unit quickly rises to rated speed and stabilizes.
Closed-loop tracking control means that the governor is always in a closed-loop adjustment state during the startup process, tracking the frequency given curve to 50 Hz.
Open and closed loop joint control means that when the governor receives the start command, it is set in the opening control mode first, the given value of the opening is set as the start opening, the frequency is set to a certain setting value less than 50 Hz, and then the opening is quickly increased to the start opening. When the frequency is increased to the set value, the PID adjustment is automatically activated, and the set frequency value is automatically increased to 50 Hz (Chen et al., 2019; Hou et al., 2019).
The dynamic characteristics of the turbine are obviously nonlinear because the water diversion system has the water hammer effect and the inertia of the turbine unit is large. Therefore, it is difficult to use the typical linear feedback method to control effectively. The traditional PID control and the derived feedback control are usually simulated and calculated by the simple linearized approximate model of the system, and it is difficult to effectively control the real turbine control and operation system.
Therefore, in this article, the optimal guide vane opening adjustment setting value is obtained by solving the planned startup control strategy, and the effectiveness of the startup control strategy is proved by combining the runner blade dynamic stress simulation, calculation, and the field dynamic stress test results.
According to the requirements of the planned startup control strategy, the best control method is to make the guide vane opening act according to the time curve shown in Figure 1, that is, the operating speed of the guide vane is started, and after reaching a certain opening, it is closed to the no-load opening at the maximum allowable operating speed.
[image: Figure 1]FIGURE 1 | The common change process of the guide vane opening for hydropower unit.
Startup Process Optimization
According to the characteristics of hydraulic flow energy, when the startup process ends, the water energy used by the turbine is exactly equal to the energy consumed by overcoming various resistances during the startup process and the kinetic energy required for increasing the rotor speed; this is the basic principle of the optimal impulse control strategy (Sun et al., 2018; Wang et al., 2019). The common change process of the guide vane opening for hydropower unit is shown in Figure 1.
In Figure 1, f is the percent of unit frequency against 50 Hz, y is the percent of guide vane opening, and the top point of the guide vane opening curve is the peak value ymax. The value yno_load corresponding to the last straight section of the guide vane opening curve is the stable opening of the unit at a given speed with no load. In order to determine the maximum guide vane opening ymax during startup and the stable opening yno_load during the no-load running, the solution can be solved according to the principle of optimal energy balance.
The theoretical formula for turbine flow is:
[image: image]
where q is the flow discharge of the turbine, y is the guide vane opening, and [image: image] is the water pressure change rate of the turbine, which can be calculated by measuring the pressure difference at the spiral case inlet and draft tube outlet, and then obtaining the change of turbine work head.
The input power N of turbine is:
[image: image]
Therefore, the sum of the power due to the water flow of the turbine can be obtained by integrating the power N. The kinetic energy stored by the rotor at the current speed is:
[image: image]
where J is inertia of the unit, and ω is the rotational speed.
According to the optimal impulse control strategy, the unit reaches the speed ω at time of td, and so we can get the power loss s each time before td.
[image: image]
where si is the power loss at time i, and ωi is the speed at time i.
Then, we can calculate with the formula:
[image: image]
When ω = ωn—here ωn is the rated speed—the guide vane opening yno_load at no load can be obtained by calculations. Similarly, through the power loss formula, the relationship between t and ω after time td can be calculated, and the ymax value that meets the requirements is obtained by iterative calculations (Tan and Islam, 2004).
Therefore, we can use the effective impulse principle in the startup process to obtain the curve y of the guide vane opening and formulate the control strategy of the startup process according to the prediction model of the guide vane opening.
SIMULATION OF RUNNER BLADE DYNAMIC STRESS
Numerical Calculation Model
The three-dimensional incompressible unsteady Navier–Stokes equation is used for the time-averaged method, and the Reynolds average method is performed to obtain the control equation in the time-averaged form (Hong et al., 2015; Xing and Xu, 2015):
[image: image]
The momentum equation is:
[image: image]
where [image: image] is the fluid acceleration; f is the body force per unit mass of fluid, usually f = g (g is the gravity acceleration); [image: image] is the resultant force of pressure p received on the surface of the fluid per unit mass; [image: image] is the fluid density; [image: image] represents the divergence; [image: image] is the viscosity coefficient; and [image: image] is the fluid velocity.
The turbulence model adopts the SST model, which has great advantages in predicting the turbulent scale of near-wall flow or flow with adverse pressure gradient. Therefore, the model is selected when solving the unsteady turbulent flows in the draft tube. The turbulent kinetic energy equation and turbulent dissipation rate equation of the SST model are, respectively (Kang et al., 2016; Tiwari et al., 2020):
[image: image]
[image: image]
The calculation uses the discrete method of the finite volume method. The finite volume method is also called the control volume method (Bai et al., 2012). Its basic principle is to divide the computational domain into tiny control volumes corresponding to the grid nodes, one to one. Each control volume does not repeat each other. The equations are integrated to obtain a set of discrete equations. In order to give the integral form of the control volume, assumptions are made about the convective flux at the nodes of the control volume grid, such that different forms of discrete equations can be derived.
Computational Domain Model
As the geometry of each part of the turbine flow passage is relatively complex, to accurately simulate the flow channel shape of the real turbine during the modeling process, Siemens NX software is used to geometrically model the entire flow channel of the turbine. The entire calculation area includes spiral case, static vanes, guide vanes, runners, and draft tubes. The overall computational domain geometric model is shown in Figure 2. To accurately simulate the internal flow of the flow components of the turbine and minimize the error in the numerical calculation, high-precision hexahedral meshes are used to mesh the flow components.
[image: Figure 2]FIGURE 2 | The geometric model of the overall computational domain.
The object of the numerical analysis is the model hydraulic turbine, and its overall geometric modeling is completed by the Siemens NX software platform. All the flow parts are divided into high-precision hexahedral meshes by the ANSYS ICEM-CFD software to make field analysis calculations. Through the analysis, the flow field calculation of the runner and other flow components is obtained as the load of the structure field calculation.
For the calculation of the flow field in the Francis turbine and the calculation of the structure field of the runner, the three-dimensional geometric models for the calculation of the flow field and the structure field are established, respectively. Figure 3 shows the models for flow field calculation, structure field calculation, and the fluid–structure interaction surface.
[image: Figure 3]FIGURE 3 | The geometric models of Francis runner and spiral case.
The calculation object of the structure field is the Francis turbine runner, and the constraint condition is a fixed constraint given on the connecting surface of the upper crown of the runner and the main shaft flange. The load on the runner includes inertial force and surface force. The inertial force includes the force caused by the runner’s gravity and rotation. The surface force is mainly the water pressure on the fluid–solid interface caused by the fluid flow, which is obtained from the results of the runner flow field calculation.
The total pressure at the inlet of the spiral case and its velocity direction are used as the inlet conditions, and the average static pressure at the draft tube outlet is used as the outlet conditions for the flow field calculation. Through the CFD calculation of the overall flow channel, the calculated inner flow field is more accurate, and a more accurate blade surface pressure load is provided for the subsequent structural field calculation.
MEASUREMENT OF RUNNER BLADE STRESS
To compare the force of the runner under different startup modes, the dynamic stress test of the runner blade was carried out, that is, the strain gauge was pasted on the runner blade, the data were collected and stored by wireless transmission, and the relationship between the static stress and the dynamic stress with the guide vane opening was analyzed. The layout of the strain gauge is shown in Figure 4.
[image: Figure 4]FIGURE 4 | The layout of the strain gauges for Francis turbine runner.
The photos of the strain gauge fixing and protection are shown in Figures 5 and 6.
[image: Figure 5]FIGURE 5 | The photos of fixing the strain gauges by special glue.
[image: Figure 6]FIGURE 6 | The photos of protection of the strain gauges by metal protective coating.
The cables are led from the large hollow shaft to the accessories of the top air supply valve, and the test instruments and equipment are fixed by bolts and welding to ensure that the equipment does not detach or is not thrown out when the unit rotates at high speed. All measurement signals are stored offline in the acquisition instrument and transmitted to the engineer’s computer synchronously. The photos of data acquisition equipment are shown in Figure 7.
[image: Figure 7]FIGURE 7 | The photos of data acquisition equipment fixed by bolts and welding.
RESULT OF STRESS MEASUREMENT FOR DIFFERENT STARTUP PROCESSES
Conventional Control Methods
Two conventional control methods were carried out on-site, and the guide vane opening process and speed rise curve were recorded, that is, after the governor received the starting command, the guide vane was opened to the set opening at the fastest speed, then kept unchanged. When the frequency rises to the set value, the opening of the guide vane servomotor was adjusted to the set value of no load, then the servomotor control mode was turned to PID adjustment mode.
Here, we select the strain–stress point at BV3 shown in Figure 4, where the previous runner crack appeared as the characteristic parameter, and analyze the stress change at this location under different startup processes.
The sampling rate of the stress signal is 1,200 Hz, and the static stress and dynamic stress are calculated by sliding for the period of 1 s. The average value of the static stress is calculated, and the peak-to-peak value of the dynamic stress is calculated.
For the first time, the single stage acceleration adjustment was adopted, the guide vane opening process and speed rise curve are shown in Figures 8–10.
[image: Figure 8]FIGURE 8 | The curve of the guide vane opening and the speed (single-stage acceleration).
[image: Figure 9]FIGURE 9 | The stress curve of the blade back in the direction of vertical water flow (single stage acceleration).
[image: Figure 10]FIGURE 10 | The dynamic strain–stress curve with the guide vane opening (single-stage acceleration).
As the guide vane is directly opened to the no-load opening degree in this adjustment method, the dynamic stress in the process is relatively large and the maximum dynamic stress is about 55 MPa, but the duration is short, about 2–4 s.
Then the second conventional adjustment mode test is carried out, but the guide vane adjustment mode is two-stage acceleration, and the adjustment curves and typical dynamic stress curves are shown in Figures 11–13.
[image: Figure 11]FIGURE 11 | The curve of the guide vane opening and the speed (two-stage acceleration).
[image: Figure 12]FIGURE 12 | The stress curve of the blade back in the direction of vertical water flow (two-stage acceleration).
[image: Figure 13]FIGURE 13 | The dynamic strain–stress curve with the guide vane opening (two-stage acceleration).
In the two-stage adjustment process, the accelerated opening time of the second stage of the guide vane is relatively long, and the static and dynamic stress of the vane increases significantly. The maximum dynamic stress was about 82 MPa, which exceeds the maximum dynamic stress of the first test.
Optimized Control Method
Combined with the effective impulse principle and two-stage startup strategy, an over adjustment mode is added to optimize the control mode. The calculation results in ymax = 21.5%, yno_load = 13.5%, and the startup curve are as in Figures 14–16.
[image: Figure 14]FIGURE 14 | The curve of the guide vane opening and the speed (optimized control mode).
[image: Figure 15]FIGURE 15 | The stress curve of the blade back in the direction of vertical water flow (optimized control mode).
[image: Figure 16]FIGURE 16 | The dynamic strain–stress curve with the guide vane opening (optimized control mode).
It can be seen from Figure 16 that in the process of accelerating the speed of the unit from zero to 100 r/min, the blade is subjected to a large dynamic stress, and the maximum dynamic stress is about 44 MPa. Compared with the single-stage startup, the guide vanes are opened in two stages during the optimized startup process, and the maximum dynamic stress is greatly reduced, but the duration of the dynamic stress is increased.
Data Analysis and Comparison
As the SST and k-ε turbulence model are used to simulate the internal flow of each flow-through component of the turbine, and the error is minimized in the numerical calculation, all flow-through components are divided into high-precision hexahedral meshes by the ANSYS ICEM-CFD software. The ANSYS runner structure finite element calculation model has 853,000 mesh elements and 1,233,000 nodes, as shown in Figure 17.
[image: Figure 17]FIGURE 17 | The structure finite element calculation model of the runner and blade.
The blade surface pressure is changed with time, and the hydrodynamic pressure load is carried out according to the following steps:
1) According to the results of the unsteady flow analysis, the water pressure values at each node on the blade surface of the finite element model at each moment are taken out, and the water pressure load file at each moment is established after processing.
2) In the finite element preprocessing file, the water pressure load array is established, and the water pressure load array is assigned values through the water pressure load file at each moment.
3) At different times, the blade pressure is loaded on the nodes of the computing network, and the time load step file is written.
According to the parameters of the three startup processes, the CFD simulation of the turbine fluid is carried out. When the unit reaches no load, the simulation results of the force cloud diagram of the blade are shown in Figures 18–20:
[image: Figure 18]FIGURE 18 | The stress cloud diagram for the runner and blade (single-stage acceleration).
[image: Figure 19]FIGURE 19 | The stress cloud diagram for the runner and blade (two-stage acceleration).
[image: Figure 20]FIGURE 20 | The stress cloud diagram for the runner and blade (optimized control mode).
The governor parameter setting, maximum dynamic stress test, and simulation results are shown in Table 1:
TABLE 1 | The governor parameter, max. dynamic stress test, and simulation results.
[image: Table 1]CONCLUSION

1) The dynamic stress test of the rotating parts for the hydraulic machinery, especially the turbine runner, is currently difficult in field testing, and many key technologies have to be paid attention to. The metal repair agent currently used for the protective layer on the surface of the strain gauge may affect the stress measurement, and further verification and analysis are required. The protective steel pipe of the strain gauge transmission cable is welded on the surface of the runner cone, and then the wire is combined with a steel rope from the large hollow shaft to the top, which may also have a certain impact on the flow state of the runner outlet. However, these two methods ensure that the strain gauge can work effectively during the long-term startup, shutdown, and load changing processes of the unit and that it will not peel off or fail to work. Most runner dynamic stress tests in the past failed due to the loss of strain gauge signal or sensor detachment in a short period of time (Huang et al., 2014; Unterluggauer et al., 2019).
2) From the test and simulation results, it can be seen that when the optimal pulse control strategy is adopted, the best parameters of the unit adjustment process can be obtained, such as the opening acceleration and the no-load opening limit and other data. The maximum dynamic stress on the runner blades when the unit starts up on the optimized control mode is only 81.6% the maximum dynamic stress on the single-stage control mode and 54.2% of the maximum dynamic stress on the two-stage acceleration control mode—almost only about half of it. Therefore, it can be verified that the optimal pulse control strategy can achieve a very good optimization effect.
3) Through the CFD simulation and calculation, with the guide vane opening, flow rate, and pressure data at the moment of maximum dynamic stress under the condition of no load on the runner, it can be seen that the difference between the simulation results and the actual measurement results under the three adjustment processes of the runner blade is 54.41, 82.05, and 44.44 MPa and proves that the CFD calculation can play a guiding and correcting effect in the common test of different startup modes of the unit.
4) The current dynamic stress test only analyzes the whole process data from the startup to 100% rated speed and then to the no-load of the unit. In fact, the whole dynamic stress test covers the load changing process, startup, and shutdown process of the unit, and the displacement, vibration, and pressure pulsation data of the unit’s operation are measured synchronously. If further analysis can be carried out under these operating conditions, it can provide further guidance for the optimization and zoning of the operating load of the unit.
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Addressing the cavitation prevention requirements for a longer service life of the high-speed centrifugal pump in the temperature control system of aerospace, the effect of blade inlet width on cavitation performance is studied on the premise of consistency of impeller outlet diameter D2, impeller outlet width b2, volute inlet diameter D3, pump interface and other structural parameters. Therefore, the corrected coefficient k1 of blade inlet exclusion coefficient is introduced; four groups of centrifugal impellers with inlets of different geometric structures blades are put forward. To begin with, based on the D# pump performance test and Pumplinx simulation, the cavitation performance of high-speed pump with four different groups of impellers is studied under five working conditions of negative inlet pressure (Pj=(−20, −30, −40, −50, −60)kPa) on the premise that energy characteristics agree well with cavitation performance. According to the results, when Pj drops from −50 kPa to −60 kPa, the cavitation perform changes the most significantly. This indicates that the method of twisting the centrifugal impeller of the suspended forward-extended blade shows a significant effect in preventing cavitation performance under such working conditions of high speed and negative pressure. Its application in aerospace power systems can effectively reduce the impact of low pressure in the system and significantly improve the cavitation performance.
Keywords: impeller type, twisted overhung forward-extended, high-speed centrifugal pump, cavitation, ethylene glycol aqueous solution, numerical simulation CLC number: TH137, TH311 document code: A 0 preface
PREFACE
Aerospace systems often require miniaturized high speed centrifugal pumps, which are prone to cavitation, a phenomenon degrading the hydraulic performance of pumps, especially at the blade inlet areas (Guan, 1995; Wang, 2004). Under continuous high-frequency and high-pressure blow by the cavitation bubble, the metal surfaces of flow passage components such as volute casing could sustain metal damage that shortens their service life. Therefore, cavitation prevention in high-speed pumps became an urgent requirement. However, conventional analysis of civil or industrial centrifugal pumps is mainly conducted with clean water or at low speed. No research have been conducted on the different types of impellers with overhung forward-extended blades at high speed in ethylene glycol aqueous solution. Research on the cavitation characteristics of high-speed centrifugal pumps in ethylene glycol aqueous solution is rare. Thus, this study focused on the cavitation under high-speed operation with multi-component non-Newtonian ethylene glycol aqueous solution to address the urgent need for analyzing the effect of impeller shapes on cavitation characteristics of high-speed centrifugal pumps for aerospace temperature control systems in special media.
Cavitation characteristics of centrifugal pumps have been extensively studied. Zhang et al., Feng, and Chao et al. (Feng, 2016; Zhang et al., 2017; Chao and Wang, 2019) investigated the influence of impeller type on cavitation (splitter blade and composite impeller). Zhao et al. and Wang et al. (Wang and Xie, 2016; Zhao and Zhao, 2017) studied the influence of blade adjustment (obstacle arrangement and slotting) on cavitation. Wei et al., Fu et al., and Chao et al. (Fu and Shen, 2016; Wei and Song, 2016; Chao and Wang, 2018) explored the centrifugal pump inlet backflow cavitation characteristics under different working conditions. Hu et al. (Hu and Song, 2017) studied the cavitation characteristics of micro-pump under low flow. Pei et al. (Pei and Yin, 2017) examined the influence of impeller geometric parameters on cavitation performance with the orthogonal experimental design based on Computational Fluid Dynamics (CFD).
Current cavitation prevention measures, such as changing the pump inlet structure and adopting a front inducer, are not applicable to aerospace systems due to their internal structure, shapes, and dimensions. Measures such as reducing the flow resistance of the pipeline and increasing the medium pressure in front of the pump are not applicable due to pipeline structure and pressure specification in the aerospace system. Measures such as using anti-cavitation materials are restricted by the anti-redundancy requirements.
Under the promise that existing cavitation and hydraulic tests conform well to the Pumplinx three-dimensional full flow channel vapor-liquid two-phase numerical simulation, we conducted numerical simulation and explored the internal cavitation characteristics of high-speed centrifugal pumps with four different types of impellers in ethylene glycol aqueous solution (Zindani et al., 2016; Yao and Luo, 2019; Han et al., 2021; Liao and Wuruikang, 2021; Tang et al., 2021) and obtained the influence of different geometric shapes of the blade on the external characteristics and cavitation flow characteristics of high-speed centrifugal pumps. This study could provide a theoretical basis for the better application of high-speed centrifugal pumps in aerospace systems.
DESIGN PARAMETERS AND MODEL
Design Parameters
Parameters of the research object are follows: the rated flow Qv = 400 L/h, the boost value ΔP = 170 kPa, the rated speed n = 9,400 r/min, and the impellers are four Long and four short blade semi-open compound type. Table 1 shows the geometrical parameters of the pump, and Figures 1, 2 presents the structure diagrams of four centrifugal impeller types.
TABLE 1 | Geometrical parameters of the pump.
[image: Table 1][image: Figure 1]FIGURE 1 | Structure of centrifugal pump.
[image: Figure 2]FIGURE 2 | Structure diagrams of four types of centrifugal impellers.
Design Mode
The fluid passing through the impeller follows the velocity triangle. The axial plane component velocity vm is the component of the fluid flowing out of the impeller along the axis and is related to the fluid flow passing through the impeller. With the same fluid flow, a larger flow area means smaller velocity and minimal energy loss.
With consistent outlet diameters and outlet widths of volute and impeller, we designed four groups of impellers, namely, twisted overhung forward-extended backswept composite impeller (A), cylindrical overhung forward-extended backswept composite impeller (B), twisted backswept composite impeller (C) and cylindrical backswept composite impeller (D), respectively, using four long blades and four short blades, as shown in Figure 2.
[image: image]
When designing the twisted overhung forward-extended backswept composite impeller (A) with four short blades and four long blades, the corrected blade excretion coefficient k1 was introduced (Eq. (1)). The conventional calculation method for blade inlet velocity of centrifugal pump only considers the blade thickness and ignores the blade width b. This paper proposed to consider both the thickness (k in Eq. 1) and width of the blade when calculating the blade excretion coefficient.
The revise corrected coefficient k1 takes into account the thickness and width of the blade,So K1 is smaller than K.Reduce the blade inlet working face, increase the opening area and flow capacity of the inlet between blades, According to the Bernoulli Equation,The flow rate decreases, the pressure increases,So as to improve the anti cavitation performance.
Formula:F1 is the discharge section area of the calculation point, k is the blade excretion coefficient at the calculation point, k1 is the corrected blade excretion coefficient at the calculation point, D1 is the diameter of the diameter at the calculation point, Su1 is the circumferential thickness of the blade at the calculation point, ?v is the volumetric efficiency, b is the width of the blade at the calculation point, b’ is the width of the forward-extended blade at the calculation point, δb is the width coefficient, Z is the number of blades, and V is the inlet velocity at the calculation point.
CALCULATION METHOD AND MESHING
Governing Equation
The motion of the ethylene glycol aqueous solution in the high-speed centrifugal pump is an unsteady three-dimensional complex turbulent flow with the following Reynolds time-averaged N-S equations:
[image: image]
Formula: [image: image] is the vector operator in the Cartesian coordinate system, u is the velocity vector of the fluid; P is the fluid pressure; F is the force vector per unit mass; [image: image] are the density and molecular viscosity of the fluid, respectively.
Cavitation Phase Transition Model
Pumplinx numerical simulation software operates with the Singhal full cavitation model “Cavitation” based on the idea of the two-phase flow model. The “Cavitation” model solves the dynamic process of the phase transition of the cavitation bubble with the bubble dynamics Rayleigh-plesset equation and introduces the concept of mixing density, which integrates the non-condensable gas, evaporation condensation processes and the compressibility of liquids (Wen et al., 2018; Ma and Pan, 2020; Bai and Ma, 2021). This model has also been tested and verified by a large number of engineering projects.
The Singhal full cavitation model and the N-S equation were combined, and the RNG k-ε turbulence model was adopted to solve the equation. By combining the Singhal model with the continuity equation, the relationship between the changing rates of density and vapor phase volume fraction was obtained as follows:
[image: image]
where vapor volume fraction αv is related to cavitation bubble number density and cavitation bubble diameter RB:
[image: image]
Singhal model is based on the Rayleigh-Plesset bubble dynamics equation:
[image: image]
The expression for the phase transition rate is obtained by neglecting the viscosity and surface tension effects and combining the continuity equation of each phase:
[image: image]
Where: PB is the saturation vapor pressure, σ is the surface tension coefficient.
In the simulation of internal flow cavitation of centrifugal pump, the phase change rate is related to vapor phase density, liquid density and mixture density. The Singhal model takes into account the effects of turbulence and non-condensable gas. The Singhal vapor phase mass fraction transport equation is as follows:
[image: image]
Where: [image: image] are vapor phase density and volume fraction and [image: image] is the average vapor phase velocity; Re and Rc are the phase change rates of vaporization and condensation, respectively, and their expressions are:
[image: image]
Calculation Method
The flow in the centrifugal pump is mainly three-dimensional viscous and incompressible unsteady turbulent flow. Reynolds time averaged N-S equations, RNG K-andepsi; two-side turbulence model and SIMPLE algorithm are selected, Singhal full Cavitation model. The first phase is the ethylene glycol aqueous solution, and the second phase is the bubble. The saturated vapor pressure of ethylene glycol aqueous solution is 1.41 kPa.
During the calculation, the speed of centrifugal pump impeller n = 9,400 r/min and volute outlet volume flow rate Qv = 400 L/h(0.000111 m3/s)and inlet pressure (Pj=(−20, −30, −40, −50, −60)kPa). During the numerical calculation, the NPSH of the pump is changed by gradually decreasing the inlet pressure from 0 Pa to control the cavitation degree in the pump.
Meshing
The quality of the fluid domain grid is decisive for the accuracy of the numerical simulation results. PumpLinx uses the finite volume method for CFD simulation solution, that is, the unstructured grid. PumpLinx grid generator uses a proprietary CAB geometric equirectangular height adaptive binary tree Cartesian coordinate algorithm and a more regular Cartesian hexahedral mesh, which can generate body-fitted grid near wall surfaces. The CAB algorithm can automatically adjust the grid size to fit the geometric surfaces and geometric boundary lines by continuously splitting the grid. Adaptive algorithm was also incorporated when generating grids for automatic encrypted resolution of the geometry of complex details. At the same accuracy level, the proprietary grid generation algorithm has a smaller grid number than the tetrahedral mesh.
Figure 3 shows the three-dimensional diagram of the flow channel of the flow passage component, and Figure 4 shows the grid diagram of the impeller, where the computational domain consists of the impeller, the volute, and the tip clearance layer of the impeller. Since this study focuses on the cavitation characteristics of high-speed centrifugal pumps, the grid topology, number of grids, and the grid aspect ratio are controlled to ensure a relatively smaller size difference between adjacent grid nodes and more accurate numerical simulation results. Following the grid independence verification, the total number of grids in the computational domain is finally determined to be approximately 2.6 million considering the computer capability and efficiency. Table 2 verification of grid independence.
TABLE 2 | Verification of grid independence.
[image: Table 2][image: Figure 3]FIGURE 3 | Computational domain of Centrifugal Pump.
[image: Figure 4]FIGURE 4 | Computation grid of the centrifugal pump.
VERIFICATION OF HYDRAULIC CHARACTERISTICS TEST
In this paper, the hydraulic performance characteristics of a semi-open composite impeller low-specific speed centrifugal pump used for cryogenic circulation in a certain space station with a shrinkage coefficient of one were tested on the AECC Xi’an Engine Control Co. Ltd. open test bench, of which glass rotameter type: LZB-20D, 60–600 L/h, class 2.5 level, sensor type: MPM 480, 0–0.6 MPa, class 0.25 level.as shown in Figure 5. The working medium of the test was low-temperature glycol aqueous solution.
[image: Figure 5]FIGURE 5 | The centrifugal pump experimental facilities.
The cavitation test was carried out on a hydraulic test bench with a four Long and four short blade composite centrifugal pump according to the test standard GB/T3216-2005. The ethylene glycol aqueous solution density ρ = 1,030 kg/m3, the temperature t = 7.6°C, and the flow rate QV = 400 L/h. The initial inlet pressure Pj = 0 kPa. The inlet pressure of the pump was gradually reduced by adjusting the inlet valve until the decreased value of inlet and outlet pressure difference was 3% of the rated inlet and outlet pressure difference. At this time, the critical cavitation margin was reached. The cavitation test results were compared with the numerical simulation results to verify the accuracy of the numerical simulation. The test setup is shown in Figure 5.
Figure 6 shows the error between the experimental performance value and the performance parameter predicted by the numerical simulation of the cylindrical backswept compound impeller (D) at the design operation point under the non-cavitation condition. It can be seen that the errors between the head value and the test value are all below 5%, indicating that the numerical calculation simulation can simulate the internal flow field of the centrifugal pump at the design operation point and the numerical simulation results in this paper are accurate. Although the power error did not exceed 10%, the error is still large because the mechanical friction loss of various bearings and friction pairs in the operation of the centrifugal pump is not considered in the numerical simulation process.
[image: Figure 6]FIGURE 6 | Performance curves under different working conditions.
Figure 7 shows the error between the experimental performance value and the performance parameter predicted by the numerical simulation of the cylindrical backswept compound impeller (D) under the cavitation condition. It can be seen that the errors between the head value and the test value are all less than 5%, indicating that the numerical calculation simulation can simulate the internal flow field of the centrifugal pump at the design operation point and numerical simulation results in this paper are accurate. When the inlet negative pressure Pj = −50 kPa, the inlet and outlet pressure difference ∆p = 155 kPa and is close to 3% of the rated pressure difference. At this time, the pump outlet pressure P2 = 105 kPa, which is critical cavitation outlet pressure.
[image: Figure 7]FIGURE 7 | Cavitation characteristics curves under different conditions.
Figure 8 shows that when the inlet negative pressure is −50 kPa, the pump outlet flow rate remains at 400 L/h, but when the inlet negative pressure is −60 kPa, the outlet flow rate decrease to 300 L/h, indicating that a large amount of steam has been generated in the centrifugal pump at this time, with the largest volume of steam in the blade and the most intense bubble activity.
[image: Figure 8]FIGURE 8 | The change of outlet flow rate with inlet negative pressure.
CAVITATION CALCULATION RESULTS AND ANALYSIS
Cavitation Analysis of the Midsection at Unequal Inlet Negative Pressure Is Unequal
Figure 9 shows the cavitation bubble volume distribution diagrams of the midsections of the four types of pumps when the inlet negative pressure (Pj = −50 kPa; Pj = −60 kPa) and the design flowrate. In general, cavitation regions of the four types of pumps show a similar pattern. They all appear at the inlets of impellers and are mainly concentrated on the blade back (non-working surface). However, the cavitation regions vary due to the difference in impeller type. When Pj = −50 kPa, the cavitation regions of type A and type C are round, the volume fractions are both below 0.5; the cavitation regions of type B and type D are rectangular, the volume fractions are both below 0.875. The cavitation severity is ranked as B > D > A > C. When Pj = −60 kPa, the cavitation regions of the four types of impellers expand from the back of the blade to the working surface of the blade and gradually expand from the low-pressure area of the blade to the flow channel. The cavitation strength is obviously deepened, especially for type C, whose volume fraction increases from a level below 0.5 to 0.875. The cavitation regions of type A and type C are still round, and the volume fraction of type A is below 0.625. The cavitation regions of type B and type D gradually turn into round, and the volume fractions are still within the range of below 0.875. The cavitation severity ranking becomes C > D > B > A. Therefore, the non-forward-extended blade has a weaker cavitation resistance than the forward-extended blade.
[image: Figure 9]FIGURE 9 | The cavitation bubble volume distribution diagrams of the midsections of the pumps.
Due to the asymmetry of the volutes of the centrifugal pumps, the pressure and velocity at the dynamic and static coupling are non-uniformly distributed. In addition, the blades are arranged in a 4 × 4 staggered layout, resulting in the asymmetry distribution of the cavitation region. The most serious cavitation is at four in Figure E, followed by that at 3 and 2, and the lightest at 1, forming a reciprocating 4, 3, 1, two cavitation bubble cycle. As the inlet negative pressure of the high-speed centrifugal pump increases from Pj = −50 kPa (critical point) to Pj = −60 kPa, the distribution area of cavitation bubbles on the blade surface gradually expands.
The Analysis of Cavitation Bubble in the Pump at Unequal Inlet Negative Pressure
To analyze the cavitation evolution process in different types of impellers, the cavitation region with the volume fraction larger or equal to the 0.5 iso-surface in impeller axial view and the lateral view is extracted under the rated operating condition with the same speed and different inlet negative pressure values Taking a pair of blades in Figure 10 as an example. In Figure 10, the cavitation characteristics of the high-speed.
[image: Figure 10]FIGURE 10 | The distribution cloud diagrams of gas-phase volume fractions of different types of pumps at different inlet negative pressures under the design flow. (A) Spiral forward-extended impeller (B) Cylinder forward-extended impeller (C) Spiral non-forward-extended impeller (D) Cylinder non-forward-extended impeller.
centrifugal pump can be divided into three processes:1) Cavitation bubble first appears at the head of the suction surface of the blade and at the rear of the blade inlet. The distribution of cavitation bubbles at the four blades is different. This is the initial stage of the cavitation bubble, except the cavitation bubbles at type A blade suction surface, which are few and sporadic-dot-shaped and initially occur everywhere except the contact between the blade and the back shroud. 2) As the inlet negative pressure continues to increase, the cavitation bubbles gradually grow and increase, and there is no obvious sharp increase. At this time, the performance of the pump does not change. The number of cavitation bubbles at the suction surface of the type A blade increases more uniformly, the increase is small. The cavitation bubbles of the type A blade are sporadic spot-shaped. The lateral view shows that cavitation bubbles appear at the area from the blade inlet to the middle of the blade. When the inlet negative pressure reaches Pj = −50 kPa, the increase becomes significant, and the cavitation bubbles are star-shot-shaped. The cavitation bubble with a strength level of 0.875 does not occur until the negative inlet pressure reaches this level. Type B cavitation bubbles are tadpole-shaped and opposite to the direction of rotation of the impeller. Four tadpole shapes form a ring shape attached to the forward-extended section of the blade in the lateral view. With the increase of inlet negative pressure, the tadpole-shaped cavitation bubbles become longer and wider, the cavitation strength deepens, and the ring gradually closes. When Pj = −20 kPa, type B has the cavitation bubble with a strength level of 0.875, and when Pj = −40 kPa, the cavitation bubble with a strength level of one appears. Type C cavitation bubbles occur at the inlet of the blade. When Pj = −20 kPa, there is almost no cavitation bubble; when Pj = −40 kPa, cavitation bubbles increase, and the ring-type cavitation bubbles are more obvious; when Pj = -50 kPa, eight cavitation bubble rounds are presented, each having two rounds, underside of the blade tip has one round, and the rear of the blade tip at the suction surface has one round. The two cavitation bubbles are laterally zygomorphic at 45°; when Pj = −40 kPa, the cavitation bubble with a strength level of 0.875 appears. Type D cavitation bubbles present four lentil shapes, forming a ring. When Pj = −30 kPa, small cavitation bubbles of different sizes appear in the middle of the four lentil shapes in the axial view. In the lateral view, the four lentil shapes are at the root of the blade, and small cavitation bubbles are at the tip of the blade. With the increase of the inlet negative pressure, the tadpole-like cavitation bubbles become longer and wider, the cavitation strength deepens, and the ring is closed. Type D blade has the cavitation bubble with a strength level of 0.87 when Pj = −20 kPa, and when Pj = −40 kPa, the cavitation bubble with a strength level of one appears. Cavitation bubble volume change of type C impeller is more significant than cavitation bubble volume changes of other types of impellers before Pj = −50 kPa. Type B and type D impellers have larger cavitation volumes than type A and type C impellers. This stage is called the development of cavitation. (3) When Pj = −60 kPa, the cavitation bubble volumes of the four types of impellers increase suddenly, forming complete cavitation or severe cavitation. The sudden increments are ranked as C > D > B > A. The bottom layers of type B and type D cavitation bubbles become thickened, and the cavitation bubble trails at the outlet of the impeller completely block the outflow of the liquid flow. The bottom layers of type C cavitation bubbles become thickened, and the cavitation bubble trail at the inlet of the impeller completely blocks the outflow of the liquid flow. The outflow blocked by the three types of cavitation bubbles accounts for 3/4 of the impeller flow. At this time, the performance of the centrifugal pump is severely degraded. Although type A cavitation bubbles have a sudden increase, the increase is one order of magnitude less than the increases of the other three types.
It can be seen from Figure 7 and Figure 8 that when the inlet negative pressure is reduced from Pj = −20 kPa to Pj = −60 kPa, type A and type C impellers reduce the impact loss of the blade on the medium with the impact changing from the axial direction to the radial direction, and reduce the energy loss at the inlet, improving the fuel flow characteristics. The forward-extended sections of type A and type B blades occupy a smaller inlet space and have a smaller excretion towards the medium compared to those of type C and type D blades, which makes the inlet velocity small. In conventional inlet velocity calculation, the excretion coefficient, such as coefficient k in Eq. (1), is calculated by considering only the blade thickness and ignoring the blade width. In this paper, the corrected inlet excretion coefficient, such as the coefficient k1 in Eq. (1), is proposed after considering the blade width.
In general, impellers with forward-extended blades (type A and type B) have less variation in cavitation strength and cavitation region compared to those without forward-extended blades (type C and type D), indicating that impellers with forward-extended blades (type A and type B) have stronger cavitation resistance.
CONCLUSION
Under the condition that the design parameters, such as the outlet diameter of the volute and the impeller and the specific speed, remain unchanged, we designed four sets of impellers with different blade forms and studied the anti-cavitation characteristics of the high-speed centrifugal pump using ethylene glycol aqueous solution as the medium in the aerospace temperature control system under different inlet negative pressures. The following conclusions are drawn:
(1) For the design of blades in the centrifugal pump, while ensuring the blade thickness and taking into account the blade inlet width, the corrected coefficient k1 of the blade was introduced to obtain the twisted, overhung and forward-extended blade beyond the conventional design.
(2) When the inlet negative pressure decreased from Pj = −50 kPa to Pj = −60 kPa, the volume fraction of type A was below 0.625, and the volume fractions of other types were increased to 0.875. The cavitation severity changed from B > D > A > C to C > D > B > A.
(3) When the inlet negative pressure decreased from Pj = −20 kPa to Pj = −60 kPa, type A had the smallest cavitation area and cavitation strength. The shape, size, and position of the cavitation regions of the four types of impellers varied significantly. The change of type C subject to inlet negative pressure gradient was the most sensitive. Type B and type D both had cavitation bubbles with the strength level of 0.875 when Pj = −20 kPa and cavitation bubbles with the strength level of one when Pj = −40 kPa.
(4) The width of the blade inlet was reduced so that the excretion strength of the blade inlet to the medium was weakened, the inlet energy loss of the blade was improved, and the flow loss at the blade inlet was reduced, improving the anti-cavitation characteristics, especially when Pj = −60 kPa.
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1 1) 1(1) 1(30) 108 0918 3.3743 KiiCq 4226 3.39 3.2 3.042
2 2(1.5 2(2) 2(60) 1 0817 9.8371 KyCq 3.156 3.236 3.939 3.143
3 3@ 3@ 3(90) 1 0.732 61.5612 K3Cq 3.035 4.632 3.793 8.534
4 4(2.5) 44) 4(120) 1 0.575 113.47 K4Cq 4.302 3.461 3.787
5 4 3 2 2(10) 0.746 54.649 KijFs 61.67 40.74 51.89 1882
6 3 2 1 2 0.791 10.987 Kaifs 73.19 68.55 154.7 104.0
7 2 1 4 2 0.825 9.0517 KaFs 166.4 199.8 192.1 337.7
8 1 4 3 4 0.781 29.308 KeiFs 328.6 320.8 2311
9 1 3 4 3012 0.848 18.776 KiyCq 0.845 0.847 0.8 0.760
10 2 4 1 3 0.74 16.496 KziCq 0.789 0.809 0.787 0.785
" 3 1 2 3 0.871 8.3029 K3Cq 0.758 0.772 0.758 0.775
12 4 2 3 3 073 43.485 KyCq 0717 0.692 0.757
13 4 1 3 3 0.776 20.018 KijFs 12.33 10.18 12.97 47.06
14 3 4 4 3 0.641 85.573 KoFs 18.29 17.13 30.95 25.99
15 4 3 3 3 0.774 37.812 KyFs 41.60 33.30 38.43 30.70
16 1 2 4 3 0.898 4.2415 KyFs 54.77 64.16 46.22
17 1 3 2 3 0.781 5.9765
18 4 3 1 3 0.751 21.039 RCq 0.128 0.155 0.042 0.025
19 4 4 2 3 0.724 75.997 RFs 4244 53.98 33.24 21.06

Factor (primary—secondary): BACD
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Serial number Factors Parameters

1 The moving velocity of the sprinkler (m h™) 15, 20, 25, 30, 35, 40, 45, 50
2 Soil moisture content (%) 208, 47.7, 703

3 Ground siope () 0, 15,30

4 Tube length (m) 10, 20, 30, 40, 50, ... , 170, 180
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Calculated value a
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Design project External pulling Weight (kg) Climbing ability (') Speeds of Speed of
force (N) sprinkler gear transfer gear
(mh) (mh™)

Parameters 6,500 1400 30 16/20/25/30/36/40/45/50 5,000
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Different extreme operating states

hard hose traveler
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Short-term, sprinkler irrigation Yes
Short-term, transfer No
Long-term, sprinkler irrigation Yes

Long-term, transfer No

Speed (m h™) Turn Overcome pulling force
6,500 N
5,000 No Yes
5,000 Yes No
50 No Yes
5,000 No No

Extreme power (W)

24,599.74
25,184.54
246.00
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Soil moisture
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The average value of friction of
18 m tube (N)

125.8
148.7
177.3

The friction coefficient between
the tube and the ground

0.275
0.325
0.388

The friction force between a 180 m tube and the ground (N)

1268.3
1487.5
17733
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The operation pulling force of reel and tube

Pulling force required for reel rotation
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The moving velocity of the sprinkler (m h™") 15 20 25 30 35 40 45 50

The tube one-time unrolled time (h) 12.00 9.00 7.20 6.00 5.14 4.50 4.00 3.60
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Project

Conditions of the unrolled tube

Electric power transmission and distribution

Total price (CNY)

Ground siope ()
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Unit price (CNY)

Parameters
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Number of The expanded length of the tube Kinetic energy Accumulated energy consumption (J)

tube layers (m) (Nm™)
5 0 181.70 0
17 180.29 460.94
34 178.88 932.54
5.1 177.47 1,387.80
6.8 176.07 1,836.71
85 174.66 2276.29
4 85 163.06 2276.29
185 155.33 3,829.58
285 147.60 5228.20
385 139.86 6472.15
485 13213 7,561.43
585 124.40 8,496.04
3 58.5 115.55 8,496.04
66.98 109.46 9.424.24
75.46 10337 10,249.13
83.94 o7.27 10,970.69
92.42 91.18 11,588.95
1009 85.09 12,103.89
2 1009 7858 12,103.89
109.46 72.90 12,727.90
118.02 67.22 13,254.69
12658 6154 13,684.27
135.14 55.86 14,016.64
1437 50.18 14,251.79
1 1437 46.02 14,251.79
150.96 41.61 14,563.86
158.22 37.19 14,791.80
165.48 32.77 14,965.61
172.74 28.36 15,075.28

180 23.94 15,120.83
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Parameters

Inner diameter of the working cyiinder (dz)

Diameter of the piston rod (d;)

Nurmber of the constant through-hole ()

Diameter of the constant through-hole (d})

Nurmber of the check valve “a” (1)

Vale hole diameter of the check valve a” (d)

Valve plate equivalent thickness of the check vaive “a” (h.e)
Valve plate pre-tightening force of the check valve “a” (F,)
Valve plate maximum limit clearance of the check valve “a” valve plate (82)
Nurmber of the check valve “a” (1)

Vale hole diameter of the check vaive “b” (o)

Valve plate equivalent thickness of the check valve 0" (1)
Valve plate pre-tightening force of the check valve “b” (Fy)
Valve plate maximum limit clearance of the check valve “b” (3,)

Value

Unit

mm
mm

mm

mm
mm

mm

mm
mm

mm
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Parameters

Vale hole diameter of the check valve “a” (dy)
Valve plate equivalent thickness of the check vaive “a” (hzc)

Valve plate pre-tightening force of the check valve a” (F,)

Valve plate maximum limit clearance of the check valve a valve plate (3.)
Vale hole diameter of the check valve 0" (dby)

Valve plate equivalent thickness of the check vaive "0 ()

Valve plate pre-tightening force of the check valve 0" (F,)

Valve plate maximum limit clearance of the check valve “b” (8,)
Diameter of the constant through-hole (c)

Piston clearance (5)

Dynamic viscosity ()

Lower limit

4
0.2
100
0.15
35
0.45
225
0.1
2
0.03
15

Unit

mm
mm

mm
mm
mm

mm
mm
mm
Nes/m?
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Speed (m/s)

0.05
0.13
0.26
0.39
0.52

Speed (m/s)

0.05
0.13
0.26
0.39
0.52

Compression stroke

Experimental peak (N) ~ Simulation peak (N)

481 431
087 909
1,402 1,268
1819 1,690
2,232 2047

Recovery stroke
Experimental peak (N) ~ Simulation peak (N)

862 780
1807 1,638
2,556 2,348
3,327 3,099
4,203 3911

Error (%)

1.6
86
104
76
91

Error (%)

105
10.3
89
74
75
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Parameter name Value

Chord length 150 mm
Span length 100 mm
Tip clearance 0.15-0.20 mm
The maximum carmber position 23%C. 77%C
The maximum camber value 1.5C%
The maximum thickness position 50%C
The maximum thickness value 5%C

The acquisition frequency of cavitation images and it data 7000 Hz
Angle of attack 16" +16°
Flow velocity 9ms

Range of cavitation number 0.25-2.00
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Name

Six-axis force and torque sensors
Pressure transmitter (ilet outlet)
Angle adjustment mechanism
Temperature sensor
Electromagnetic flowmeter

Total Uncertainty

Range

0-1000 N
0-200kPa
-180-180°
-20-80°C
0-500L/s

Uncertainty

+0.1%
+0.1%
+0.05%
+0.5%
+0.2%
+0.56%
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Group1  Group2 Group3 Group4  Group 5
Bubble size (mm) 1 - 3 4 5

Group6 Group7 Group8 Group9  Group 10
Bubble size (mm) 6 7 8 9 10





OPS/images/fenrg-10-865252/inline_59.gif
Es(1)s Es(r) ]





OPS/images/fenrg-10-880338/fenrg-10-880338-t001.jpg
Scheme 1 Scheme 2 Scheme 3 Scheme 4

Flow rate (m®h) 100 100 300 300
Air voids (%) 2 6 2 6
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Parameters Value

Design flow rate Q (L/mir) 55
Number of impeller Blades Z 8
impeller rotating speed n (1pm) 3,000
Diameter of inlet pipe Ds gmm) 33
Diameter of impeller inlet D, (mm) 32
Diameter of impeler outlet by (mm) 433
Outlet width of impeller b, (mm) 14.15
inlet width of volute bs (mm) 178

Angle of tongue () 34
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Mesh1
Mesh2
Mesh3

Inlet pipe

164
216
241

Volute

448
448
448

Impeller

229
290
306

Tip

124
140
208

Head

1.65
1.57
1.66
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Test
Simulation
Test
Simulation
Test
Simulation
Test
Simulation

Rotational Speed (rpm)

1,100
1,100
1,200
1,200
1,300
1,300
1,450
1,450

Head (m)

73.26
74.31
77.33
79.01
80.08
81.67
83.54
84.63

Efficiency (%)

40.68
41.81
43.98
44.94
45.81
47.32
46.13
48.04
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Rotational Speed (rpm) First-Stage Impeller (%) First-Stage Space Guide Second-Stage Impeller (%) Second-Stage Space Guide

Vane (%) Vane (%)
1,100 3.48 6.67 3.39 5.62
1,200 3.12 6.59 2.96 5.42
1,300 2.94 6.42 2.85 5.16

1,450 263 6.31 2.57 4.92
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Simulation Conditions

Pump model at 1,450 rpm; particle mass concentration of 6%

Experiment

Grids Number

712564
963456
1375459
1947618
2306471

Total Head (m)

89.72
88.24
86.39
85.24
84.63
83.54

Error Compared to
the Test (%)

7.42
5.63
3.41
2.04
1.31





OPS/images/fenrg-10-865252/inline_85.gif





OPS/images/fenrg-10-884571/fenrg-10-884571-t003.jpg
Parameter

Inlet placement angle
Exit placement angle
Wrap angle

Vane length

Number of blades
Inlet diameter

Blad thickness
Annular width

Value

12

85"

a7
262 mm

395 mm
16 mm
61 mm
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Parameter

Inlet diameter

Maximum outer diameter of outlet
Minimum outer diameter of outiet
import placement angle

Exit placement angle

Blade wrap angle

Exit width

Number of blades Blade thickness

Value

235 mm
426 mm
396 mm
35"
325"
108
60 mm
416 mm
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Interaction Coefficient of Restitution Coefficient of Static Coefficient of Rolling
Friction Friction

Particle-particle 045 028 001
Particle-pump. 048 0.10 001
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Sequence number Data Sequence number Data Sequence number Data

i tsk 13 sk i tsk

1 " 250 18 10 8750 35 9 20000
2 13 750 19 10 9250 36 8 21000
3 16 1250 20 16 9750 37 10 22000
4 5 1750 21 9 10250 38 5 23000
5 14 2250 22 8 10750 39 12 24000
6 15 2750 23 13 11250 40 5 25000
7 13 3250 24 18 11750 41 6 26250
8 14 3750 25 14 12250 42 7 27750
9 13 4250 26 4 12750 43 6 29250
10 9 4750 27 7 13250 44 4 30750
" 15 5250 28 8 13750 45 2 32000
12 18 5750 29 T 14250 46 3 34000
13 12 6250 30 6 15000 47 5 36000
14 18 6750 31 13 16000 48 4 38000
15 10 7250 32 15 17000 49 5 40000
16 15 7750 33 16 18000 50 9 42000
17 & 8250 34 8 19000
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Times Impeller
1 43311
2 42201
3 41248
4 41940
5 42013
6 42133
7 43656
8 42372
9 41716
10 42558
1 42667
12 41678
18 41753
14 43029
15 42602
16 41605
17 42969
18 41590
19 41921
20 42121
21 43323
22 41508
23 42661
24 41058
25 41747

42109

Setling p = 50, we can get 50 characteristic data as fstad in Table 8.

Gearbox

40009
16828
48744
58750
14828
125633
175291
28295
363928
47368
70521
24014
19934
21064
57290
56145
17676
372267
30931
137379
34659
1375050
36847
179747
18501

283068

Generator

74395
185946
86633
1673
35490
75981
41034
175973
38274
6393
22551
37799
28705
40274
33770
139157
56570
207061
21816
28842
104992
40966
14916
8944
76860

46822

Pitch
control
system

65193
65318
64261
65331
65000
64158
64586
64914
65426
65447
64348
65466
65425
64849
65176
64305
64777
65335
65167
65431
65024
63774
65236
65370
65047

64981

Yaw
system

84351
84236
84653
84583
85129
85021
84203
84273
85453
83788
85127
84852
84414
84405
85297
84050
84433
84546
85164
86255
85339
84082
83399
84464
84158

84803

Brake
system

20324
4826
123818
45553
99210
101249
37468
21075
125173
20456
57006
8933
297109
51099
172179
38637
57656
34188
65177
85724
50258
4140
20625
61753
120728

93965

Lubrication

system

50765
39547
63409
116354
106863
9013
14264
91015
44053
81417
41832
65919
49832
65566
89127
98599
51311
11249
3692
30047
104110
16036
37707
104395
7691

1632

Electrical
system

48938
19360
8771

24337
57828
36303
6903
11582
59533
57654
68821
49767
27628
24296
21851
31637
3445

16269
50081
19872
5776
2046
9471

19642
37303

39312

Frequency
converter

55011
23634
14843
59810
5754
135616
9821
162175
47344
94197
9781
286468
33671
10853
18474
16932
66923
104821
26140
7451
29574
29741
8159
70728
1066

7857
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Component Distribution Mean value Standard deviation Scale parameter Shape parameter

u v " m
Blade Normal distribution 42000 663 - -
Gearbox Logarithmic normal distribution 11 1.2 - -
Generator Weibull distribution — s 76000 12
Yaw system Extreme maximum value distribution 650000 3700 - -
Pitch control system Normal distribution 84534 506 b e
Brake system Exponential distribution 120000 - - -
Lubrication system Weibull distribution — — 66000 13
Electrical system Weibull distribution = = 35000 15
Frequency converter Exponential distribution 45000 — = =

® denotes the location parameter of the maximum value distribution, and @ denotes the scale parameter of the maximum value distribution.
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1-a  m my n ny (Ts)

0.9 09712 1.4374 10689.6575 16088.1672 10015.5696
0.8 1.0256 1.4491 11183.3236 16377.9862 10478.0948
0.7 10639 14575 115202156  14916.6259  10802.1745

Given the t value, the lower confidence limit (1 - ) for the reliability of the wind turbine is
approximated.
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Distribution Normal distribution Exponential Weibull distribution Logarithmic normal Extreme minimum Extreme maximum
distribution distribution value distribution value distribution

Q 14.3679 0.9514 0.1737 19.2132 9.6881 1.3746





OPS/images/fenrg-10-861134/math_4.gif
@





OPS/images/fenrg-10-865885/fenrg-10-865885-g002.gif





OPS/images/fenrg-10-861134/math_3.gif
®





OPS/images/fenrg-10-865885/fenrg-10-865885-g001.gif





OPS/images/fenrg-10-861134/math_2.gif
o

+2(1-F)p—

(,..*");f]‘fcﬁpw

1%k e
wo, ox, Ox,





OPS/images/fenrg-10-865885/crossmark.jpg
©

|





OPS/images/fenrg-10-861134/math_1.gif
o | (b ) g |+ G phape





OPS/images/fenrg-10-882747/math_9.gif
2
5(#% (peu) = 5 (axu‘//:‘)~0.£(ckchGH

e
“CapT- R4S, ©





OPS/images/fenrg-10-861134/inline_9.gif





OPS/images/fenrg-10-882747/math_8.gif
9 2 9
a(pk)‘a—x‘(pku.)=h( ).c.‘ch pe=Yu
45 (8)






OPS/images/fenrg-10-861134/inline_8.gif





OPS/images/fenrg-10-882747/math_7.gif
)





OPS/images/fenrg-10-861134/inline_7.gif
-





OPS/images/fenrg-10-882747/math_6.gif
= (@ip) + V-

()





OPS/images/fenrg-10-882747/math_5.gif





OPS/images/fenrg-10-882747/math_4.gif
G, N,





OPS/images/fenrg-10-865252/fenrg-10-865252-g001.gif
SO






OPS/images/fenrg-10-865252/crossmark.jpg
©

|





OPS/images/fenrg-10-861134/math_5.gif
log (¢,

min) ¢
= g (10765 Y

0<ghn <l

©





OPS/images/fenrg-10-865885/fenrg-10-865885-g003.gif
F2SSBRERTSwo
S .






OPS/images/fenrg-10-836456/inline_104.gif





OPS/images/fenrg-10-865252/inline_144.gif





OPS/images/fenrg-10-836456/inline_103.gif





OPS/images/fenrg-10-865252/inline_143.gif





OPS/images/fenrg-10-836456/inline_102.gif
Thd





OPS/images/fenrg-10-865252/inline_142.gif





OPS/images/fenrg-10-836456/inline_101.gif
Py,





OPS/images/fenrg-10-865252/inline_141.gif
R(t)





OPS/images/fenrg-10-836456/inline_100.gif





OPS/images/fenrg-10-865252/inline_140.gif





OPS/images/fenrg-10-836456/inline_10.gif





OPS/images/fenrg-10-865252/inline_139.gif
X





OPS/images/fenrg-10-836456/inline_1.gif
Q ~ H.





OPS/images/fenrg-10-865252/inline_138.gif
S
v





OPS/images/fenrg-10-836456/fenrg-10-836456-t004.jpg
) 260) Optimal operating point of the pump Intersection point O of Q ~ Hz

curve
Q (L/s) Hz (m) tzz (%) Q(Ls) Tz (%)
-4 0 230.8 243 725 258.6 67.5
-12 226.7 2.69 7
0 238.4 an 721 278.7 67.1
-12 230.5 3.06 7.0
0 0 271.4 246 724 301.9 65.3

-12 257.1 2.89 69.9
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Length schemes A0 A3 c1 c2 B3 c3

w = 12b 3/4 b 3/4b 3/4b 3/4b
L/mm) = 1/81 5 1716/ 181 1/41
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w == 1/4 b 12b 5/8b 3/4b 7/8b 1b





OPS/images/fenrg-10-836456/fenrg-10-836456-g010.gif





OPS/images/fenrg-10-865252/inline_127.gif





OPS/images/fenrg-10-865885/fenrg-10-865885-t003.jpg
A0

A1l

A4

Va

TS5

Va
vr

Ts§5=x

Va

101,325

451
0.0049
4.49
0.0040

4.49
0.0040

4.49
0.0041

4.49
0.0041

6,000

451
6.21
4.49
2.74
-56.80%
4.50
0.62
-90.06%
4.49
1.65
-73.37%
4.49
1.27
~79 60%

4,000

451
20,145
454
23510
16.70%
451
21,536
6.90%
451
18,970
-5.83%
450
19,026

3,700

3.36
3,42,080
2.39
5,63,000
64.58%
347
3,00,470
-12.16%
371
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Mesh

Mesh1
Mesh2
Mesh3
Mesh4

Inlet Volute Impeller Front cavities Back cavities Total mesh Head
1o* 10* 110* 1o* 1o* 10* /m

18.7 24.0 822 18.2 15.2 163.4 4.552
18.7 24.0 136.3 18.2 16.2 2115 4.476
227 355 136.3 299 233 246.8 4.531
227 355 233.6 209 233 345.1 4.528
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Location schemes A0 At A2 A3 A4

D,/(mm) - 80 1147 1516 189.1
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AR Hy Iy Hea Ahgy My Tlba Ahig Hz tha N2z
0 (m) (%) (m) (m) (%) (%) (m) (m) (%) (%)
0 1625 774 1414 0211 87.0 67.1 0.603 0811 57.4 385

-12 1.634 773 1.496 0.138 91.6 70.8 0.596 0.900 60.2 426
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Measuring items Instrument Instrument model Accuracy

Head Differential pressure transmitter EJAT10A 0.1%
Flow rate Electromagnetic flowmeter E-mag 0.2%
Torque and rotation speed Torque and speed sensor JC1A-500 0.1%
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Component of Forebay Inlet conduit Impeller Guide vane Outlet conduit Outlet sump
computational domain

Grid number (x10%) 332 532 57.9 91.5 55.9 323
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Grid Grid 1 Grid 2 Grid 3 Grid 4

Number of grids 1220844 1831266 2746899 4120348
Predicted head (m) 61.43 61.63 61.28 61.03
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Parameters

Design flow rate (kg/s)

Head (m)

Rotating speed (rpm)
Effectiveness (%)

Specific speed

Inlet diameter (mm)

Inlet of the impelier (mm)

Outiet widith of the impeller (mm)

Outlet diameter of the volute (mm)

Value

16.637
60
2900
80
199
94
220
16
70
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The Number =150 =204 =230 =260 =290 =320
of Grids/Ten
Thousand

Pressure gain AP/kPa 17359 17337 173.32 173.21 173.21 172.31
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Parameters

Width of blade inlet

Width of blade outlet
Diameter of the impeller inlet
Short-blades initial ciameter
Diameter of the impeler outlet
Axial width of volute
Discharge angle

Long-blade wrap angle

Short-blade wrap angle

Value/Mm

2(A); 3(B)
4(0); 6.40)
3
14
24
35
32
20(A); 36(8)
29(C); 36(0)
217(A); 93B)
217(C); 93(D)
64(A); 26(B)
26(C); 93(0)
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Unit startup
mode

Single-stage acceleration
Two-stage acceleration
Optirmized control mode

Opening of
acceleration (%)

215
135
135

Opening limit
atno
Toad (%)

215
26.5
215

Max. dynamic
stress (MPa)

54.41
82.05
44.44

Time of
max. dynamic
stress (s)

2952
4487
27.69

Simulate max.
dynamic stress
(MPa)

54.5
739
433
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Mode 1 (%) Mode 2 (%) Mode 3 (%) Mode 4 (%) Mode5 (%) Mode 6(%) Mode?7 (%) Mode8 (%) Mode9 (%) Mode 10 (%)

0.2 Qger 32.82 14.63 74 6.52 3.86 3.19 2.61 234 20 1.69
0.4 Qeer 41.32 14.26 7.03 5.57 297 268 232 1.94 1.67 1.62
0.6 Qger 49.50 13.48 535 4.96 248 233 1.68 15 1.37 1.29

1.0 Quer 13.83 7.98 573 4.74 4.49 407 3.47 322 3.05 2.77
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Parameter name

Inlet diameter (mm)

Outlet diameter (mm)
Blade height at inlet (mm)
Blade height at outlet (mm)
Blade number

Inlet angle of blade ()
Outlet angle of bladie ()

Value

7
142

28
34
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Parameters

Nominal flow rate coefficient, g
Nominal head coefficient, y,
Nominal rotation speed, nq (r/min)
Density of medium, p (kg/m®)
Dynamic viscosity, 4i(kg/mes)
Reference pressure, p (MPa)
impeller blade number, Z;

Diffuser blade number, Zy

Value

0.289
0.247
1,485
745
0.000745
155
4
11
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Resolution

Coarse
Medium
Fine

Maximum
Element Size (mm)

2
15
1

Relative to the
Pressure Difference

1
0.998,481
0.998,948





OPS/images/fenrg-10-881811/math_6.gif
®





OPS/images/fenrg-10-885634/crossmark.jpg
©

|





OPS/images/fenrg-10-881811/math_4.gif
@





OPS/images/fenrg-10-881811/math_5.gif
&





OPS/images/fenrg-10-881811/math_2.gif
p
PR=5hen

i,
ax0x,






OPS/images/fenrg-10-881811/math_3.gif
m-m

e





OPS/images/fenrg-10-881811/fenrg-10-881811-t002.jpg
Monitoring Point Maximum Amplitudes of Pressure Fluctuation (Pa)

fimm  13mm  15mm  17mm  19mm
Py 54.1 89.1 1321 191.6 267.1
P2 516 709 790 1201 147.2
Ps 27.4 47.4 58.6 945 198.2
Py 25.0 4.7 57.4 98.8 178.6

Ps 248 415 54.7 921 187.9
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Differential pressure (Pa)

500

1,000
2,000
4,000

Viscous entropy generation

(10

511
14.42
29.07
7213

Turbulent entropy production

5.43

14.2
31.59
85.11
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Differential pressure (Pa) Viscous entropy generation Turbulent entropy production
(10
500 12.66 0.97
1,000 23.66 20.08
2,000 46.79 40.93
86.47 107.65

4,000
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Tubet Tube2

N/10° Qkgs™ 1% N/10° Qrkgs™ /%
135 14285.7 - 262 13454.4 -
184 14416.4 091 303 13539.9 063
28 14532.2 08 376 13594.6 04
40 14644.9 077 354 13625.7 023
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