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Editorial on the Research Topic

Internal flow mechanism of modern hydraulic machinery

Hydraulic machines can be broadly defined as machines that convert the hydraulic energy

of the liquid passing through them to the mechanical energy of their specific mechanical

components, or vice versa. This definition using energy direction leads to two classes of

hydraulic machinery: turbines and pumps. In these machines, the external performance

characteristics are an indicator of their internal flow state. In their daily operations and in

line with the system operational requirements, hydraulic machines may be forced to operate

under off-design operating conditions, resulting in flow unsteadiness within the machines’ fluid

passage channels. Subsequently emerged secondary flow phenomena generally lead to

detrimental outcomes such as flow and pressure pulsations, machine structural vibrations,

noise, and machine performance degradation. Therefore, it is fundamentally important to

improve the understanding of the flow dynamics of the hydraulic machines and their evolution

mechanism under different operating circumstances. The improved understanding can increase

the machines’ operational performance, safety and associated economic benefits. Therefore, the

papers included in the current Research Topic focus on the three aspects through both

numerical and experimental methods: the general hydrodynamics of hydraulic machinery and

its systems, fluid-solid interactions, and acoustic measurement of fluid systems.

A number of studies have been conducted on flow dynamics within pump-turbines and the

parameters that influence flow unsteadiness onset and evolution process in hydraulic

machinery. In a study by Zeng et al., the vortex distribution and associated energy loss

characteristics within a pump-turbine in its S-shaped operating zone have been analyzed.Vortex

flow structures that emerged in the S-shaped zone could be classified as leaf channel vortex and

flow separation vortex for operating conditions within the runaway and turbine brake operating

zones. These vortices grew larger and expanded upstream, blockingmultiple channelswithin the
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guide and stay vane flow zones. Hu et al. investigated the five

operating conditions in the whole four-quadrant plane of

characteristics curves. They found that the flow unsteadiness

increases as the machine operates at the point far away from the

optimum conditions for both turbine and pump operating modes.

The flow impacting on the runner blades in the pump-brake zone led

to serious flow instabilities and subsequent runner force pulsations,

while the rotating stall and associated pressure pulsations were

obvious under hump and the S-shaped region. The highest

pressure pulsations were recorded in the vaneless zone and the

amplitude increased with guide vane opening. Deng et al.

conducted a similar study considering the pump and turbine

operating modes under four different guide vane openings (6°, 14°,

18°, and 20°). Vortices that emerged in the vaneless space under pump

mode were counterclockwise-rotating flow separations. These

vortices eventually blocked the flow passage, leading to massive

hydraulic losses and subsequent occurrence of the hump

characteristics. As for the turbine mode, most of the recorded

vaneless space vortex structures showed a clockwise-rotating

tendency, and the associated pressure pulsations constituted an

important factor of the pump-turbine’s S-shaped characteristics, as

they were directly linked to the machine performance degradation,

and its operational safety. In addition, Hou et al. studied the clearance

flow dynamics in pump-turbines by investigating the clearance flow

field between a stationary and a rotating disc using experimental

measurements and numerical simulations. The distribution of the

circumferential velocity showed two distinct zones in the direction of

the clearance height, namely the core region and the double-

boundary layer region, with the speed of the core region being

41%–42% of the rotating disc speed. They also found that the

pressure and hydraulic thrust can be expressed as the functions of

the inlet pressure and runner rotating speed.

Several additional investigations have been conducted on

hydraulic pumps. Sun et al. simulated the transient

characteristics of a submersible tubular pump during power-off

process using a 6-degree-of-freedom model based on the fourth-

order multi-point Adams-Moulton formula. They revealed that

both the flow rate and impeller rotating speed decreased rapidly

and changed the direction under the power failure scenario. The

time interval between the zero flow and zero speed was found to be

0.6 s. Large vortices emerged within the pump’s flow channels,

especially at zero flow, where subsequent pressure pulsations

threatened the machine operational safety. The blade passing

frequency was found to be the dominant pressure pulsation

frequency, the intensity of which increased with the impeller

speed. Luo et al. investigated the effect of the shaft transition

form on the inflow pattern and overall performance of the pre-

shaft tubular pump. However, the three investigated forms of the

shaft transition showed a negligible effect on the pump’s energy

characteristics, where the velocity contours at the outlet of the shaft

were symmetrically distributed, providing favorable conditions for

the impeller. In addition, recorded pressure pulsations were large at

the impeller inlet and were dominated by the blade passing

frequency, the amplitude of which increased in the hub-to-

shroud direction. Shi et al. investigated the effect of inlet grooves

on the tubular pump’s flow characteristics and found that the

decreasing pump flow led to saddle characteristics emergence

under low flow conditions. The wall-mounted grooves at the

inlet section were demonstrated to eliminate the wall-bounded

vortices and backflows, thus improving the pump’s head by 1.

61 m. The grooves have also considerably weakened the pump inlet

pressure pulsations, which were dominated by the blade passing

frequency. Another key parameter, wall roughness, has been

investigated by Chen et al. using a slanted axial-flow pump

operating under a wide range of flow conditions. While the wall

roughness of inlet and outlet pipes did not inflict any remarkable

effects on the pump’s overall flow state and performance

characteristics, the wall roughness within the impeller chambers

considerably deteriorated the pump performance, especially under

large-flow conditions. A gradual increase in wall roughness could

progressively induce flow instabilities and subsequent turbulent

kinetic energy in the wall vicinal zones. On the other hand,

Yang et al. investigated the flow state’s changing mechanism in

the impeller and guide vanes of a vertical axial-flow pump under

different flow conditions. They found that, as the flow increased, the

flow streamline distortion zone size on the impeller blade’s surface

gradually decreased from 0.8QBEP towards 1.2QBEP (QBEP is the

pump flow rate at its best efficiency point). Under 0.8QBEP

condition, flow fields within both the impeller and guide vane

zones experienced the highest flow unsteadiness. Under this

condition, the impeller’s radial force, pressure pulsation

coefficient, and the energy losses within the guide vanes were the

highest, while decreased with the increasing flow. Mohamed et al.

(Shamsuddeen et al. studied the pump energy loss characteristics by

considering a double suctionmultistage centrifugal pump and using

baffles to counter the pre-swirl phenomenon in its second stage.

They tested three baffle plate designs, the performances of which

were analyzed. Compared to the vertical and four-plate baffle

configurations, the horizontal baffle configuration exhibited the

largest efficiency and head improvements, before it was retested

for different angles to finally find its 300° clockwise inclination as the

optimum configuration, with 9.08% and 3.87% improvements in

terms of pump efficiency and hydraulic head, respectively. Li et al.

studied the surface pressure pulsation characteristics in the

centrifugal pump’s shaft end-sealing membrane using the

magnetic fluid as the working medium. The centrifugal pump

was tested under several flow conditions, where the pressure

pulsation on the surface of the magnetic fluid sealing film

displayed a periodic trend. The amplitude of this pressure

pulsation was found to decrease as the pump flow increased.

They found that the period of its fluctuation was equivalent to

the time required for the impeller blade to sweep the volute tongue.

Liu et al. proposed a new expression of fk based on rotation-

corrected energy spectrum to be used with the SST k-ω PANS

model for simulating rotating flows. Themodel was first successfully

applied to the rotating flow channel case and validated through its
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application to centrifugal pump flow simulation. The authors

showed that the model can accurately capture the time-averaged

flow structure formations and associated velocity distributionwithin

the pump flow field for both full and part-load conditions, thus

demonstrating its suitability for simulating rotating flows. Han et al.

investigated the vortex ring formation mechanism during nozzle

injection. Among other findings, they reported that the simulated

thrust considering the presence of the vortex ring was 7.0% higher

than when it was ignored.

Multiphase flows in hydraulic machinery were also studied. Both

Wang et al. and Cheng et al. investigated the dynamics of the solid-

liquid two-phase flows in hydraulic pumps and turbines, respectively.

Wang et al. focused on the wear characteristics of the pump blade as a

function of solid particle’s diameter, solid particle’s concentration, and

the pump blade material. They reported that, while the common

zones of wear concentration were the blade middle zone and trailing

zone, the gradual increase in the particlemass concentration led to the

correspondingly increasing material loss due to blade wear, while the

gray cast iron material (HT200) exhibited the best wear-resistive

performance. Cheng et al. studied the effects of the same particle

parameters (particle size and concentration), on the tubular turbine’s

cavitation performance. While the cavitation development areas were

commonly located at the blade leading edge’s hub-vicinal zone, both

particle parameters exhibited an inhibitive effect to the local cavitation

development, with the particle concentration increase having the

biggest impact. Xin et al. studied the pump turbine under transient

conditions by exploring the emergence of flow vortices and associated

pressure pulsations in the runner inter-blade channels and the

vaneless space, especially under high-speed/low-flow conditions.

Using the two-way fluid-solid coupling analysis, they found that

structural stresses were built at the runner blade inlet zone, precisely at

the connection zones between the blade, the upper crown and lower

ring.Maximumdeformationwas predicted to take place in themiddle

area of the blade due to the occurred fatigue damages. Chen et al.

noted that water hammer-induced vibrations within hydropower

plants’ long diversion pipelines mostly lead to fluid-structure

interaction (FSI) occurrence and studied the same phenomenon in

the pipeline embedded in concrete. They used a six-equationmodel to

investigate the interaction between the fluid, the pipe, and the

concrete. They reported that, some of the concrete properties, such

as the Poisson’s ratio and density, negligibly contributed to the FSI

response; whereas others, such as the elastic modulus and thickness-

to-radius ratio, played important roles.

Finally, (Xu et al.; Xu et al.) studied the modal coherence

characteristics for broad band noise determination in flow ducts,

as well as the mode identification error characteristics of fan noise. In

the first study (Xu et al.), three types of ducted sound source

distribution modes were investigated. Study results have shown

that the coherence of some modes has little impact on the

measurement of incident acoustic waves in the flow duct, while it

leads to about 3 dB deviation in the prediction of the reflected modal

sound power and has little influence on the spectral shape of reflected

acoustic waves. The second study (Xu et al.) investigated the mode

identification error characteristics of a fan noise and compared two

measuring techniques, the radial rake and axial microphone array.

They found that the radial rake method can measure the radial

distribution of the modal amplitude, but has large errors in mode

identification of low frequencies. Compared to the radial rakemethod,

the axial arraymethod exhibited a better accuracy inmode recognition

thus making it fit for real life applications.

In conclusion, the papers in this Research Topic have touched

several important aspects of flow structure formation mechanisms

and associated phenomena within different hydraulic machinery

and systems, where different research methods have been presented

and various techniques for system performance improvement have

been suggested. In addition, the presented contents stimulate new

ideas that can be investigated in future studies. Both the authors and

editors hope that this Research Topic sheds light on the current state

of knowledge in this field, thus opening the horizon for further

research, which would contribute to the improved performance and

operational safety of hydraulic machinery and associated economic

benefits.
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Numerical and Experimental Study on
Mode Identification Error
Characteristics of Fan Noise
Kunbo Xu1*, Cunliang Liu1, Fan Tong2 and Weiyang Qiao3

1School of Mechanical Engineering, NanJing Institute of Technology, Nanjing, China, 2Key Laboratory of Aerodynamic Noise
Control, China Aerodynamics Research and Development Center, Mianyang, China, 3School of Power and Energy, Northwestern
Polytechnical University, Xi’an, China

The influence of different test methods on the accuracy of mode identification is not clear,
and it is necessary to explore the error transfer characteristics in mode decomposition of
fan noise. Numerical and experimental research studies are carried out on the advantages
and disadvantages of radial rake and axial microphone array and error transmission
characteristics in mode decomposition. In the numerical study, the error transmission
characteristics of different arrays are investigated by adding random disturbances to the
artificial sound field, so as to evaluate the applicability and limitations of the two typical
arrays in mode identification based on the error analysis theory. Themode recognition error
of the single-stage axial flow fan is investigated experimentally using the designed radial
rakes and axial arrays. The results show that although the radial rake can directly measure
the radial distribution of the modal amplitude, it has a large error in the mode identification
at low frequencies. Compared with the radial rake, axial array will take more priority in
practical applications. The accuracy of the axial microphone array in mode recognition
strongly depends on the axial spacing of the array measuring sensors. The small deviations
in the mode identification when applying the two typical arrays are caused by the different
signal-to-noise ratio of the sound pressure signals acquired by the two arrays and their
discriminative sensitivities to the duct airflow. Based on the obtained modal identification
error characteristics, an effective mode identification method can be proposed to help fan
noise reduction design.

Keywords: fan noise, error character, modal decomposition, microphone array, signal-to-noise (S/N) ratio

1 INTRODUCTION

The acoustic wave propagates in the form of modal waves in the duct, and the number of cut-on
modal waves depends on the duct geometry, sound wave frequency, the airflow velocity, and the
acoustic boundary conditions of the duct. Aero-engine noise includes tonal noise (such as rotor self-
noise, buzzer, and rotor-static interference noise) and broadband noise (Qiao, 2010). The method of
mode decomposition is widely used to investigate the generation mechanism of tonal noise and
broadband noise in the flow duct. For radial modal analysis in tonal noise, starting in the 1960s, a
number of experimental measurement methods have been developed (Bolleter and Crocker, 1972;
Bolleter et al., 1973; Moore, 1979; Holste and Neise, 1997; Enghardt et al., 1999; Lan et al., 2002).
These methods have different limitations considering the solvable modal order range, the accuracy of
analysis results, and the complexity of method application. Ideally, radial mode decomposition is
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achieved by far-field measurements (Farassat et al., 2001), as this
is easy to achieve in practical measurements and is not limited by
size. However, considering the errors introduced by the analytical
model when applied to the real engine geometry and the time-
consuming in numerical calculation of the transfer function
between the inlet (or outlet) and the far field, nowadays, the
radial mode decomposition of the sound field at low frequencies
is usually performed by arranging a large number of sensors in the
duct (Tapken and Enghardt, 2006), and the radial mode
distribution results in the duct are obtained by inversely
processing the measured sound pressure data. The German
Aerospace Academy (DLR) successfully used this method to
measure tonal noise in the ducts of fans (Enghardt et al.,
2002), low-pressure compressors (Enghardt et al., 2005), and
low-pressure turbines (Enghardt et al., 2001).

There are two types of commonly used microphone arrays:
radial rakes and axial arrays. The radial rake can directly measure
the distribution of modal waves in the radial direction, and it is
easier to realize the modal sound power in terms of numerical
solution. Enghardt et al. (2001), Sutliff, (2005), Dahl et al. (2013),
and Heidelberg and Hall, (1996) used a rotating rake array to
measure the sound field in the flow duct, but when placed
upstream, its wake will interfere with the original flow field and
pollute the sound field. Joppa, (1987) developed a practical method
to measure the sound pressure using an array of equally spaced
axial microphones flush-mounted on the duct wall, and the
distribution of the fan discrete tonal noise can be obtained by
using the axial microphones (Wang et al., 2014; Xu et al., 2018),
which can perform circumferential modal analysis of compressor
rotational instability (Zhou et al., 2015) and compressor fault
diagnosis (Cheng et al., 2019). Zillmann and Tapken, (2009)
and Tapken et al. (2009) used a circumferentially rotatable axial
array to measure fan noise with very large bypass ratios. Yardley
(Yardley, 1974) suggested that the microphones should be installed
on the duct wall and pointed out that themode identification of fan
duct noise can be carried out by sound pressure measurement at
multiple axial positions, and the duct acoustic performance
analysis can be carried out according to the acoustic modal
amplitude (Wagih Nashed et al., 2018) and sound field
reconstruction (Liu et al., 2018). For both radial rakes and axial
arrays, the mode identification is achieved by inverting the
coefficient matrix between the sound pressure at the measuring
sensors and the radial modal amplitudes. Acoustic mode
identification is also closely related to the airflow turbulence in
the duct (Kan et al., 2021). Under the measured modal coherence
characteristics, the accuracy in acoustic mode identification can be
effectively improved. However, the influence of different testing
methods onmode identification accuracy is not clear, and the error
transmission characteristics of different microphone arrays in
mode identification are not analyzed in detail.

Based on the modal decomposition theory, the error transfer
characteristics of two typical kinds of arrays in turbomachinery
noise measurement is investigated in this study. The influence of
different microphone arrays on the accuracy of acoustic mode
identification is numerically studied, and the design criteria of the
axial microphone array are established. Based on the error
characteristics shown in the results, acoustic mode

identification of a single-stage axial flow fan is investigated
experimentally through the processing of rotating radial rakes
and axial arrays. Accordingly, effective measures to reduce the
mode identification error are proposed.

2 MEASUREMENT THEORY

2.1 Acoustic Mode Recognition Method
For acoustic propagation in an incompressible circular/annular
duct, the acoustic propagation equation in a circular/annular duct
can be written as follows:

1
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− z2p
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where c is the speed of sound and p is the sound pressure. For the
propagation of the sound field in a cylindrical or annular hard-
walled duct, a numerical solution can be obtained from the
formula (Eq. 1), which can be obtained by linear
superposition of modal waves for a certain frequency (Qiao,
2010).
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The axial wavenumber k±mn depends on the eigenvalues σmn of
the mode (m,n) and the wavenumber in the free field k � ω/c; the
modal wave can cut-on along the duct when axial wavenumber
k±mn is a real number and is defined as follows:
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The modal characteristic functions satisfy the following:

1
πR2

∫2π
0

ei(m−μ)φ∫R
ηR

ψmn(r)ψμ](r)rdrdφ � δmμδn] (5)

In which μ, ] represents mode (μ, ]), and assuming that there
are Kmeasuring points in the duct for synchronous acquisition of
sound pressure data, the sound pressure at the measuring points
can be written as follows:

p � Φa (6)
In the formula, p ∈ CK represents the complex sound pressure

vector at the measured frequency ω, a ∈ CL represents the
complex modal amplitude A±

mn, in which m represents the
modal circumferential order and n represents modal radial
order, the size of L depends on the total number of cut-on
modes in the flow duct, and the values in the matrix
Φ ∈ CK×L are determined by the measuring point position of
the microphone array and the modal order. The cross-spectral
matrix of the sound pressure signals at the two measuring points
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can be defined as Spp ≜ E(ppH), where E represents the
expectation. Based on the formula (Eq. 6), the cross-spectrum
of the two sound pressure measuring points can be written as
follows:

Spp � ΦSaaΦH (7)
Therefore, the cross-spectrum of the modal amplitudes can be

written as follows:

Saa � Φ†Spp(Φ†)H (8)
where † represents the pseudo-inverse of the matrix. In actual
experimental measurements, the number of measurement points
K of the microphone array is usually larger than the size L of the
modal amplitude vector, and the coefficient matrix may be
singular. When solving the matrix with the singular coefficient
matrix and the overdetermined equation, singular value
decomposition (SVD) (Nelson and Yoon, 2000; Kim and
Nelson, 2004) was used in this study to solve the following:

Gp � â5V · [diag ( 1
wj

)] · UTp � â (9)

In the formula, U and V are both transformation matrices and
orthogonal matrices, which satisfy U · UT � 1 and V · VT � 1, but
W is a diagonal matrix, and the elements are all positive values and
values tending to zero (i.e., singular values). Appropriately discarding
smaller singular values can improve the accuracy of the algorithm. Its
optimal estimate can be obtained by the following:

p � [GHG]−1GHâ � G+â (10)
The solvability and stability of Eq. 10 and the error transfer

characteristics of the system are closely related to the condition
number of the square matrix. The condition number depends on
many factors: the number of cut-on modes, frequency, hub-to-
shroud ratio, airflow parameters, and the shape of the design
array. Therefore, it becomes necessary to evaluate the quality of
mode decomposition by condition number analysis.

2.2 Error Analysis Theory
In order to explore the limitations of different array schemes in
mode identification measurement, the numerical method is used
to study the error characteristics of radial rakes and axial arrays in
mode identification. By analyzing the coefficient matrix condition
number, the influence of the axial spacing in the array design on
the mode identification is studied and the error transfer
characteristics of different arrays during mode decomposition
are investigated by superimposing random disturbances in the
artificial sound field, which thus provides theoretical guidance for
mode identification of duct noise.

The accuracy of the calculation results in the mode
identification is related to the condition number of the matrix.
It determines the upper bound of the error transfer coefficient of
the system of Eq. 10: ���� ~Amn

����
‖Amn‖≤ κ(w)

���� ~Am

����
‖Am‖ (11)

The tilde character ~ represents the perturbation of the
circumferential modal amplitude Am and radial modal
amplitude Amn, respectively, and the circumferential modal
amplitude can be calculated by reference (Moore, 1979), in
which Am � Wm · Amn and
Amn � [WH

mWm]−1WH
mAm � W+

mAm. ‖p‖ represents the
Euclidean norm. As shown in the formula (Eq. 11), if the
condition number is κ(w) � 1, that is to say, when a small
disturbance in the input signal is transmitted to the output
signal through the system, the magnitude of the disturbance is
basically unchanged. When the input amplitude error is 10%, the
maximum error of the output signal amplitude after passing
through the system can reach 10%. But when the condition
number is greater than 1, the small disturbance in the input
signal will be amplified after passing through the system, and its
amplification rate depends on the condition number of the
coefficient matrix in the system, as shown in the formula (Eq.
11). Therefore, the error characteristics of different arrays in
mode identification can be qualitatively analyzed by calculating
the condition numbers of the coefficient matrices constructed by
different microphone arrays, and furthermore, their distribution
law can be grasped.

The matrix condition number κ(w) can only reflect the upper
limit of the overall error of the modal recognition system but
cannot reflect the error characteristics of a single internal mode.
In order to further study the reliability of mode identification, the
formula (Eq. 11) is used to derive the relative accuracy expression
in mode identification, which is defined as follows:∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣ ~Amn

∣∣∣∣∣∣∣∣∣|rel: �
∣∣∣∣∣∣∣∣ ~Amn

∣∣∣∣∣∣∣∣
||Amn||

||Am||∣∣∣∣∣∣∣∣ ~Am

∣∣∣∣∣∣∣∣ (12)

It is easy to know that the larger the relative accuracy value, the
larger the relative error in mode identification.

2.3 Error Analysis Process
Numerical simulation is used to investigate the influence of the
measurement error on the final output of the system in the
experimental test. Generally speaking, measurement error is
divided into systematic error and random error, but only the
influence of random measurement error is considered here, and
the random error added in the simulation satisfies the Gaussian
distribution.

The numerical simulation process is mainly divided into four
steps: 1) based on the given radial modal amplitude A mn, the
circumferential modal amplitude at different measuring points
(xj, rl) can be constructed, where j and l are integers and the
ranges are 1~ Nx and 1~ Nr, respectively; 2) for the nith

measurement, the perturbation superimposed to
circumferential modal amplitude at position (xj, rl) is defined
as follows:

~Am(xj, rl, [ni]) � σAmajl[ni]eibjl[ni]2π (13)
where σAm is the standard deviation of the circumferential modal
amplitude, and ajk[i] and bjk[i] are real numbers and their time
dependence obeys Gaussian distribution; 3) for each
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measurement, the radial modal amplitudeAmn[i] can be obtained
by solving the pseudo-inverse matrix W+

m; 4) after Navg times
averaging, the accuracy of the calculation can be determined by
solving the formula (Eq. 13) or calculating the standard deviation
of each radial mode, which is defined as follows:

σAmn �

																					
1

Navg
∑Navg

i�1
(Amn[i] − �Amn)2

√√
(14)

The modal amplitude A+
mn propagating downstream is set as

85 dB, and A−
mn in the upstream direction is set as 75 dB. The

average number of times in the calculation is set to 50.

2.4 Array Design Scheme
Radial rakes and axial microphone arrays have been mainly
developed for acoustic mode identification of engine noise.
Therefore, four array design schemes shown in Figure 1 are
investigated in this section, the array is represented by prefix A,
and different schemes are distinguished by Roman numbers.
Generally, the experimental measurement section is arranged in
the fan inlet section, so the hub ratio of the four arrays is set as η � 0.
The total number of microphones in the A-I and A-III schemes is
Nx ·Nr � 14 and the total number of microphones in the A-II and
A-IV schemes is Nx ·Nr � 24. The details are as follows:

I: Array scheme A-I consists of radial rakes at Nx � 2 axial
measurement positions. Each radial rake consists of Nr

microphones arranged at equal radial spacing, and the radial
spacing Δr and radial position rj are defined as follows:

rj � jΔr , j � (1 ~ Nr), Δr � R

Nr + 1
(15)

II: The array scheme A-II consists of four radial rakes atNx �
4 equally spaced axial measurement positions. Each radial rake
contains Nr equally distributed sensors, and the radial position
and space Δr definitions are the same as those of A-I according to
the formula (Eq. 15).

III: The array scheme A-III consists of an axial array mounted
on the duct wall. There are Nx measuring points arranged at
equal intervals in the axial direction. The axial spacing is Δx.

IV: The array scheme A-IV is similar to A-III, in which the
microphones are arranged on the duct wall, but the total number
of microphones is different.

A-I and A-III consist of the same number of microphones
Nx ·Nr � 14, while A-II and A-IV both have Nx ·Nr � 24
microphones. A-I and A-II are radial rakes, while A-III and
A-IV are axial microphone arrays arranged on the duct wall.
Therefore, the only common parameter—Δx—is left. The effect
of the array spacing on the matrix condition number and the
optimal arrangement will be investigated below.

Considering the number of measuring points Nϕ in the
circumferential direction, it is assumed in the simulation that the
arrays are all installed on the rotating measuring section, which can
accomplish sound pressure collection with enough circumferential
measuring points. In all simulations, it is ensured that there are enough
measuring points in the circumferential direction, so that the
identification of any circumferential mode can meet the sampling
requirements. Based on mathematical principles, the modal

FIGURE 1 | Sensor array schemes A-I to A-VI: NxNr � 14 in the left column; NxNr � 24 in the right column.
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amplitudes collected by different radial positions in the radial rakes are
different, and they will be distributed in the form of Bessel functions
along the radial direction, so the modal decomposition can be
achieved by using this fixed phase difference appearing between
different measurement sensors. In experimental measurements, the
measurement of the duct sound field at the fan inlet section, the wake
of one or more sensors in the radial microphone array can interfere
with noise sources such as the rotor. This changes the original sound
field structure and excites additional noise sources. Especially in
smaller diameter test benches, the radial rakes can cause airflow
blockage, which will essentially change the working point of the
turbomachinery. For axial arrays such as A-III and A-IV, both of
these drawbacks can be circumvented.

The frequency range for the numerical study is 0≤ kR≤ 35,
where k � 2πf/c represents the wavenumber of the sound wave
in the free field. The modal cut-on function calculated using Eq. 3 is
shown in Figure 2. It can be seen that up to 11 radial modes can be
cut on at kR � 35, and these modes propagate in the downstream
and upstream directions, respectively. It can be seen from the figure
that the (0,1) mode is cut on at kR ≈ 3.8, and then at kR,
approximately equal to 6.9, 10.1, and 13.3, more radial modes in
the duct begin to cut on. The cut-off frequency difference between
different radial modes is approximately equal to kR = 3.2. This rule
helps to observe the error characteristics of different array design
schemes in mode identification and their sensitivity to radial modal
cut-off characteristics in the spectrogram.

3 MODE IDENTIFICATION ERROR
SIMULATION

3.1 Mode Identification Relative Accuracy
Figure 3 shows the condition number results of the four array
schemes at m = 0 circumferential mode; m = 0 mode is selected

for analysis because more radial modes can be cut on at m = 0.
The results show that the condition number is very sensitive to
the axial spacing of the array as well as the frequency. Comparing
the relative accuracy results of the four arrays, it can be found that
the corresponding frequencies appearing with poor relative
accuracy are roughly the same, while the A-I array is better
than the other three arrays initially. It can be found that the poor
relative accuracy is caused by insufficient sampling of the phase
information of the acoustic wave in the axial direction by the
array schemes. Unlike the orthogonality of the radial modal
eigenfunctions, the axial wavenumbers are not orthogonal, so
frequencies with poor relative accuracy in mode identification
appear at the following:

{ (αmn − αm])kΔx � s · 2π (a)
(αmn + αm])kΔx � s · 2π (b) (16)

where s is an integer. In principle, as the frequency increases, the
number of combinations ( kR and Δx/R) corresponding to the
formula (Eq. 16) will also increase. This is because the number of
cut-on radial modal waves continues to increase and the modal
cut-off factor approaches 1 with increasing frequency. However,
the correlation with respect to the formula (Eq. 16) of the four
arrays is different; it depends on the ratio of the radial
measurement points to the number of radial modes Nr/Nrad.
When the frequency is close to the mode cut-off frequency, the
axial wavenumber k±mn is approximately equal to 0, at which the
wavelength of the mode approaches infinity. For this condition, it
is theoretically necessary to arrange microphones far apart in the
axial direction to perform modal measurements. For the A-I and
A-II schemes, the number of axial measuring points is small,
which can cause the condition numbers of A-I and A-II to surge
at kR ≈ fc,mn as shown in Figure 3. After a given threshold value
max(|| ~Amn||rel), the optimal axial spacing Δx opt of each array
and the corresponding upper limit of the solvable frequency
max(kR) can be calculated. According to the numerical study
results, the axial array is more suitable for mode identification of
airflow noise in ducts because this type of array can maintain a
small coefficient matrix condition number and excellent relative
accuracy over a wide frequency range. This characteristic is more
pronounced in axial arrays with relatively small axial spacing. For
all axial arrays, there is an upper limit of the solvable frequency
max(kR) after a given relative accuracy threshold value, and it
can be seen from Figure 3 that for all microphone arrays, the
minimum solution frequency satisfies min(kR) ≈ 0, and
|| ~Amn||rel is affected by the n ≠ ] modal combination. The
upper frequency limit represented by the black long dashed
line in Figure 3 satisfies the law Δx · k � π, which corresponds
to the situation in (11(b)) s � 1 and n � ] � 0 (α 0,0 ≡ 1 at this
time). The lower limit of the axial spacing will decrease with the
increase in NxNr/Nrad. When the relative accuracy threshold
value is set to max(|| ~Amn||rel) � 10, the optimal spacing of each
array and the corresponding upper limit of frequency can be
obtained, and the exact values are shown in Table 1. It can be seen
that the optimal axial spacing continues to decrease with more
axial measuring points being applied in the simulation. It should
be noted that when the number of axial measuring points is

FIGURE 2 | Modal cut-on function up to kR = 35.
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determined, smaller axial spacing between the measuring sensors is
not better, especially when the number of axial measuring points is
small, such as Nx � 14 as shown in Figure 3. Moreover, the upper
limit of frequency max(kR) that can be solved precisely cannot be
obtained simply by Δx≤ λ/2, where λ � c/f, that is to say, the
frequency range ofmode identification cannot be determined simply
using the Nyquist sampling theorem. In experimental
measurements, the frequency range that can be accurately solved
in mode identification is much smaller than the range calculated
using the Nyquist sampling theorem after a given upper error limit.

Figures 4, 5 present the condition number and relative
accuracy results for the four axial arrays at the optimum

spacing, respectively. As the frequency increases, the condition
number of the axial array presents a monotonically and steadily
increasing trend, and the greater the number of axial measuring
points in the array, the slower the increasing trend. Different from
the spectral characteristics of the condition number, the relative
accuracy results show an upward trend of oscillation as the
frequency increases. When the threshold values of the
condition number and the relative accuracy are given, it can
be found by comparing Figures 4, 5 that the upper limit of
frequency max(kR) determined by the condition number is
basically consistent with that determined by the relative accuracy.

3.2 Sensitivity of Relative Accuracy of Mode
Identification to Modal Order
The previous section only studied the relationship between the
axial spacing Δx and the upper limit of the solution frequency
max(kR) during the m � 0 mode identification process. When
the optimum axial spacing Δx opt is determined, it is necessary to

FIGURE 3 | Relative accuracy of the four axial arrays.

TABLE 1 | Optimal axial spacing and upper limit of solvable frequency.

Axial measurement points 14 24 30 45

Δxopt/R 0.17 0.14 0.11 0.09
max(kR) 16.4 20.0 25.1 31.2
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investigate the relative accuracy during the mode identification
process of each circumferential mode. Figure 6 shows the
solution accuracy results of circumferential modes of different
orders after setting the axial spacing of the four arrays to Δx opt,
and it is necessary to relate the results of the modal cut-off
function shown in Figure 2 in the comparative analysis. It can be
seen that with the increase in the circumferential mode order m,
the change trend of the relative accuracy of each circumferential
mode is not the same due to the change of the modal cut-off
frequency fc,mn and the modal cut-off factor αmn. At high
frequencies, the identification operation of the low-order
circumferential modes is more likely to become unstable
because the eigenvalues σmn of the low-order circumferential
modes are smaller than those of high-order circumferential
modes, so that the cut-off factors of the low-order
circumferential modes tend to approach 1 more easily,
resulting in different modes becoming indistinguishable due to
the similar axial wave numbers. This situation will be improved
with the increase in axial measuring points. It can also be found in
the figure that for any axial array,m � 0mode is always the first to
appear as the solution instability phenomenon, which indicates
thatm � 0mode is the dominant mode restricting the accuracy of
the mode identification method and the upper limit of the
solvable frequency, which is consistent with the research
conclusion in the previous chapter.

4 ARRAY DESIGN METHOD IN MODE
DECOMPOSITION
4.1 Standard Deviation in Mode
Decomposition
In the turbomachinery noise mode identification experiment, the
amplitude of each radial mode is what everyone cares about most.

The investigations in the previous chapter can only predict the
overall accuracy of each radial mode. In this section, modal
standard deviation is used to investigate the accuracy of
different microphone arrays in mode identification.

Figure 7 shows the standard deviation σAmn/σAm results when
m � 0 mode is decomposed into each radial mode; the axial
spacing of the four arrays is set to Δx � Δxopt. When the flow is
uniform in the duct, the modal σAmn values are the same for mode
propagating upstream and downstream. The simulation results of
the artificial sound fields show that when the coefficient matrix
condition number is within the range κ(w)< 500 (or relative
accuracy || ~Amn||rel < 100), σAmn/σAm is independent of the initial
modal amplitudeA0

mn in the simulated sound source. Therefore, it
can also prove that the law in Figure 6 can be applied to any
modal amplitude A 0(xj, rk). The relative standard deviations of
the radial modes are very similar, especially for the modes with
radial mode order n � 0 and ] � 1, and their relative standard
deviations are in good agreement. It should be noted that the
difference between the relative standard deviations of each radial
mode (n ≠ ]) is not affected by the new cut-on mode, which
makes it possible to measure the individual radial modes more
accurately when relative accuracy is poor.

4.2 Guidelines for Microphone Array Design
The previous section presents the upper frequency limit of the
four axial arrays for mode identification and the optimal spacing
in array scheme design. In general, as the number of measuring
points increases, the frequency range that can be accurately solved
in mode identification also increases. However, the array design
scheme will seriously affect the solution accuracy in the mode
identification, so it is necessary to investigate the design criteria of
the axial array.

In the process of array design, two main problems need to be
solved: (a) when the number of measuring sensors is given, how
to quickly determine the distance between the measuring sensors,

FIGURE 4 | Condition numbers at optimal spacing for the four axial
arrays.

FIGURE 5 | Relative accuracy of the four axial arrays at optimal spacing.
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so that the mode identification measurement in a wider frequency
range can be realized within a certain error limit; (b) how to quickly
determine the number of measuring sensors required by the array
designwhen the frequency of interest is given. For the first problem, it
can be achieved by calculating the optimal axial spacingΔxopt and the
upper frequency limit max(kR) under different numbers NxNr of
measuring sensors in mode identification. Figure 8 presents the
optimal spacing results of the axial arrays at different frequencies,
where the frequency range increases from kR � 8 to kR � 56. In
order to describe its distribution lawmore clearly, two auxiliary curves
are given in Figure 8,Δx � π/k andΔx � 0.8π/k, respectively. It can
be seen that the optimal spacing satisfies the following:

0.8π
kR

≤
Δxopt

R
≤

π

kR
(17)

For the second problem, this section investigates the
dependence of the frequency upper limit max(kR) in mode
identification on the number NxNr of measuring sensors by

giving the upper limit of the relative standard deviation σA 0, 0/σAm.
The calculation of relative standard deviations allow the relative
accuracy of individual modes to be determined. From the
research in the previous section, it can be seen that the m = 0
mode contains most cut-on radial modes. Therefore, this mode is
more sensitive to the measurement device, that is to say, the
σA 0, 0/σAm value can be used to identify the accuracy of the entire
mode measurement. For a given σAm, the signal-to-noise ratio of
the mode can be easily obtained. This section examines two
relative standard deviation upper limits: σA 0, 0/σAm � 1 and
σA 0, 0/σAm � 2. The upper limit selected in this section is
actually relatively conservative, because when the relative
standard deviation is relatively high, the signal-to-noise ratio
in mode identification can be improved using the adaptive
resampling method (re-sampling technique). Figure 9 shows
the required measuring sensors for mode identification as the
frequency increases under the two upper limit conditions of the
relative standard deviation mentioned above, and the cut-on

FIGURE 6 | Relative accuracy of the four axial arrays under optimum spacing in different circumferential mode decompositions.
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frequency of each radial order is marked with a dotted line. It can be
clearly seen from the figure that with the increasing number of radial
modes, the ratioNxNr/Nrad of the number of measuring sensors to
that of radialmodes formode identification is not fixed, that is to say,
the growth rates of the two numbers are different. For example, at
n � 2, the ratio needs to satisfy NxNr/Nrad ≥ 1.67; at n � 9, the
ratio needs to satisfy NxNr/Nrad ≥ 4.5. When given an upper
relative standard deviation, it is difficult to determine a parameter
that satisfies all modes unless it is set to a large value.

5 EXPERIMENTAL ANALYSIS OF MODE
IDENTIFICATION ERROR

Regarding the influence of different microphone arrays on the
mode identification accuracy, after numerical investigation of

error variation, this section will conduct an experimental
measurement based on the axial fan test bench. The main
purpose of the research is to conduct an experimental study
on the differences in mode identification between axial arrays
(Axial Arrays, AA) and radial rakes (Radial Rakes, RR) installed,
respectively, in the fan inlet section.

5.1 Acoustic Test Bench
The experimental test scheme of the axial microphone array is
shown in Figure 10. The acoustic measurement device is installed
in the inlet section of the fan, 1.50 m away from the leading edge
of the rotor blade tip. The entire acoustic measurement section
and the fan inlet are placed in a semi-anechoic chamber. Four
rows of microphones were installed on the acoustic measurement
section with an axial spacing of 10 cm. Each row consists of
8 flush-mounted microphones with equal angles.

FIGURE 7 | Relative standard deviations σAmn/σAm in the m = 0 mode decomposition of the four axial arrays with optimal spacing.
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Radial rakes are designed and fabricated in this study in order to
compare the influence of different microphone arrays on fan noise
measurement. The radial rakes are also installed in the acoustic
measurement section at the same location as the axial microphone
array, andmulti-anglemeasurement is achieved by installing the radial
rakes on the casing that can rotate around the axis. A total of 60
circumferential positions are measured in the experimental test. As
shown in Figure 11, two radial rakes are installed at the same axial
position and separated by 180° in the circumferential direction.
Figure 12 shows the actual photo and three-dimensional design of
the radial rakes. Each rake has a total ofNr � 4 measuring points in
the radial direction.

Applying radial rakes to the mode decomposition test of fan
noise needs to pay attention to two issues: (1) since the measuring
device penetrates deep into the cross section in the duct, it will
inevitably affect the original flow field, and its wake may interfere
with the rotor and then generate a new interference mode, which
may eventually affect the original fan noise field and (2) the
microphone is located inside the flow field, and the measured
sound pressure will be affected by the airflow velocity and
pressure pulsation, which thereby can reduce the signal-to-
noise ratio in acoustic test.

This study adopts two ways to deal with the first issue: on one
hand, the outer wall of the pipeline wrapping the signal line is
designed to be streamlined, so as to ensure that the radial rake is
not a blunt trailing edge structure; on the other hand, the axial
position of the radial rake is nearly 2 m away from the rotor
leading edge. According to the research of Chong (Chong et al.,
2015), the turbulent intensity will decay approximately with a
regularity (xl − x0)−5, where xl is the observation point and x0 is
the initial position, Therefore, the turbulence intensity 2 m apart
will decay to 1/32 of the turbulent intensity at the initial position,
which can be approximately ignored. For the second issue, a
windshield is installed for each microphone in the experimental

measurement to reduce the influence of airflow on the sound
pressure test.

5.2 Signal-to-Noise Ratio
In order to analyze the accuracy of sound pressure acquisition
data, the concept of signal-to-noise ratio (SNR) is used here,
which can be defined as follows (Joseph et al., 2003; Tapken et al.,
2008):

SNRp � 20 × log(PRMS/sp) (18)
where PRMS is the root mean square (RMS) result of the
complex sound pressure amplitudes (frequency domain
results after fast Fourier transform) of all measuring points
at a single frequency, but sp is the random pulsation amplitude
of the complex sound pressure amplitudes p. The measured
sound pressure time series signal is processed by sub-window
truncation, and the truncated data are processed by FFT,
respectively, where p[k] represents the complex pressure
value calculated from the k’th window truncated data. The
component of the sound pressure at the measurement point at
this frequency is represented by the mean of multiple Fourier
transforms, namely,

�p � 1
Ntotal

∑Ntotal

k�1
p[k] (19)

For a single sound pressure measurement point, starting from
time i, a single subset consists of Nwin data, where the mean of
Nwin ≪Ntotal is defined as follows:

pNwin[i] �
1

Nwin
∑Nwin

j�1
p[i − 1 + j] (20)

FIGURE 8 | Law of optimal axial spacing applied in array scheme design.

FIGURE 9 | Required sensors under a given threshold value of relative
standard deviation.
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When repeated pNwin[i] such that i � 1, 2, ..., Nmeans, the sp of
sound pressure is defined as follows:

sp �

																						
1

Nmeans
∑Nmeans

i�1
(pNwin[i] − �p)2√√

(21)

It represents the predicted magnitude of random noise
superimposed on the valid signal during the measurement.

Figure 13 shows the signal-to-noise ratio results of the sound
pressure data measured by the two arrays at different operation
conditions. It can be seen that the SNR values at all operation
conditions are higher than 10 dB, which indicates that the quality

FIGURE 10 | Schematic diagram of the axial microphone array in experimental investigation.

FIGURE 11 | Schematic diagram of rotating radial rakes in experimental investigation.
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of the sound pressure data during the entire measurement process
is good. The signal-to-noise ratio of the axial array increases as the
rotational speed increases because the aerodynamic interference
between the rotor and stator becomes stronger with higher
rotational speed. However, the signal-to-noise ratio of the
radial rakes decreases with increasing rotational speed; this
may be because when the air velocity increases, the influence
of the air pressure pulsation on the radial rake is also intensified.
In order to further investigate this phenomenon, Figure 14A
presents the RMS and sp results for radial rakes and axial arrays,
respectively. It can be seen that as the rotational speed increases,
the RMS of the sound pressure data shows an overall upward
trend, although at 80% and 90% design rotational speed, the RMS

value of the sound pressure measured by the axial array is lower
than that of the radial rake, and the signal-to-noise ratio of the
measured signal of the axial array is higher than that of the radial
array as shown in Figure 13 because the random noise of the axial
array is smaller. At 100% design speed, although the RMS value of
sound pressure has increased, the final signal-to-noise ratio result
is smaller than those of the first two operation conditions because
of the larger margin increase in random noise at this operation
condition. This is the intrinsic reason for the reduction in the
SNR of the sound pressure signal at 100% rotational speed in
Figure 13. Figure 14B shows the RMS and sp difference results of
the radial rake array and the axial array, respectively, where the
black bar chart represents the RMS difference RMS(RR) −
RMS(AA) of all measuring points, and the green histogram
represents the amplitude difference of Sp(RR) − Sp(AA). It can
be seen that as the fan rotational speed increases, the RMS value
of the sound pressure measured by the axial array increases faster
than the result of the radial rake. In terms of random noise, the
results of radial rake are larger than those of the axial array at the
three operation conditions because the microphones of the axial
array are all wall-mounted, which are much less affected by
airflow velocity or pressure pulsation than the radial rakes
exposed to the airflow.

5.3 Mode Decomposition Results
Based on the two measurement devices designed in the above
sections, this section conducts experimental measurements on
the fan inlet noise. Figure 15 presents the sound power results for
each circumferential mode measured by the axial array (AA) and
radial rake (RR) at 1 BPF. Figure 15A shows the results of
circumferential sound power at 90% design speed condition. It
can be seen that the modal sound power calculated by the radial
rakes is generally larger than that of the axial arrays, the difference
between the dominant mode m = 1 is 3 dB, and the difference
between the non-dominant modes is even greater. It can be seen
that the results measured by the two arrays are in good agreement
on the whole at 100% design speed condition as shown in
Figure 15B. The difference in the sound power results of the
m = 1 dominant mode measured using the two devices is less than

FIGURE 12 | Photo and 3D design drawing of radial rakes.

FIGURE 13 | Results of signal-to-noise ratio at different operation
conditions.
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1 dB, and the test results of the two devices are also in good
agreement in the low-order circumferential mode range (m = −2
to m = +1). The sound power results of the high-order

circumferential mode measured by different arrays have large
deviations, which may be caused by the non-dominant modes
being “buried” into random noise in the calculation. Referring to

FIGURE 14 | RMS and sp of sound pressure measurement signals measured by radial rakes and axial arrays. (A) Results of RMS and sp. (B) Difference results of
RMS and sp.

FIGURE 15 | Comparison of modal sound power applying radial rakes and axial microphone arrays. (A) 90% design rotating speed. (B) 100% design
rotating speed.
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Figure 13, the SNR of the measured signal at 90% design speed
condition is only 11 dB, but the non-dominant mode (m≠1) in
Figure 15A is at least 13 dB lower than that of the dominant
mode, and the difference is greater than the acquisition signal-to-
noise ratio of the signal, which makes the estimation results of
these non-dominant modes heavily influenced by random noise
and eventually unreliable. At 100% design speed condition,
although the signal-to-noise ratio of the two arrays is relatively
small, the measurement results of the two devices have high
consistency. In order to better investigate the influence of random
noise during measurement on mode identification, it is necessary
to derive the transfer relationship between the mode
identification error and the random noise of sound pressure
measurement. For the sound pressure measured at a single
location, it can be expressed as a superposition of the actual
value and random noise, namely,

pl � p0
l + ~pl (22)

In the formula, the random noise amplitude satisfies the
Gaussian distribution. If the random noise collected at
different measuring points is incoherent, then the expected
value of random noise satisfies the following:

〈~pl〉 � 0〈~pl
~pp

l’〉 � s2pδll’ (23)
If it is further assumed that all measuring points and the signal

transfer function are the same, then the amplitude of the
circumferential mode can be written as follows:

Am � 1
Nϕ

∑Nϕ−1

l�0
p0
l · e−iml2π/Nϕ + 1

Nϕ
∑Nϕ−1

l�0
~pl · e−iml2π/Nϕ (24)

The first part of Eq. 19 is denoted as A0
m , and the second part

is denoted as ~Am ; then the error amplitude of the circumferential
mode is equal to the following:

〈 ~Am
~A
p

m’〉 � 1
N2

ϕ

∑
l

∑
l′
〈~pl

~pp

l′〉 · e−i(ml−m’l’)2π/Nϕ

� s2p
N2

ϕ

∑
l

e−i(m−m’)l2π/Nϕ � s2p
N2

ϕ

δmm’ (25)

Therefore, the standard deviation in mode identification is as
follows:

sAm � sp			
Nϕ

√ (26)

That is to say, the standard deviation of mode identification is
smaller than the standard deviation of sound pressure
measurement, and the two values are proportional. This shows
that random noise during measurement will have a linear effect
on the accuracy of mode identification.

The modal acoustic powers calculated by the radial rakes in
Figure 15 are generally greater than the results of the axial arrays
because the random noise measured by the radial rake is larger
than that of the axial array. As shown in Figure 14, Sp(RR) −
Sp(AA) is a positive value at each operation condition. The
physical mechanism of this phenomenon is easy to

understand; in experimental measurements, although the
microphones on the radial rake are equipped with
windshields, the airflow velocity and pressure pulsations in the
airflow will still affect the sound pressure data measured by the
microphones. In contrast, the microphones arranged on the duct
wall are relatively less affected by the airflow velocity or pressure
pulsation during the signal acquisition process, that is to say, the
two arrays have different sensitivities to the airflow in the duct. In
order to analyze the error characteristics of the two microphone
arrays in the identification of different radial modes, Figure 16
shows the (0, 0) and (0, 1) modes measured by the axial array and
the radial rakes. At 90% design rotational speed, modal results
measured by radial rakes are larger than those identified by the
axial arrays, which results in the sound power of the m = 0 mode
decomposed by radial rakes being higher than that decomposed
by axial arrays as shown in Figure 15A. For 100% design
rotational speed, the two arrays have high consistency in the
identification of the n = 0 radial mode. The main difference is in
the identification of the n = 1 radial mode, which may be caused
by the low accuracy inmode identification with high cut-on ratios
induced by the small angle between the main lobe of modal
radiation and the axis.

Although the mode decomposition results of different radial
modes are different, this effect is negligible for circumferential
mode recognition, for example, the sound power of the m = 0
mode measured by the two arrays matches very well as shown in
Figure 15B. The above content mainly focuses on the influence of
random noise in sound pressure measurement on modal
recognition, but as Taddei et al. (2013) stated, the accuracy of
the acoustic model used in mode decomposition is another main
factor affecting mode identification. Distortion of the airflow in
the duct, other noise sources, errors in the aerodynamic
parameters of the airflow, etc. will affect the accuracy of the

FIGURE 16 | Comparison of results for radial modes n = 0 and n = 1.
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mode identification, and the two typical arrays have different
sensitivities to the acoustic models used in the mode
identification. This study uses an equally spaced axial array
and radial rakes to test the fan noise. For non-equidistant or
compressed sensing arrays, finding out whether the error transfer
characteristics obtained in this study are applicable requires
further research. How to use the obtained error characteristics
in modal decomposition to design a new test method or a new
array scheme needs further research, especially for large
ventilation facilities.

6 CONCLUSION

Based on the error analysis theory, the influence of different
microphone arrays on the accuracy of acoustic mode
identification is studied, and the design criteria for axial
microphone arrays are established. Through the processing of
rotating radial rakes and axial arrays, the experimental analysis of
the acoustic mode identification error applying different arrays is
carried out.

Although radial rakes can directly measure the radial
distribution of the modal amplitude, this type of array has a
large error in the mode identification at low frequencies. As the
frequency approaches the cut-on frequency of the mode, the
condition number of the coefficient matrix increases by about two
orders of magnitude. Compared with the axial arrays, the radial
rakes are more suitable for mode identification at high
frequencies. At low frequencies, the condition number of the
coefficient matrix is less than 10 when applying axial arrays.
Therefore, the axial microphone arrays will become more
advantageous than the radial rakes in practice. The design
criterion of axial microphone array is established: (a) m = 0
mode is the dominant mode that restricts the mode identification
accuracy and the upper limit of the frequency that can be solved;
(b) the accuracy of the axial microphone array in mode
identification strongly depends on the axial spacing of the
array measuring points, and when 0.8π/kR≤Δx/R≤ π/kR is
satisfied, the frequency range of the mode identification
investigation can be broadened; (c) the upper frequency limit
for mode identification cannot be estimated bymeans of Δx≤ λ/2,
and when the error threshold value is given in the experimental

measurement, the frequency range of mode identification is much
smaller than that calculated using the Nyquist sampling theorem;
and (d)when given an upper limit of relative standard deviation, it
is difficult to determine a NxNr/Nrad parameter that satisfies all
modes unless it is set to a large value.

The experimental test results show that the modal sound
power values calculated with axial arrays and radial rakes are
in good agreement, especially for the rotor–stator interference
mode determination. The small deviations in the mode
identification when applying the two typical arrays are caused
by the different signal-to-noise ratios of the sound pressure
signals acquired by the two arrays and their discriminative
sensitivities to the duct airflow.
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Numerical and Experimental
Investigations of Modal Coherence
Characteristics for the Determination
of Broadband Noise in Flow Ducts
Kunbo Xu1*, Cunliang Liu1, Fan Tong2 and Weiyang Qiao3

1School of Mechanical Engineering, NanJing Institute of Technology, Nanjing, China, 2Key Laboratory of Aerodynamic Noise
Control, China Aerodynamics Research and Development Cen-ter, Mianyang, China, 3School of Power and Energy,
Northwestern Polytechnical University, Xi’an, China

This paper presents a detailed investigation about the modal coherence characteristics of
turbomachinery noise. The modal coherence characteristics of ducted noise at high
frequencies are investigated by establishing three kinds of ducted sound source
distribution models. The results are consistent with the acoustic experimental results of
a single-stage axial fan. The results show that acoustic modes of different orders are
mutually incoherent, and radial modes within the same circumferential mode have a great
degree of coherence. This paper successfully conducted an acoustic measurement on
turbomachinery noise by rotating microphone arrays. The acoustic experimental results
show that the coherence of some modes has little impact on the measurement of incident
acoustic waves in the flow duct, while it leads to about 3 dB deviation in the prediction of
the reflected modal sound power and has little influence on the spectral shape of reflected
acoustic waves. It was demonstrated that the experimentally measured modal coherence
functions give an inner sense of the spatial noise source distribution and enable the
investigation of mode scattering within the propagation. Based on the modal coherence
characteristics obtained in this paper, more theoretical and methodological studies can be
carried out for the turbomachinery broadband noise test.

Keywords: broadband noise, mode amplitude, array, turbomachinery, axial fan

INTRODUCTION

Ducted broadband noise becomes increasingly important for the noise reduction concept in the
modern civil aviation, especially when improved passive absorbers in the engine inlets and bypass
sections, modern fan blade configurations, and a cut-off design of the fan rotor and stator become a
standard. For the assessment and measurement of broadband noise in a duct, it is of great worth to
investigate the multi-mode propagation characteristics and also coherence functions of pairwise
modes (Morfey, 1971; Bolleter and Crocker, 1972; Moore, 1979).

Due to the complex mechanism of the broadband noise source inside aero-engines, the acoustic
mode identification measurement becomes more difficult than tonal noise. Unlike tonal noise in
which the sound energy is mainly concentrated in several dominant modes, the sound energy of
turbomachinery turbulent noise is distributed in each cut-on modes. Therefore, in the investigation
of turbulent broadband noise, we need to identify all the propagating modes and measure the modal
distribution characteristics. Sijtsma and Brouwer (2018) assumed that the sound field of the
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turbomachine is dominated by a finite number of acoustic modes
and proposed an acoustic mode recognition method based on a
non-equally spaced microphone array, the deconvolution
algorithm is used in the research to increase the dynamic
response range in order to overcome the occurrence of
multimodal mutual interference. Compared with the
traditional beamforming method, the dynamic response range
is increased by 10 dB. In order to evaluate and measure the
broadband noise, it is necessary to conduct a detailed study on the
propagation characteristics and coherence functions of modes in
the flow duct and to analyze the error transfer characteristics in
the mode recognition (Xu et al., 2018). Enghardt (Enghardt et al.,
2004) considered that the turbulent broadband noise still
propagates in the form of statistically averaged modal waves
inside the turbine duct and proposed a reference correlation
method to identify the broadband acoustic mode. This method
uses a measured cross-spectrum vector to obtain the amplitude
spectrum of the acoustic mode propagating downstream and
upstream in the duct. It should be noted that the method used by
Deutsches Zentrum für Luft- und Raumfahrt (DLR) in a lot of
applications requires the occupation of several rings of
microphones, in which the number of sensors is proportional
to the total number of modes propagating within the duct. As the
frequency under consideration increases, more microphones are
required to accurately decompose the broadband noise
accordingly. This needs either an array consisting of a large
number of fixed sensors, as employed by Ganz et al. (1998),
for example, or an array with a smaller number of microphones
rotating around the duct axis (Xu et al., 2017a). Kopiev et al.
(2017) used a sparse array of 100 microphones to identify and
measure the acoustic mode of a turbofan engine. The experiment
was carried out in the anechoic chamber of the Russian State
University of Technology. The results show that the sparse
microphone array can be used to test the circumferential
modal distribution of a new generation turbofan engine (Bu
et al., 2020). proposed a compressive sensing technology for
radial modal recognition of turbomachines based on the
previous circumferential modal recognition research (Yu et al.,
2018); when the number of microphones is significantly reduced,
the tonal noise modal distribution measured by the compressed
sensing technology has good accuracy and can effectively
suppress the interference of background noise.

An improved version of the broadband noise measurement
method was demonstrated by Jürgens et al. (2011) to expound
and prove that the measured modal coherence functions give
insight into the spatial noise source distribution. Regarding the
coherence characteristics between the duct sound field and
internal modes, Dyer (1958) pointed out that the modes
generated by a monopole mass source with a random location
is statistically uncorrelated, but Michalke et al. (1996) indicated
that the sound field generated by the random monopole in the
time domain is completely correlated, even in the near field of the
sound source, which is completely opposite to the conclusion
drawn by Dyer. Michalke et al. (1996) proposed an experimental
method to predict the correlation of the sound field with the
cross-spectrum signals measured by three microphones
(Enghardt et al., 2007), and (Jürgens et al., 2010) used the

cross-correlation method to investigate the broadband noise
modal coherence function in the duct with no flow. A ducted
sound field was artificially constructed by the application of two
ring loudspeakers, and the results show that the coherence
function results between different modal combinations are
completely different (Tapken et al., 2014). Constructing the
broadband noise in the duct by arranging several rings of
monopole sources on the duct wall, the modes in the artificial
sound fields are completely incoherent when 20 rings of
monopole sources are arranged; this is consistent with the
conclusion of Jürgens et al. (2010). On account of the
measured coherence function between broadband noise modes
in the flow duct, it is possible to explore the characteristics of
broadband noise sources, such as the dominant noise source
distribution characteristic and appearance of each sound source
(Jürgens et al., 2011) and to further investigate the modal
characteristics in the airflow duct with different hub ratios
(Jeong et al., 2006). However, in order to achieve noise
reduction in the sound source aspect and radiation process, it
is worthwhile to investigate the coherence characteristics of
acoustic modes in turbomachinery and modal distribution
characteristics of broadband noise.

The purpose of this paper is to deeply investigate the
coherence characteristics between the modes of the
turbomachinery duct through theoretical analysis, numerical
simulation, and experimental testing methods. Based on the
obtained modal coherence features, the design of a new modal
identificationmethod is guided tomeet the noise test requirement
of large-sized fans and large bypass ratio engines. This paper
provides the modal coherence characteristic measurements of
ducted noise in turbomachinery for comparison with models and
numerical investigation. The findings should better inform the
future cognition of the broadband noise generation mechanism
and allow a basis for the broadband noise reduction design in
turbomachinery. The paper is organized as follows. The
measurement theory is discussed in the Measurement Theory
section, which includes the modal coherence coefficient, details of
synthetic sound fields, and ducted sound source distribution
models. The characteristics of the synthetized sound fields are
provided in the Characteristics of the Synthetized Sound Fields
section. In the Experimental Study on the Acoustic Modal
Coherence Characteristics section, we present the experimental

FIGURE 1 | Sensor array with equidistant azimuthal and axial positions in
a circular duct.
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facility and setup and experimental and theoretical analysis on
acoustic modal coherence distribution and broadband modal
distribution results. A summary of the findings and future
perspectives is provided in the Conclusion section.

MEASUREMENT THEORY

Modal Coherence Coefficient
The cross-spectrum of two sound pressure measurement points
at a single frequency as shown as Figure 1 can be expressed as

Spp’ � <p(x, r,ϕ )pp(x’, r’, ϕ’)> (1)
In the formula, the superscripted p represents the complex

conjugate. Under the linear assumption, the measured sound
pressure p is related to the vector a composed of the modal
amplitude A±

mn:

a � [a1 a2 a3 / aK−1 aK]T (2)
In the formula, K represents the length of the modal vector,

and its value is equal to twice the number of truncated modes at
this frequency; the measured sound pressure signal can be
expressed as the product of the coefficient matrix Φ and radial
modal amplitude vector a:

p � Φa (3)
wherep ∈ CK represents the complex sound pressure vector at the
measured frequency; a ∈ CL represents the complex amplitude
vector of the mode, the modal amplitude is Amn, and the size of L
depends on the total number of cut-on modes in the duct, the
value of matrix Φ ∈ CK×L is determined by the microphone array
position and the mode order. The cross-spectrum of two sound
pressure signals can be defined as Spp ≜ E(ppH), where E
represents the expectation. According to Eq. 3, the cross-
spectrum of two sound pressure signals can be written as

Spp � ΦSaaΦ
H (4)

Therefore, the cross-spectrum of the modal amplitude can be
written as

Saa � Φ†Spp(Φ†)H (5)
In the formula, † represents the pseudo-inverse of the matrix.

In the actual experimental measurement, the measurement point
number K of the microphone array is usually greater than the
magnitude of the modal amplitude vector L, and the coefficient
matrix may be singular. When solving such a matrix with a
singular coefficient matrix and overdetermined equation, singular
value decomposition (Nelson and Yoon, 2000; Kim and Nelson,
2004) is used in this paper.

G+p � â5U ·W · VTp � â (6)
In the formula, U and V are both transformation and

orthogonal matrices, satisfying U · UT � 1 and V · VT � 1, but
W is a diagonal matrix, consisting of positive elements and
singular values. It can improve the accuracy of the algorithm

by discarding smaller singular values appropriately. The best
estimate can be obtained by

â � V · [diag ( 1
wj

)] · UT (7)

The modal amplitude and cross-term between them can be
obtained by formula (5), which is defined according to the modal
coherence coefficient between the mode (m, n) and (μ, ]):

C (μ,])
(m,n) �

∣∣∣∣∣〈AmnAp
μ]〉

∣∣∣∣∣2
〈|Amn|2

∣∣∣∣Aμ]
∣∣∣∣2〉 (8)

The coherence characteristics between the cut-onmodes in the
duct can be obtained. It should be noted that the modal amplitude
in formula (8) represents the statistical average of the modal
amplitude. The sound power carried by each individual mode can
be calculated by

PWL±
mn(ω) �

π(r2D − r2H)
ρc

αmn(ω)(1 −M2
a)2

(1 ∓ αmn(ω)Ma)2
∣∣∣∣A±

mn(ω)
∣∣∣∣2 (9)

with αmn(ω) � (1 − (1 −M2
a)(σmn/(kmnR))2)1/2, R is the duct

radius, c is the sound speed, ρ is the flow density, and Ma is the
Mach number in the axial direction.

Synthetic Sound Fields
A numerical analysis was first performed in the synthetic sound
fields. It is assumed that the duct is hard walled and has non-
reflecting terminations in the following. The duct radius is
0.25 m. An optionally superposed axial flow is represented as a
uniform-profile flow. In this section,Ma is set as 0.10. The sound
pressure at position (xj, rj,φj) is excited by theSx ring(s) of
monopole sources (each ring has Sφ point-like monopole sources)
at position (xi, ri,φi), which are driven with volume velocity, e.g.,
q0(xi, ri,φi), cf. Figure 2, can be calculated with the appropriate
Green’s function:

p(xi,ri,φi

∣∣∣∣∣xj,rj,φj)� q∑
m,n

χmnfmn(ri)fmn(rj)eim(φj−φi)eik+mn(xj−xi)

(10)
The quantity χmn is definite for each mode (m, n), which

contains the frequency-dependent mode cut-on ratio. Referring
to the typical Eq. 3 of duct mode expansion, the amplitude of
mode (m, n) excited by the source is written as

FIGURE 2 | Sound pressure at microphone position of measurement
sensor rings.
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A±
mn(q, xi, ri,φi) � qχmnfmn(rj)e−imφi e−ik

±
mnxi (11)

In the following, the modal cross-spectral density is
formulated for an array consisting of Sx rings of point-like
monopole sources; each ring is equipped with Sφ equidistantly
positioned sources. All sources are placed at the outer duct radius
ri � R, considering the experimental implementation. If all
sources are incoherent and have equal spectral density, the
analytical modal cross spectral can be inferred.

〈AmnA
p
μ]〉 � χmnχ

p
μ]〈qqp〉∑Nx

j�0
∑Nφ−1

l�0
Γmn(xj, R,φl)Γp

μ](xj, R,φl)
(12)

Here Γmn(x, R,φ) � fmn(R)e−imφe−ik±mnx, the analytical mode
coherence function can be calculated subsequently.

In the actual test, environment reflections can appear
upstream or downstream of the sensor array. The impact of
the reflections can be integrated into the Green’s function with a
method of mirrored sources. For simplicity, the reflection
coefficient rc is assumed to be independent of the mode order
and also the frequency; here, it is set as 0.2. The effect of mode
scattering from an incident mode into another mode with
different azimuthal or radial orders is neglected here. The
Green’s function can be modified subsequently to

p(xj, rj,φj) � ρc

4πR2
q0 ∑

m,n

fmn(R)2
αmn

eim(φj−φi)(eik+mn(xj−xi)

+ rce
ik−mn(xj−xi)) (13)

In the frame of the numerical study, four substantially
different arrangements of point-like monopole sources,
denoted by Latin numbers I–IV, are investigated. The detailed
information of source configurations is displayed in Table 1. The
main difference lies in the number of axial sensor rings and also
the total number of point-like monopole sources. At each sensor,
the position time series of 700 FFT windows are used in the
numerical process.

Ducted Sound Source Distribution Models
At high frequency, a large number of modes will be cut on inside
the duct according to the Tyler and Sofrin modal theory, which
brings great challenges to the experimental test of the modal
coherence coefficient. As an alternative strategy, it is necessary to
study the modal coherence distribution at a high frequency by
pre-assuming the modal amplitude or sound source distribution
in the duct. The sound source in the low-speed flow duct is mainly
composed of dipole and monopole sound sources. This section
will establish three representative sound source models:

uniformly distributed monopoles, uniformly distributed
dipoles, and equal energy per mode (EEPM) sound source
models.

When the incoherent sound sources are uniformly distributed
on a certain cross-section in the duct, the non-homogeneous
wave equation contains the source term

( 1
c2

D2

Dt2
− ∇2)p � q (14)

The source term can be expressed as

q � (D
Dt

)] (−z)μ
zxizxj/

qij/ (15)

in which ] represents the time order of the sound source
distribution and μ represents the space order of the sound source
distribution. In the follow-up study, the sound source distribution
is limited to the axial direction. At this time, the source term can
be written as

q � (D
Dt

)](−z
zx

)μ

qxx (16)

Considering the single mode generated by a fixed sound
source in a semi-infinite duct, Joseph et al. (2003) indicated
that the spatial differentiation of the single mode (the second item
on the right of Eq. 16) is equivalent to

(−z
zx

)μ

→ (−ik+mn)μ (17)

Similarly, the time differential in equation is equivalent to

(D
Dt

)]

→ [ − iω + U
z

zx
]]

� [ − iω(1 − αmnMa

1 −Ma2
)]] (18)

Therefore, when the cross-section in the semi-infinite circular
duct is uniformly distributed with incoherent sound sources of
spatial order μ and time order ], the modal amplitude value can
be expressed in a general form (Joseph and Morfey, 1999):∣∣∣∣∣∣A(μ,])mn

∣∣∣∣∣∣2 ∞ 1
α2mn

(Ma − αmn

1 −Ma2
)2μ(1 − αmnMa

1 −Ma2
)2]

(19)

in which (μ, ]) is used to indicate the sound source type,
(μ, ]) � (0, 1) corresponds to a monopole sound source, and
(μ, ]) � (1, 0) corresponds to an axial dipole sound source.
There is also a type of sound source distribution in the actual
research: EEPM, that is to say, the energy carried by each cut-on
mode is the same, that is PWLmn � W0. The modal amplitude
distribution A(ee)

mn of EEPM can be expressed as

TABLE 1 | Source arrangements used for mode coherence detection.

Condition number Condition I Condition II Condition III Condition IV

Axial positions 1 1 2 10
Circumferential positions in each ring 1 12 12 12
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∣∣∣∣A(ee)
mn

∣∣∣∣2 ∞ 2ρcS−1α−1mnW0(1 − αmnMa

1 −Ma2
)2

(20)

It can be found that the model formula (20) cannot be unified
to formula (19). Therefore, the sound source distributionmodel is
integrated as

E{|Amn|2} � C2
μ,],γ(Ma − αmn

1 −Ma2
)2μ(1 − αmnMa

1 −Ma2
)2] 1

αγ
mn

(21)

in which E{|Am|2} is the expected value of the square of the
modal amplitude, and C2

μ,],γ represents the sound source
intensity.

The corresponding values of the three models are shown in
Table 2; the type of sound source is defined by three Greek letters
(μ, ], γ): Q2

s is the mean value of the squared velocity in the
monopole sound source distribution; F2

s is the mean value of the
squared force in the dipole sound source distribution; W0 is the
energy carried by each mode in EEPM. The modal amplitudes of
the three sound source models can be expressed as

E{|Amn|2} � C2
012(1 − αmnMa

1 −Ma2
)2 1
α2
mn

(22)

E{|Amn|2} � C2
102(Ma − αmn

1 −Ma2
)2 1
α2
mn

(23)

E{|Amn|2} � C2
011(1 − αmnMa

1 −Ma2
)2 1
αmn

(24)

Eq. 22 represents a uniformly distributed incoherent
monopole sound source (μ, ], γ) � (0, 1, 2), Eq. 23 represents a
uniformly distributed incoherent dipole sound source
(μ, ], γ) � (1, 0, 2), and Eq. 24 represents a modal and equal
energy distribution sound source (μ, ], γ) � (0, 1, 1).

CHARACTERISTICSOF THE SYNTHETIZED
SOUND FIELDS

In the frame of the numerical study of modal coherence in a flow
duct, four substantially different arrangements of point-like
monopole sources displayed in Table 1 are investigated. On
one hand, the analytical coherence functions of pairwise
modes theoretically obtained by Eq. 16 are compared with
that inferred from Eq. 8 in order to assess the characteristics
of the simulated sound fields; on the other hand, a comparison of
the squared mode amplitudes obtained by Eq. 11 with that
calculated by the cross-correlation mode decomposition
method (CC-MDM) (Jürgens et al., 2010; Xu et al., 2015),
Reference Correlation Mode Decomposition Method (RC-
MDM) (Xu et al., 2017a), Combined Sensor Array (CSA
method) (Tapken et al., 2014; Xu et al., 2017b), and also the

analytical values inferred from Eq. 21 is fulfilled to determine the
bias. Figure 3 shows exemplary results in the flow direction for a
duct with measurement sensor rings located downstream of the
sources rings.

The reflected modes are found to have comparatively little
difference compared with the deviation of incident modes, so it is
not shown in this paper for simplicity. In the left column of
Figure 3, the coherence functions of mode pairs (0, 0) and (0, 1),
(0, 0) and (1, 0), (1, 0), and (1, 1) are plotted up to 1,400 Hz
(corresponding to kR � 6.47, |Mmax| � 5, Nmax � 1), with the
lowest frequency of f � 397Hz (kR � 1.83) delineating the
frequency range between purely plane wave propagation,
kR< 1.83, and higher-order modes kR≥ 1.83. Mode pairs are
specially chosen to investigate the characteristics of modal
coherence with respect to the azimuthal order m and radial
order n. Shown on these figures (as a solid line) are the
analytical values of the mode coherence, the corresponding
terms obtained by the CC-MDM are plotted in dash-dotted
form with different symbols. The estimate of the mode
coherence functions is completely consistent with the
analytical values for all the four conditions.

The sound field within the duct generated by a single
monopole source is completely coherent, i.e., all modes are
fully coherent, which is consistent with the investigation
(Michalke et al., 1996). When a single ring of Sφ � 12,
incoherent monopole sources that have equal spectral density
are arranged; the excited sound field is partially coherent as
shown in Figure 3B, i.e., the modes with a different azimuthal
order are incoherent except for pairsm − μ � ± sNφ with s being
any integer; the radial modes are all coherent not only within each
azimuthal mode m but also with the radial modes of azimuthal
order μ. Good collapse of the measured coherence between
pairwise radial modes are observed in Figures 3C,D when
more rings of monopole sources are occupied, especially in
condition VI in which the statistical coherence between almost
all radial modes can be set to zero (referring to (Jeong et al.,
2006)). The notable feature of Figure 3D is the slow rate of decay
observed in the coherence function between (0, 0) and (0, 1)
modes. The reason for this behavior is most likely due to the
deficiency of the number of source rings and total axial length of
source rings. In the right columns of Figure 3, the mode sound
power determined with CSA method are shown for mode (0, 0)
and (0, 1) in comparison with the CC-MDM, RC-MDMmethods
and with the analytical solutions. Each mode is accurately
determined by the CC-MDM, and the values calculated by the
CC-MDM are consistent with analytical terms. The results
calculated by RC-MDM and CSA methods are relatively
consistent, but there appears a 2 dB deviation from the true
values, the error of the predicted modal sound power will be
higher when the modal sound power is relatively low.

TABLE 2 | Three sound source models in airflow duct.

Sound source model Monopole sound source Dipole sound source EEPM

(μ, ], γ) (0,1,2) (1,0,2) (0,1,1)
C2

μ,],γ (ρc)2Q2
s /2 F2

s /2 2ρcW0/S
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FIGURE 3 | Modal coherence and sound power results of CC-MDM, CSA method, and RC-MDM appended with analytical prediction. Broadband sound fields
were synthesized by using different ring numbers of incoherent monopole sources shown in Table 2. Diagrams (A–D) depict themode coherence; diagrams (E–H) show
the modal sound power.
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In condition I, mode amplitudes above the cut-on frequency
of the non-plane wave are determined with large oscillation
error since all mode pairs are fully coherent. In conditions II and
III, relatively accurate modal sound power results are
determined with CSA and RC-MDM methods up to the cut-
on frequency of the first higher radial mode order
(i.e., f � 826Hz). However, the mode amplitude distribution
observed in this figure appear to be systematically oscillatory
with 1 dB deviation. Above 826 Hz, the amplitudes of both
modes (0, 0) and (0, 1) obtained by the RC-MDM and CSA
method are distracted strongly in all source conditions. The
underlying precondition of both methods is the assumption that
modes with different azimuthal and radial orders are mutually
incoherent. However, this is not consistent with the actual
modal coherence characteristic referring to the mode
coherence results shown alongside. Serious deviation arises as
a result of high degree of modal coherence in pairwise mode
with respect to a higher radial mode order n.

It should be noted that the resolved mode amplitudes of mode
(0, 1) are always higher than the actual value; the potential reason
for this phenomenon is that the energy carried by the modal
cross-terms is forced to superimpose over the squared mode
amplitudes in the process of mode decomposition. In condition
IV, a reasonable sound power solution of mode (0, 0) is
determined by the CSA method, although a high degree of
coherence appears between the radial modes with the
azimuthal mode order m = 0. That is to say, internal modal
cross-terms have decayed to sufficiently small values in
comparison with the dominant mode when more rings of
monopole sources are occupied. The peaks observed in the
modal sound power are induced by the numerical instability
when they are close to the cut-on frequencies of modes. The
corresponding axial wave number is nearly zero when the Mach
number is very low, i.e., kmn^0 if Ma ≪ 1; at this typical
condition, the only way to decompose this mode is by placing
sensors with sufficiently long distance.

In general, broadband modal decomposition appears to be
highly sensitive to the mode coherence characteristics, CSA and
RC-MDMmethods deliver a comparable estimate of the incident

modal sound power within the frequency range in which modes
are almost mutually incoherent.

EXPERIMENTAL STUDY ON THE
ACOUSTIC MODAL COHERENCE
CHARACTERISTICS
Experimental Facility and Setup
One important aspect of this paper is to experimentally
investigate the modal coherence distribution with respect to an
axial fan test rig. A schematic of the experimental set-up is shown
in Figure 4. It was designed with the intention to capture the most
relevant acoustic features of an axial fan. On the inlet side there is
a short duct section with a bell mouth nozzle and there are no
flow straighteners or screens in the inlet duct. The single-stage
axial fan consisting of 19 rotor blades and 18 stator vanes was
driven at 3,000 rpm with the help of one motor providing
18.5 kW electric power. The diameter is 0.5 m, and the axial
Mach number is 0.1. The outlet duct is equipped with an anechoic
termination device; this condition strictly conforms to the
international standard ISO 5136 for in-duct sound power
determination. The number of stator vanes was designed such
that the rotor–stator interaction tone at the blade passing
frequency (BPF) is acoustically cut on.

In order to eliminate noise pollution in the experimental
measurement, the acoustic environment of the experiment is
particularly important. For example, when the standing wave
formed by the external enclosed environment radiates into the
duct, it will directly affect the experimental measurement of the
fan inlet noise and reduce the signal-to-noise ratio of the acoustic
signal. The fan inlet and the acoustic measurement section are
placed inside the semi-anechoic chamber to reduce the influence
of external reflected noise on the fan inlet noise test; perforated
acoustic liners are installed on the inner and outer walls of the fan
exhaust duct. The phase lock device (shown as a red square in
Figure 4) used in this paper is a photoelectric sensor. The pulse
signal can be used to capture the circumferential angle of the fan
blade and also the real-time fan rotating speed; the accuracy can

FIGURE 4 | Schematic of the experimental setup with the measurement sensor array located upstream of an axial fan rig with an anechoic termination outlet duct.
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be guaranteed to be less than 2°. The sampling frequency is
16,384 Hz, and time series of a length of 60 FFT windows were
used here, each window comprising 16,384 data samples. In order
to meet the requirements of the designed method, the acoustic
measurement section (shown as a red box in Figure 4) is divided
into two measurement devices: part A and part B. Part A is a
combined sensor array that includes a ring of 16 equiangular
installed sensors and a row of 15 equidistant microphones. In part
B, a rotating measurement system is designed to be driven by a
stepper motor; two axial arrays, each consisting of 14
microphones with equal intervals, are installed in the rotating
measurement system that can rotate 360° in the circumferential
direction in the experiment.

Figure 5 shows the acoustic modal cut-on function of the fan
duct. Figure 5A shows the total mode number propagating in the
flow duct; the solid line, dash-dotted line, and dashed line indicate
the total number of cut-on modes, maximum circumferential
mode order, and maximum radial mode order, respectively. At
3,000 Hz, a total of 55 modes are able to propagate in the flow
duct. Taking into account the forward and backward propagation
of the modes, there will be 110 modal waves propagating in the
duct, of which the maximum circumferential order is m � ± 12
and the maximum radial mode order is n � 4. Figure 5B shows
the radial mode details of each circumferential mode. As the
frequency increases, more radial modes will be cut on in the duct.
At 3,000 Hz, the circumferential modem = 0 is composed of (0,0),
(0,1), (0,2), (0,3), and (0, 4) modes.

Acoustic Modal Coherence Distribution of
the Single-Stage Axial Fan
In the turbomachinery, the noise generated by rotor blades is a
radially distributed sound source term. It is assumed that the
ducted broadband sound field consists of fully incoherent modes,
which are the important precondition of the broadband mode
decomposition method presented by Enghardt (Enghardt et al.,

2004). This assumption has not be verified experimentally so far
for turbomachinery noise. Indeed, it is reasonable that specific
modes are excited with high degree of coherence if certain
conditions with respect to the spatial arrangement of sources
are fulfilled; the compactness of the sources and the interference
of the in-stationary aerodynamic forces also play an important
role on modal coherence.

In the analysis of modal coherence function, the modal
combinations are divided into two categories: in the first
modal combination, the circumferential orders of modes are
different from each other (m ≠ μ); the second type satisfies the
same circumferential mode order but different radial mode order
(m � μ, n ≠ ]).

Coherence Coefficient Spectrum of m≠μ Modal
Combination
The modal coherence coefficients are measured at four
operation conditions: 90%, 92%, 96%, and 100% design speed
in the single-stage axial fan noise experiment. It should be noted
that, although the microphone in the test is equipped with a
windshield, the pressure pulsation of the airflow will inevitably
affect the sound pressure measurement. The coherence function
between modal complex amplitudes will be affected accordingly;
the result will not reach the upper and lower limits, i.e., 1 and 0
defined by the formula eventually. Figure 6 shows the modal
coherence coefficients of the first mode combination, the
coherence coefficient is lower than 0.15 from 300 to
1,100 Hz. The test results can show that the modes of
different circumferential orders are incoherent from each
other, taking into account the influence of airflow pulsation
and acoustic test error. At the BPF, the coherence coefficients of
m ≠ μmode combinations rise to the maximum value as shown
by the red dashed box; the value reaches to 1 nearly, for example,
the peak appearing at 1BPF of 100% design speed condition
shown in Figure 6D. It indicates that all modes in flow duct are
completely coherent. As everyone knows that the tonal noise of

FIGURE 5 |Modal cut-on function of a single-stage axial fan: (A) shows the mode number propagating in the flow duct; (B) shows the radial mode cut-on function.
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axial fan is mainly caused by the unsteady aerodynamic force
generated by the viscous wake of the upstream blade periodically
interfering with the rotor or stator blades. Due to the clear
generation mechanism of tonal noise, there is a strong degree of
coherence between the internal modes of tonal noise, which is
consistent with the coherence coefficient peaks appearing at the
tonal noise frequencies in Figure 6 at different operation
conditions.

In addition to the peaks appearing at the tonal noise
frequencies, multiple peaks at other frequencies also exist in
the experimentally measured coherence coefficient results. The
main reasons can be attributed to two categories: (a) when the
frequency is close to the mode cut-on frequencies, due to the
extreme eigenvalue generated in the process of matrix operation,
the instability of numerical calculation leads to unreal complex
modal amplitude. The modal coherence coefficients become
exaggerated accordingly, which is represented by a green circle
in Figure 6; (b) there are many peaks at the shaft frequency and
its harmonics. For example, in Figure 6C, the fundamental shaft
frequency (engine order [EO]) is 47.6 Hz; the modal coherence
coefficients existing peak at 666, 714, 761.5, and 809 Hz. These
frequencies correspond to EO14, EO15, EO16, and EO17, which
are marked with black circles in Figure 6. The amplitudes of these
coherence coefficient peaks are relatively small to that of tonal
noise, and the occurrence frequencies are determined regularly. It
can be considered to be the mechanical noise generated by the

rotating shaft. Therefore, they have limited influence on the
acoustic modal coherence characteristics of the flow duct.

Coherence Coefficient Spectrum of m = μ Mode
Combination
Figure 7 shows the coherence coefficients of the second type of
mode combination. At four operating conditions, the results of
C01
00 show a trend of large oscillations around the value of 0.5,

which indicates that fan noise has a high degree of coherence
between the radial modes within the same circumferential mode
order. The shape of coherence coefficient spectrum is very similar
at different operating conditions, which shows that the C01

00
spectrum is very low sensitive to the tonal noise of flow fan.
When the flow parameters of axial fan change, there is almost no
obvious variation in the coherence coefficient magnitude and
spectrum appearance, showing an approximately constant and
regular characteristic.

For turbomachine aerodynamic noise, the hypothesis of the
incoherence of internal modes has not been experimentally
verified. The experimental results above show that the modes
with different circumferential orders are statistically incoherent.
As for the specific radial modes with the same circumferential
order, the reason for appearing high relevance is closely related to
the spatial distribution, compactness of the sound source, and
also the individual sound source terms generated by the unsteady
aerodynamic force. At low frequencies, a high degree of

FIGURE 6 |Modal coherence coefficients of fan noise under four operating conditions: (A–D) show themodal coherence coefficients of fan noise under 90%, 92%,
96% and 100% design speed condition separately. represents the modal coherence coefficient between and modes.
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coherence characteristics appears between the radial modes with
the same circumferential order. This may be caused by the self-
noise generation mechanism of the blade row, which means that
each blade can be regarded as a compact sound source compared
to a long sound wavelength at low frequencies. However, it can be
expected that the coherence characteristics existing between some
modes may change at high frequencies because the characteristic
wavelength of the sound wave becomes shorter relative to the
blade spanwise length.

Theoretical Analysis on Acoustic Modal
Coherence Distribution at High Frequency
The Characteristics of the Synthetized Sound Fields Section and
Acoustic Modal Coherence Distribution of the Single-Stage Axial
Fan section investigated the modal coherence distribution
between modes in synthetized sound fields and a single-stage
axial fan and finally came to important conclusions. As the
frequency gradually increases, the number of modes will
increase exponentially, and the number of sound pressure
measurement points required for experimental measurement
will also increase exponentially; this requirement results in a
great challenge to the acoustic experiment of turbomachines.

In this section, theoretical analysis methods will be used to
further expand the research on the acoustic modal coherence in
flow duct at high frequencies in the hope of drawing conclusions

over a wider frequency range. The modal amplitude distribution
function in the duct can be obtained by using three ducted sound
source distribution models proposed in the Ducted Sound Source
Distribution Models section. Based on the ducted noise
propagation model, the sound pressure values at different
positions of microphone array measurement can be obtained
by complex modal sound pressure superposition; combined with
the broadband noise modal coherence analysis method, it can be
achieved to further investigate the modal coherence function in a
theoretical way. The advantage of this research is that the modal
amplitude obtained by the mode decomposition method can be
used to verify the reliability of the model based on the
preknowledge of the modal amplitude distribution function.
The modal coherence is deliberated on the basis of successful
verification to make the results more reliable.

The influence of different ducted sound source models on
modal coherence is discussed first in theoretical analysis. Figure 8
shows the modal coherence results of three sound source models
at 5,412 Hz, in which the expected values are calculated with a
statistical average process. A total of 170 modes are cut on in the
flow duct at 5,412 Hz, including the maximum circumferential
order mmax � ± 22 and the maximum radial order nmax � 7. The
microphone array is composed of 20 rings of measuring points;
each ring is equipped with 50 equiangular microphones. The
coherence coefficients of modes (m, n) and (μ, ]) are expressed as
Cμ]
mn; the twomodes are distinguished by αmn and αμ], the range of

FIGURE 7 |Modal coherence coefficient between mode (0, 0) and mode (0, 1): (A–D) show the modal coherence coefficient between mode (0, 0) and mode (0, 1)
under 90%, 92%, 96% and 100% design speed condition separately. represents the modal coherence coefficient between and modes.
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which is zero to one, referring to Eq. 19. In order to distinguish
the forwardmodes (themodal circumferential order is positive, m
> 0) and reverse modes (the modal circumferential order is
negative, m < 0), the modal cut-on ratio of reverse modes is
set to negative values. Then, all the modes in the duct can be
expressed as a single-valued function of the modal cut-on ratio,
and the value range becomes −1 to +1. It can be seen in Figure 8
that the coherence coefficients of all modes are lower than 0.1,
that is to say the modes are mutually incoherent. By comparing
the modal coherence coefficient results of the three ducted sound
source models (monopole source model, dipole source model,
EEPM source model), it can be found that the coherence results of
the three sound source distribution models are very consistent,
which shows that it is not necessary to study all the three sound
source distribution models, but only one of them can be used to
achieve the purpose of further study on modal coherence
coefficients.

Figure 9 shows the modal coherence coefficients of different
radial modes within the circumferential mode m = 0, m = 1 and
m = 2 at 5,412 Hz. Abscissa n and ] represent different radial
mode orders, respectively, and ordinate Cm]

mn represents the
coherence coefficients of (m, n) mode and (m, ]) mode.

According to formula (19), the main diagonal element in
Figure 9 corresponds to the autocorrelation coefficient of
the mode. The numerical result of the main diagonal is
close to 1, which is consistent with the theory. The
coherence coefficients between different radial modes are all
less than 0.1, which indicates that the different radial modes
are mutually incoherent. Compared with the experimental
results of acoustic modes in the Coherence Coefficient
Spectrum of m = μ Mode Combination section, the modal
coherence coefficient becomes more concise in this section;
this is because the sound field in the theoretical study is
artificially generated by the ducted sound source models,
and there is no aerodynamic self-noise in theoretical
analysis. The results further illustrate that high degree of
coherence appearing between individual modes is due to the
fact that the fan rotor blades and stator vanes are radial
compact sound sources.

In this section, three kinds of ducted sound source
distribution models are established, and the modal
coherence characteristics at high frequencies are
investigated theoretically for the first time by using the
artificially constructed ducted sound fields. The results show

FIGURE 8 |Modal coherence results of three sound source distribution models: (A) shows the results of uniformly distributed monopole source model; (B) shows
the results of uniformly distributed dipole source model; (C) shows the results of equal energy per mode source model. represents the modal coherence coefficient
between and modes.
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FIGURE 9 |Modal coherence results between radial modes with same circumferential order: (A–C) show the radial modes within circumferential order m=0, m=1,
m=2 separately. represents the modal coherence coefficient between and modes.

FIGURE 10 | Comparison of sound power results calculated by different mode decomposition methods: (A) shows the sound power of incident sound wave; (B)
shows the sound power of reflected sound wave. Blue line, red line and black line represents the results applying CC-MDM, RC-MDM and CSA method separately.
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that all the modes are incoherent at different frequencies, and
the modal coherence characteristics are independent of the
sound source distribution models. The coherence
characteristics of the three ducted sound source models are
approximately the same. At high frequencies, the radial modes
within the same circumferential mode are incoherent to
each other.

Broadband Modal Distribution Results
Different modal identification methods (RC-MDM, CSA
method) make relevant assumptions and simplifications
about the modal coherence; the influence of this simplified
treatment on the sound power and modal amplitude
distribution of turbomachinery ducted noise field, which we
are most concerned about, needs to be further studied.
Figure 10 shows the sound power results of incident and
reflected sound waves calculated by different modal
decomposition methods. The red and blue lines represent the
computed sound power results calculated by the RC-MDM and
CC-MDM, respectively, and the black line represents the sound
power results computed by the CSA method. A series of
simplifications of complex modal amplitude cross-terms are
carried out in CSA and RC-MDM methods. It can be seen from
Figure 10 that the shape of sound power spectral calculated by
the three methods are consistent with each other, both in the
incident and reflected sound waves.

The cross-terms Cμ]
mn of modal complex amplitudes are

retained completely in the CC-MDM, which make its
calculation results more reliable. However, the need to
compute the modal cross-terms makes the calculating
process more time-consuming compared with RC-MDM
and CSA methods, and this method requires much more
sensors to synchronously measure the sound pressure in the
experiment. The latter feature becomes unaffordable at higher
frequencies because the required measuring points multiply
exponentially with increased frequency. RC-MDM and CSA
methods have attracted more and more attention due to their
stronger practicability. The acoustic sound power of the
incident sound wave is nearly 10 dB higher than that of the

reflected sound wave. In the sound power spectra of the
incident sound wave, the maximum deviation of three
methods is only 1 dB. In the sound power spectrum of
reflected acoustic waves, although the spectrum trend of the
three methods is similar, there are significant differences in the
magnitude of sound levels. The calculated results of the RC-
MDM (red line) and CSA (black line) are in good agreement.
However, there is a deviation of nearly 3 dB compared with the
outcome of the CC-MDM. This is because the time-averaged
modal cross-terms in RC-MDM and CSA methods are forced
to be suppressed. In the calculation process of broadband
mode identification, the energy of the modal cross-term is
artificially imposed into the square-term of the modal
amplitudes. This results in reflected sound waves predicted
by the RC-MDM and CSA methods being 3 dB higher than the
CC-MDM. Based on the successful application of a fixed sensor
array, Figure 10 shows that the modal coherence characteristic
has little influence on the prediction of incident sound waves.
In order to further investigate the inner mechanism of modal
coherence, the rotating sensor arrays shown as part B in
Figure 4 were used in turbomachinery broadband noise
measurement.

Under the framework of Sino-European cooperation, the
NUMECA is the name of an internationally renowned
computational fluid dynamics business company, conducted
a numerical acoustic simulation on the single-stage axial fan
duct device used in this research. As shown in Figure 11, the
broadband mode decomposition result calculated by the RC-
MDM with rotating sensor arrays is marked as a black solid
line; the thick red line is the predicted broadband noise result
calculated by NUMECA, using the adaptive spectral
reconstruction method. The red circle symbol indicates the
predicted tonal noise result. The results of the broadband noise
spectrum are in good agreement in the frequency range
(50–1,600 Hz), and the overall magnitude is around 68 dB.
The broadband noise spectral characteristics are also very
consistent at a special frequency, for example, the leap in
sound power spectra at 400 Hz. In the tonal noise part, less
than 1 dB deviation appears at 1BPF, and less than 0.5 dB arises
at 2BPF. At 3BPF, the deviation increases to 1.5 dB. In general,
fan noise measurements based on RC-MDM method using the
rotating microphone array can be added to the aircraft
turbomachinery noise database as standard data, which can
provide evaluation and verification criteria for other
broadband noise measurement methods or numerical
simulation algorithms.

Figure 12 shows the sound power distribution of the
incident and reflected modes of fan broadband noise
identified by the rotating microphone array. The abscissa is
set as the circumferential mode order m, ranging from −12 to
+12, and the ordinate is set as the frequency, ranging from 0 to
3,000 Hz. In order to display the sound power results of
incident and reflected sound waves more clearly, the legend
range of incident sound waves is set to 40–80 dB, while the
value of reflected sound waves is set to 35–75 dB, 5 dB lower
than incident waves. When the fan operating speed is
3,000 rpm, the 1BPF and 2BPF tones are clearly visible in

FIGURE 11 | Broadband mode decomposition with rotating sensor
arrays.
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the incident sound waves; the sound power is mainly
concentrated in the −6~+6 circumferential modes. The
1BPF and 2BPF tonal tones can still be seen in the reflected
sound waves, but different from the incident sound wave, the
dominant mode in the reflected sound wave is not the
rotor–stator interference modes but the plane sound wave.
In the whole frequency range of reflected sound waves, the
modal acoustic power is mainly concentrated in the −2~+2
circumferential modes, and is approximately distributed
symmetrically with the m = 0 mode as the center. This
paper uses an equally spaced axial array to test the fan
noise. For large ventilation facilities, this kind of device is
often difficult to meet. How to use the obtained modal
coherence characteristics to design a new test method needs
further research, and the correlation between error
characteristics in mode identification and microphone array
design aspects also requires further study.

CONCLUSION

In this paper, the modal coherence characteristics of
turbomachinery noise are studied in detail for the first time.
The distribution characteristics of complex acoustic pressure in
the flow duct are studied by constructing the ducted sound fields
artificially, establishing three kinds of ducted sound source
distribution models and an acoustic testing of a single-stage
axial fan.

The simulation results of artificially constructed ducted
sound fields show that the broadband noise power
calculated by the RC-MDM, CSA, and CC-MDM are in
good agreement. Due to the simplified processing of
acoustic modal coherence characteristics, the RC-MDM and

CSA methods are extremely sensitive to the phase variation
precision of modal wave propagation in the axial direction.
Therefore, it is necessary to design microphone arrays with
sufficient axial measurement positions for accurately
measuring the phase variation resulting from acoustic
modal wave axial propagation. The modal coherence
characteristics of ducted noise at high frequencies are
investigated by establishing three kinds of ducted sound
source distribution models. The results are consistent with
the acoustic experimental results of a single-stage axial fan.
The results show that the acoustic modes of different orders are
mutually incoherent, and the radial modes within the same
circumferential mode have a great degree of coherence.

It was demonstrated that the experimentally measured mode
coherence functions give an inner sense of the spatial noise source
distribution and enable the investigation of mode scattering
within the propagation. In order to further study the influence
of the distribution characteristics of modal coherence on the
mode identification of turbomachinery noise, this paper
successfully conducted acoustic measurement on
turbomachinery noise by rotating microphone arrays. The
acoustic experimental results show that the coherence of some
modes has little impact on the measurement of incident acoustic
waves in the flow duct, while it leads to about 3dB deviation in the
prediction of reflected modal sound power and has little influence
on the spectral shape of reflected acoustic waves. The acoustic
modal distribution results show that the incident mode waves are
mainly concentrated in the m = -6 to m = +6 modes; the reflected
acoustic waves are concentrated in the m = −2 to m = +2 mode
and are approximately distributed symmetrically around the m =
0 mode. In conclusion, although some internal modes of
turbomachinery-ducted noise have strong coherence
characteristics, the influence of such characteristics on the

FIGURE 12 | Broadband modal sound power distribution: (A) shows the modal sound power distribution map of incident modes; (B) shows the modal sound
power distribution map of reflected modes.
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acoustic measurement of turbomachinery-ducted noise can be
ignored. Based on the modal coherence characteristics obtained
in this paper, more theoretical and methodological studies can be
carried out for the turbomachinery broadband noise test.
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A PANS Method Based on
Rotation-Corrected Energy Spectrum
for Efficient Simulation of Rotating
Flow
Benqing Liu1,2, Wei Yang1,2* and Zhuqing Liu1,2

1College of Water Resources and Civil Engineering, China Agricultural University, Beijing, China, 2Beijing Engineering Research
Centre of Safety and Energy Saving Technology for Water Supply System, Beijing, China

A partially averaged Navier–Stokes method with a new expression of fk based on the
rotation-corrected energy spectrum is proposed. It is coupled with the shear-stress
transport turbulence model to simulate two typical rotating flows: rotating channel flow
and flow in a centrifugal pump impeller. The results of two traditional energy spectrum-
based fk expressions (ES1 and ES2) and DNS/experimental results are used for
comparison. The results show that the fk distribution predicted based on the rotation-
corrected energy spectrum is more reasonable. In the region with enhanced turbulence,
more turbulence scales exist, such as the pressure side in the rotating channel flow, where
the fk value is low and more turbulence scales are resolved. While in the region with
suppressed turbulence, fewer turbulence scales exist, such as the suction side, where the
fk value is relatively high. The model with a new fk expression can produce better results
since it can give a more reasonable fk distribution. At the same time, the newmodel is more
efficient since it shows better calculation performance with the same mesh scale and low
cost with comparable calculation performance.

Keywords: PANS, energy spectrum, turbulence model, rotating flow, centrifugal pump

INTRODUCTION

Rotating machinery, such as pumps and turbines, is widely used in engineering practice (Thangam
et al., 1999), and their internal flow has large curvature and high rotation speed characteristics. These
flow characteristics that play an important role in the performance need to be investigated in-depth
(Huang X. et al., 2019), and the relationship between the external characteristics of the centrifugal
pump and the internal flow state needs further study (Lin et al., 2022). For internal flow investigation,
the computational fluid dynamics (CFD) method plays an efficient and reliable role in the simulation
of complex flows (Zhang et al., 2020). In CFD, the Navier–Stokes equation is a mathematical
expression that can adequately describe the motion of fluids. The direct numerical simulation (DNS)
method concerns the direct application of this equation; thus, it can solve all turbulent flow fields.
Nevertheless, according to Kolmogorov’s theory (Pope, 2000), when the DNS method is used, the
length scale η � (]3/ε)1/4 and time scale τη � (]/ε)1/2 are very small, where ] is the kinematic
viscosity and ε is the dispassion of turbulent kinetic energy. Consequently, the DNS method cannot
be used to simulate the internal flow of rotating machinery with a high Reynolds number because of
the unacceptable simulation cost. The large-eddy simulation (LES) method is used to resolve large
vortices directly and model the small ones (Pope, 2000). Various studies have demonstrated that to
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simulate complex flows with multiple walls, LES requires meshes
with an extremely high amount of elements, which leads to a very
high number of calculations, making LES not suitable for
engineering calculations. Currently, the Reynolds-averaged
Navier–Stokes (RANS) method is widely used for its high
performance-to-cost ratio (Pope, 2000). However, in the
modeling process, the RANS method omits some key
information, such as turbulence pulsation; thus, it is associated
with some deficiencies when it comes to the simulation of flow
with rotation and curvature characteristics. As a result, the
balance between calculational accuracy and simulation cost is
the main challenge for the turbulence models. In this aspect,
hybrid models such as the partially averaged Navier–Stokes
(PANS) model have shown their advantages.

Girimaji et al. (2003) proposed the PANS method, which is
based on the ratio of the modeled to resolved turbulent kinetic
energy, through which the conversion from DNS to RANS can be
achieved. In the PANS method, the control parameters for
bridging DNS and RANS are fk and fε (Girimaji, 2006;
Girimaji et al., 2006) which are the modeled-to-total ratio of
the turbulent kinetic energy and its dissipation, respectively. At
high Reynolds number flows, there is little dissipation in the
resolved scales; thus, it is reasonable that fε is set to unity (Girimaji
et al., 2006; Lakshmipathy and Girimaji, 2010). When fk equals
unity, the PANS model degrades to a RANS model, while when fk
equals 0, it indicates a DNS simulation. For flows with a high
Reynolds number, a reasonable fk distribution is a key factor for
the PANS method. Based on different theories, several scholars
have proposed different expressions of fk. For example, Abdol-
Hamid and Girimaji (2004) introduced an original two-stage
procedure to calculate fk, while Song and Park (2009) and
Foroutan and Yavuzkurt (2014) deduced two different fk
formulations based on different energy spectra. Hu et al.
(2014) proposed a modified fk expression for unsteady
cavitating flows, where fk varies as a function of water density
and mixture density. In a simulation of the flow around a Clark-Y
hydrofoil, their modified model can accurately predict the cavity
evolution, vortex shedding frequency, and lift force fluctuation.
More recently, Wang et al. (2020) proposed a novel Omega-
driven dynamic model, where control parameter fk is
automatically adjusted by the rigid vorticity ratio, and the
results on three typical flows demonstrated that their model
can improve the prediction accuracy.

At present, there is no general expression of parameter fk,
and it is based on specific flow characteristics. According to the
definition of fk, its expression based on the energy spectrum is
more reasonable, and studies have indicated that the expression
of the energy spectrum in a rotating flow differs from that in an
ordinary (non-rotating) flow. Zeman (1994) investigated the
spectral energy transfer in rotating homogeneous turbulence
and found that the wavenumber κΩ � (Ω3/ε)1/2 determines the
turbulence length scale and affects the spectral transfer and
energy spectrum form in rotating flows, where κΩ is the Zeman
number, and Ω denotes the rotation speed. Baroud et al. (2002)
measured a rotating annulus and revealed that the energy
cascade in rotating flow is E(κ) ~ κ−2 rather than the
expected one, which is E(κ) ~ κ−5/3. By simulating a helical

shell model, Rathor et al. (2020) confirmed that with the
decreasing Rossby number, which corresponds to an
increasing level of rotation, the compensated spectrum to
the left of the Zeman scale (Zeman, 1994) departs from the
plateau with an additional scaling factor that asymptotes to
E(κ) ~ κ−2. Canuto and Dubovikov (1997); Zhou (1995)
obtained the same result through theoretical derivation.
Thangam et al. (1999) proposed a model that combines an
eddy viscosity model with the rotation-corrected energy
spectrum. Their new model can reproduce the rotating effect
of rotating homogeneous shear and rotating channel flows,
which confirms the rationality of the rotation-corrected energy
spectrum.

Since there is no fk expression based on the rotation-corrected
energy spectrum yet for the efficient simulation of the complex
flowwith rotation effect in the rotating machinery, in this paper, a
new fk expression based on the rotation-corrected energy
spectrum is deduced and coupled with the PANS model. The
PANS model with the new fk expression is verified in the rotating
channel flow. Then it is applied to flow simulation of a centrifugal
pump impeller with complex flows of rotating stall and flow
separation for further validation.

GOVERNING EQUATIONS

The PANS model
In the following analysis, the SST PANS model (Luo et al., 2014;
Ranjan and Dewan, 2015; Pereira et al., 2015; Ranjan and Dewan,
2016; Pereira et al., 2018; Qian et al., 2020) is used. The transport
equations of the SST PANS model are as follows:

zku
zt

+ uj
zku
zxj

� P̃ku − βpkuωu + z

zxj
((] + σku]u) zku

zxj
), (1)

zωu

zt
+ uj

zωu

zxj
� γ

]u
P̃ku − γ

]u
βp(1 − 1

fω
)kuωu − βω2

u

fω

+ 2(1 − F1u)σω2 1
ωu

zku
zxj

zωu

zxj

fω

fk
+ z

zxj((] + σωu]u) zωu

zxj
), (2)

]u � a1ku
max(a1ωu, F2uS), (3)

where u is the partially averaged velocity; partial averaging
corresponds to filtering a portion of the fluctuating scales
(Girimaji, 2006), and throughout the study, the words filtering
and averaging will be used synonymously. ku is the unresolved
turbulent kinetic energy, ωu is the unresolved specific dissipation
rate, fω is the modeled-to-total ratio of the specific turbulence
dissipation and fω � 1/fk, υ is the kinematic viscosity, ]u is the
unresolved eddy viscosity, S is the invariant measure of the strain
rate, ~Pku � min(Pku, 10β

pkuωu) is the production term,

Pku � ]u zui
zxj

(zui
zxj

+ zuj
zxi
), and a1, β, β*, σω2, and γ are constant

coefficients. Moreover, σku and σωu are Prandtl numbers, and
their specific forms are as follows:
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σku � σk
fω

fk
, σωu � σω

fω

fk
. (4)

In addition, F1u and F2u are two blending functions for the SST
PANS model, which are defined as follows:

F1u � tanh⎡⎣(min[max( 


ku

√
βpωuy

,
500]
y2ωu

), 4σω2uku
CDkωy2

])4⎤⎦, (5)

F2u � tanh⎡⎣(max( 2



ku

√
β*ωuy

;
500]
y2ωu

))2⎤⎦, (6)

CDkω � max(2ρσω2u

ωu

zku
zxi

zωu

zxi
, 10−10), (7)

where y denotes the distance to the next surface.

fk Expressions Based on the Energy
Spectrum
According to the Kolmogorov hypothesis (Pope, 2000), the
energy spectrum without rotation is E(κ) � αε2/3κ−5/3, where
E(κ) is the energy spectrum, α is the Kolmogorov constant, ε
is the dispassion of turbulent kinetic energy, and κ is the
wavenumber. Several researchers derived different fk equations
(Song and Park, 2009; Foroutan and Yavuzkurt, 2014; Qian et al.,
2020) based on the Kolmogorov hypothesis. The fk expression
deduced by Song and Park (2009) can be seen as follows:

fk � ku
kt

� ∫κη

κΔ
E(κ)dκ∫κη

κl
E(κ)dκ

� κ−2/3η − κ−2/3Δ

κ−2/3η − κ−2/3l

≈ (Δ
η
)2/3⎛⎝1 − (Δ

η
)2/3⎞⎠( Δ

lturb
)2/3

. (8)

Eq. 8 is named PANS-ES1. It is similar to that proposed by
Song and Park (2009), and lturb, η, and Δ denote the turbulent
length scale for RANS, Kolmogorov length scale (length scale for
DNS), and grid size, respectively. The corresponding coupled
model with SST k-ω PANS is called SST k-ω PANS-ES1 hereafter.

lturb � k3/2T

ε
, η � (]3

ε
)1/4

,Δ � (ΔxΔyΔz)1/3, (9)

where kT is the total turbulent kinetic energy, which is equal to kr
+ ku. In addition, kr is the resolved turbulent kinetic energy,
kr � 0.5(Ui − U

− )2, whereUi is the instantaneous velocity andU
−
is

the time-averaged velocity.
Different from Song et al., Foroutan and Yavuzkurt (2014)

adopted a von Kármán-like spectrum (Schiestel and Dejoan,
2005) and derived another fk formulation, (Eq. 10), which
here is referred to as PANS-ES2, and the corresponding
coupled model with SST k-ω PANS is called SST k-ω PANS-
ES2 hereafter.

fk � 1 − [ (lturb/Δ)2/3
0.23 + (lturb/Δ)2/3]4.5

(10)

For the rotation-corrected energy spectrum, the energy
spectrum between κl and κη is divided into two parts by the
Zeman number κΩ (Zeman, 1994), which is defined as (Ω3/ε)1/2,
where Ω denotes the rotation speed. More specifically, when
κc < κΩ, E(κ) � β(Ωε)1/2κ−2, while when κc > κΩ, E(κ) �
αε2/3κ−5/3 (Figure 1).

From the definition of fk, fk � ku/kt (different from kT in Eq.
9), it is assumed that for PANS simulation, the grid spacing is
located between the turbulent length scale (lturb) and the
Kolmogorov length scale (η) (Song and Park, 2009). Therefore,
the total turbulent kinetic energy kt can be obtained as follows:

kt � ∫∞

0
E(κ)dκ � ∫κΩ

κl

E(κ)dκ + ∫κη

κΩ

E(κ)dκ � ∫κΩ
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βε1/2Ω1/2κ−2dκ

+∫κη
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αε2/3κ−5/3dκ � (3
2
α − β)εΩ−1 + 1

2π
βε1/2Ω1/2lturb

− ( 1
2π

)2
33
2
αε2/3η

2
3. (11)

For the small turbulent length scale (large wavenumber,
κΔ~κη), the turbulent kinetic energy cannot be resolved
directly; thus, if κΔ < κΩ,

ku � ∫∞

κΔ

E(κ)dκ � ∫κΩ

κΔ

E(κ)dκ + ∫κη
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2
α − β)εΩ−1 + 1

2π
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2π
)2

33
2
αε2/3η

2
3,

(12)
and if κΔ > κΩ,

ku � ∫∞

κΔ

E(κ)dκ � ∫κη

κΔ

E(κ)dκ � ∫κη

κΔ

αε2/3κ−5/3dκ
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33
2
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3 − η
2
3). (13)

FIGURE 1 | Rotation-corrected energy spectrum.
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Based on the study proposed by Thangam et al. (1999), it was
assumed that α � β � 1.8. Consequently, the final fk form for the
rotation-corrected energy spectrum is as follows:

fk � ku
kt

�

⎧⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎩
0.9εΩ−1 + 0.286(εΩ)1/2Δ − 0.793(εη)2/3
0.9εΩ−1 + 0.286(εΩ)1/2lturb − 0.793(εη)2/3 (κc ≤ κΩ)

0.793ε2/3(Δ2/3 − η2/3)
0.9εΩ−1 + 0.286(εΩ)1/2lturb − 0.793(εη)2/3 (κc > κΩ)

.

(14)
It should be noted that when κΔ � κΩ, the above two equations

are equivalent. Here, the fk equation based on the rotation-
corrected energy spectrum is referred to as PANS-RCES, and
the corresponding coupled model with SST k-ω PANS is called
SST k-ω PANS-RCES hereafter. In all PANS simulations, the
dispassion of turbulent kinetic energy, ε, is calculated by ε � βkω,
where β is a constant coefficient.

VERIFICATION AND APPLICATION

Verification in Rotating Channel Flow
In rotating channel flows, the channel rotates in the spanwise
direction with a constant angular velocity and is significantly
affected by rotating flow characteristics, such as typical
asymmetric distribution, streaks near the pressure side, and
Taylor–Götler (TG) vortices (Grundestam et al., 2008), which
is suitable for verifying the new fk expression based on the
rotation-corrected energy spectrum. In the present study,
rotating channel flows with a Reynolds number of 7,000 and
rotation numbers of 0.3 and 0.6 are simulated. The Reynolds
number is defined as Re � Umh/], where h is the half channel
height and ] denotes the kinematic viscosity. In addition, rotation
number Ro is defined as Ro � 2ωh/Um, where ω denotes the
angular velocity of the rotation and Um � 1/2h∫2h

0
U(y)dy is the

bulk velocity along the x coordinate. The simulation domain is
exhibited in Figure 2, where 2πh × 2h × 2πh are the dimensions
along with the x (streamwise), y (normal), and z (spanwise)

directions, respectively. The positive x coordinate is the inflow
direction.

Subsequently, the SST k-ω PANS-ES1, SST k-ω PANS-ES2,
and SST k-ω PANS-RCES models are used to simulate the
rotating channel flow. The new turbulence models are
compiled in OpenFOAM, and the simulation results are
compared with the DNS data (Yang et al., 2012). For all
PANS simulations, the PISO algorithm is applied to
pressure–velocity coupling. A “Gauss linear” scheme with
second-order accuracy is chosen for both the gradient term
and the divergence term. A second-order implicit backward
scheme is used for the time scheme.

The simulation results of the velocity and Reynolds stress
analyzed in this study were time-, spanwise-, and streamwise-
averaged:

�ϕ � 1
LxLzT

∫Lx

0
∫Lz

0
∫T

0
ϕdxdzdt, (15)

where ϕ is a transient physical quantity, Lx and Lz are the
streamwise and spanwise lengths, respectively, and T is the
duration for time averaging. The half-height of the channel, h,
is set as the reference scale for the length. Furthermore, the plane
y/h = 0 is at the position of the pressure side, and y/h = 2 is at the
position of the suction side.

Grid Convergence Study
A grid convergence study is performed for rotating channel flow
to investigate grid dependence. The details of grid information
and a part of the corresponding simulation results are shown in
Table 1. The mesh elements vary in the y-direction (Kamble et al.,
2019) as shown in Table 1. In the present grid convergence study,
two rotation numbers of rotating channel flow are selected. Four
meshes coupled with three different fk expressions, 12 cases for
each rotation number in total, are simulated. In Table 1, only the
results of Ro = 0.6 calculated by SST k-ω PANS-RCES are shown,
which are similar to results obtained by the other two fk
expressions. The same time step is used in all calculations, and
the maximum Courant–Friedrichs–Lewy (CFL) number is all less
than unity in the calculation process. For the y+ on the pressure
surface (PS) and suction surface (SS) of the four meshes in the
table, the y+ of the four meshes is all around unity, and the
maximum is no more than 2, especially for the three grids except
mesh1, the y+ is all below unity. By comparing the y+ of the PS and
the SS (the first layer height of the PS and SS meshes are the
same), it can be found that under the same grid, the y+ of the
pressure surface is larger than that of the suction surface.

The magnitude and distribution of fk are key parameters that
can determine the calculation accuracy of PANSmodels. Figure 3
plots the time-space-averaged results of the three fk expressions in
rotating channel flow. Four different meshes and two different
rotation numbers are used in the simulation, and the legend is the
same for both figures. For the same fk expressions, the figures
show that the magnitude of fk decreases with the increase of grid
points. By comparing the fk distributions obtained using the three
different expressions, the SST k-ω PANS-RCES result is much
smaller than the results of SST k-ω PANS-ES1 and SST k-ω

FIGURE 2 | Simulation domain of rotating channel flow.
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PANS-ES2, and the distribution pattern is also different. For all
the three different fk expressions, the fk value is smaller in the
region far from the wall than that in the region near the walls.
However, the fk profiles near the pressure and suction surface of
the SST k-ω PANS-RCES are different from the ones of the other
two fk expressions. The fk value based on the rotation-corrected
energy spectrum near the walls is generally lower than those of
the other two fk expressions under both rotation numbers as

shown in Figure 3, which may contribute to the better simulation
performance near the walls.

Due to the Coriolis effect, the mean streamwise velocity
profiles are increasingly asymmetric with an increasing
rotation rate, and their slope is equal to the rotation number
at the main flow region of the channel (Kristoffersen and
Andersson, 1993; Huang et al., 2017). The mean streamwise
velocities obtained by the different fk equations coupled with

TABLE 1 | Parameters of grid convergence for rotating channel flow at Ro = 0.6.

Mesh Mesh size (Nx, Ny,
Nz)

Averaged y+ (PS) Averaged y+ (SS) Max CFL

Mesh1 48 × 32 × 128 1.672 1.196 0.488
Mesh2 48 × 64 × 128 0.849 0.560 0.628
Mesh3 48 × 96 × 128 0.573 0.382 0.777
Mesh4 48 × 128 × 128 0.428 0.282 1.143

FIGURE 3 | fk distribution in rotating channel flow under different meshes: (A) Ro = 0.3 and (B) Ro = 0.6.

FIGURE 4 | Mean streamwise velocity profiles in rotating channel flow: (A) Ro = 0.3 and (B) Ro = 0.6.
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four meshes at Ro = 0.3 and 0.6 are presented in Figure 4, and the
legend is the same as in Figure 3. It can be observed that
reasonable results are obtained with different fk expressions for
all four meshes, and the slope of the mean streamwise velocity
profiles is equal to the rotation number. For the same fk
expression, with the increase of mesh points, the numerical
simulation results gradually approach the DNS results, and it
converges when the number of mesh points increases to mesh3 at
Ro = 0.3, and it happens at mesh2 when Ro = 0.6. For both two
rotation numbers with four meshes, the results obtained by SST
k-ω PANS-RCES are better than those obtained by SST k-ω
PANS-ES1 and SST k-ω PANS-ES2. Especially, even with fewer
meshes (mesh1, black solid lines), the SST k-ω PANS-RCES
shows better performance than the other two PANS models
with more mesh points (mesh2, red dotted, and dashed lines).

Near-Wall Velocity and Turbulence Statistics
The profiles of mean streamwise velocity in the near-wall area
at both rotation numbers are shown in Figure 5 and Figure 6.
According to the grid convergence study, results of Ro = 0.3

with mesh3 and results of Ro = 0.6 with mesh2 are discussed in
this section. When Ro = 0.3, the results of SST k-ω PANS-RCES
and SST k-ω PANS-ES1 are close to each other and consistent
with DNS results, while the results of SST k-ω PANS-ES2 show
some deviations. As for the velocity near the pressure side of
Ro = 0.6, the results of the three models are relatively
consistent. On the suction side, it can be observed more
clearly that the SST k-ω PANS-RCES model has a more
obvious advantage in predicting the near-wall velocity
distribution under both rotation numbers, which is due to
the more reasonable distribution of fk near the suction side
shown in Figure 3.

The profiles of root-mean-square (RMS) velocity and
Reynolds shear stress under the two rotation numbers are
exhibited in Figures 7, 8, respectively. vrms is the RMS velocity
in the normal direction. Since the results of the streamwise and
the normal RMS velocity are similar, they are not presented
here. The RMS velocity and Reynolds shear stress are
normalized by Um and U2

m, respectively. It was found that
the RMS velocity and the Reynolds shear stress are higher on

FIGURE 5 | Comparison of mean streamwise velocity distribution in the near-wall area at Ro = 0.3: (A) pressure side and (B) suction side.

FIGURE 6 | Comparison of mean streamwise velocity distribution in the near-wall area at Ro = 0.6: (A) pressure side and (B) suction side.
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the pressure side and decrease from the pressure side toward
the suction side. This suggests that the rotating effect
strengthens the turbulence intensity at the pressure side and
suppresses it at the suction side, which has also been confirmed
by Kristoffersen and Andersson (1993). As for the normal RMS
velocity at Ro = 0.3, at the near-wall area (y/h = 0–0.5 and y/h =
1.5–2), the result of the SST k-ω PANS-RCES model agrees well
with the DNS results, while the other two models show some
deviations in all regions. As for the Reynolds shear stress near
the pressure surface (near y/h = 0–0.5) where the turbulence is
enhanced, SST k-ω PANS-ES1 and SST k-ω PANS-RCES
models show more convincible results than that of SST k-ω
PANS-ES2 model. Near the suction side, only the SST k-ω
PANS-RCES model can accurately predict the correct
profile of Reynolds shear stress, which may be due to the
decreased tendency of fk at the near suction surface shown in
Figure 3. Whether it is near the pressure side or the suction
side, the SST k-ω PANS-ES2 model fails to predict the correct
results.

When Ro = 0.6, the vrms results demonstrate that the SST k-ω
PANS-RCES model performance is consistent with the DNS
results. Especially in near-wall areas, the SST k-ω PANS-RCES
model results agree well with the DNS data. As for the Reynolds
shear stress, both the SST k-ω PANS-ES1 and SST k-ω PANS-ES2
model results exhibit some deviation at the mainstream region (y/
h = 0.5–1.5), while the SST k-ω PANS-RCESmodel can accurately
predict the correct profile in the whole area.

TG Vortices
Johnston et al. (1973) were the first to experimentally observe the
TG vortices, and later, in a DNS study, Kristoffersen and
Andersson (1993) observed the TG vortices as well. TG
vortices are induced by the unstable flow near the pressure
surface, and when the Reynolds number increases, their
presence generates complex flow structures. Hence, the TG
vortex is an important large-scale structure and a prominent
physical phenomenon in rotating channel flows. To isolate the
TG vortex, the fluctuation velocity is defined as follows:

FIGURE 7 | Comparison of turbulence statistics at Ro = 0.3 (A) normal RMS velocity (B) Reynolds shear stress.

FIGURE 8 | Comparison of turbulence statistics at Ro =0.6 (A) normal RMS velocity (B) Reynolds shear stress.
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ui’ � ui − 1
LxLzT

∫Lx

0
∫Lz

0
∫T

0
u
−
idxdzdt. (16)

That is, the fluctuation velocity is the difference between the
instantaneous velocity and the time-, streamwise-, and spanwise-
averaged velocities. The TG fluctuation is defined as the
streamwise average of the fluctuation velocity:

uTG
i � 1

Lx
∫Lx

0
ui′dx. (17)

When the rotation number increases, the TG vortex becomes
unstable. According to the DNS results of this example (Yang
et al., 2010), the TG vortex becomes unstable and difficult to
capture at Ro = 0.6; thus, in this section, the TG vortices at Ro =
0.3 with mesh3 are analyzed (Figure 9).

As can be observed in Figure 9, SST k-ω PANS-ES1 can
predict only a pair of apparent vortices (z/h = 2 and z/h = 5),
whereas SST k-ω PANS-ES2 predicts two pairs of vortices, and
the vortex boundaries are very clear. Nevertheless, they are
significantly different from the three pairs of TG vortices
predicted by DNS. Only the SST k-ω PANS-RCES can capture
all three pairs of vortices as DNS does. The vortex distribution on
the right side of the flow channel is more apparent, while that on
the left side is more ambiguous. By comparing the results, some
discrepancies among the PANS results could be observed.
Overall, the SST k-ω PANS-RCES results are better than those
of SST k-ω PANS-ES1 and SST k-ω PANS-ES2, which further
indicates that the SST k-ω PANS-RCES model based on the

rotation-corrected energy spectrum is more suitable for
predicting rotating flows.

Simulation Cost
For turbulence models, the balance of the simulation accuracy
and cost is always the main target. According to the grid
convergence study in Section 3.1.1, SST k-ω PANS-RCES with
mesh1 can obtain similar results to the calculation accuracy of
SST k-ω PANS-ES1 and SST k-ω PANS-ES2 with mesh2. For a
better comparison of simulation cost, the time consumption (Tc)

FIGURE 9 | Comparison of Taylor–Götler vortices at Ro = 0.3: (A) SST k-ω PANS-ES1, (B) SST k-ω PANS-ES2, (C) SST k-ω PANS-RCES, and (D) DNS.

TABLE 2 | Time cost of different fk expression for rotating channel flow at Ro = 0.6.

Case Mesh fk expression Time steps Tc (s)

Case 1 Mesh1 RCES 5,000 1,053
Case 2 Mesh2 ES1 5,000 1,956
Case 3 Mesh2 ES2 5,000 2,005
Case 4 Mesh2 RCES 5,000 2,004

FIGURE 10 | Computational domain of the centrifugal pump impeller.
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of four cases with twomeshes at Ro = 0.6 is shown in Table 2. The
statistical time consumption is 5,000 time steps after all
calculations are stabilized. The Intel Xeon(R) Gold 5120 CPU
with 2.2 GHz and 28 cores is installed in the simulation
workstation. From Table 2, for the first three cases, it can be
seen that the expression of RCES takes the shortest time to
calculate the 5,000 time steps. In other words, for similar
calculation accuracy, the newly developed fk expression can
save more calculation resources than the other expressions.
For the last three cases with the same meshes, the
time consumption is almost the same. Combined with the
simulation performance, it can be found that the PANS
model with the new fk expression balances the simulation
accuracy and the simulation cost commendably for rotating
channel flow.

Application in a Centrifugal Pump
The flow in a centrifugal pump is another typical rotating flow
type. The large curvature and multiwall characteristics of the
pump structure make the accurate prediction of the internal flow
very difficult. In this study, a low specific speed centrifugal pump
is used to verify the applicability of the new fk expression based on
the rotation-corrected energy spectrum. The pump has a rotating
speed of 725 r/min, inlet diameter of D1 = 71 mm, and outlet
radius of R2 = 95 mm, and the Reynolds number based on the
inlet diameter D1 and the rated fiow rate Q0 was approximately
5.5×104. The calculation domain is illustrated in Figure 10, and
the grid points are approximately 2.78 million, which is
determined based on previous simulations of this flow case
(Byskov et al., 2003; Huang et al., 2015). In addition, the flow
rate at the design condition was 3.06 L/s, and at the stall

FIGURE 11 | Velocity vector distributions at different radial positions under the design-load condition: (A) PANS and (B) LDV.

FIGURE 12 | Comparison of time-averaged velocity at Q = 1.0Q0 flow condition: (A) 0.5R2 radial velocity and (B) 0.5R2 tangential velocity.
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condition, it was 0.76 L/s. The corresponding experimental and
simulation results are found in the studies by Pedersen et al.
(2003) and Byskov et al. (2003).

Under the design conditions, the streamlines are smooth.
Nevertheless, under part-load conditions, a stall happens in
the impeller. More specifically, under stall conditions, a stall
vortex is generated and blocks the channel. Therefore, the flow
becomes more unstable, and the requirements for the turbulence
model become higher (Pedersen et al., 2003; Zhou et al., 2014; Tao
et al., 2014; Yao et al., 2016; Huang X.-b. et al., 2019). In this
study, both the design-load condition, 1.0Q0, and the part-load
condition, 0.25Q0, are used to verify the accuracy of the SST k-ω
PANS-RCES (abbreviated as PANS hereafter) model. The mass
flow rate is used as the inlet boundary condition, a pressure outlet
boundary condition is used at the outlet, and a no-slip condition
is set at the walls.

The Q = 1.0Q0 flow condition results of the velocity vector
distributions in the impeller mid-height at the different radial
positions of r/R2 = {0.65, 0.75, 0.90, 1.01} obtained by PANS and
laser Doppler velocimetry (LDV) (Pedersen, 2000) are depicted in
Figure 11. Under the design-load condition, the velocity vectors
in the six flow channels are the same. The main feature is that the
velocity at the suction surface (SS) of blades is large at 0.65 R2 and
0.75 R2, and the velocity at the pressure surface (PS) is small. The
velocity distribution at 0.90 R2 is more uniform. At 1.01 R2, the
velocity of the pressure surface is slightly greater than the velocity
of the suction surface. This may be due to the secondary flow of
the low specific speed centrifugal pump that causes the jet-wake
flow at the exit to occur (Brun and Kurz, 2005; Zhang et al., 2019).
The results of PANS and LDV show that PANS can capture the
above phenomenon well. A more detailed comparison of the
velocity distribution at 0.5 R2 and 0.75 R2 is shown in Figures 12,

FIGURE 13 | Comparison of time-averaged velocity at Q = 1.0Q0 flow condition: (A) 0.75R2 radial velocity and (B) 0.75R2 tangential velocity.

FIGURE 14 | Velocity vector distributions in the impeller mid-height under 0.25Q0 flow condition: (A) PANS and (B) LES.
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13. From the figures, it is more obvious that the results of PANS are
consistent with those of LES and PIV results, indicating that the
velocity distribution can be well predicted in both near-wall and
mainstream regions, and the newly developed fk expression RCES
can accurately predict the flow field in the design-load condition.

The velocity vector in the impeller mid-height under the part-
load condition is shown in Figure 14. Under this working
condition, the velocity vector of adjacent flow passages is
different, which can be marked as non-stall Passage A and
stall Passage B, respectively. It can be seen from Figure 14
that only one vortex appears on the suction surface in the
non-stall Passage A. A smaller vortex appears at the inlet of
the stall passage, and a larger one appears near the exit of the
passage. The results of PANS are consistent with those of LES.
Figure 15 shows the velocity vector results of r/R2 = {0.50, 0.65,
0.75, 0.90}. For stall passage, backflow occurs on the suction
surface at the inlet, which is an important factor to generate stall
vortices. The results of PANS and LES can accurately predict this
result. For other flow direction positions, PANS also shows good
prediction accuracy.

CONCLUSION

1) An SST k-ω PANS model with a new expression of fk based on
the rotation-corrected energy spectrum is proposed in this
study. The new model is verified in the rotating channel flow
at two different rotation numbers, and then it is applied to a
centrifugal pump impeller for further validation.

2) It was found that the fk distribution of the new model is
reasonably distributed in the rotating channel flow. In the
near-wall area, the reasonable reduction of fk allows the new
model to have better performance in near-wall flow
calculation. In the region near the pressure side with
turbulence enhanced, the fk value turns out to be small,
and it increases toward the suction side since the
turbulence is suppressed. The fk distribution shows that it
corresponds to the flow characteristics well, and the
simulation results, including mean velocity, RMS velocities,
and TG vortexes, agree well with the DNS data. From the

calculation cost results, it was found that the newmodel shows
a better performance than the other two PANS models with
the same mesh points, and it shows comparable performance
even with fewer mesh points.

3) The application of the new model in a centrifugal pump
impeller shows that it can accurately capture the time-
averaged flow fields including stall vortices under part-load
conditions and velocity vector distributions under both
design-load and part-load conditions. In addition, the new
PANS model can predict the tangential and radial velocities
well under both flow conditions, showing that the new model
is appropriate for the simulation of flows with rotation effects.
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The influence of sediment media on the blade pressure and cavitation of a tubular turbine
was investigated in this study. The Zwart–Geber–Belamri cavitation model and the shear
stress transport k–w turbulence model were applied to numerically simulate and
experimentally validate the full flow path of the tubular turbine under combined
conditions for sediment particle sizes of 0.01 and 0.05mm and concentrations of 1%,
1.5%, and 2%. The results show that the pressure of the blade increases with the sediment
concentration. Cavitation mainly occurs between the blade shroud and the leading edge.
The higher the sediment concentration, the lower the vapor volume fraction at the same
sediment particle size. The presence of sediments inhibits further cavitation development,
and the inhibition effect is significant. At the same concentration, the larger the particle size
of the sediment, the lower the vapor volume fraction. Thus, the increase in the particle size
inhibits cavitation, but the inhibition effect is not significant.

Keywords: tubular turbine, cooperative condition, cavitation, solid-liquid two-phase flow, sediment concentration

INTRODUCTION

China has made ecological civilization construction with Chinese characteristics a vital part of the
socialist cause, encouraged ecological civilization promotion, fully implemented the new resource
concept, and promoted the economical and efficient use of resources (Li et al., 2022). Hydropower
development is economically valuable because it is clean, renewable, and efficient compared to
traditional sources of thermal power generation (Wu and Zhu, 2021). Tubular turbines have broad
application prospects in developing low-head hydraulic resources (Shu-tang, 2000).

During turbine operations, the fluid exhibits a strong nonlinear motion, that is, turbulent motion,
under the influence of the complex turbine structure and three-dimensional transient nonconstant
operating conditions. Turbulence is a critical factor that causes pulsations in the physical quantities
of the flow field (Li D. et al., 2021; Wangxu et al., 2021). When sediment particles carrying tiny air
nuclei enter the rotor area, the existence of a negative pressure fluctuation peak facilitates the rapid
expansion and growth of bubbles, which contract and break under the action of the fluid (Xu-na
et al., 2019). In addition, the collapse of these bubbles near the solid surface generates microjets and
high-pressure waves that directly impact the solid surface and cause deformation. The deformation
continues to increase because of the continuous collapse of the bubbles until the surface material
breaks down, owing to fatigue and cavitation (Li et al., 2021b). When cavitation occurs, the collapse
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of the cavitation bubbles changes the amplitude of the pressure
fluctuation frequency (Li et al., 2021; Li et al., 2022), increasing
the instability of the tubular turbine unit and generating vibration
and noise (Fu et al., 2021; Sun, 2022).

In recent years, many scholars have investigated the influence
of the sediment inside the turbine on cavitation performance. Lu
(1991) investigated the collapse of cavitation bubbles in a
solid–liquid two-phase flow and found that the solid particles
in the liquid reduced the collapse rate of the bubbles. They
observed that the higher the concentration of solids, the more
pronounced the effect, which could reduce the destructive
capacity of the bubbles. Liao (2012) argued that vortices in
fluids are the source of cavitation; large particles in a vortex
cannot be pulled into the vortex, and tiny particles cannot be
ejected from the vortex. Therefore, appropriate particle size is an
induced condition for cavitation. Particle-borne air nuclei
facilitate early cavitation initiation, sometimes accompanied
by pulsating pressure generation and exacerbating cavitation
damage. Zeng and He (2020) simplified sediment particles into
spherical shapes and simulated the interaction between
cavitation bubbles and sediment particles near the wall. They
concluded that the initial bubbles, which were adversely affected
by the particles during the growth phase, were mushroom-
shaped during the collapse, and bubbles less affected by the
particles were pear-shaped. Zhang and Wei (2014) analyzed the
distribution patterns of the sediment medium in a hydraulic
turbine and the influence of the pressure field. They found that
sand-containing water flow resulted in increased pressure load
on the surface of turbine runner blades. Dong and Sun (2021)
experimentally investigated the mechanism of the effect of
different sand contents on the cavitation of high-speed water
flow. They concluded that the cavitation factor increased with
increasing sediment content at the median particle size (d =
1.09 mm), promoting cavitation. Wang et al. (2019) conducted
numerical simulations of a Francis turbine at different sediment
concentrations and found that in a high-speed rotating runner,
solid particles collided forcefully at the walls because of inertial
and centrifugal forces. These forces tended to induce cavitation
inside the runner, increasing the head loss in the runner and
aggravating blade wear. Teran et al. (2018) combined numerical
simulations and experimental tests to investigate the
interactions between cavitation bubbles and particles
collapsing near the solid wall of a Francis turbine. They
found that the initial positions of the solid particles and
bubbles could significantly influence the particle velocity,
inhibiting or accelerating the damage caused by the
cavitation bubble collapses. Liang et al. (1997) investigated
the vibration of a vacuolar cloud in a dilute solid–liquid two-
phase flow and found that the main frequency of the vibration
decreased when solid particles were in the bubble cloud. In
addition, the solid particles significantly decreased the high-
frequency part. In summary, the sediments inside the turbine
induce internal wear and tear, whereas the generated air bubbles
cause fatigue damage to the runner. In some cases, both
phenomena work synergistically to cause more severe damage
than each would cause separately. Although many scholars
investigated cavitation under a solid–liquid two-phase flow

and established systematic theoretical systems, most studies
focused on Francis turbines. The study of cavitation under a
solid–liquid two-phase flow in a tubular turbine is crucial, as this
research area has not been studied extensively. In this study, the
effects of different sediment concentrations and particle sizes on
the cavitation characteristics of turbine rotor blades in the inlet
flow of a tubular turbine were investigated, considering the
combined conditions of a light bulb tubular turbine as a premise
(Li et al., 2021a).

TURBULENCE MODELS AND CONTROL
EQUATIONS

In terms of turbulence model selection, the k–ε model can
simulate complex flows and has the advantages of being
efficient and stable (Li W. et al., 2021). The k–ω model
replaces the dissipation rate, ε, in the equation with the
specific dissipation rate, ω, and is more stable in the viscous
sublayer (Deyou et al., 2021). The shear stress transport k–ω
equation combines the advantages of both equations and
modifies the turbulent viscosity equation to obtain a more
accurate simulation (Li et al., 2021). Because fluid
compressibility slightly influences the flow field, the fluid
domain is used as an incompressible fluid in constant-
condition calculations for tubular turbines. No heat exchange
between the phases in the fluid is considered. Under adiabatic no-
slip conditions, the solid phase is equal in size and contains
uniform spherical particles, and the phase change effect is
negligible. The volume fraction αm and density ρm of the
mixed phase are expressed as follows:

αm � αl + αs + αv (1)
ρm � 1/(yv

ρv
+ ys

ρs
+ yl

ρl
) (2)

where αl, αs, αv are the liquid-, solid-, and gas-phase volume
fractions, respectively, and yl, ys, yv are the liquid-, solid-,
and gas-phase mass fractions, respectively. The mass
fraction, y, satisfies the following condition expressed by
Eq. 3.

yl + ys + yv � 1 (3)
The continuity equation is a concrete expression of the law of

matter indestructibility in fluid mechanics and is expressed by
Eq. 4:

zρ

zt
+ ∇ · (ρ · �v) � 0 (4)

where ρ is the fluid density, and �v is the velocity vector.
In hydrodynamic machinery, the entire process of a fluid

passing through the flow components obeys the law of
conservation of momentum, expressed as follows:

z

zt
(ρ �v) + ∇ · (ρ �v �v) � −∇ · p + ∇ · ( �τ) + ρ �g + �F (5)
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where p is the static pressure, and ρ �g and �F are the gravitational
force and external force, respectively. The shear stress tensor for
shear �τ is defined as follows:

�τ � μ[(∇ �v + ∇ �vT) − 2
3
∇ �vI] (6)

where μ is the dynamic viscosity, and I is the unit tensor. The
second term on the right-hand side represents the volume
expansion effect.

MODEL AND ITS BASIC PARAMETERS

In this study, a tubular turbine unit in the upper reaches of the
Yellow River was selected. Its basic design parameters are listed in
Table 1.

The cavitation performance curve between the cavitation
coefficient and turbine efficiency was obtained by determining
the different draft tube pressure conditions. When the turbine
efficiency decreases by 1%, cavitation of the blades occurs at this
pressure, and the draft tube outlet pressure becomes the critical
cavitation pressure (Fubing, 2021).

The turbine cavitation coefficient is expressed as follows:

σp �
P0
ρg − Pc

ρg −Hs

H
(7)

whereP0 is the draft tube outlet pressure, Pc is the saturated vapor
pressure of water, ρ is the density of water, g is the acceleration
owing to gravity, Hs is the turbine suction height, and H is the
working head of the turbine.

Ansys ICEM was used to simulate the hybrid meshing of the
overall model. Hexahedral structural meshes were used for the
inlet section, bulb body, and draft tube, and tetrahedral structural
meshes were used for the complex guide vane and runner sections
(Li et al., 2021). The entire flow channel mesh is depicted in
Figure 1.

The minimum pressure on the blade surface significantly
influences the cavitation performance of the runner during
cavitation calculations (Hui et al., 2016). Therefore, the
relationship between the overall grid number of the turbine,
minimum pressure on the blade surface, and cavitation
coefficient of the turbine under combined conditions was
analyzed to minimize the influence of the grid number on

calculation accuracy (Figure 2). The cavitation coefficient
increased with an increasing number of grid nodes, with a
maximum difference of 0.0031 (Figure 2). In contrast, the
minimum pressure on the blade surface decreased with an
increasing number of nodes, with a maximum difference of
8,000 Pa (Figure 2). When the number of grids in the entire
fluid domain increased from 5.16 million to 8.84 million, the
minimum pressure decreased by 3,000 Pa, and the cavitation
coefficient increased by only 0.0001, satisfying the calculation
accuracy requirements. Therefore, 8846777 grids and 1973260
nodes were adopted for the calculations.

This study focused on a solid–liquid two-phase flow, and
Ansys CFX was used for numerical simulations. The
nonhomogeneous phase model was selected for the
multiphase flow, and the particle model was used for
interphase transport, which is mainly applicable when a
phase is continuous, and the other phase is dispersed or
polydispersed. The inlet boundary condition was set as the
mass flow, the outlet was set as the average static pressure
outlet, and the solid boundary surface was a nonslip wall surface.
The rotor speed was set to 68.18 r/min, and the calculation area
reflected the effect of gravitational acceleration on the
sediments. The guide vane opening and impeller opening
were 10° and −34.5°, respectively, for the combined
conditions (Li, 2014). The rated flow rate, Q, was 375.2 m3/s,
the sediment density was 2,650 kg/m3, the sediment particle
sizes were 0.01 and 0.05 mm. Sediment concentrations of 1%,
1.5%, and 2% were selected as discrete phases based on the
actual measured data obtained at the upper Yellow River. The
drag force during momentum exchange was considered. The
high-accuracy solution mode was selected, and the convergence
target root mean square was 1 × 10−4.

TEST VERIFICATION

Tests were conducted in a hydropower station at the upper
reaches of the Yellow River based on hydrological sediment
observation data in May 2019 to obtain an average sediment

TABLE 1 | Technical parameters of crossflow turbines.

Parameter Value

Runner diameter 7.27 m
Synchronous speed 68.18 r/min
Rated output of individual machines 26.8 MW
Rated discharge 378 m3/s
Maximum head 12 m
Minimum head 2.6 m
Rated head 7.8 m
Number of blades 4
Number of guide vanes 16

FIGURE 1 | Overall grid of fluid domain of tubular turbine.

Frontiers in Energy Research | www.frontiersin.org April 2022 | Volume 10 | Article 9042013

Cheng et al. Cavitation of Tubular Turbine Blade

54

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


particle size of approximately 0.05 mm. The tests were conducted
at sediment concentrations of 1%, 1.5%, and 2% of the water flow
using unit #1 as the test verification unit. The unit paddle and

guide vane openings were adjusted to 10° and 34.5°, respectively,
and a water head of approximately 8 m was selected. Actual
experimental tests were performed to collect data, including the

FIGURE 2 | Grid independence verification.

FIGURE 3 | Crossflow hydropower station at upper Yellow River.

TABLE 2 | Experimental monitoring data at different sediment particle concentrations.

Sediment particle size/mm Sediment volume fraction/% Test head/m Monitoring efficiency/%

0.05 1 7.85 89.9
1.5 8.24 87.4
2 8.21 83.7

Frontiers in Energy Research | www.frontiersin.org April 2022 | Volume 10 | Article 9042014

Cheng et al. Cavitation of Tubular Turbine Blade

55

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


turbine efficiency at different concentrations. Because the
sediment content and incoming water flow in the river were
different, the measurements were performed at different times.

Water flows with sediment concentrations of 1%, 1.5%, and
2% at a particle size of 0.05 mm were intercepted for observation.
The turbine efficiency data were received in the central control
room of the power station (Figure 3).

Table 2 lists the experimental monitoring efficiency values for
different sediment concentrations with a particle size of 0.05 mm,
and Figure 4 shows the corresponding efficiency comparison
graph. The efficiency of the test monitoring results was higher
than the calculated efficiency, and the efficiency decreased as the
sediment concentration increased. Overall, the difference
between the efficiency calculated through numerical
simulations and the efficiency obtained experimentally was
slight. The most significant difference in efficiency was
observed for the 2% sediment concentration, with a difference
of only 1.1%, indicating that the simulation results are accurate.

Figure 5 shows the blade cavitation for the 0.05 mm particle
size and 2% concentration for the test performed after
maintenance. A part of the damaged area appeared at the back
of the blade at the junction between the water inlet edge and the
rim. The surface metal was flaked off, and tiny pockmarks,
pinhole pits, and cracks appeared, indicating cavitation
damage. The cavitation location determined from the test was
consistent with that predicted through simulations,
demonstrating the accuracy of the simulation model.

CALCULATION RESULTS AND ANALYSIS

Figure 6 shows the relationship between the efficiency and the
cavitation coefficient of the turbine. A single sediment on the
blade drag force could be neglected. However, an increase in the
sediment content impeded the water flow on the blade. The
higher the drag force impact on the blade, the lower the
efficiency of the turbine. The curve also showed that the
lower the sediment concentration, the higher the turbine
efficiency (Figure 6). The comparison shows that the turbine
efficiency was slightly higher at the sediment particle size of
0.05 mm than at 0.01 mm. Moreover, the larger the sediment
concentration, the more significant this phenomenon. At
cavitation coefficients σp of 2.35–1.96, the overall efficiency
tended to be stable, indicating that cavitation did not occur,
and the turbine operated stably. As the outlet pressure
decreased, the cavitation coefficient approached 1.96–1.84,
and the turbine efficiency decreased. When the cavitation
coefficient decreased to 1.84, the turbine efficiency
decreased by 1%, suggesting that critical cavitation occurred
on the blades at an outlet pressure of 0.6 atm (approximately
60.795 kPa). The outlet pressure continued to decrease, the
cavitation coefficient decreased from 1.84 to 1.71, and the
overall efficiency decreased. However, the slope of the curve
gradually decreased; at this time, the blade had numerous
cavitation bubbles, and blade cavitation intensified. After
the cavitation coefficient decreased to 1.45, the turbine
efficiency decreased sharply, and the cavitation bubble
occupied the entire blade and flow channel, obstructing the
water flow. If this condition occurs for an extended period, the

FIGURE 4 | Comparison of efficiency at different sediment
concentrations for 0.05 mm particle size.

FIGURE 5 | Blade cavitation of tubular turbine (Shengyang, 2020).
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unit may generate vibration and noise, damaging the blade.
Therefore, a critical cavitation factor, σp, of 1.84 was adopted
to evaluate the effect of solid–liquid two-phase flow on the
cavitation characteristics of the blade.

Effects of Concentration and Particle Size
on Sediment Velocity on Blades
During the flow of water with sediments inside the turbine, the
centrifugal force of the rotating blades caused the sediment

FIGURE 6 | Relationship between efficiency and cavitation coefficient of hydraulic turbine.

FIGURE 7 | Distribution of streamlines on suction side of blade for different sediment particle sizes and concentrations [(A, B) are 0.01 and 0.05 mm particle sizes,
respectively; 1, 2, and 3 correspond to 1%, 1.5%, and 2% concentrations, respectively, same as in Figures 8, 9)].
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particles to gradually gather at the shroud. Here, the sediment was
affected by the cavitation bubble blockage, and the sediment flow
velocity decreased during this process. This is expressed in the
flow line, which is the low-speed area at the shroud, as shown by
the dark blue flow line in Figure 7. The sediment velocity of the
large particles was lower than that of the small particles because
when the sediment particle size was large, the inertial force
increased, and the water flow was increasing affected by the
sediment particles. At the same inlet concentration, the larger the
particle size, the lower the velocity. The difference in flow
distribution and absolute velocity between the different
particle sizes gradually reduced, and the overall flow velocity
tended to be smooth as the sediment concentration and velocity
increased for both particle sizes. Thus, the vapor volume fraction
might gradually decrease with increasing sediment concentration.
Therefore, further verification is required.

Effects of Concentration and Particle Size
on Blade Pressure
Figure 8 shows the pressure distribution on the suction side of the
blade. The negative-pressure area gradually decreased from the

shroud to the hub. At a sediment concentration of 1%, the
negative pressure area for both particle sizes was 23.9 m2,
confirming that cavitation occurred here. Cavitation was most
severe near the shroud (A1 and B1 in Figure 8). The width of the
negative-pressure area decreased at a concentration of 1.5%,
decreasing the pressure area to 20.6 m2 for the sediment
particle size of 0.01 mm (A2 in Figure 8) and approximately
20.1 m2 for the 0.05 mm sediment (B2 in Figure 8). When the
sediment concentration reached 2%, the negative-pressure area
near the hub decreased sharply, and the total area of the negative-
pressure region for both particle sizes was 13.3 m2. As the
sediment concentration increased, the negative-pressure area
decreased. Thus, more sediments hit the blade surface as the
concentration increased, increasing the overall pressure on
the blade.

The maximum pressures corresponding to the 1%, 1.5%, and
2% concentrations were 2.61 × 105, 2.57 ×105, and 2.46 × 105 Pa
for the 0.01 mm sediment particle size and 2.62 ×105, 2.57 ×105,
and 2.46 × 105 Pa for the 0.05 mm particle size. The maximum
sediment pressure decreased with increasing concentration,
probably because of the increase in sediment distribution and
the mutual pressure transfer between sediment particles. This
resulted in a smoothening of the overall pressure and no pressure

FIGURE 8 | Pressure distribution on suction side of blade for different sediment particle sizes and concentrations. (A) and (B) are 0.01 and 0.05 mm particle sizes,
respectively; 1, 2, and 3 correspond to 1%, 1.5%, and 2% concentrations, respectively.
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peaks, owing to the dispersed distribution of some sediments. The
effect of particle size on the magnitude and pressure distribution
of the blade pressure was negligible. The results showed that an
increase in the sediment content decreased the area of the
negative-pressure zone and inhibited cavitation evolution.

Effects of Concentration and Particle Size
on Blade Cavitation
As the low-pressure areas of the tubular turbines appeared at the
suction side of the runner and were mainly concentrated near the
shroud, cavitation mainly occurred at the shroud of the suction
side of the blades. For the sediment flow with the runner
operating, the cavitation bubble from the center started to
collapse outwards when the cavitation bubble just contacted
the blade or sediment particles, and the boundary quickly
contracted. Here, the pressure gradient of the cavitation
bubble edge decreased sharply. The center of the cavitation
bubble generated a significant pressure gradient, causing the
water to flow towards the blade boundary and sediment
particles, forming two microjet flows. Therefore, when
sediments were present, a part of the energy generated
through the collapse of the cavitation bubbles was transported

by the sediment particles. Thus, the higher the sediment content,
the lower the bubble distribution on the blade (Figure 9).
Extensive cavitation occurred at the shroud, and the bubble
distribution was concentrated. A comparison with the pressure
distribution graph indicated a significant distribution of bubbles
in the area of least pressure at the shroud. The most severe
cavitation occurred when the sediment concentration was 1%; at
0.01 mm, the maximum vapor volume fraction was 97.85%, and
at 0.05 mm, it was 97.7%. The least significant cavitation was
observed at a sediment concentration of 2%; the maximum vapor
volume fractions at 0.01 and 0.05 mm were 85.59 and 85.24%,
respectively. The calculated cavitation areas were 14.9, 11.3, and
7.39 m2 at sediment concentrations of 1%, 1.5%, and 2%,
respectively, for the 0.01 mm particle size. For the 0.05 mm
particle size, the cavitation areas were 12.61, 10.69, and
7.58 m2 at sediment concentrations of 1%, 1.5%, and 2%,
respectively. At the same sediment particle size, the sediment
concentration increased with decreasing vapor volume,
indicating that the sediments significantly inhibited further
cavitation development. At the same concentration, the larger
the particle size of the sediment, the lower the volume fraction of
vapor, indicating that an increase in the particle size had a
constraining effect on cavitation. However, the inhibiting effect

FIGURE 9 | Vapor volume distribution on suction side of blade for different sediment particle sizes and concentrations. (A) and (B) are 0.01 and 0.05 mm particle
sizes, respectively; 1, 2, and 3 correspond to 1%, 1.5%, and 2% concentrations, respectively.
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of the concentration was less significant than that of the
particle size.

DISCUSSION

Although the effect of sediment concentration and sediment
particle size on the distribution of cavitation bubbles has been
analysed in this paper, the size and strength of cavitation bubbles
has not been investigated. Much research has been done by some
scholars and experts on the occurrence and development of
cavitation bubbles, GAO Q (Gao et al., 2021a; Gao et al., 2021b;
Gao et al., 2021c) performed numerical simulations using coupled
level set and volume of fluid (CLSVOF) method to resolve air-
water interface directly and studied the statistics of bubble size
distributions; Wang et al. (2021) conducted simulations on the
bubbles in the ventilated cavitation and studied the bubble
distribution under the effects of breakup and coalescence.

Due to experimental constraints, this paper has some
shortcomings below:

1). In the actual operation of hydropower stations, the
distribution of sediment particle size and concentration
within the sand-bearing water stream is more complex, so
the tests carried out in this paper differ to a small extent from
the boundary conditions set by the numerical simulation,
which is also reflected in the efficiency diagrams derived
from the tests.
2). This paper only considers the distribution and size of
cavitation under sand-bearing water flow conditions, but lacks
the study of other dimensions such as bubble generation,
breakage, intensity and size. Although some effects of solid
and liquid phases on each other can be obtained, the analysis of
the development and evolution of cavitation bubbles is lacking.

We anticipate using a model turbine in future work to test this
in order to bring the flow of water with different sediment
concentrations and particle sizes within a controlled range and
to increase the reliability of the test results. In addition, the solid-
water interface will be studied inmore detail and the development
and evolution of cavitation bubbles will be considered, exploring
the specific influence of sediment particles on the size and
distribution of cavitation bubbles at the microscopic level.

CONCLUSION

In this study, a three-dimensional flow-field numerical study of
the blade flow and cavitation performance of a tubular turbine
was conducted for different sediment particle sizes and
concentrations. The blade cavitation and bubble distribution

behavior under different working conditions were analyzed.
The following conclusions were drawn.

1) The negative-pressure area of the blade decreased with
increasing sediment concentration. For the 0.01 mm
particle size, the negative-pressure areas were 23.9, 20.6,
and 13.3 m2 at 1%, 1.5%, and 2% sediment concentrations,
respectively. For the 0.05 mm condition, the negative-pressure
areas were 23.9, 20.1, and 13.3 m2 at 1%, 1.5%, and 2%
concentrations, respectively. The larger the concentration of
sediments on the blade, the smaller the negative-pressure area.
In addition, the maximum pressure decreased with increasing
sediment concentration. Apart from the cavitation area,
sediment concentration was the main factor influencing the
area of the negative-pressure zone on the blade.

2) The vapor area on the blade decreased with increasing sediment
concentration. For the 0.01mm particle size, the vapor areas
were 14.9, 11.3, and 7.39m2 at 1%, 1.5%, and 2% sediment
concentrations, respectively. For the 0.05mm size, the vapor
areas were 12.61, 10.69, and 7.58m2 at 1%, 1.5%, and 2%
sediment concentrations, respectively. The higher the sediment
concentration, the lower the volume fraction of vapor. The
presence of sediments inhibited further development of
cavitation, and the inhibition effect was significant. The
inhibition effect of the particle size on cavitation became less
significant as the concentration increased.
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Vortex Distribution and Energy Loss in
S-Shaped Region of Pump Turbine
Hongji Zeng1, Zhenggui Li 1*, Deyou Li2, Hao Chen3 and Zhihong Li 4

1Key Laboratory of Fluid and Power Machinery, Xihua University, Chengdu, China, 2School of Energy Science and Power
Engineering, Harbin Institute of Technology, Harbin, China, 3China Three Gorges Construction Engineering Group Co., Ltd.,
Chengdu, China, 4China Gezhouba Group Electromechanical Construction Co., Ltd., Chengdu, China

Research on the S-shaped region of pump turbines requires a detailed understanding of
the vortex distribution law and energy losses under various working conditions. In this
study, numerical simulations of a pump turbine model were conducted, and the results
were consistent with the experimental results. The |ω|-criterion in the vortex analysis
method was combined with the Q-criterion to reveal vortex distribution in the S-shaped
region for each working condition along the Q11-n11 curve for all the conditions. Under the
runaway and turbine break conditions, the flow field vortices were mainly the leaf channel
vortex and separation vortex. Under zero-flow-rate and reverse-pump conditions, the
vortices developed towards the stay-guide vanes, obstructing the flow path. Combined
with the entropy production rate distribution, vorticity is closely related to energy loss.
Compared to the rotation, the vorticity generated by the strong shear effect is significant.

Keywords: pump turbine, S-shaped region, vortex analysis method, vortex distribution, entropy production rate

INTRODUCTION

Climate change is a global issue, and the increasing emission of greenhouse gases, particularly carbon
dioxide, is a threat to humankind. Consequently, countries are reducing their greenhouse gas
emissions through a global compact. In September 2020, China announced at the United Nations
General Assembly its goal to achieve carbon peaking by 2030 and carbon neutrality by 2060 (Caide,
2021; Peng 2021; Li et al., 2022). In response to its national policy, China has accelerated the
construction of pumped-storage power plants. As the core of a pumped-storage power plant, the
pump turbine needs to switch back and forth between different operating conditions during
operations and is likely to enter the “S” characteristic instability region (Chen 2018). When
operating in this area, the internal fluid of the pump turbine exhibits a strong nonlinear
turbulent motion (Wangxu et al., 2021), and the turbulent motion is a critical factor for
determining pulsating physical quantities, such as flow-field pressure and velocity. Under the
combined action of complex boundary conditions of the pump turbine and the three-dimensional
transient turbulent motion of the internal fluid, the flow and speed in the unit change significantly,
accompanied by a strong pressure pulsation and significant energy loss.

Pejovic et al. (1976) first published relevant findings on the S-shaped region of pump turbines in
1976. Kinoue et al. (2019) investigated the start-up process of a low-specific-speed pump turbine and
found that when it was close to the S-shaped region, more vortices appeared in the channel.
Cavazzini et al. (2016) examined the load-shedding process of a pump turbine under a large guide
vane opening and analyzed the causes of impeller rotation stall under turbine brake conditions. Singh
et al. (2015) conducted a velocity triangle analysis at an impeller inlet, determined the velocity and
pressure distribution, and comprehensively evaluated the changes in the internal flow pattern in the
S-shaped region. However, in the operation process under various working conditions of the
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S-shaped region of pump turbines, the variations in the flow
pattern and energy of the internal flow field are difficult to
observe. With the development of the vortex motion theory,
entropy generation theory, and computational fluid dynamics
(CFD), several relevant studies have been conducted using these
new techniques.

Liu et al. (2016), Liu et al. (2019) developed vortex
identification methods based on the Omega and Liutex
systems. Peng (2020) applied the |ω|-criterion, Q-criterion, and
regularized helicity in the vortex analysis method to investigate
the internal vortex under the solid–liquid two-phase flow of a
tubular turbine. Peng (2020) found that the sediment significantly
influences the size, position, and rotation direction of the vortex.
Li et al. (2021a) reported that cavitation generates a degree of
large-scale vortices in the hump area of a pump turbine. Zhang
et al. (2018a) applied a new omega vortex identification method
to examine an S-shaped region and verified its effectiveness. Fu
et al. (2021) investigated the load-shedding process of a pump
turbine and found that the leading causes of flow-field pressure
fluctuation are the water hammer, reflux, and water-retaining
ring. Ni et al. (2018) assessed the instantaneous vortex structure
in a nuclear reactor coolant pump using the Q-criterion and
found that the vortex structure in the impeller was critical. Kye
et al. (2018) used a large eddy simulation model and found that
the dynamic and static interferences between the centrifugal
pump impeller and volute generate extremely strong vorticity
at the casing tongue. Zhang N. et al. (2019) performed unsteady
computations for a centrifugal pump using a delayed detached-
eddy simulationmodel. They found that the vorticity in the volute
was large, and the distribution of turbulent kinetic energy was
similar to that of vorticity. Li et al. (2016) applied the Q-criterion
in the hump area of a pump turbine. They demonstrated that the
vortex originated from blade surface friction, and the hump
characteristics were related to the blade suction surface
pressure, friction, and vortex motion. Ji et al. (2016) applied
the Q-criterion to analyze cavitation in Francis turbines and
revealed the potential interaction mechanism between
cavitation and vortices. However, the vortex analysis method
has been applied to vorticity and vortex distribution studies. The
entropy production theory needs to be introduced to evaluate
energy characteristics.

Qin et al. (2017) conducted experimental tests and CFD
simulations and proved that the hydraulic loss during the load
rejection process of pump turbines is related to vortex
distribution. Yuan et al. (2021) confirmed that a significant
shearing effect is a sufficient condition for intense irreversible
losses compared to the rotation effect. Lu et al. (2019) analyzed a
pump turbine based on the entropy production theory and found
that the total entropy production of the runner and draft tube is
significantly higher than that of the guide vane and volute. Ren
et al. (2021) evaluated a centrifugal pump using the entropy
production theory and Q-criterion and found that the volute and
impeller are the core areas where internal energy loss occurred in
the centrifugal pump. The vortex analysis method and entropy
production theory have been rarely used in studies on the
S-shaped region of pump turbines, and the relationship
between vortex distribution and energy loss is unclear.

The internal vortex dynamics characteristics of the S-shaped
region of pump turbines under different working conditions were
investigated using a vortex analysis method. The internal flow law
was established, and a quantitative study on the internal energy
conversion and loss of pump turbines was conducted using the
entropy production theory to establish the relationship between
vortex and energy loss. This study serves as a reference for further
research on pump turbines.

CALCULATION METHOD AND THEORY

Vortex Analysis Method
Vortex motion is prevalent in fluids that cause vibration and
fatigue in hydraulic turbines (Zhang et al., 2018b), and vortices
are often difficult to observe in complex turbulent flows within
fluid machinery. Therefore, with the development of CFD and
vortex dynamics, vortex analysis methods that do not depend on
the selection of coordinates and rotational variations have
gradually been developed.

Vorticity can be regarded as twice the angular velocity of a
fluid microcluster rotating rigidly around its center, derived from
the flow-field velocity gradient. The vorticity of a flow field can be
quantified using the |ω|-criterion, mathematically expressed as
follows:

ω �  × v (1)
where v is the velocity vector of the fluid mass, and ω is the
vorticity of the fluid mass.

The Q-criterion can be expressed as follows:

Q � 1
2
[|Ω|2 − |S|2] (2)

Ω � 1
2
[v − (v)T] (3)

S � 1
2
[v + (v)T] (4)

v � S + Ω (5)
where S and Ω are the symmetry and antisymmetry tensors,
respectively, S is the strain,Ω is the rotation, and v is the velocity
gradient. When Q > 0, rotation is dominant, but when Q < 0, the
shear strain is dominant.

Entropy Production Theory
According to the second law of thermodynamics, a fluid system is
always accompanied by increased entropy (Li et al., 2017). The
relationship between the entropy production rate and energy
dissipation is expressed as follows.

_S
/

D � _Q

T
(6)

where _Q represents the energy dissipation rate.
Therefore, the entropy production rate can characterize the

energy loss. When the fluid flow inside the pump turbine is
turbulent, the entropy production rate is influenced by the time-
averaged and pulsating velocities, expressed as follows:
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/
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/
�D (7)
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μeff � μ + μt (10)
where _S

/
D is the entropy production rate, _S

/
_D is the entropy

production rate due to pulsating velocity, and _S
/
�D is the entropy

production rate due to the time-averaged velocity. μeff is fluid
effective dynamic viscosit. μt is turbulent power viscosity.

For the k–ω turbulence model, the entropy production rate of
the pulsating velocity can be calculated using Eq. 10.

_S
/
_D � β

ρωk

T
(11)

Where β = 0.09. ω is turbulent vortex viscous frequency. k is
turbulent kinetic energy.

NUMERICAL MODEL AND CALCULATION
SETUP

Computational Domain
In this study, a pump turbine model machine was used for
calculations. The overflow components included the volute,
stay vane, guide vane, runner blade, and draft tube. The
geometric parameters of the model are listed in Table 1.

Turbulence Model
Fluid motion follows the continuity equation and momentum
equation, the continuity equation that the net mass flow into the
control body and the control body due to density changes in the
mass added per unit of time is equal, the momentum equation
that a system is not subject to external forces or the sum of the
external forces is zero, expressed by Eqs 12–15:

zρ

zt
+ z(ρu)

zt
+ z(ρv)

zy
+ z(ρω)

zz
� 0 (12)

z(ρu)
zt

+ ∇ · (ρuV) � ρfx + zτxx
zx

+ zτyx
zy

+ zτzx
zz

− zP

zx
(13)

z(ρv)
zt

+ ∇ · (ρvV) � ρfy + zτyy
zy

+ zτxy
zx

+ zτzy
zz

− zP

zy
(14)

z(ρω)
zt

+ ∇ · (ρωV) � ρfz + zτzz
zz

+ zτxz
zx

+ zτyz
zy

− zP

zy
(15)

In computational fluid dynamics, the shear stress transport
SST k–ω model is an optimization model of the k–ω and k–ε
models, expressed by Eqs 16, 17:

z

zt
(ρk) + z

zxi
(ρkui) � z

zxj
(Γk

zk

zxj
) + Gk − Yk + Sk (16)

z

zt
(ρω) + z

zxi
(ρωui) � z

zxj
(Γω

zω

zxj
) + Gω − Yω +Dω + Sω (17)

where ρ is the fluid density, k is the turbulent kinetic energy, ω is
the turbulent dissipation rate, and Γk and Γω are the effective
diffusion terms of k and ω, respectively. Gk and Gω are generative
terms, Yk and Yω are diffusion terms, Dω represents the
orthogonal divergence terms, and Sk and Sω are custom terms.

The SST k–ω model considers the transfer of principal shear
stress in the near-wall inverse pressure gradient boundary layer
(Li et al., 2021b). It precisely predicts the inverse pressure
gradient and flow separation, while the entropy production is
closely related to the viscous force in the boundary layer.
Therefore, the SST k–ω model was adopted for the calculations.

Grid Information and Grid Irrelevance
Verification
The entire model was meshed using ICEM Surf. Because the grid
quality significantly impacts the calculation accuracy and
considering that the structured grid simulation results are
highly accurate (Li Z. et al., 2021; Li et al., 2021d), all parts of
the computing domain were meshed to form a structured grid.
Table 2 lists the grid details for the six sets of grids in the model.
Taking the normal turbine working condition as the calculation
working condition point, we obtained the relative values of the
calculated head, test head, and pump turbine efficiency as the
independent verification standard (Figure 1).

The y+ values for all six grid sets were lower than 11.6
(Table 2), and the velocity field in the wall region could be
obtained directly using the SST k–ω model (Li 2017). The head
and efficiency were in the grid number exceeding 4.7 million close
to the test data and tended to stabilize, considering the calculation
accuracy (Figure 1). Finally, the sixth grid set was selected as the
grid model for the calculations. The grid division is depicted in
Figure 2.

Boundary Conditions
Ansys Fluent was used to perform a constant numerical
simulation of the entire fluid domain. The inlet boundary
condition was set as the mass flow inlet, and the draft tube

TABLE 1 | Parameters of model.

Parameter Value

Runner inlet diameter, D1 477.5 mm
Runner outlet diameter, D2 240 mm
Number of runner blades, Z1 9
Number of stay vanes, Z2 20
Number of guide vanes, Z3 20
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outlet was the pressure outlet. The solid wall surface had a no-slip
boundary condition. In addition, the flow field applied SIMPLEC
pressure–velocity coupling, the rotation was set to a frame
motion, and the convergence residual was set to 10−4. The
energy characteristics were analyzed for all cases without
considering cavitation.

TEST VERIFICATION

The reliability of the numerical simulations was verified
experimentally using a model pump turbine. A schematic of
the testbed is shown in Figure 3. The test bench adopted a
circular closed two-way operating system, and the experimental
accuracy and operational stability satisfied relevant requirements.

In the numerical simulations, a minimum flow was selected to
replace the zero flow because it is impossible to select the flow as
zero under the zero-flow-rate condition; otherwise, the flow
cannot be calculated. The specific operating point data are
listed in Table 3, where n11 and Q11 are the unit speed and
unit flow rate, respectively. n11 andQ11 are transformed using Eqs
18, 19, respectively:

n11 � nD��
H

√ (18)

Q11 � Q

D2
��
H

√ (19)

where n is the rotational speed,Q is the flow rate,D is the nominal
diameter of the runner, and H is the water head.

The Q11-n11 curve of the pump turbine depicts the inverse “S”
shape of the guide vane opening line; hence, this area is called the
S-shaped region of the pump turbine. The “S” property of the
pump turbine is unique, and its existence can create difficulties in
grid connection in the unit and fail to achieve no-load stability
after load shedding. The test data for the turbine operating
conditions were presented as the Q11-n11 curve and compared
with the CFD results for verification (Figure 4).

The most significant difference between the numerical
simulation and test results near the runaway condition is
attributed to the high speed and flow mismatch under this
condition (Figure 4). However, the maximum error was still
lower than 3%, and the numerical simulation and test results were
consistent and satisfied the accuracy requirements (Liu 2013).

ANALYSIS OF VORTEX IN S-SHAPED
REGION

The physical quantity that characterizes the angular velocity of
rotation of a fluid microelement is vorticity, which originates
from the velocity gradient of the flow field (Norizan et al., 2018;
Tajul 2018). The |ω|-criterion uses the modulus of vorticity as the
criterion for vortex. However, because vorticity originates from
the velocity gradient of a flow field, it cannot distinguish between
the rotation and shear motion, although it can intuitively show
the difference in velocity gradient. When the vorticity modulus is
very high, it becomes inconsistent with the existence of a vortex.
Therefore, the Q-criterion was introduced to identify vortices
(Zhang Y.-n. et al., 2019). Figure 5 shows the vorticity
distribution of the stay-guide vanes and runner for each
operating condition in the S-shaped region. Figure 6 shows
the Q-criterion discrimination results of the stay-guide vanes
and runner for each operating condition in the S-shaped region.

The velocity gradient of the internal flow field of the turbine
condition was mainly induced by the impact of the incoming flow
on the runner (Figures 5, 6). Therefore, the vorticity modulus was
very low, and the vortices were small-scale vortices.

The vorticity under the runaway condition was significantly
increased compared with OP1. Not only did vorticity
exceeding 600 s−1 occur on each blade pressure surface, but

TABLE 2 | Grid information.

Number Volute Stay-guide vanes Runner Draft tube Total y+

1 256,720 427,692 543,010 150,870 1,378,922 3.1
2 294,782 665,932 975,825 212,680 2,149,219 3.3
3 594,112 830,122 1,437,975 376,480 3,500,849 2.4
4 634,782 1,217,522 2,392,875 476,490 4,721,669 1.9
5 691,204 1,780,168 2,398,032 712,680 5,582,084 1.8
6 691,204 2,089,988 3,398,032 959,130 7,158,354 1.6

FIGURE 1 | Validation of grid independence.
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FIGURE 2 | Grids of different parts.

FIGURE 3 | Pump turbine test bench.
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the vorticity in the vaneless space also increased. A significant
velocity gradient existed at the entrance of each runner flow
channel, obstructing the normal passage of water and blocking

the flow channel. The Q-criterion discrimination results for
the runaway condition indicated that the blade pressure
surface exhibited a larger-scale vortex because the runaway
condition had a high speed and low flow rate, and flow
separation occurred on the blade wall. However, the Q
value of the vaneless space was lower than zero. Based on
the Q-criterion definition and velocity gradient equation, the
vorticities in these areas were dominated by shear strain.
Under the turbine brake condition, its speed slightly
decreased compared with OP2, but the flow decreased
rapidly; therefore, the flow separation and the rotating stall
of the runner were intense. The unit exhibited significant
instability, and the scales of the passage and separation
vortices increased.

Under the zero-flow-rate condition, numerous vortices started
to appear in the stay-guide vane flow paths. These vortices,
formed by the secondary and cross flows, prevented water
from flowing smoothly into the runner area. This obstruction
indicated that the vortex propagated towards the stay-vane and
guide-vane flow channels. Under the reverse pump condition, the
vorticity inside the pump turbine was very large. In many areas, it
exceeded 900 s−1. Numerous vortices were distributed in the
circumferential direction in the vaneless space. The stress on
the blade became complex, and the flow channel of the stay-guide
vanes was almost wholly occupied by vortices. These phenomena
mainly occurred because the rotation direction of the blade was
inconsistent with the incoming flow direction. Therefore, the
water could not smoothly enter the volute and flow out,
generating strong exciting forces in the mainstream area. In
engineering practice, the unit should prevent reaching this
working condition as much as possible.

In summary, the vorticity increased in all the areas for all the
conditions. The OP1, OP2, and OP3 vortices were mainly
distributed on the blade pressure surface, and the velocity

TABLE 3 | Calculated working points.

Working condition n11 Q11

Turbine condition, OP1 37.02 0.69
Runaway condition, OP2 50.01 0.31
Turbine break condition, OP3 47.46 0.12
Zero-flow-rate condition, OP4 45.05 −0.02
Reverse pump condition, OP5 47.46 −0.11

FIGURE 4 | Turbine operating characteristic curves.

FIGURE 5 | Vorticity distribution.

FIGURE 6 | Results for Q-criterion discrimination.
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gradient in the vaneless space was mainly generated by shear
strain. The OP4 and OP5 vortices propagated towards the stay-
guide vane flow paths, and the flow patterns in the entire
mainstream area were highly turbulent.

ANALYSIS OF ENTROPY PRODUCTION
RATE IN S-SHAPED REGION

According to the second law of thermodynamics, entropy always
increases in fluid systems (Gong et al., 2013). Yao (2018) found
that the high entropy production rate in the main flow area of a
pump turbine is mainly caused by flow separation, impact, and
circulation. The entropy production rate can characterize the
energy loss. The entropy production rate distribution was plotted
to determine the energy loss of each working condition in the
S-shaped region (Figure 7).

The entropy production rate of the turbine condition was low
and lower than 1,000Wm−3K−1 in most areas (Figure 7). Under
the runaway condition, the entropy production rate in the vaneless
space increased, the energy loss was significant, and the overall
distribution of the entropy production rate exhibited periodicity
and symmetry. At this time, the energy loss of the pump turbine
was mainly generated by the rotating stall and rotor–stator
interaction. The entropy production rate distribution of the
turbine break condition was similar to that of the runaway
condition; however, the flow rate of the turbine break condition
was halved, and the internal flow pattern of the turbine break
condition was more turbulent than that of the runaway condition.
Thus, themechanical energy loss propagated towards themiddle of
the runner channel, the maximum entropy production rate
exceeded 8,000Wm−3K−1, and the efficiency of the unit decreased.

FIGURE 7 | Entropy production rate distribution. FIGURE 8 | Monitoring point setting.

FIGURE 9 | Variations in vorticity and entropy production rate.
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Under the zero-flow-rate condition, the entropy production
rate of the blade pressure surface and vaneless space continued to
increase compared to the turbine condition, owing to the low flow
rate. However, the energy loss of the blade suction surface was still
minimal. Entropy production rates exceeding 5,000Wm−3K−1

were observed for the stay-guide vane channel, indicating that the
energy loss spread outward. The reverse pump condition had a
comparable speed but in the opposite direction of fluid flow of the
turbine break condition. The mismatch between the incoming
flow and blade rotation direction increased the energy loss. At this
time, the vortices blocked the flow channel, forming a high-speed
water-blocking ring, and a significant amount of mechanical
energy inside the unit was transformed into internal energy.

RELATIONSHIP BETWEEN VORTEX
DISTRIBUTION AND ENERGY LOSS

Although vortices are caused by shear, no rotational flow occurs
when the shear stress direction is parallel, which explains why
intense vorticity exists in laminar boundary flow but without
vortex structures (Yuan 2020). Because the vorticity and entropy
production rates were distributed periodically, the relationship
between the energy loss and adverse flow was investigated. Three
monitoring points were selected from the guide vane channel,
vaneless space, and runner channel, and their vorticities and
entropy production rates were quantitatively analyzed and
averaged. Figure 8 shows the locations of the monitoring
points, and Figure 9 shows the variations in the average
vorticity and average entropy production rate.

As can be seen from Figure 9, OP1 has small vorticity
everywhere. The average vorticity of the guide vane flow channel
in OP2, OP3 is almost no increase, this is because although the high
speed flow rate is small, but the bad flowmainly occurs in the runner
and vaneless space, the guide vane flow channel does not appear
larger velocity gradient. And in OP4, OP5 vorticity increased more,
when the blade rotation direction and the direction of incoming flow
does not match, vorticity is mainly caused by the guide vane flow
channel vortex. The maximum average vorticity is 590 s−1. The
vorticity of the runner flow channel is mainly due to the velocity
gradient generated by the flow separation. The vorticity increases
more in the vaneless space, and the average vorticity is close to
1000 s−1 at OP5, which is also the location of the largest velocity
gradient in the whole mainstream area. This indicates that the rotor-
stator interaction effects have the greatest impact on the vorticity
inside the pump turbine (Li et al., 2021e).

The growth rate of the average EPR is similar to that of the
vorticity, which also indicates that the vorticity and energy loss have
a strong correlation. At OP5, the average EPR in the vaneless space is
close to 10,000Wm−3K−1, and at this time, the strong rotor-stator
interaction effects cause strong vibration, and the mechanical energy
is converted into internal energy in a large amount.

The vorticity and entropy production rate in each working
condition not only increase in a similar pattern, but also
correspond to high entropy production rate in places with high
vorticity, which are all near the vaneless space, showing a good
match. Vorticity is strongly correlated with energy loss. The runaway

and turbine break conditions had more shear strains in the vaneless
space dominating the flow. Under both conditions, the rotor–stator
interaction in the vaneless space was intense, and the strong shear
effect generated larger vorticity than the rotation. Under the zero-
flow-rate and reverse-pump conditions, the vaneless space still had
the largest vorticity and entropy production rate. Although there are
many vortices and large energy loss in the stay-guide vanes channel,
the vorticity caused by shear strain reaches 980 s−1 in reverse-pump
conditions, while the vorticity caused by rotation is only 590 s−1.
Therefore, the vorticity caused by the strong shear effect was more
significant than that caused by the rotation.

CONCLUSION

The aim of this study was to investigate the characteristics of
vortex distribution and its relationship with energy losses in the
S-shaped region of a pump turbine. The following conclusions are
drawn.

1) The |ω|-criterion can be used to derive the vorticity distribution
in a flow field based on the vortex analysis of each working
condition of the S-shaped region. However, the |ω|-criterion
cannot distinguish between rotation and shear motion, whereas
the Q-criterion can effectively solve this problem.

2) Under all the conditions, the vorticity and entropy production
rate increased, and the passage and separation vortices were
densely distributed gradually. Under the zero-flow-rate and
reverse pump conditions, vortices propagated towards the
stay-guide vanes, significantly blocking the flow channel and
obstructing the smooth flow of water.

3) The vorticity and entropy production rates in the vaneless space
were the highest. The vorticity and energy loss were strongly
correlated, and the vorticity induced by the strong shear effect
was more significant than that induced by the rotation.
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Distribution Features of Flow Patterns
and Pressure Pulsations of
Pump-Turbine in Five Operating
Modes on the Four-Quadrant Plane
Dongliang Hu1, Yongguang Cheng1*, Pengcheng Zhang1, Xi Wang2, Jinghuan Ding3 and
Xiaoxi Zhang4

1State Key Laboratory of Water Resources and Hydropower Engineering Science, Wuhan University, Wuhan, China, 2Anhui
Jinzhai Pumped Storage Company Ltd., Lu’an, China, 3Pumped-Storage Power Institute of Technology and Economy, State Grid
Xinyuan Company Ltd., Beijing, China, 4School of Environmental Science and Engineering, Xiamen University of Technology,
Xiamen, China

To meet the demand of the power grid for flexible regulation, pump turbines have to
frequently and fleetly stop, start, and transition between different modes, causing many
instability problems. To solve the problems, understanding the complex flow and pressure
pulsation features in different working conditions is the prerequisite. In this study, the flow
patterns, pressure pulsations, cavitation characteristics, and runner forces of a prototype
pump-turbine working under the five operating modes were displayed and analyzed based
on computational fluid dynamics simulations. It is shown that when working points are near
the pump and turbine design working points, the flow is smooth, with small pressure
pulsation and without cavitation; however, when working points deviate from the optimal
ones, flow patterns become worse and cavitation appears. In the pump-brake mode, the
flow hits the runner blades violently, causing obvious pressure and runner force
fluctuations. In the hump region, the flow has a strong impact on the guide vanes, and
the rotating stall vortices are apparent in the vane area. In the S-shaped region, pressure
pulsations are the highest with prominent rotor–stator interaction and rotating stall. Under
similar working conditions, a larger guide-vane opening corresponds to a larger pressure
pulsation amplitude. On the spatial distribution, the largest pressure pulsations happen in
the vaneless space.

Keywords: pump-turbine, operating modes, cavitation, pressure pulsations, runner forces, CFD simulation

1 INTRODUCTION

Driven by the “Emission Peak and Carbon Neutrality” goal, the excellent “regulator” function of
pumped storage becomes more and more prominent in the new energy-dominated modern energy
system. As the core equipment of pumped storage power stations, pump turbines directly affect the
safe, stable, and flexible operation of the power stations. To meet the demand of the power grid for
flexible regulation, pump turbines have to frequently and fleetly stop, start, and transition between
different modes, causing many instability problems. To solve the problems, understanding the
complex flow and pressure characteristics in different working conditions is the prerequisite. The full
characteristic curves of pump turbines are usually expressed on the four-quadrant pump-turbine
characteristics, on which the five operating modes are defined: Pump, pump-brake, turbine, turbine-
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brake, and reverse pump. In these modes, the pump-turbine
operates in the positive or negative rotation direction and positive
or negative flow direction. The flow patterns, pressure pulsations,
cavitation characteristics, and runner forces in different operating
modes are quite different and not well understood. Most of the
existing studies focused on the narrow normal operating regions
and the two special operating regions, namely, the hump and
S-shaped regions. Also, there are no systematic and
comprehensive descriptions of the flow characteristics in the
whole region. The descriptions of the changes and
distributions of characteristics across the five operating modes
on the four-quadrant characteristics plane are of great reference
values to runner design and pressure pulsation study for transient
processes, during which the working point fleetly slides across
different modes or regions.

In recent years, three-dimensional (3D) computational fluid
dynamics (CFD) has become an important means to study flow
patterns and pressure pulsations of pump turbines and can
accurately predict pressure pulsation characteristics (Yan et al.,
2013), cavitation characteristics (Celebioglu et al., 2017), the
S-shaped characteristics (Liu et al., 2013), and the hump

characteristics (Ran et al., 2011) and has played an important
role in finding general laws and revealing underlying mechanism.
There have been many studies on the formation mechanism and
flow characteristics of the two highly unstable regions (Zuo et al.,
2016), the S-shaped region and the hump region.

For the studies on the S-shaped region, Ji and Lai (2011)
claimed that the high-speed and high-pressure water retaining
ring at the runner inlet is the cause of unit start-up difficulty at
low heat in the S-shaped region. Widmer et al. (2011) pointed out
that the stable stall vortex and rotating stall vortex structures in
the vaneless space block the flow, causing the local pressure to rise
in the area near the vortex structure and leading to the S-shaped
characteristics. Xiao R. et al. (2012) and Xiao Y. X. et al. (2012)
pointed out that pre-opening guide vanes are an effective method
to improve stability in the S-shaped region, however, with
limitations. Zhang et al. (2011) claimed that the pressure
pulsations in the vaneless space reach the largest when the
working point is in the S-shaped region. Zhang et al. (2019)
further pointed out that the pressure pulsation amplitude near the
runaway working point is the largest. After sorting out the
distribution characteristics of pressure pulsations on the

FIGURE 1 | CFD computational model of the pump-turbine and schematic layout of monitoring points for pressure pulsations. (A) Computational domains. (B)
Meshes in the runner and guide-vane areas. (C) The layout of monitoring points for pressure pulsations.

TABLE 1 | Basic parameters of the pump turbine.

Parameter Value Parameter Value

Specific speed nq (m, m³/s) 189.8 Runner inlet diameter D1 (m) 5.26
Rated rotational speed nr (rpm) 250 Runner outlet diameter D2 (m) 3.57
Rated discharge Qr (m³/s) 174 Number of blades Zb 9
Rated output Pr (MW) 306 Number of guide-vanes ngv 20
Rated head Hr (m) 195 Suction head Hs (m) −57
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operating characteristic plane, it is equally important to analyze
their causes, such as rotor–stator interaction, rotating vortex
rope, rotating stall, and cavitation (Goyal and Gandhi, 2018).
Hasmatuchi et al. (2011) claimed that when the working point
deviates from the optimal one under the turbine mode, the
pressure pulsation increases due to interference between the
rotating stall and the flow channel after entering the turbine-
brake zone, and the rotational speed of the rotating stall zone is
about 70% of the rotational speed of the runner. Jun-Won et al.

(2021) further pointed out that the frequency of rotating stall in
the S-shaped region is 0.6 times the rotation frequency of the
runner. Shang (2020) claimed that the effect of cavitation on the
S-shaped characteristics is mainly reflected in the vortex structure
in the vaneless space, and the changes in vortex structure and
cavitation cavity volume have an effect on the pressure pulsation
characteristics. Wang (2020) pointed out that when the cavitation
coefficient decreases, the cavitation phenomenon arises and
develops continuously, and when cavitation is more serious,

FIGURE 2 | Comparison between CFD simulation and model test. (A) n11-Q11 characteristic curves. (B) n11-M11 characteristic curves.

FIGURE 3 | Distributions of ΔH′ on the 4-quadrant characteristic plane at different locations. (A) Spiral-casing. (B)Guide-vane. (C) Vaneless space. (D) Draft-tube.
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the backflow vortex in the blade channel obstructs the flow,
resulting in insufficient discharge capacity.

For the studies on the hump region in the pump operating
mode, Wang and Guo (2018) claimed that the internal flow
patterns of the pump-turbine become worse with the decrease of
discharge. LI et al. (2017) pointed out that the main cause of the
hump characteristic is that the vortex and flow separation in the
guide-vane space block the flow channels. Li and Wang (2015)
claimed that the hydraulic loss in the runner is also one of the
main causes of the hump characteristics’ formation. It has also
been found that the generation of the hump characteristics is also
related to cavitation near the suction surface of the runner blade
leading edge (Li et al., 2021), which reduces the head of the pump-
turbine (Liu et al., 2012); the reduction of the cavitation
coefficient has a significant effect on the hump characteristic
curve (Ješe et al., 2014) and runner forces (Zhu et al., 2021).

For studies on pressure pulsations in pump turbines, Wang
et al. (2013) claimed that the more distant the working point
deviates from the optimal one, the greater the pressure
pulsation amplitude, and the blade passing frequency is
dominant in the vaneless space. Also, Wu et al. (2021)
pointed out that when the discharge decreases to zero, the
amplitude of pressure pulsation in the vaneless space increases
with the guide-vane opening, and the blade passing frequency
caused by rotor–stator interaction dominates at each
monitoring point. In addition to rotor–stator interaction,
the rotating stall is also an important cause of pressure
pulsations in the hump region. Zhang C. Z. et al. (2017)
claimed that the rotating stall usually occurs at part load in
the pump mode, which can cause severe pressure pulsations.
Ješe and Fortes-Patella (2016) claimed that the frequency of
rotating stall changes with discharge. Xia et al. (2015) pointed

FIGURE 4 | Flow patterns and cavitation patterns for different working points. (A) Flow patterns in guide-vanes and runner at opening 37°. (B) Flow patterns in the
draft tube at opening 37°. (C) Cavitation patterns at opening 43°(WVVF = 0.1).
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out that the rotating stall occurs in the guide-vane areas under
the pump mode and occurs in the runner under the pump-
brake mode. Also, in order to study the causes and distribution
characteristics of pressure pulsations under different modes,

Zhang (2015) analyzed several working points in the four-
quadrant plane and proposed that the low-frequency pulsation
is mainly caused by the asymmetrically distributed pressures
rotating at a speed slower than the runner rotational speed; the

FIGURE 5 | Variation of runner forces under different working conditions. (A) Axial force (FA). (B) Radial force (FR).

FIGURE 6 | Flow patterns (A–C) and cavitation cavity patterns (D–I) of different working points within pump mode at different openings (WVVF = 0.1). (A) 43° (Q =
150 m3/s). (B) 37°. (C) 12°. (D) 43° (Q = 120 m3/s). (E) 43° (Q = 60 m3/s). (F) 12° (Q = 110 m3/s). (G) 43° (Q = 0 m3/s). (H) 37° (Q = 0 m3/s). (I) 12° (Q = 0 m3/s).
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high-frequency pulsation is caused by the rotor–stator
interaction; the low-amplitude pulsation occurs in the
smooth-flow region; the high-amplitude pulsation occurs in
the pump-brake mode, reverse pump mode, and S-shaped
region.

In summary, the current research on the flow characteristics of
pump-turbine has achieved rich results, but there were still
shortcomings or missing aspects. Most of the existing research
focused on the local working operation region, and there were
only few panoramic descriptions of the characteristic distributions
in the full operating zones (Zhang, 2015), and the cavitation and
runner force characteristics were ignored in these works. This study
aimed to display and interpret the distribution characteristics of flow
patterns, pressure pulsations, cavitation characteristics, and runner
forces in each operating condition, based on CFD simulations of a
prototype pump-turbine. Also, we hope the resulting laws and
mechanisms can provide a reference for related research and

runner design. The following section introduces the numerical
simulation conditions, including the computational model and
mesh, solution settings, selection of simulated working points,
and monitoring point arrangement. Section 3 shows the results
and analysis, first giving the overall distribution characteristics of
flow and pressure pulsation characteristics in the four-quadrant
characteristics plane and then analyzing the flow and pressure
pulsation characteristics and their formation mechanism in detail
under each mode.

2 NUMERICAL SIMULATION CONDITIONS

2.1 Geometry and Mesh
CFD simulations of a prototype pump-turbine of a pumped
storage power station in China were conducted. The
computational model is composed of the spiral-casing,

FIGURE 7 |Comparisons of radial force variations for different working points within different modes. (A)Radial forces under pumpmode at opening 43°. (B)Radial
forces under pump mode at three openings. (C) Radial forces at the pump 0-discharge point at three openings. (D) Radial forces under the pump-brake mode at three
openings. (E) Radial forces under the turbine-brake mode at three openings. (F) Radial forces under the reverse pump mode at three openings. (G) Radial forces at
different flow points under turbine mode at opening 43°. (H) Radial forces under turbine mode at three openings.
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guide-vane, runner, cone, and draft tube. To avoid boundary
conditions’ effect on the results, two extending pipes were
added to the spiral-casing inlet and the draft-tube outlet,
respectively. The overall computational model and the
meshes for the guide-vane and runner areas are shown in
Figure 1. The relevant parameters of the pump-turbine are
shown in Table 1.

All the meshes were generated separately by using software
ANSYS ICEM 19.0. Unstructured wedge mesh was used in the
guide-vane domain, while structured hexahedral mesh was
used in all the other domains. For the prototype pump-
turbine with large dimensions in this study, the turbulence
flow in the flow passage is well developed with the maximum
Reynolds number of 7 × 106 and the viscous sublayer
thickness blew 1 mm, which is very smaller than the flow
domain, it is almost impossible to meet y+ ~ 1. To balance the
accuracy of the simulation and the computational resources,
we used the y+-insensitive wall treatment options to focus on
the flow mechanism of the turbulent core, ignoring the near-
wall model approach and ensuring that the y+ values near the
wall are greater than 30 so that the wall function approach can
be used in the simulation (Liu et al., 2019). Grid independence
verification adopted six stepwise levels, from 3.53 to 4.1, 4.5,
5.8, 6.4, and 8.61 million, respectively. In the rated working
point, when the number is more than 4.5 million, the power
variation range was small enough to 0.3%. Therefore,
balancing simulation accuracy and time, we chose the
mesh with a total of 5.8 million cells and a minimum mesh
quality of 0.24 for the following simulations.

2.2 Numerical Model and Boundary
Conditions
The simulations were conducted by using ANSYS FLUENT.
The shear stress transport (SST) k − ω turbulence model and
Zwart-Gerber-Belamri (ZGB) cavitation model were selected.
The SST k − ω model takes full account of the influence of the
flow on the vortex viscosity and is particularly suitable for
hydraulic machinery with many guide vanes and blades
(Wang, 2016). The ZGB cavitation model can capture the
cavity more clearly and the calculation process converges
more easily. The combination of the SST k − ω turbulence
model and the ZGB cavitation model has been shown to
provide a more accurate simulation of pump-turbine flow
and cavitation patterns (Li et al., 2019; Li et al., 2020).

For boundary conditions, the inlet and outlet of the turbine
computational model were set as mass flow inlet and pressure
outlet, respectively; the solid wall surfaces were set as the no-
slip boundary condition, and the intersections of different
mesh parts were treated as inner interfaces.

2.3 Solution Settings and Timestep
In the simulations, the single-phase flow simulation was performed
first, and after the parameters approach stable then the ZGB cavitation
model was opened. This means that the results of the single-phase
flow simulation were used as the initial conditions of the two-phase
flow transient simulations. The saturated vapor pressure is 3,540 Pa
and the SIMPLEC scheme was used in the pressure-velocity coupling;
the timestep was set to 0.001 s, which is corresponding to 1.5° of
runner rotation at the rated speed; the convergence residual target

FIGURE 8 | Frequency spectrums of pressure pulsations within pumpmode at the three openings. (A) 43°. (B) 37°. (C) 12°. (D) 43° (Q = 0 m3/s). (E) 37° (Q = 0 m3/
s). (F) 12° (Q = 0 m3/s).
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values for continuity, velocities, k, ω and vf-phase-2 were set to
1 × 10−4.

2.4 Selection of Simulated Working Points
and Comparison With Measured Curves
A total of 29 working points on the 4-quadrant characteristic plane
were specially selected for the simulations. They are at 37° (the
rated guide-vane opening), 43° (slightly greater than the rated
opening), and 12° (near the no-load opening), with the 0-speed
point, 0-discharge point, normal working points, and the points
deviated far from the design working points covered. The
simulated results are drawn on the n11-Q11 (unit speed against
unit discharge) and n11-M11 (unit speed against unit torque)
characteristic planes, and compared with the model test

measured curves provided by the manufacturer (n11 � nD1��
H

√ ,
Q11 � Q

D2
1

��
H

√ , M11 � M
D3

1H
, where n is the rotational speed, D1 is

the runner inlet diameter,H is the working head,Q is the discharge,
andM is the torque). As can be seen from Figure 2, although there
are some deviations at some working points, the results of the
numerical simulation and model test are generally in good
agreement, which validates the accuracy and reliability of our
three-dimensional numerical simulation method.

2.5 Layout of Monitoring Points for Pressure
Pulsations
To obtain the pressure pulsation characteristics, somemonitoring
points were arranged as shown in Figure 1C, where 1# point was
located in the spiral-casing, 2# point was located in the guide-

FIGURE 9 | Flow patterns (A–C), cavitation cavity patterns (D–F), and frequency spectrums of pressure pulsations (G–I) at different working points within the
pump-brake mode at different openings (WVVF = 0.1). (A) Flow patterns at 43°. (B) Flow patterns at 37°. (C) Flow patterns at 12°. (D)Cavitation cavity patterns at 43°. (E)
Cavitation cavity patterns at 37°. (F) Cavitation cavity patterns at 12°. (G) Frequency spectrums at 43°. (H) Frequency spectrums at 37°. (I) Frequency spectrums at 12°.
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vane channel, 3# was located in the vaneless space, and 4# and 5#
were located at the draft-tube inlet. All the monitoring points
were located in the middle section of the flow channel.

3 RESULTS AND ANALYSIS

For uniformity of description, in the following sections, the
classification of blade inlet and outlet, as well as the blade
suction and pressure surfaces, is based on the normal operating
conditions of the turbine mode. The directions of runner rotation
and the water spiral are both described in the overhead view. Also,
the axial forces are positive in the upward direction.

3.1 Overall Distributions of Characteristics
in the Four-Quadrant Characteristic Plane
3.1.1 Pressure Pulsations
To better illustrate the pressure pulsation distribution patterns
across different operating modes and at different monitoring
points in a normalized standard, the pressure coefficient Cp and
the relative amplitude of the pressure pulsation ΔH′ were
introduced.

Cp � pi − �p

ρgH
× 100%, ΔH′ � ΔH

H
� Pimax − Pimin

ρgH
× 100%,

where Cp is the dimensionless pressure pulsation coefficient, %;
ΔH′ is the relative amplitude of pressure pulsation, %; pi is the
monitoring point pressure, Pa; �p is the mean pressure values over
some time, Pa; H is the working head, m; Pimax and Pimin are the
maximum and minimum pressures at the monitoring points,
respectively, Pa. And for the pressure fluctuation analysis, we
selected at least five runner rotation cycles to ensure accuracy.
The relative amplitudes of pressure pulsations ΔH′ at each
working point in the spiral-casing (P1), guide-vanes (P2),
vaneless space (P3), and draft-tube (P5) are shown in
Figure 3, in which the areas of circles represent their relative
amplitude values of pressure pulsations.

It can be seen that the distribution laws of pressure pulsations
across the four-quadrant characteristic plane at each location of
the pump-turbine under different opening degrees are similar,
with the relative amplitude of pressure pulsation (ΔH′) being
small in the normal working regions in both pump and turbine
modes (about 8% in the vaneless space and 4% in the draft-tube),
being larger outsides the normal working regions, and being the
largest in the pump-brake and turbine-brake regions (about 80%
in the vaneless and 30% in the draft-tube). In general, under
similar operating conditions, the pressure pulsations increase
with the opening degree; at the same working point, the
pressure pulsations are different in different locations, with the
largest in the vaneless space, the moderate in the guide-vane, and
the smaller in the spiral-casing and draft-tube inlet.

3.1.2 Flow Patterns
Pressure pulsations of the pump-turbine are closely related to
flow patterns, and worse flow patterns can lead to severe pressure
pulsations. We present an overview of the general flow patterns in

each operating condition by taking the rated opening of 37° as an
example. Figures 4A,B show the flow patterns in the guide vane
and runner, and in the draft tube, respectively. The velocity
triangle (U is the peripheral velocity, W is the relative velocity,
and V is the absolute velocity) in Figure 4A corresponds to the
location of the red dot.

In both the normal working regions of the pump (Figure 4Af)
and turbine (Figure 4Ac) modes, the streamlines are smooth; in
the pump mode, the water flows upwards in the draft tube
(Figure 4Bf), and in the turbine mode, the water flows
smoothly downwards but with a slight spiral in the center of
the draft-tube due to the vortex rope (Figure 4Bc).

When the working condition deviates from the normal working
regions, the flow inside the turbine is turbulent. At the pump 0-
discharge point (Figure 4Ad) there are a large number of backflows
and vortices inside the runner, with a circumferential flowwater ring
in the vaneless space. Also, at the turbine 0-discharge point
(Figure 4Ah), vortices generate inside the guide vane and
backflow occurs in the runner channels. Under the reverse pump
mode (Figure 4Ag), the water flows upwards along the suction
surface of the runner blades, then hits the guide vanes, and then,
partly flows into the vane channels in the direction of the guide-vane
surface, and the other flows forward to the next vane channel; thus,
the vortex inside the guide-vane is obvious. In the pump-brake
mode (Figure 4Aa), the flow enters the runner and impacts strongly
with the pressure surface of the blades, and the water flows in a spiral
manner in the runner channels. Under the turbine-brake mode
(Figure 4Ae) the flow in the runner is extremely turbulent and
forms a spatial spiral transverse flow at the runner inlet, creating
backflow and vortices along the pressure surface of the blades. As for
the flow patterns in the draft tube, in all these off-design conditions,
the water spirally flows downwards near the wall and flows upwards
in the center of the draft tube. The flows in the pump 0-discharge
point (Figure 4Bd, pump-brake mode (Figure 4Ba), and 0-speed
point (Figure 4Bb) are counterclockwise (overhead view) spiral near
the wall, and in the turbine-brake mode (Figure 4Be), the turbine 0-
discharge point (Figure 4Bh) and reverse pumpmode (Figure 4Bg)
are clockwise spiral.

3.1.3 Cavitation
When the unit is operating at a large opening of 43°, cavitation of
various shapes and sizes is generated at most working points,
therefore, we take this opening as an example to show the
cavitation distribution patterns across modes, as shown in
Figure 4C, in which the water vapor volume fraction (WVVF)
is selected as 0.1. The cavitation volume is small at high discharge
pump points (Figure 4Cf) and the wedge-shaped cavitation
occurs near the shroud side of the suction surface of the
trailing edges of some runner blades. As the discharge
decreases, cavitation deepens and occurs at every runner blade
(Figure 4Cg). And cavitation deepens further at the pump 0-
discharge point (Figure 4Cd). Under the pump-brake mode
(Figure 4Ca) the internal cavitation of the runner is extremely
serious, with a large area of cavitation inside the blade channels.
Under the high discharge turbine conditions (Figures 4Cb,c),
cavitation occurs inside the rotating vortex rope in the draft tube
in the form of a helical tongue, with the volume of cavitation
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decreasing as the discharge decreases. Under the turbine-brake
mode (Figure 4Ce) the volume of a cavitation becomes small, and
the cavitation occurs mainly on the leading edges of the runner
blades. Under the reverse pump mode (Figure 4Ch), there is a
large area of flag-shaped cavitation in the rear half of the pressure
surface of the runner blades.

3.1.4 Runner Force Fluctuations
Figure 5A gives the mean, maximum, and minimum axial forces
of the pump-turbine at each working point at different openings.
Here the axial force represents the force of the main flow channel.
In the normal working regions of the turbine mode and pump
mode, the mean axial force is the largest but the fluctuation of the

FIGURE 10 | Flow patterns, cavitation cavity patterns, and vortex rope of different working points within the turbine mode at three openings (Swirling Strength =
0.01,WVVF = 0.01). (A) Flow patterns at 43° (Q = 190 m3/s). (B) Flow patterns at 37°. (C) Flow patterns at 12°. (D) Flow patterns in the draft tube at 43°(Q = 190 m3/s). (E)
Flow patterns in the draft tube at 37°. (F) Flow patterns in the draft tube at 12°. (G) Vortex rope at t = 18 s in opening 37°. (H) Vortex rope at t = 18.08 s in opening 37°. (I)
Vortex rope at t = 18.16 s in opening 37°. (J) Vortex rope at t = 18.24 s in opening 37°.
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axial force is the smallest. On the contrary, in the off-design
regions, the mean axial force is small, but the fluctuation is large,
especially in the pump-brake and turbine-brake modes. In the
pump-brake mode, the axial force fluctuation is the largest, with
an amplitude of over 1 × 107 N in operation, which may result in
unit lifting.

The radial force (the resultant force of x and y directions)
variation is slightly different from the axial force, as shown in
Figure 5B. The average value and fluctuation of radial force in the
normal working regions of the turbine mode and pump mode are
both small, which reflects the smooth operation of the unit. But
under the pump-brake and turbine-brake modes, the average
value of radial force reaches the extreme values of about 1000 kN,
and the difference between the maximum and minimum values is
also large. The serious radial force fluctuations may cause strong
vibrations in the runner shaft system. The radial force
fluctuations are also high under the remaining unfavorable
operating conditions such as the pump 0-discharge and
turbine 0-discharge points, and the reverse pump mode.

In general, as the opening decreases, the axial and radial force
fluctuations are reduced under most operating modes.

In the following sections, we will discuss the mechanism and
correlations of flow characteristics and give a more detailed
description of the flow characteristics in each operating mode.

3.2 Mechanism of Flow Characteristics in
the Four-Quadrant Characteristic Plane
3.2.1 Pump Mode
When the pump-turbine is operating in the pump mode, the
rotation direction of the runner is counterclockwise, pumping
water upstream. When it operates near the design working point,
there is no obvious flow impact and separation inside the blade
channels (Figure 6A). As the discharge decreases, the angle
between the absolute velocity V and the peripheral velocity U
reduces and the flow hits the guide vane significantly, which
makes the flow more turbulent in the guide-vane channels. And
when the discharge is low, the water flowing out of the runner
forms a circumferential flow of high-speed water ring, impeding
the flow into the guide vanes, and the flow separation is serious in
the guide-vane area. The internal flow patterns of the runner are
similarly smooth in the normal working regions of the pump

mode at different openings (Figures 6A–C). But at the small
opening of 12°, the water entering the guide-vane area continues
flowing in the direction of the pressure surface of the guide vane,
forming a vortex and serious separation in the vane channels
(Figure 6C).

Under the pump mode, the wedge-shaped cavitation caused
by flow separation occurs at the trailing edge of the runner
blades and the location is near the shroud side of the suction
surface, as shown in Figure 6. The degree of cavitation deepens
and the volume of cavitation increases as the discharge
decreases, corresponding to the deterioration of the flow
pattern, no cavitation occurs at the 43° high discharge
working point and 37° working point calculated in this study
but occurs at the small opening 12°. When the discharge is
further reduced to 0, more pronounced cavitation occurs at the
three openings and the area of occurrence is unchanged
(Figures 6G–I).

Runner forces are closely related to flow patterns, the radial
force in the better operating conditions has a pronounced
periodicity, as shown in Figures 7A,B (the graph shows the
variation of the radial forces on the whole runner over one cycle
of runner rotation). In small-discharge and small-opening
conditions the periodicity is damaged due to the turbulent
flow. As the discharge decreases the radial force increases, at
the pump 0-discharge point (Figure 7C), the periodicity of radial
forces is severely damaged, and the fluctuations are violent, the
largest radial force can reach 900 kN.

The frequency spectrums of pressure pulsations at different
openings under the pump mode are similar, as shown in
Figure 8. Under this mode, because of the upward flow
direction, rotor-stator interaction has less effect on the draft-
tube area 9fnand 18fn is not evident at the draft-tube
monitoring points (fn is the rotational frequency of the
runner). Meanwhile, with the decrease in the opening, flow
separation in the guide-vane area is more serious, and the low-
frequency component is dominant at most monitoring points.
At the opening of 12°, the 1fn components of each monitoring
point stand out and the highest amplitude of this frequency
appears in the guide-vane area, which is related to the internal
vortex structure in the guide vanes at this opening, which can be
seen in Figure 6C. When the discharge is reduced to 0 (Figures
8D–F), due to the backflows and vortices inside the turbine, the

FIGURE 11 | Frequency spectrums of pressure pulsations within turbine mode at three openings. (A) 43°. (B) 37°. (C) 12°.
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pulsation amplitude is much higher than the corresponding
amplitude of the same opening degree at high-discharge pump
conditions (about 1% in the normal pump mode and 5% in the
0-discharge points), and low-frequency components like 0.2fn

and 0.4fn are dominant.

3.2.2 Pump-Brake Mode
Under the pump-brake mode, the runner keeps rotating in the
pump direction, but the water flows direction changes to the
turbine direction. The flow in the vaneless area is turbulent, as
shown in Figures 9A–C, when the water enters the runner, it first

strongly hits the inlet of the pressure surface of the runner, then
flows to the adjacent blade channel, and hits the next blade again
and continues to flow downwards along the blade surface. The
water flows down spirally in the blade channels because of the
violent impact between the water and the blades, causing serious
flow separation.

Due to the serious flow separation and backflow vortex, local
pressure decreases, and the cavitation is serious under this mode,
as shown in Figures 9D–F. A large area of cavitation appears in
the runner channels at the large opening of 43° (Figure 9D), and
the cavitation area decreases as the opening decreases. The

FIGURE 12 | Flow patterns, cavitation cavity patterns, and internal velocity cloud of different working points within the turbine-brake mode at three openings (WVVF
= 0.1). (A) Flow patterns at 43°. (B) Flow patterns at 37°. (C) Flow patterns at 12°. (D)Cavitation cavity patterns at 43°. (E)Cavitation cavity patterns at 37°. (F) Variation of
pressure pulsation at the circumferential monitoring points in the vaneless space at opening 37°. (G) Internal velocity cloud at 43°. (H) Internal velocity cloud at 37°. (I)
Internal velocity cloud at 12°.
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turbulent flow patterns and the severe cavitation cavity cause the
radial force of the runner to change dramatically and irregularly
in one cycle under this mode (Figure 7D), and the radial force
also increases significantly compared to that of the pump mode
(the largest radial force under this mode can reach to 1000 kN),
resulting in significant vibration of the unit’s shaft system.

The amplitude of the pressure pulsations at each monitoring
point under the pump-brake mode is extremely high (Figures
9G–I), except the main frequency at the monitoring point in the
vaneless space is still 9fn (corresponding amplitude is about
20%), the main frequencies of other points are 0.4fn at 43° and
37°. By setting up circumferential pressure pulsation monitoring
points in the vaneless space to obtain the circumferential
variation of the pressure pulsation after low-pass filtering, we
found that there was no low-frequency pressure signal
propagating along the circumferential. So, we confirmed that
this frequency is not related to the rotating stall. Through the
analysis of the flow pattern at each monitoring point, the low-
frequency components under this mode should be related to the
structure of the vortex and backflow at the guide vane area and
draft-tube inlet. Under the opening of 12°, the guide vane
opening is small and the discharge is low, we can see that
the flow pattern in the guide vane area is smooth and there is no
obvious backflow and vortex (Figure 9C), so this frequency
0.4fn is not found.

3.2.3 Turbine Mode
The turbine mode is the normal operating condition of the pump
turbine, and the runner rotation direction is clockwise. When the
working point is near the optimal one (Figures 10A–C), the

direction of the relative velocityW of the water flow in the runner
follows the direction of the blades, the internal flow patterns are
smooth and the impact on the runner blades is weak after the
water enters the runner. At the small opening of 12° (Figure 10C),
the water continues to flow forward in the direction of the guide
vanes for some distance before entering the runner, and the flow
velocity is higher in the vaneless space, with the streamline
slightly turbulent near the pressure surface of the runner blades.

In this mode, the pressure inside the rotating vortex rope in the
draft tube reduces to the saturated vapor pressure, resulting in a
tongue-like spiral cavity inside the rotating vortex rope
(Figure 10D). The volume of the cavitation cavity decreases as
the discharge decreases; therefore, the cavity disappears for
working points at 37° and 12° openings.

Due to the smooth flow without distinct impact on the runner
inlet in this mode, the radial force distribution in the radar chart is
regularly periodical, with the number of peaks in one cycle of
runner rotation equal to the number of blades (Figures 7G,H). As
the discharge decreases, the radial force also decreases. But at the
small opening of 12°, the radial forces lose periodicity and
fluctuate widely because of the turbulent flow.

As shown in Figure 11, at the large openings 43° and 37°

(Figures 11A,B), the pressure pulsations between the guide vanes
and in the vaneless space have distinct 9fn and 18fn

characteristics, which are caused by rotor–stator interaction
(corresponding amplitude is about 1%). In the draft tube, the
dominant pulsation is the low-frequency component 1fn, of which
the amplitude is much higher than those of the same frequency
component in other areas. This means that the 1fn component is
originated in the draft tube. This frequency is found at 43°, 37°, but

FIGURE 13 | Frequency spectrums of pressure pulsations within the turbine-brake mode at three openings. (A) 43°. (B) 37°. (C) 12°. (D) 43° (Q = 0 m3/s). (E) 37°

(Q = 0 m3/s). (F) 12° (Q = 0 m3/s).
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not 12° opening. It is independent of cavitation, because cavitation
occurs only at 43°, but not at the other two openings. As can be seen
from Figures 10D,E, a rotating vortex rope developing from the
cone to the draft tube generates at both 43° and 37° openings, but
not at 12° (Figure 10F). Furthermore, we take the 37° as an example
(Figures 10G–J), the pattern of the vortex rope in the draft tube
also varies according to a rotational period of 0.24 s, corresponding
to the rotational period of the runner and frequency 1fn.
Therefore, it is concluded that the frequency 1fn should be
related to the vortex rope in the draft tube.

3.2.4 Turbine-Brake Mode
Under the turbine-brake mode, the water flowing out of the
guide-vane area first hits the blade suction surface, then partly

flows forward, partly flows back, and enters the adjacent blade
channel, leading to a high-speed and high-pressure transverse
flow water ring formed in the vaneless space. The water in the
runner flows spirally forward, forming strong flow separation and
vortex structure (Figures 12A–C). Cavitation with a small cavity
occurs on the pressure surfaces close to the leading edges of the
runner blades (Figures 12D,E). The unbalanced flow patterns in
the blade channels induce strongly and irregularly fluctuating
radial forces (Figure 7E), similar to that of the pump-brake mode.
These two brake modes are the most unfavorable operation
conditions of the unit.

The turbulent flow patterns not only affect the runner forces but
also causes strong pressure pulsations (Figure 13), which are
significantly higher than those under the normal operating

FIGURE 14 | Flow patterns, cavitation cavity patterns, and frequency spectrums of pressure pulsations of different working points within reverse pump mode at
different openings (WVVF = 0.1). (A) Flow patterns at 43°. (B) Flow patterns at 37°. (C) Flow patterns at 12°. (D) Cavitation cavity patterns at 43°. (E) Cavitation cavity
patterns at 37°. (F) Cavitation cavity patterns at 12°. (G) Frequency spectrums at 43°. (H) Frequency spectrums at 37°. (I) Frequency spectrums at 12°.
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regions. In the vaneless space, the pressure pulsations have not only
strong 9fn signals, but also obvious 0.6fn signals. The pulsations
with the frequency of 0.6fn is the highest component in the vaneless
and guide-vane areas for 37° and 12° openings (corresponding
amplitude is about 10% at opening 37°). This low-frequency
component is caused by the developing rotating stall (Zhang Y.
et al., 2017), the stall vortex clusters form in several channels of the
runner, blocking the runners (Figures 12G–I). And it is only as the
discharge continues to decrease that the rotating stall develops fully,
appearing in the guide vane region. This frequency can also be seen
in the low-pass filtered plot of the variation in pressure pulsations at
the circumferential monitoring points (Hasmatuchi et al., 2011)
(Figure 12F). The pressure fluctuation propagates at a low
frequency in those circumferential monitoring points (P1-P16),
and its propagation period, which is calculated to be about 0.4 s,
is corresponding to 0.6fn. Therefore, it can be concluded that the
0.6fn under the turbine-brakemode is caused by the rotating stall in
the runner.

As the discharge continues to decrease (Figures 13D–F), the
frequency spectrums of pressure pulsations at the turbine 0-
discharge point is similar to that under the turbine-brake mode,
but the amplitude of the same frequency decreases and the main
frequency of each opening degree in the vaneless space is 9fn,
indicating that the rotor-stator interaction is dominant at the 0-
discharge point.

3.2.5 Reverse Pump Mode
When the pump-turbine enters the reverse pump mode, the
runner keeps rotating in the turbine direction, but as the
speed continues to rise, the strong centrifugal force draws the
water from the draft tube into the runner, pumping water
upstream. The flow in the draft tube is turbulent, with the
water in the center of the draft tube flowing upward but the
water near the wall spiraling downward. After the water is sucked
into the runner, the flow first hits the suction surface of the blades,
then climbs up along the suction surface. The strong impact on
the blades forms flow separations and a large number of vortex
structures in the blade channels, and the streamline of each
channel is similar. A high-velocity flow ring forms in the
vaneless space, preventing the flow from entering the guide-
vane area. Because of the small discharge, a large number of
vortices generate inside the vane channels. The water entering the
guide-vane area first hits the guide-vane blades, then partly flows
into the vane channel along the direction of the guide-vane
surface, and partly flows forward to the next vane channel.
Serious flow separations and vortex structures are forming in
the vane channels (Figures 14A–C).

Due to the severe flow separation inside the runner, cavitation
is extremely serious under this mode. A large flag-shaped cavity
forms in the rear half of the pressure surface of every blade
(Figures 14D–F). The cavitation is uniformly distributed in each
runner channel, with a similar distribution at each opening. As
shown in Figure 7F, radial forces still have peaks in line with the
number of blades under the reverse pump mode, but the
fluctuation of radial force is large.

The frequency spectrums of pressure pulsations are shown in
Figures 14G–I, in the vaneless space, the main frequency is still

9fn, and the corresponding amplitude decreases with the
reduction of opening degree (about 8% at opening 43° and 4%
at opening 12°). The 9fn and 18fn components are also
prominent in the guide-vane area, indicating that rotor-stator
interaction is in effect along the direction of the flow. But at an
opening of 12° (Figure 14I), because of the smaller opening of the
guide-vane and the obstruction of the flow, there is less influence
of rotor-stator interaction in the guide-vane, and the
corresponding amplitude of frequency 9fn is extremely small.
The remaining monitoring points have a predominance of low-
frequency components, with the main frequency of 0.17fn, at
opening 12°, which combined with the flow analysis indicates that
this frequency should be related to the flow separation vortex
structure in the guide-vane area.

4 CONCLUSION

To understand the distribution characteristics of flow patterns,
pressure pulsations, cavitation characteristics, and runner
forces of pump-turbine in all five operating modes, we
conducted CFD simulations for a prototype pump-turbine
and analyzed 29 typical working points at three typical
openings. The main conclusions are as follows.

1) Near the design working points, the streamline is smooth,
pressure and runner force fluctuations are small, and
cavitation is not obvious. However, when the working
points deviate from the optimal one, flow patterns are
getting worse, leading to violent pressure and runner
force fluctuations.

2) Operation in the pump-brake mode is the most unfavorable,
with turbulent flow patterns, complex vortex structures,
serious cavitation, and prominent low-frequency pressure
pulsations. The flow hits the runner blades violently,
causing extremely large runner force fluctuations and may
lead to severe vibration of the unit. While in the hump region
of the pump mode, the flow hits the guide vanes, causing an
apparent rotating stall in the vane area. Also, in the S-shaped
region, the operation is also unstable with high-pressure
pulsation caused by rotor-stator interaction and developing
rotating stall.

3) Pressure pulsations reach the largest in the pump-brake
and turbine-brake modes, with amplitudes more than
10 times those in the normal working regions. Under
similar operating conditions, the pressure pulsations
increase with the opening degree; at the same working
point, the pressure pulsations are greatest in the vaneless
space, followed by in the guide-vane areas, and further
smaller in the spiral-casing and draft-tube inlet.

4) When operating at large openings, the pump-turbine has
cavitation of various sizes and forms under most operating
modes. Under the turbine high-discharge point, tongue-
shaped cavitation occurs in the draft tube. Under all other
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modes, cavitation occurs inside the runner. The cavitation
is serious in the pump-brake mode and reverse pumpmode,
especially in the latter, with large flag-shaped cavities filling
most of the runner channels.

The resulting laws and mechanism of the flow
characteristics in each operating mode can provide a
reference for related research and runner design, and pump
turbines should avoid long-term operation in pump-brake and
turbine-brake modes. In future studies, we should pay more
attention to the sources of pressure pulsations at different
frequencies under unfavorable operating modes and the
corresponding improvement measures.
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Dynamic Characteristics and Effect on
Thrust of Jet Tail Vortex Ring for Pump
Jet Propulsion
Wei Han1, Zhixiong Li1*, Rennian Li1, Huimin Feng1, Lingbo Nan1,2*, Jun Xu1 and
Mingzhen Xiao1

1College of Energy and Power Engineering, Lanzhou University of Technology, Lanzhou, China, 2College of Water Resources and
Architectural Engineering, Northwest A&F University, Yangling, China

When a pump is propelled by a propeller, the nozzle flooding of the jet wake area will
produce a turbulent quasi-sequence structure and have a certain impact on the outflow
field structure and thrust characteristics of the water jet propulsion pump. In this paper, a
method that combined numerical simulation with vortex dynamics is adopted, which
analyzes the dynamic characteristics and influence on the thrust characteristics of the
water jet propulsion pump. A large eddy simulation turbulence model and a dimensionless
water jet propulsion pump velocity coefficient were used to reveal flow structure and
relation, with the pump operation parameters of the wake vortex ring. The thrust with a
trailing vortex ring is 7.0% higher than that without a trailing vortex ring. Vortex dynamics
and mathematical statistics are combined to quantitatively analyze the dynamic
characteristics of the jet tail vortex ring. Finally, the formation time of the vortex ring is
obtained in exponential relation with dimensionless transmission velocity and vorticity
coefficient, which has nonlinear relation with vortex intensity coefficient and helicity
coefficient. BP Neural Network combined with the LM algorithm is used to establish
the mathematical relationship between the thrust and the physical characteristic
parameters of the vortex ring.

Keywords: pump jet, wake vortex ring, dynamic characteristics, thrust, neural networks

1 INTRODUCTION

Jet flow is a movement phenomenon in which the fluid flows into another working medium and
shoots out from the nozzle or slit. The difference between jet flow and pipe flow is that pipe flow is
surrounded by a solid container, while jet flow is uncontained except for the water jet. Most jets are
surrounded by fluid (June 1995; HE et al., 2001). In the spraying process of the nozzle of the water jet
propulsion pump, both the working fluid and the environmental fluid are water, that is, the jet is a
submerged jet. In the whole process of jet movement, vortex pairs and merge with each other due to
the shear action of the jet boundary, which exchanges momentum and mass with the surrounding
fluid. The vortex makes the surrounding medium flow with the jet, which increases the flow rate and
enlarges the cross-section.

At present, domestic and foreign researchers all mainly focus on numerical simulation,
experimental research, and theoretical analysis to study jet flow. Yanling Li (Li, 2004) used 3D
numerical simulation to study the flow characteristics and vortex structure of the multi-level
submerged jet. She not only described the energy dissipation mechanism of the multi-level
submerged jet from two aspects of theoretical analysis and numerical simulation but also observed
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the whole dissipation process by experimental study. Experimental
results showed that the multi-level submerged jet was technically
feasible and had the characteristics of significant energy dissipation
and a stable flow state. For the quasi-sequence structure generated
by the jet, Brown (Brown, 1935) carried out experiments with the
jet in the form of a slit. The eddy current structure was observed to
change alternately on both sides of a plane jet by the flow display
method. The effect of forced jet force on eddy current was studied.
The basic law of vortex motion in the jet is obtained by experiment.
However, there was no good mathematical model for the observed
vortex rate. Davies et al. (Davies et al., 1963) focused on the study of
organized motion in turbulent free-shear flow. During the study, a
series of vortices were observed to generate continuously near the
jet outlet. Experiments showed that there were also significant
differences between the time average scalar field and the
instantaneous scalar field. The former showed a strong
Gaussian distribution, while the latter showed a strong high-
order distribution. Becker and Massaro (Becker and Massaro,
1968) focused on the study of flow visualization and observed
annular vortices at the initial stage of turbulent jet flow. They
considered that the thickness of the boundary layer at the jet outlet
was the controlling factor of the disturbance growth. Experiments
showed that the turbulent integral time scale becomes inversely
proportional to the local tangent in the coordinate system of
maximum energy convection in turbulent motion. Mungal et al.
(Mungal and Hollingsworth, 1989) studied the vortex structure of
relevant jets at a high Reynolds number. He mainly discussed the
mechanism of entrainment of ambient fluid by jet. LYDIA. RUIZ
et al. (Ruiz et al., 2011), departments of Mechanical Engineering,
California Institute of Technology, United States, showed that
coherent vortex structures could be generated in the near wake
of self-propelled aircraft. The structure could improve the efficiency
of propulsion by controlling the local pressure field and entrainment
motion. Vortex formation was used to control the near-wake
characteristics, which can greatly improve the propulsion
efficiency. This was more than 50% better than the performance
of the steady jet mode. Compared with stable jet propulsion, Yang
Xiang et al. (Xiang et al., 2018) showed that pulsed jet propulsion
can show higher efficiency by forming unstable vortex rings. This
means that energy can be better transferred and stored in eddy
currents to produce propulsion. Themode of effective propulsion in
the process of vortex ring energy evolution was illustrated. They
pointed out that increasing the energy contribution to the eddy can
further enhance propulsive performance. Mark A. Grosenbaugh
(Wang, 2020) and researchers studied laminar vortex rings under
the influence of background flow using numerical simulation
methods. They explained that long, continuous jets maximize
thrust for a given amount of energy expend.

Although many scholars have studied the problem of flood jets,
theymainly focus on practical applications, and rarely study the flow
characteristics of flood jets; especially under the conditions of various
vortex topologies, flood jets have unstable flow characteristics. By
simulating the vortex ring structure generated in the submerged jet
wake, this paper analyzes the hydrodynamics of the whole water jet
propulsion device combined with the submerged jet at the tail of the
water jet propulsion pump. The influence of the wake vortex ring on
the thrust characteristics of the water jet propulsion unit is explained.

In this paper, the spiral mixed-flow water jet propulsion pump is
selected as the main power component of the vortex ring. The
trailing vortex ring generated by the jet is taken as the study object.
Based on the experimental verification of thrust characteristics, the
CFDmethod was used to simulate the submerged jet flow process of
the water jet propulsion pump. The induction mechanism of the jet
tail vortex ring and its response to thrust characteristics were
observed. This provides a reference for further research and
application of the submerged jet sequence structure.

2 NUMERICAL SIMULATION OF JET WAKE
VORTEX RING OF WATER JET
PROPULSION

2.1 Three-Dimensional Modeling of
Flow-Through Components of Water Jet
Propulsion Pump
In this paper, the spiral mixed flow water jet propulsion pump
with the specific speed of ns � 278 is used as the power
component. The design flow is Q � 13.788m3/h. The head is
H � 1.3m. The rotation 9speed is n � 1500r/min.

3d drawing software is used for geometric modeling of the water
jet propulsion pump. As the core power components of the water jet
propulsion pump, the impeller transfers mechanical energy to the
fluid through blade rotation. It can increase the static and dynamic
pressure energy. This is mainly for energy conversion. Guide vane is
the axial length and radical short distribution. Its main function is to
eliminate the circumferential component of the fluid flowing
through the impeller and convert part of the kinetic energy into
pressure energy. In order to ensure uniform flow, the inlet extension
section is usually added at the inlet end of the impeller and the length
is usually four times the inlet diameter of the impeller. The
computational domain model of the flow-through components of
the whole water jet propulsion pump is shown in Figure 1. Themain
geometric dimensions are presented in Table 1.

2.2 Numerical Simulation of Jet Flow on the
Propulsion Pump
2.2.1 Mesh Generation
In this paper, the flow area diagram and water area diagram of each
component of the water jet propulsion pumps are divided into grids.
It is difficult to divide the impeller and guide the vane of the water jet
propulsion pump by using structured mesh because they both

FIGURE 1 | Computational domain model diagram of flow through
components of water jet propulsion pump.
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contain curved surfaces with large curvature changes. In order to
facilitate the encryption of some local areas, the impeller and guide
vane of a water jet propulsion pump is divided into unstructured
grids in this paper. In order to capture the development and evolution
process of jet tail vortex rings in water jet propulsion, the reasons for a
large number of unstructured grids are considered. It divides the inlet
end, nozzle, and water body of the water jet propulsion pump with
regular shapes into the structured grid with high grid quality and
easier access to the actual model. The grid division results of each
component are shown in Figure 2.

The grid of each part is combined to obtain the overall and water
area grid of the water jet propulsion pump, as shown in Figure 3.

2.2.2 Grid Independence Test
In this paper, large eddy simulation (LES) is used in the design
conditions. Six groups of computing models with different mesh
numbers are selected for steady numerical simulation. Head is used as
a test criterion for grid independence. Based on ensuring that the
mesh quality of impeller and guide vane reaches 0.35 or above, and
the mesh quality of inlet section, nozzle, and water area reaches 0.8 or
above. By adjusting the grid-scale and the number of grid nodes, the
number of grids is obtained as 194,7033, 407,3634, 595,5588,777,8075,
891,2579, and 1202,7317, respectively. The relationship between the
grid number and the head is plotted as shown in Figure 4. From
Figure 4, it can be seen that the relative errors among the grids of six
different sizes are small and all within 0.3%.

When the solution accuracy and computational resources are
both considered, the number of grids is 7.7780750million and above,
and the different rate of the pump head is small. Therefore, we finally
selected the grid number 7.778,075 million for numerical simulation.

2.3 Numerical Calculation Method of the Jet
Wake Vortex Ring in Water Jet Propulsion
2.3.1 Turbulence Model
In this paper, the three-dimensional unsteady large eddy simulation is
used to study thewater jet submerged jet. It is obtained the detailedflow

TABLE 1 | Geometric parameters of flow passage parts of water jet pump.

Parameter Numerical
Value

— Parameter Numerical
Value

Main geometric parameters of impeller Impeller inlet diameter 50 Main geometric parameters of
guide vane

Inlet diameter of outflow
line

108

Impeller outlet
diameter

90 Inlet diameter of inner
streamline

80.7

Impeller Outlet Width 20 Outlet diameter of outer
streamline

62

Blade outlet angle 15 Inner streamline outlet
diameter

32

Wrap angle of impeller
blade

360 Axial length of guide vane 53

Number of impeller
blades

2 Entrance angle 35

Main geometric parameters of nozzle Nozzle inlet radius 31 Exit angle 90
Nozzle exit radius 16 Shroud angle of guide

vane
70

Nozzle length 60 Number of guide vanes 5
Main geometric parameters of three
dimensional water area

The waters are long 720 — — —

Wide water area 240 — — —

High water area 240 — — —

FIGURE 2 | Water area grid division diagram of water jet propulsion pump.

FIGURE 3 | Overall water area grid diagram of water jet
propulsion pump.

Frontiers in Energy Research | www.frontiersin.org May 2022 | Volume 10 | Article 9000503

Han et al. Jet Tail Vortex Ring

90

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


field information in the wake region of the submerged jet under
different working conditions and the three-dimensional evolution
characteristics of the large-scale vortex structure formednear the region.

Large-eddy simulation (LES) is used to filter transient and
Navier-Stokes equations in the spatial domain. The small-scale
vortices that are smaller than the width of the filter or the scale of
the computational grid can be filtered out by the filtering process.
It forms the governing equation of large vortices. The small-scale
vortex is described by simulation (Wang, 2020).

2.3.2 Control the Numerical Solution of Equations
The numerical solution of the governing equation is obtained by
distillation of the algebraic equation. At the same time, the
approximate solution of the actual flow field can be obtained by
this process. At present, themain flow field solutionmethods include
the coupling solution method and separation solution method.
These two methods are divided according to the analytic order
and adjustment of unknowns. The coupling methods can deal with
the relationship between density, energy, andmomentum in the flow
field. The core idea of the separationmethod is to revise and reiterate
the repeated pressure until the solution converges. It has been widely
used in the numerical solution of the flow field.

In the process of numerical calculation, the SIMPLC algorithm
modified pressure and velocity to a certain extent. This accelerates
the convergence rate and establishes algebraic modified equations
of pressure and velocity. Therefore, the finite volume method is
used in this paper to discretize the flow field equations of water jet
propulsion. In order to achieve high convergence accuracy,
SIMPLC algorithm is used to solve the flow field in this paper.

2.3.3 Vorticity Distribution in Jet Wake Area of Water
Jet Propulsion
As shown in Figure 5, it can be seen from the distribution of the
entire vortex cloud map that the distribution of eddy intensity on
the upper and lower sides is basically the same, and the vorticity
vector direction is opposite. At the same time, the vorticity on the
upper and lower sides of the axis has relatively obvious
symmetrical distribution characteristics, which is because the
axis is the core area of the jet, which can generate higher

vorticity, that is, the shear effect and mixing between the
nozzle jet and the tailwater area action leads to the forward
transmission and dissipation of energy.

In the region near the nozzle, the vorticity value is relatively
large, which is due to the high initial kinetic energy and strong
clustering of the jet in the initial stage of the convergent nozzle.
With the continuous development of the jet, the jet beam expands
continuously along the radial direction, the jet fluid continuously
interacts with the surrounding water body, and the energy
dissipates gradually. At the same time, vorticity values
generally show a downward trend, and the edge of the
vorticity concentration area slowly generates smaller-scale
vortices. The vorticity distribution in the whole wake area
directly reflects the vorticity evolution characteristics of the
submerged jet of the three-dimensional nozzle.

2.3.4 Pressure Distribution in the Wake of Water Jet
Propulsion
As shown in Figure 6, there is a low-pressure area in the region
near the nozzle outlet, which is caused by the weak interaction
between the nozzle outlet and the surrounding fluid due to the
low velocity of the nozzle outlet. Along the axis of the jet flow
direction, the vortex street phenomenon is evenly distributed on
both sides of the whole jet wake area, and the pressure values of
the upper and lower vortices are both the same. At the same time,
the pressure distribution between two adjacent vortex pairs
presents a positive and negative distribution, and the absolute
value of pressure is the same. As the flow continues, the symmetry
between the upper and lower vortices is gradually destroyed due
to the dissipation of energy.

As the flow continues, due to the strong shear effect between the jet
and the wake, a pair of small vortices with symmetrical distribution
near the nozzle is formed at the beginning of the nozzle injection, and
the pressure values of the small vortices on both sides are the same.
When the vortices flow downstream along the flow direction, they
gradually merge with the vortices of different scales formed in front of
them. In the far-field region near the nozzle exit, the symmetry of the
large and small vortices gradually disappears with the dissipation of
energy, and the vortices of each scale are distributed irregularly.

2.3.5 Velocity Streamline Distribution in the Wake of
Water Jet Propulsion
As shown in Figure 7, when the water in the nozzle is ejected, it is
not an imaginary direct-current jet, but will be squeezed by the
surrounding water and rolled back to form a vortex ring
structure. After the jet fluid accelerates fluid through the
tapered nozzle, it first forms a DC liquid in the area near the
nozzle, and then with the process of spraying, the ejected water
gradually begins to suck up the water in the surrounding
environment, making the main jet the flow on both sides of
the flow area exists in the form of vortex rings, which increases
the entrainment effect of environmental fluid (i.e., the volume of
the whole wake area).

The main jet area continuously entrains the surrounding fluid
and moves forward, causing the surrounding fluid to bend along
the jet direction, thus the streamline distribution in the main jet
area is no longer stable, the water flow is gradually dispersed, and

FIGURE 4 | Grid independence check.
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vortices of various scales continue to propagate backward along
the diffusion surface. As the injection proceeds, the entrainment
continues. On the upper side of the nozzle main jet area, the
vortex distribution is anticlockwise, while on the lower side, the
vortex distribution is clockwise. The difference in the direction of
vortex distribution is caused by the different entrainment
directions of jet flow on the surrounding fluid.

2.4 Thrust Verification of Jet Wake Vortex
Ring Simulation for Water Jet Propulsion
Like other underwater bio-jet modes, the thrust generated during
the jet propulsion pump can be obtained according to the
momentum conservation law and the momentum theorem.
Suppose that the outflow velocity of the nozzle of the water jet
propulsion pump at time t is u. The nozzle outlet radius is r.

FIGURE 5 | Distribution of vorticity in the wake of water jet propulsion.

FIGURE 6 | Pressure distribution in the wake of water jet propulsion.

FIGURE 7 | Velocity streamline distribution in the wake area of water jet propulsion.
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Without considering the fluid loss at the nozzle outlet, the
injection thrust T can be expressed as:

T � dm

dt
u � d(ρπr2L)

dt
� ρπr2u2 (1)

In Eq. 1, m refers to the mass of ejected water (kg). L is the
length of ejected water flow (m). It can be seen that jet thrust is
mainly related to jet velocity. The flow velocity in the water area is
mainly provided by nozzle outlet velocity and water-induced
velocity.

Figure 8A,B respectively show the changeable curve of the
relationship between the thrust generated by the helical mixed-
flow jet propulsion pump and the average thrust generated by the
pump-water integrated system with the impeller speed and inlet
flow rate. According to the characteristic curves of impeller speed
and average propulsion force in Figure 8A, the thrust of the spiral
mixed-flow pump and the pump-water integrated system both
increase gradually with the change of rotational speed at a given
design speed of 1500 r/min. The variation rate of the pump-water
system is larger than the spiral mixed-flow pump. The main
reason for this situation is that in the spiral mixed flow pump, the
pump thrust only needs to be provided by the reaction force
generated by the water flowing out of the nozzle due to Newton’s
third law. In the pump-water integrated system, the thrust
generated by the pump-jet thruster is in addition to the above
reaction force. As the jet fluid pulls in the surrounding fluid,
causing the fluid to accelerate, the water allows the eddy currents
to increase part of the thrust of the propulsion. This part of the
thrust can compensate for some of the drag in the propulsion
system compared to the spiral mixed flow pump. By calculation,
the propulsion force produced by the pump-water integrated
system is about 6%–7% higher than that produced by the simple
spiral mixed flow pump.

It can be seen from the characteristic curve of inlet flow rate
and average propulsion force in Figure 8B that the thrust of the
spiral mixed-flow pump and the pump-water integrated system
have basically the same change trend with inlet flow rate. The
reason for the slightly higher thrust in the pump-water integrated

system is that the entrainment of environmental fluid in the wake
area of the nozzle area becomes more significant with the increase
of inlet flow. This causes fluid acceleration in the wake area. It is
calculated that the propulsive force produced by the pump-water
integrated system is about 9% higher than that produced by the
spiral mixed-flow pump. Therefore, under the given conditions,
accelerating the impeller speed to provide unstable flow and
adopting a larger inlet flow rate will greatly enhance the
propulsion effect. This also explains that in the jet propulsion
process, the contribution of vortex propulsion is enhanced by
entrainment of ambient fluid and downstream acceleration of
near wake vortex. It reduces the systematic resistance of the entire
jet propulsion process.

3 DYNAMIC CHARACTERISTICS OF A JET
TAIL VORTEX RING IN WATER JET
PROPULSION

3.1 Mathematical Model of Jet Wake Vortex
Ring
The vortex ring is a flow structure with axisymmetric
characteristics in the cylindrical coordinate system (r, z, θ),
Vθ � 0, z/zθ � 0. In general, the main models of vortex rings
are nucleolus linear vortex rings without core, uniform vortex
core, and thin core models. Among them, nucleolus linear vortex
ring and uniform vortex core are vortex ring models under ideal
conditions (Yang, 2013).

Norbury (Norbury, 1973) classified vortex rings according to
the dimensionless vortex core radius α. Among them, when
α →

�
2

√
corresponds to spherical vortex ring and in the range

of 0< α<
�
2

√
, the vortex ring belongs to thin core vortex ring.

Thin nuclear vortex rings have similar physical characteristics.
Fraenkel (Fraenkel, 1972) established a motion mechanics model
for thin core vortex rings:

E � 1
2
ρRΓ2(In 8

ε
− 7
4
) (2)

FIGURE 8 | Characteristic curve of water jet propulsion pump. (A) N-T characteristic curve of water jet propulsion pump. (B) Q-T characteristic curve of water jet
propulsion pump.
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I � ρπΓR2 (3)
U � Γ

4πR
(In 8

ε
− 1
4
) (4)

Where, E, I, Γ, U respectively refer to the energy, momentum,
circularity, and transmission speed of the vortex ring. R is the
radius of the vortex ring. ε is the radius of the dimensionless
vortex core. ε � a

R, a is the radius of the vortex core.
Sullivan (Sullivan et al., 2008) researched the model of thin core

vortex rings through the experimental study of piston devices. The
changes in the physical characteristics of the vortex ring can be
calculated by the growth state of the vortex ring as follows:

R � (3Ωp

4πγ
)1/3

� (3R2
0L

4γ
)1/3

(5)

Γ � R2
0LVP

R2
� R2

0L
2

R2T
(6)

V � Γ

4πR
(In 8R

a
− 0.558) � γVp

3π
(In 8R

a
− 0.558) (7)

a � ����
4vT

√
(8)

In the equation, L is the stroke of the piston, R0 is the radius of
the piston,VP is the speed of the piston, and T is the pushing time
of the piston.

3.2 Energy Transfer Model of Water Jet
Propulsion
The basic principle of water jet propulsion is similar to that of
aero engines. It uses the momentum difference between the inlet
and outlet of the propulsion system to generate thrust and propel
the ship. In the water jet propulsion system, there is an energy
transfer model, as shown in Figure 9.

The Bernoulli equation between the pump inlet flow surface
and the nozzle is:

Z1 + P1,S

ρg
+ α1

v21
2g

+ Δh1 +H13 � Z2 + PS,4

ρg
+ α2

u2

2g
+ Δh3−4 (9)

Where Z is the height of the cross-section relative to the free flow
surface m; Ps is static pressure Pa;

H13 is the total pressure difference of the inlet and outlet
section of the pump, that is, the head is m;

Δh1 is the pump inlet loss head m. Δh3−4 is the nozzle loss
head m;

α1, α2 is the kinetic energy correction coefficient, usually
expressed as:

αi �
∫
A

u2

2g ρgudA

v2

2g ρguA
�
∫
A

u3dA

v3A
(10)

It is assumed that the static pressure of the pump inlet surface
and the nozzle is equal to the local atmospheric pressure, and the
height of the flow section is equal to the height of the free flow
surface. It expresses the inlet passage and nozzle loss head as a
percentage of v20/2g. Then Eq. 9 can be simplified as:

H13 � α2
u2

2g
− α2 v

2
0

2g
+ ζ

v20
2g

(11)
ξ � k1 + k2 (12)

Where v0 is the speed, m/s;
k1 is the inlet passage loss coefficient, equal to the ratio of Δh1

to v20/2g;
k2 is the nozzle loss coefficient, equal to the ratio of Δh3−4

to v20/2g;
ξ is the pipeline loss coefficient, equal to the sum of the above

two loss coefficients;
α partner flow coefficient. The wake coefficient reflects the

difference between actual inlet velocity and ship speed. The wake
coefficient is usually the actual measured value. The design is
usually 0.85–0.95 (Jin, 1986).

a � v1
v0

(13)

The head provided by the water jet pump is mainly used to
increase the kinetic energy of the working fluid after overcoming
line losses. Part of the increased velocity of the working fluid was
converted to a useful head. The other part is to overcome the jet
loss.

u2 − α2v20
2g

� Δv · v0
g

+ [(Δv2)
2g

− (1 − α)Δv · v0
g

] (14)

Where: Δv is the speed difference between pump inlet and nozzle,
equal to u − v1;

The first term on the right is the useful head. The second item
is the jet head.

3.3 Physical Characteristic Parameters of Jet
Wake Vortex Ring in Water Jet Propulsion
At present, domestic and foreign scholars’ research on jet
propulsion mode focuses on self-propelled aircraft and
underwater organisms, mainly involving theoretical research,
experimental research, and irregular calculation of flow field in
CFD numerical simulation. In the research process of the vortex
ring, Saffman (Saffman, 1978), Norbury (Amick and Fraenkel,
1988), and Fabris (Fabris and Liepmann, 1997) have studied that
the vortex ring has an obvious vortex structure. However,
determining which parameters affect the formation and
physical characteristics of vortex rings is a difficult problem in
vortex ring research. The theoretical analysis, numerical
simulation, and experimental study of water jets advance the
vortex under submerged jet conditions are lack of systematic

FIGURE 9 | Energy transfer model of water jet propulsion.
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knowledge system. In order to fully understand the instability
mechanism of the water jet propulsion submerged jet, the
physical characteristics of the water jet propulsion jet tail
vortex ring are discussed on the basis of previous research.

3.3.1 Formation Time of Trailing Vortex Ring
The formation process of a jet tail vortex ring in water jet
propulsion is the process of continuous ejection of fluid in a
nozzle and continuous entraining of the surrounding fluid. It is
found that when the water behind the nozzle is a static flow field,
the main parameter affecting the structure of the vortex ring is the
vortex ring formation time tp.

tp � L

D
� u × t

D
(15)

In Eq. 15, L is the length of the fluid ejected by the jet, D
is the diameter of the nozzle outlet. u refers to the speed at
which water flows out of the nozzle. t is the time of water’s
movement.

Water jet propulsion mode mainly includes short pulse jet
and long pulse jet. The fundamental difference between the
two jets lies in the time of vortex ring formation. Generally,
tp � 4 is taken as the formation time of the critical vortex
ring. When the formation time of the vortex ring is less than 4,
the jet wake region presents a single vortex ring shape. This
injection mode is called short pulse injection. When the vortex
ring formation time is greater than 4, the wake region shows
that the vortex ring structure will be elongated behind the jet.
That is, a series of small vortex rings will appear in the wake of
the main vortex ring. It is called the jet mode of the long
pulse jet.

By monitoring the velocity of the water jet at different
times, it is found that the jet of spiral mixed flow water jet
propulsion pump belongs to the long pulse jet. This jet
carries more water downstream from the surrounding
waters than the DC liquid. This increases the additional
pressure on the nozzle and enhances the effect of jet
propulsion.

3.3.2 Kinematic Parameters of Wake Vortex Ring
Kinematic parameters of the wake vortex ring mainly refer to the
transmission speed of the vortex ring induced by water at
different times. It also refers to the induced velocity sum of
water area as vw. In order to reflect the variation rule of
vortex ring transmission velocity under different vortex ring
formation time of water jet propulsion pump more clearly,
the dimensionless transmission velocity of vortex ring vp is
introduced:

vp � vw
vw

(16)

The change of dimensionless transmission speed of vortex
rings under different formation times is shown in Figure 10.

As can be seen from the figure above, the dimensionless
transmission speed of the vortex ring changes exponentially
with the formation time. Combined with mathematical

statistical analysis, the dimensionless transmission speed and
vortex ring formation time can be expressed as follows:

vp � 173.58 × e
−tp
95.86 + 0.95 (17)

3.3.3 Dynamic Parameters of Wake Vortex Ring
In order to study the structure, evolution, and interaction of
vortex rings in water jet propulsion, this section analyzes the
trailing vortex rings generated under design conditions of
water jet propulsion pumps based on vorticity, vortex
strength, and helicity of the vortex dynamic diagnosis
method. The vortex dynamics method can accurately
capture the variation of vortex ring structure and strength
in the wake region of jet propulsion.

The curl of the transmission velocity vw of the vortex ring is
called vorticity Ω. Vorticity is one of the most common physical
quantities used to describe vortex motion. Its units are denoted as
s−1, i.e.:

Ω �  × vw (18)
Vortex intensity S is introduced into the quantitative analysis

of jet tail vortex rings. It describes the intensity of a turbulent
vortex. The calculation formula is as follows:

S �
������
2wijwij

√
(19)

Where wij is the average speed of the rotation tensor. Unit of
vortex intensity is denoted as s−1 ·m3.

Helicity is an important parameter used to measure the
topological structure of the turbulent vorticity field. The
helicity in the three-dimensional flow field of water jet
propulsion is defined as:

H � ∫
V

vwΩdV (20)

It is called the helicity density by the product, and the units of
helicity are m/s2.

FIGURE 10 | Dimensionless transmission speeds at different
formation times.
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As for the kinematic parameters of trailing vortex rings, the
mathematical models of each parameter and the formation time
of vortex rings are established at the level of vortex dynamics. It
reintroduces the dimensionless vorticity coefficient Ω*, vortex
intensity coefficient Sp and helicity coefficient Hp of the vortex
ring. The expressions are shown in Eqs 21 and 22, and 23
respectively:

Ω* � Ω
�Ω (21)

Sp � S
�S

(22)

Hp � H
�H

(23)

The monitoring of each dynamic parameter at different times
in the design condition is calculated. The variation of the
formation time of different vortex rings with each
dimensionless parameter is shown in Figures 11–13.

As can be seen from Figure 11, the formation time of the
vortex ring changes exponentially with the vorticity coefficient.

The dimensionless vorticity coefficient and vortex ring formation
time can be expressed as:

Ω* � 64.08 × e
−tp
103.6 + 0.97 (24)

It can be seen from Figure 12 that the formation time of the
vortex ring and vortex strength coefficient are non-linear. The
function expression of the vortex strength coefficient and vortex
ring formation time obtained by the mathematical statistical
method is:

Sp � −3.09tp + 0.015tp2 − 0.67 × 10−5tp3 + 2.13 × 10−8tp4

− 6.34 × 10−12tp5 − 0.019 (25)
It can be seen from Figure 13 that the formation time of the

vortex ring and the helicity coefficient are non-linear. The
function expression of the helicity coefficient and vortex ring
formation time obtained by the mathematical statistical
method is:

Hp � −1.17tp + 0.002tp2 − 1.93 × 10−6tp3 + 6.14 × 10−10tp4

+ 226.33 (26)
Through the numerical simulation and eddy dynamic

analysis of the jet propulsion jet vortex ring, it is learned
that a coherent vortex structure is generated in the wake area
of the water wake of the water jet propulsion nozzle tail, that
is, the “jet tail vortex ring”. The main factor affecting the
formation of the tail vortex ring is the time of vortex ring
formation. The long-pulse jet mode has a vortex ring
generated throughout the jet process. The formation of the
water jet tail vortex ring is mainly due to the influence of the
spray water flow by the control of the coiling action of the
surrounding water body, and the vortex ring of different
scales is rolled up in the near-wake of the water body through
the winding action. The near-wake area of the water at the tail
of the pump nozzle has the characteristics of the rapid growth
of the shear layer and the winding up of the large-scale
coherent vortex ring at a fixed time-frequency, and when

FIGURE 11 | Variations of vorticity coefficients under different
formation times.

FIGURE 12 | Changes of vortex intensity coefficients at different
formation times.

FIGURE 13 | Changes of helicity coefficient under different
formation time.
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the radial component of the velocity vector increases, the level of
environmental fluid entrainment is significantly increased. The
nonlinear variation relationship between the formation time of
the vortex ring and the dimensionless characteristic parameters
was obtained by combining vortex dynamics and mathematical
statistics.

4 MATHEMATICAL MODEL OF JET WAKE
VORTEX RING ON THRUST FORCE OF THE
PUMP

4.1 The Process of Establishing a
Mathematical Model
To analyze the nonlinear mathematical relationship
between the trailing vortex ring generated in the jet
propulsion process and the thrust characteristics. Based
on the mathematical model between the physical
characteristic parameters of the wake vortex ring and the
thrust, the physical characteristic parameters of the wake
vortex ring under the design condition of the water jet
propulsion pump were established to monitor. Finally,
the mathematical model of thrust with each parameter is
obtained.

Considering that the mathematical relationship between
the pump-water integrated thrust and the physical
characteristic parameters of the wake vortex ring is not
clear, this paper uses MATLAB programming to introduce a
method based on the Levenberg-Marquardt (hereinafter
referred to as “LM”) training algorithm and Back
Propagation Neural Network (hereinafter referred to as “BP
Neural Network”) combination. It can quickly realize the
modeling of the nonlinear system between the thrust of the
pump water body and the physical characteristic parameters of
the vortex ring.

In this paper, the physical characteristic parameters of
jet tail vortex ring of water jet propulsion include vortex
ring transmission speed, vorticity, vortex intensity, and
helicity, and the propulsion performance parameter is
thrust. Therefore, it determines the number of neurons
in the BP Neural Network input layer to be four. The
number of neurons in the output layer was determined
to be one.

According to the empirical formula, the number of hidden
layer neurons was determined as three. The structure of BP
Neural Networks is shown in Figure 14.

4.2 Determination of Mathematical Model
This paper constructs the BP Neural Network with four inputs and
one output. The above determination of the BP Neural Network
structure shows that the input layer consists of four neurons. It is
used to complete the input of four physical characteristic
parameters of a jet tail vortex ring in water jet propulsion. The
hidden layer consists of three neurons. It is used to complete the
spatial weighting of input signals and improve the ability of
complex mapping between input and output of nonlinear
systems. The output layer consists of one neuron. It is used to
complete the thrust output of the pump-water integrated system.

It is assumed that the signal transmitted from the input layer
to the hidden layer is x1、 x2、 x3, and the calculation formulas
are shown in Equation 27 and 28, and Eq. 29. Where w11 ~ w13

represents three weights corresponding to vortex ring
transmission speed vw. w21 ~ w23 represents the three weights
corresponding to vorticity Ω. w31 ~ w33 represents the three
weights corresponding to vorticity S. w41 ~ w43 represents the
three weights corresponding to helicity H. b1、 b2、 b3
represents the bias of the hidden layer respectively. The output
signals of the hidden layer are denoted as y1、 y2、 y3. The
calculation is shown in Eqs 30 and 31, and 32 respectively.

x1 � w11vw + w21Ω + w31S + w41H + b1 (27)
x2 � w12vw + w22Ω + w32S + w42H + b12 (28)
x3 � w13vw + w23Ω + w33S + w43H + b3 (29)

y1 � tan sig(x1) � 2
1 + e−2x1

− 1 (30)

y2 � tan sig(x2) � 2
1 + e−2x2

− 1 (31)

y3 � tan sig(x3) � 2
1 + e−2x3

− 1 (32)

The signal transmitted from the hidden layer to the output
layer is denoted as s. The calculation is shown in Eq. 33. w’

i1
represents the weight from the hidden layer to the output layer. b’

represents the offset of the output layer.

S � ∑3
i�1
y1wi1

′ + b′ (33)

The output signal of the output layer is denoted as T, which
represents the thrust of the water-jet propulsion pump-water
integrated system. The calculation is shown in Eq. 34. a and b
represent the coefficients of the linear transfer function purelin.

T � a⎛⎝∑3
i�1
y1wi1

′ + b′⎞⎠ + b (34)

The weights and biases read after the neural network training
are substituted into Eq. 35.

T � a( 5.4
1 + e−2x2

+ 0.012
1 + e−2x2

+ 0.012
1 + e−2x3

− 3) + b (35)

Therefore, by combining BP neural network and LM
algorithms, the physical characteristic parameters of the jet
wake vortex ring of water jet propulsion are established. It is
combined with the thrust to create mathematical modeling.

FIGURE 14 | Structure diagram of BP Neural Network.
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5 CONCLUSION

The submerged shear jet exists widely in the field of nature and
engineering technology. The dynamic response of the jet vortex
ring in the process of formation, enrolling, and mixing has a great
impact on practical engineering applications. In the study of the
submerged jet in the nozzle, the evolution of various scale vortex
systems, especially symmetrically distributed vortex systems, in
the submerged jet section is investigated by numerical simulation.
Meanwhile, the interaction between vortex patterns in the water
section is analyzed. This paper systematically reveals the vortex
ring mechanism during nozzle injection.

The nonlinear mathematical relationship between the time of
vortex ring formation and each dimensionless physical
characteristic parameter is established, and the hydrodynamic
theory is applied to compare the thrust characteristics generated
by the pump-water system and bare pump under the same
working conditions. The thrust generated is about 7% higher
than in the case of the bare pump.

The combination of BP Neural Network and LM algorithm is
used to realize the mathematical modeling of each parameter of
thrust and jet wake vortex ring.

In future studies, it is necessary to study the jet flow under
different nozzle shapes, injection angles, and nozzle outlet
diameters, to fully reveal the flow mechanism and influencing
factors of the jet tail vortex ring. The vortex systems with different

scales generated by the jet propulsion are studied, and the vortex
systems with different contributions are classified.
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Analysis of Transient Characteristics
of Submersible Tubular Pump During
Runaway Transition
Zhuangzhuang Sun1, Jie Yu1, Fangping Tang1*, Hengjun Ge2 and Haixia Yuan2

1College of Hydraulic Science and Engineering, Yangzhou University, Yangzhou, China, 2Yangzhou Survey Design Research
Institute, Yangzhou, China

In order to study the transient characteristics of the submersible tubular pump in the
process of power failure, the 6DOF model was used to carry out three unsteady numerical
values for the whole flow channel of the pump. The results show that the calculation results
of the 6DOF model based on the fourth-order multi-point Adams–Moulton formula are in
better agreement with the experimental results than the first-order format to predict the
impeller motion. When the unit is powered off, the speed and flow of the pump device
decrease rapidly with time. At the maximum head 3.41 m, when the unit enters the
runaway condition, the speed is about −1.88 times the initial speed and the flow rate is
about −1.98 times the initial flow. The axial force and radial force of the impeller increase
alternately, and compared with the normal operating condition, the radial force is
significantly increased. In the process of the pump device changing from forward flow
to reverse flow, the internal flow state of the pump device is relatively chaotic, and there are
a large number of vortices in the flow channel, which is easy to cause structural vibration.
Before reaching the runaway state, a large number of vortices also appear inside the
impeller and guide vane, causing flow blockage, especially when the flow rate is zero. At
the same time, the reverse flow impact causes the local pressure on the blade surface to
increase, which threatens the stability of the blade structure. The pressure at the impeller
inlet, impeller outlet, and guide vane outlet monitoring points is the largest near zero flow,
and the smallest during runaway. The main frequency of the pressure pulsation in the
pump device is the blade pass frequency (fBRF) and its harmonics (2fBRF, 3fBRF, 5fBRF, etc.),
and the pressure pulsation intensity increases with the increase of the impeller speed. The
results of this study provide a theoretical reference for the operation of the submersible
tubular pump to ensure the safety and stability of the pumping station.

Keywords: submersible tubular pump device, numerical simulation, power-off, 6DOF model, transient process

INTRODUCTION

The submersible tubular pump device is an electromechanical integrated pump device that combines
the pump and the submersible motor closely. Compared with the pump device using the
conventional motor, it has the advantages of compact structure and convenient installation and
is widely used in low-lift pumping stations such as inter-basin water transfer, agricultural irrigation,
and urban drainage (Yang, 2013). With the development of submersible motor, the impeller
diameter is also increasing, which puts forward new requirements for its safe and stable
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operation. It is generally believed that the hydraulic causes of
vibration, noise, and rupture of flow passage components of the
unit mainly include water excitation, blade cavitation, inlet swirl,
and rotating stall. In the event of power failure, the change of
working parameters of the pump device usually follows this series
of complex physical flow, which will cause great damage to the
pumping station unit (Chang, 2005; Xu, 2008).

At present, the research on the transient characteristics of
hydraulic machinery units generally adopts the external
characteristics based on the single element theory (Suter, 1966;
Yang and Chen, 2003; Dorfler, 2010) or the internal
characteristics (Liu and Chang, 2008; Guo et al., 2015; Zeng
et al., 2015) based on one-dimensional theory to predict the
changes of pressure, speed, torque, and other parameters in the
transient process, but it is difficult to capture the transient
characteristics of the internal flow field of the pump device. A
test is the most direct method to study the transient
characteristics of submersible tubular pump. However, due to
the limitations of cost, environment, and technical level of
operators, it is not easy to complete. With the development of
computational fluid dynamics (CFD) technology, the CFD
method has become a trend to study the three-dimensional
transient characteristics in the transition process of hydraulic
machinery. In recent years, many scholars have used the method
of CFD to study the transition process of hydraulic machinery
and have also achieved good results. Avdyushenko et al. (2013)
proposed a three-dimensional unsteady turbulent flow
calculation method for transient process simulation of
hydraulic turbines. The three-dimensional numerical
simulation of Reynolds-averaged Navier–Stokes equations was
combined with the one-dimensional equation of elastic hydraulic
shock propagation. The numerical results are in good agreement
with the experimental results. Zhou and Liu (2015) used the VOF
model to simulate the startup process of vertical axial flow pump
and studied the change process of air sac in a siphon outlet pipe
during the startup process. Li et al. (2015) carried out the
unsteady numerical simulation of the transient flow in the two
stages of pump startup and valve opening in a double suction
centrifugal pump closed system based on the SAS-SST (scale
adaptive simulation-shear stress transport) turbulence model. Li
(2012) studied the influence of three different startup
accelerations on the startup process of the oblique flow pump
and obtained the variation laws of the instantaneous head and
flow rate under different accelerations. Li et al. (2010) studied the
startup process of centrifugal pump in detail. The vortex
dynamics method was used to diagnose the transient flow field
distribution during the startup process. The peak value of BVF
(boundary vortex flux) and the BVF region with negative
contribution were obtained, which provided reference for
blade design. Zhang et al. (2014a) used a one-dimensional and
three-dimensional coupling method to simulate the load rejection
process of Francis turbine.

There are also many research studies on the calculation of
hydraulic machinery power failure process. On the basis of
solving the torque balance, Kan et al. (2020) and Kan et al.
(2021) used the VOF (volume of fluid) model to establish the
numerical calculation method of the power-off process of the

S-shaped axially extended tubular pump device. The research
shows that the CFD calculation results with the VOF model are
closer to the experimental results. During the power-off process,
the internal flow pattern of the pump device is complex, and there
are a large number of vortex structures. Luo et al. (2017) used
Fortran to carry out secondary development of ANSYS CFX to
study the transient characteristics of tubular turbine during
power failure. It was found that the relative flow angle at the
inlet of the turbine decreased during flight, and the de-flow
occurred on the surface of the blade, which was prone to
cavitation, and the eccentric vortex band in the draft tube
induced low frequency pressure pulsation. Xia (Zhang et al.,
2014b) used the three-dimensional numerical simulation method
to calculate the runaway process of a tubular prototype turbine
considering the influence of gravity factors. It was found that the
fracture of the wake vortex band led to the complex flow
structure, causing severe tail water pressure changes, and the
low frequency and high amplitude pressure pulsation was easy to
cause the vibration of the unit. Zhou et al. (2016) established a
three-dimensional turbulent numerical calculation method for
the runaway process of a model axial flow turbine through the
secondary development function of Fluent UDF and analyzed the
relationship between the maximum runaway speed and the blade
opening. Gou et al. (2018) used the three-dimensional coupled
turbulence calculation method combined with the VOF two-
phase flow model and single-phase flow model to study the
transition process of power failure and runaway in the pumped
storage pump station. It was found that a large number of eddy
currents in the runner formed a strong clockwise spiral vortex band
in the draft tube, which was the main reason for the low frequency
pressure fluctuation of the unit under runaway condition. Jin et al.
(2013) carried out numerical simulation on the inclined axial flow
pump device, and the flow rate and velocity under the runaway
condition are close to the experimental results. When the pump
device is powered off, the water flow changes from positive to
reverse, the impeller changes from positive to reverse, and the
movement of the impeller is complicated. However, the current
research mostly uses the first-order display format to predict the
impeller motion in the power-off process, and the calculation
accuracy is low (Menter et al., 2003).

There are few literature studies on the transient characteristics
of the power failure process of the submersible tubular pump
device. Based on the above deficiencies, the three-dimensional
numerical simulation of the power failure process of submersible
tubular pump is carried out by the ANSYS Fluent platform. At the
same time, a 6DOF model based on the fourth-order multi-point
Adams–Moulton formula is proposed to analyze the variation law
of performance parameters and the evolution process of the
internal flow field of the unit during the power failure process,
in order to provide a theoretical reference for the safe and stable
operation of the submersible tubular pump.

RESEARCH OBJECT

Based on a large submersible tubular pumping station, the main
design parameters of the submersible tubular pump device are

Frontiers in Energy Research | www.frontiersin.org June 2022 | Volume 10 | Article 8947962

Sun et al. Transient Characteristics During Runaway Transition

100

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


shown in Table 1. The GL-2008-03 hydraulic model is selected
for the pump impeller. The hydraulic model is the research result
of the research on several key technologies and application of
large-scale tubular pump key technologies in the South-to-North
Water Transfer Project, which is a major project of the National
Science and Technology Support Program of the Eleventh Five-
Year Plan. The main structure of the submersible tubular pump
device is shown in Figure 1. The inlet runner is the water flow
channel connecting the suction pool and the pump suction port,
and the outlet runner is the water flow channel connecting the
water pump outlet and the water outlet pool.

NUMERICAL CALCULATION METHOD

Turbulence Model
The numerical calculation is carried out based on ANSYS Fluent.
The control equation is the incompressible Reynolds time-
averaged equation:

zui

zt
+ uj

zui

zxj
� −1

ρ

z�p

zxi
+ μt

ρ

z2ui

zxjzxj
− zu′

iu
′
j

zxj
, (1)

where ρ is the density, u is the velocity, p is the pressure, and the
subscripts i, j denote the directions of the Cartesian coordinates.

The turbulence model is the SST k–ω model. The SST k–ω
model is modified by the standard k–ωmodel and the k–εmodel.
The model takes into account the near-wall performance of the
k–ω model and the far-field accuracy of the k–ε model and can
accurately predict the internal flow characteristics of the pump
(Kent, 1954). The transport equations of turbulent kinetic energy
k and specific dissipation rate ω in the SST model can be
expressed as follows:

zρk
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+ z

zxj
(ρujk) � Pk − βpρkω + z
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[(μ + μt

σω
) zω

zxj
] + Pωb,

(3)
The turbulent viscosity μt of the SST model is defined as

μt �
ρα1k

max(α1ω, SF2), (4)

where Pk is the production rate of turbulence, α′, β , βp, σk, α1,
and σω are model constants, S is a module of the strain rate tensor,
and F1 and F2 are mixed functions. SST k–ω model mixing
function construction and constant value can be found in the
study by Langtry and Menter (2009).

In unsteady calculations, by differencing the equations, the
governing fluid dynamics equations can be solved for each time
step. From the fluid domain calculations, the forces and moments
acting on the reservoir are calculated by integrating the pressure
on the surface.

Six-DOF Model
Knowing the forces and moments on the object, the motion of the
object is calculated by the 6DOF model. The power-off process of
the submersible tubular pump device is a process in which the
impeller loses power and passively rotates under the action of
water flow. 6DOF is used to simulate the movement of the
impeller. The 6DOF model was first applied for the study of
external ballistics and was established (Fowler et al., 1920) in the
early 20th century, but it was not until the 1950s that R.H. Kent
(Kent, 1954) from BRL (Ballistic Research Laboratory) and A.S.
Galbraith also from BRL redefined rigid body trajectory
systematically by the vector method, and the A.S. Galbraith
study was not published. The 6DOF model simplifies the
motion of the rigid body to the translation and rotation
around the centroid and predicts the motion of the rigid body
by numerically integrating the Newton–Euler motion equation.
In the numerical solution process of Fluent, the force and
moment acting on the rigid body are calculated according to
the integral of surface pressure (Snyder et al., 2003). For the
translational motion of the center of gravity, the control equation
is solved in the inertial coordinate system:

_�v � 1
m

∑ �f, (5)

where �v is the velocity vector of the rigid body moving along the
center, �f is the force at the centroid, and m is the mass of the
rigid body.

The rotational motion is more easily calculated in the body
coordinate to avoid the change of inertial characteristics in the
motion process:

TABLE 1 | Characteristic parameters of the pumping station.

Parameters Value

Diameter of the impeller 2.4 m
Number of impeller blades 3
Number of guide vanes 5
Rotating speed 169 r/min
Design net head 2.44 m
Design flow rate 20.56 m3/s
Maximum net head 3.41 m
Total unit moment of inertia 805 kg m2

FIGURE 1 | Three-dimensional model of the submersible tubular pump
device.

Frontiers in Energy Research | www.frontiersin.org June 2022 | Volume 10 | Article 8947963

Sun et al. Transient Characteristics During Runaway Transition

101

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


d �ωB

dt
� L−1(∑ �MB − �ωB × L �ωB), (6)

where �ωB is the angular velocity vector, L is the inertia tensor, and
�MB is the moment acting on the rigid body.
During the power-off process of the tubular pump, the motion

of the impeller is mainly the rotational motion around the axis,
and the translational motion is very small. During the power
failure process of the tubular pump, the motion of the impeller is
mainly the rotational motion around the axis, and the
translational motion and rotational motion in other directions
are very small. For the axial rotational motion, it can be calculated
as follows:

d �ωB

dt
� L−1 ∑ �MB. (7)

In case 1, the first-order display format adapted from the study
by Kan et al. (2020) was used to solve the above differential
equations, and the rotational speed �ωB at time step k+1 is
determined as follows:

�ωk+1
B � �ωk

B + L−1 ∑ �MBΔt, (8)
where Δt is the time step during calculation.

There is a large numerical error in the calculation of the first-
order display format, and this error will accumulate, which makes
the calculation result quite different from the actual result.
Therefore, the fourth-order multi-point Adams–Moulton
formula is used for numerical integration to determine the
speed in case 2, which is an important classical algorithm for
solving the initial value problem of differential equations and
widely used in aviation and other fields. The algorithm is as
follows:

�ωk+1
B � �ωk

B +
Δt
24

⎛⎝9
d �ωk+1

B

dt
+ 19

d �ωk
B

dt
− 5

d �ωk−1
B

dt
+ d �ωk−2

B

dt
⎞⎠. (9)

Boundary Conditions and Numerical
Methods
The system reference pressure is set to 1 atmospheric pressure,
and the pressure inlet and pressure outlet conditions are adopted.
The inlet relative pressure is set to 0 Pa, and the outlet relative
pressure is the pressure corresponding to different head
conditions. The impeller is the rotating domain, the axis z is
the rotating axis, the initial speed of the impeller is 169 r/min, and
the rest is the stationary domain. The inlet and outlet channels of
the submersible tubular pump device, the wheel hub, the shell,
and the guide vane of the impeller are applied without slip
conditions, and the wall function is used in the near-wall area
to adapt to the turbulence model. The dynamic mesh progressive
transient calculation is adopted. The motion of the impeller is
predicted by the 6DOF model, and the whole impeller domain is
set as the motion domain. Similar to the sliding mesh method, the
data transmission is realized through the interface before and
after the impeller, and the deformation of the mesh is not
involved in the movement of the impeller. The calculation

time is the time when the impeller passes through 10 circles,
and the impeller passes through 2° at each time step. The last
circle is retained as the initial condition for the calculation of the
power failure process of the pump device.

The runaway speed is usually checked according to the
maximum head in the design of pump station, so the
maximum head condition is selected for numerical calculation.
The initial calculation state of the power-off process is H0 =
3.41 m, Q0 = 18.7 m3/s, n0 = 169 r/min, M0 = 45.2 kNm. The
calculation time step of the power-off process is 0.001 s, even if
the rotation angle of the impeller reaching the maximum speed
within each time step does not exceed 2°, which meets the
requirements of the rotor–stator interaction (RSI) (Choi and
Moin, 1994; Naidu et al., 2019). To ensure convergence,
iteration is 60 steps in each time step. The finite volume
method is used to discretize the equations, the gradient
discrete method in the equations is least squares cell-based,
the pressure term is in the PRESTO format, and the
convection term, turbulent kinetic energy, and dissipation rate
are in the third-order Runge–Kutta format. The PISO algorithm,
a non-iterative algorithm for solving coupled velocity and
pressure, is used to solve the flow field equations
simultaneously, and the interface is used to transfer
information between different regions.

Meshing and Irrelevance Analysis
The block grid division strategy is adopted, in which the impeller
and guide vane regions are divided by a hexahedral structured
grid by Turbogrid. The block grid division strategy is adopted.
Except for the bulb break, which is divided by unstructured grids,
the rest of the calculation area is divided by structured grids. The
grid parameter y+ is a dimensionless quantity (Fernholz and

FIGURE 2 | Distribution of y+ on the blade surface.
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Finley, 1980) describing the distance from the first layer of grid to
the wall, defined as

y+ � Δyρup

μ
� Δy

v

��
τw
ρ

√
, (10)

whereΔy is the height from the first layer of mesh to the wall, u* is
the friction velocity near the wall, μ is the fluid viscosity, v is the
fluid kinematic viscosity, and τw is the wall shear stress.

Maintaining the same topological structure, the global
maximum grid size is used to control the grid density of each
computational domain, and the local grid of each computational
domain is specially encrypted to ensure the quality of the grid. In
this study, in the impeller and other main flow components, y+ is
within 30, and y+ on the blade surface is shown in Figure 2, which
basically meets the requirements of SST k–ω turbulence model for
near-wall grid quality. Moreover, the orthogonality of most of the
grid elements of the impeller and guide vane is above 0.9, and the
element volume ratio is less than 20.When the head is 3.41 m, the
whole flow channel is calculated, and the grid independence is
detected with the flow and torque calculation results as the
indexes. The calculation results are shown in Figure 3. When
the grid is increased to more than 6.53 million, the flow and
torque change tends to be stable. Using the grid convergence
method GCI (Grid Convergence Index) recommended by Roache
(2003), based on Richardson extrapolation theory, when the grid
number is 6.53 million, the uncertainty of flow and torque is 2.1%
and 1.3%, respectively, which meets the grid independence
requirements. Considering the calculation time and calculation
accuracy, the final calculation grid number is determined to be
6.53 million. The grid of the main components is shown in
Figure 4.

Figure 5 shows the comparison of energy characteristics
between the numerical calculation and the experiment results
under different flow conditions. It can be seen from the figure that
affected by the solution accuracy, the Q–H curve obtained by
numerical calculation is lower than the experimental result,

which is mainly because the frozen rotor method is used in
the steady simulation, and the relative position of the runner and
the guide vane is fixed, which is different from the actual
situation. However, in the entire calculation range, the
numerical simulation results are basically consistent with the
external characteristic relationship curve obtained from the
experimental results. There is a certain deviation in the head
under small flow conditions. This is mainly because the small flow
conditions are close to the saddle area and the internal flow is
more complicated, but the overall results are in good agreement,
so the numerical simulation results can be considered to be highly
reliable.

RESULTS AND DISCUSSION

Comparison of the Two Methods
Figure 6 shows the relative values of the external characteristic
parameters of the submersible tubular pump device during the
power-off process: n/n0, Q/Q0, and M/M0 change with time. The
entire power-off process can be divided into four stages: pump
mode, braking mode, turbine mode, and runaway mode. At t =
0~0.35 s, the pump works normally. The unit is powered off when
t = 0.35 s, and the impeller and water flow still move in the
original direction due to inertia. Due to the loss of power, the
values of various parameters dropped rapidly. Compared with
case 1, case 2 enters the braking mode earlier, and the braking
condition lasts longer. When entering the hydraulic mode, the
slope of the curve of case 1 is larger, that is, each parameter
decreases faster than that of case 2 with time, so that the duration
of the entire turbine mode is about 2s shorter than that of case 2.
When the runaway condition is reached, the reverse speed and
flow reach the maximum, the torque is zero, and the maximum
runaway flow and maximum runaway speed of case 1 are higher
than those of case 2.

During the runaway test, the head is provided by the auxiliary
pump, and the speed and flow rate are measured when the model
pump device reverses and the output torque is zero under
different heads. Runaway characteristics can be expressed by
the unit speed n’1,R and unit flow rate n’1,Q, calculated as follows:

n1,R
′ � nRD��

H
√ , (11)

n1,Q
′ � QRD

D2
��
H

√ , (12)

where nR andQR are the rotation speed and flow rate of the model
pump device. The unit speed and unit flow rate of the model
pump device are obtained from the test, and the rotation speed
and flow rate of the prototype pump device in the runaway state
under different head conditions can be obtained by conversion.
Figure 7 shows the comparison of the calculation runaway
rotation speeds and flow rates under different head conditions
with the model test results. Under different heads, the runaway
speeds calculated by case 1 and case 2 are larger than the test
results, and case 2 is closer to the test results. This may be because
the calculation ignores the friction torque of the radial bearing

FIGURE 3 | Grid independency test.
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and the rotor wind resistance torque, and there is a certain
deviation when the model is converted to the prototype itself.
In general, the 6DOF model solved with the fourth-order multi-
point Adams–Moulton formula has high accuracy in predicting
the power failure process of the submersible tubular pump device.
In case 2, t = 0~2.5 s belongs to the pump condition; at this stage,
the pump rotates in the forward direction and the water flow is in
the forward direction. When t = 2.5 s, the fluid in the device is
close to the transient static water body, i.e., Q/Q0 =0. Until t =
3.1 s, the speed is zero.When t = 16.3 s, the reverse speed and flow
reach the maximum, the torque is zero, the speed is about
−1.88 times the initial speed, and the flow is about
−1.98 times the initial flow. Compared with other pump
device types, because the device is a similar straight pipe, the
parameters of the unit drop faster when a power failure occurs,
which is more harmful.

Analysis of Impeller Force
In the process of power failure, the water flow changes from
forward flow to reverse flow. The changes in working conditions

FIGURE 4 | Three-dimensional model of the submersible tubular pump device: (A) pump unit; (B) submersible electric pump section; (C) pump section.

FIGURE 5 | Comparison of the head and efficiency under different flow
conditions.

FIGURE 6 | Relative values of dynamic parameter variations with time. (A) Case 1. (B) Case 2.
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aggravate the asymmetry and unevenness of the flow field
distribution in the pump. The uneven force on the pump
body is likely to cause vibration and noise. Decompose the
impeller force in the power-off process into two directions:
axial force FZ and radial force FR. Define the dimensionless
coefficient CF as

CF � 2F
ρU2

t A
, (13)

where Ut is the circumferential velocity at the top of the impeller
blade and A is the surface area of the blade. Figure 8 shows the
variation curves of the impeller axial force coefficient CFZ and the
radial force coefficient CFR calculated. As the working conditions
of the unit change, the alternation of axial force and radial force
gradually increases. The axial force of the unit presents a trend of
gradual increase after a rapid decline over time, and the axial force
varies greatly. The initial operating condition has the largest axial
force coefficient, about 0.142, and the smallest axial force
coefficient during the process is about 0.008, reaching a
runaway operating condition of about 0.045. The radial force

gradually increases with time, the average radial force coefficient
increases from 0 to 0.004, and the radial force increases
significantly.

Internal Flow Field Analysis
Figure 9 is a longitudinal section pressure distribution and
velocity streamline diagram of the submersible tubular pump
device at the characteristic time. In the figure, the inlet of the left
runner is the low-pressure side and the outlet of the right runner
is the high-pressure side. When the unit is working normally, as
shown in Figure 9A, the water flow is affected by the work done
by the impeller and is from the low-pressure side to the high-
pressure side. The streamline on the inlet side is straight, and the
outlet side has multiple low-speed vortices propagating
downstream due to the influence of the residual circulation of
the guide vane outlet. When the unit is powered off, the
functional power of the impeller drops rapidly. Under the
action of the inlet and outlet pressure difference, part of the
water flow starts to flow from the high-pressure side to the low-
pressure side, and the vortex is formed by the collision of two
water flows. WhenQ = 0, as shown in Figure 9B, the inside of the
device is approximately still fluid, and a large range of vortices still
remain from the streamline. There are also large vortices inside
the bulb body, the motor of the submersible tubular pump device
is located in the bulb body, and the generation of the vortex easily
threatens the stability of the bulb body structure. When n = 0, as
shown in Figure 9C, the reverse flow increases and the internal
flow in the inlet channel is reformed, while the flow reformation
of the outlet flow channel is relatively lagging, and there is still a
certain vortex. Then, the unit enters the working condition of the
turbine, and the increase of the reverse flow improves the flow
pattern of the outlet flow channel, but at the same time, the
accelerated rotation of the blades forms a vortex in the inlet flow
channel. As shown in Figure 9D, in the runaway condition where
the reverse flow rate and reverse rotation speed reach the
maximum, the flow line in the outlet flow channel is smooth,
and the inlet flow channel has a vortex similar to the draft tube of
a hydraulic turbine propagating downstream.

Figure 10 shows the velocity streamline of the middle flow
surface of the pump section at the characteristic time. When the

FIGURE 7 | Comparison of the runaway rotation speeds (A) and flow rates (B) under different heads.

FIGURE 8 | Force coefficient variations with time.
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pump is working normally, due to the deviation of the pump
operating conditions from the design conditions, the vortex
formed by flow separation is on the back of guide vane. When
the forward flow rate is zero, the flow pattern in the middle flow
surface is relatively chaotic. The water flow in the impeller is
mainly in the circumferential direction, affected by the rotation of
the impeller. There are also many vortices in the guide vane area,
causing flow blockage. When the rotation speed is zero, the
reverse flow of water flow improves the flow state in the guide
vane, but due to the too large angle of attack of the water flow
relative to the impeller, the flow separation occurs at the trailing
edge of the blade. When the runaway condition is reached, the
flow state of the intermediate flow surface is relatively good, and
there is no obvious vortex.

With the development of the power-off process of the pump
device, the flow state of the pump inlet and outlet changes.
Figure 11 shows the distribution of the velocity flow angle
(the angle between the cross-sectional velocity and the
circumferential velocity) at the impeller inlet, the impeller
outlet, and the guide vane outlet at different times. When the
pump is working normally (t = 0 s), the liquid flow angle at the
inlet of the impeller is all around 90°, the water flow is

approximately vertical inflow, and the liquid flow angle at
the outlet of the impeller is greater than 90° due to the
rotation of the impeller, and there is a backflow near the
hub. The outlet of the guide vane is affected by the recovery
circulation of the guide vane, which is similar to the vertical
outflow, and there is also a de-flow at the hub. When the flow
rate is 0 (t = 2.5 s), the velocity flow angle at about 3/4 of each
section is negative, indicating that the water flow is reverse flow,
and the negative liquid flow angle is distributed on the hub and
rim side. With the development of time, the reverse flow is
strengthened, and the outlet of the guide vane becomes the inlet
of the water flow. When the rotation speed is 0, except for the
recirculation area formed by the impact of the water flow on the
shroud side of the guide vane outlet, the liquid flow angles of the
impeller inlet and outlet sections are all negative values, and the
flow is completely reverse flow. When t>2.5 s, the reverse
rotation speed gradually increases with time, and the
impeller’s intervention effect on the water flow is enhanced,
which makes the inlet and outlet flow angles of the impeller tend
to increase. The outlet of the guide vane is mainly affected by the
reverse flow, and the recirculation area at the wheel rim
gradually decreases.

FIGURE 9 | Streamline distribution and static pressure contours in the horizontal plane of the pump: (A) t = 0 s; (B) t =2.5 s; (C) t = 3.1 s; (D) t = 16.3 s.

FIGURE 10 | Distribution of velocity streamlines at medium span.
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Figure 12 is a cloud diagram of the blade surface pressure
distribution at a characteristic time. When the pump is working
normally, the pump pressure surface pressure is greater than that
on the suction surface as shown in Figure 12A. The pressure
distribution on the blade surface from the leading edge to the
trailing edge shows a good gradient, the pressure on the pressure
side shows a decreasing trend, while the suction side shows an
increasing trend. As the positive flow rate decreases, part of the
kinetic energy is converted into pressure energy. When the flow
rate is zero, as shown in Figure 12B, there is no axial movement
of water flow in the impeller, the pressure on the blade surface is
uniformly distributed, and the pressure on the blade pressure
surface and the suction surface pressure are almost equal. With
the end of the pump condition, the reverse flow shock first causes
the pressure in the local area of the blade pressure surface to
increase, as shown in Figure 12C, which affects the stability of the
blade structure. When the runaway condition is reached, as
shown in Figure 12D, the angle of attack of the water flow
relative to the blade airfoil is close to zero-lift, and there are a wide
range of low-pressure areas on the suction surface of the blade.

Pressure Pulsation Analysis
In order to study the internal pressure pulsation of the pump unit
during a power-off, monitoring points are set at the impeller inlet,
impeller outlet, and guide vane outlet. The locations of the
monitoring points are shown in Figure 13. Figure 14 shows
the variation of pressure at the monitoring points with time.
When the unit is working normally, the pressure surface and the

FIGURE 11 | Distribution of the velocity flow angle at different times: (A) impeller inlet; (B) impeller outlet; (C) guide vane outlet.

FIGURE 12 | Pressure contours on blade pressure and suction surfaces at different times: (A) t = 0 s; (B) t =2.5 s; (C) t = 3.1 s; (D) t = 16.3 s. (The left side is the
pressure side, and the right side is the suction side.).

FIGURE 13 | Pressure pulsation monitoring points.
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suction surface have a large pressure gradient, which makes the
pressure at the monitoring point in front of the impeller change
regularly. When the unit is powered off, the speed of the water
pump drops sharply, the forward flow velocity of the water flow
decreases rapidly, causing the pressure at monitoring points
P1–P3 before the impeller to rise until the forward flow is
zero, and the average pressure in front of the impeller reaches
the maximum value. Then, the reverse flow in the device
increases, making the pressure in front of the impeller drop.
As the pump enters the runaway condition, the reverse flow is the
largest, and the average pressure at the monitoring point in front
of the impeller reaches the minimum. The change of pressure at
the monitoring points P4–P7 is the same as that at the monitoring
point before the impeller when the unit is working normally.
When the unit is powered off, the head of the impeller drops
rapidly, the pressure of the water flowing through the impeller
decreases rapidly, and the pressure at the monitoring points
P4–P7 drops rapidly. The subsequent changes are similar to
those of the monitoring points before the impeller. When the
forward flow is the smallest, the average pressure reaches its
maximum value and then continues to decrease. In the runaway
condition, the average pressure reaches its minimum value. At the
same time, the pressure fluctuations at the monitoring points are
related to the speed of the impeller. The greater the speed, the
greater the pressure fluctuation. At the same time, the pressure
fluctuations before and after the impeller gradually decrease from

the shroud to the hub. Compared with that at the monitoring
points P1–P6, the pressure alternating at the monitoring point P7
at the outlet of the guide vane is smaller due to the distance from
the impeller.

For further analysis of pressure pulsation, HHT
(Hilbert–Huang transform) was used to process the pressure
value. HHT is a new type of adaptive signal time–frequency
processing method, which is different from STFT (short-time
Fourier transform) and CWT (continuous wavelet transform). It
does not require any basis function and is suitable for the analysis
and processing of non-linear and non-stationary signals (Huang
and Wu, 2008). The main content of HHT includes two parts:
modal decomposition and Hilbert transform. Modal
decomposition originally adopted EMD (empirical mode
decomposition) (Huang et al., 1998; Wu and Huang, 2009),
which was proposed by Huang. EMD is often referred to as a
screening process. This screening process can decompose the
complex signal into a finite number of IMFs (intrinsic mode
functions), and each of the decomposed IMF components
contains local characteristic signals of different time scales of
the original signal. But when EMD decomposes the signal, there
will be modal confusion, end effect, and curve problems.
Therefore, VMD (variational mode decomposition) is used for
modal decomposition in this paper (Dragomiretskiy and Zosso,
2014). VMD is an adaptive signal processing method; by
iteratively searching for the optimal solution of variational

FIGURE 14 | Time domain of the pressure fluctuation: (A) monitoring points P1–P3; (B) monitoring points P4–P7.

FIGURE 15 | Spectrum analysis at monitoring point 1: (A) HHT; (B) STFT; (C) CWT.
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mode and constantly updating each mode function and central
frequency, several mode functions with a certain broadband are
obtained. To remove edge effects, the algorithm extends the signal
by mirroring half its length on either side. The second part is HT
(Hilbert transform); the Hilbert transform of each IMF is
obtained on the basis of VMD. Figure 14 shows the frequency
spectrum of monitoring point P1 obtained by using HHT, STFT
(window: kaiser), and CWT (wavename: Morlet). Figure 15
shows the frequency spectrum of monitoring point 1 obtained
by using HHT, STFT (window: kaiser), and CWT (wavename:
Morlet). The blade rotation frequency is defined as fBRF = 3n/60.
Compared with CWT and STFT, the time-spectrum frequency
distribution obtained by HHT is more concentrated, all near the
leaf frequency, avoiding the harmonic frequency (2 fBRF, 3 fBRF,
etc.) components caused by the basis function of CWT and STFT.

Figure 16 shows the Hilbert spectrum obtained after HHT
transformation. The blade rotation frequency is defined as fBRF =
3n/60. The rotation speed of the impeller is the amount that
changes with time, so the rotation frequency also changes with
time. The instantaneous energy from the shroud to the hub shows
a decreasing trend, which is consistent with the pressure
fluctuation trend analyzed above. The main instantaneous
energy of the monitoring points P1–P3 appears after about 6s,
the frequency is concentrated around fBRF, and the instantaneous
energy gradually increases with time. The main instantaneous
energy of the monitoring points P4–P6 also appears after 6 s, and
the maximum instantaneous frequency is also concentrated
around fBRF. With the increase of flow and speed, high
frequency components appear at monitoring points. The
frequency component of monitoring points 4 and 5 is 2 fBRF,

3 fBRF, and 5 fBRF, the guide vanes are 5, and 5 fBRF are the
frequencies due to static and dynamic interference. However, the
frequency component of monitoring point P6 is 2 fBRF, 3 fBRF, and
4 fBRF, and monitoring point 6 pressure is less affected by
dynamic and static interference. The outlet of the guide vane
has high pulsation energy when the pump is working normally,
but when the power failure occurs, the monitoring point P7
pressure pulsation is weakened, and the main frequency is around
1 fBRF and 2 fBRF.

CONCLUSION

Using a 6DOF model based on the fourth-order multi-point
Adams–Moulton formula, this paper realizes the numerical
simulation of the submersible tubular pump device during the
power-off process and obtains the transient characteristics and
internal flow characteristics of the unit’s operating parameter
changes. It provides theoretical guidance for the stable operation
of the pumping station, which has great engineering significance.
The specific conclusions are as follows:

1. The 6DOF model based on the fourth-order multi-point
Adams–Moulton formula has high accuracy for predicting
themovement of the impeller during power failure. The results
obtained using the fourth-order multi-point Adams–Moulton
formula are more closer to the experimental values than the
commonly used first-order display format.

2. In the process of power failure of the submersible tubular
pump device, the flow of the pump device first changes from

FIGURE 16 | Hilbert spectrum of monitoring points: (A) P2; (B) P3; (C) P4; (D) P5; (E) P6; (F) P7.
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positive flow to reverse flow, and then the speed changes from
positive to reverse. The interval from zero flow to zero speed is
about 0.6 s. When the maximum head is 3.41 m, the speed is
about −1.88 times the initial speed and the flow is about
−1.98 times the initial flow.

3. The alternation of the axial force and radial force of the
impeller gradually increases. The time-averaged axial force
presents a trend of rapidly decreasing with time and then
gradually increasing, while the radial force gradually increases
with time, and the radial force coefficient increases
significantly compared with the initial state.

4. In the process of power failure, there are a lot of vortices inside
the device, especially when the flow is 0. There are also large
vortices near the bulb body, and the generation of the vortex
easily threatens the stability of the bulb body structure. There
are also a large number of vortices in the impeller and guide
vane. The impact of the reverse flow first causes the local
pressure on the blade surface to increase, which threatens the
stability of the blade structure.

5. Themonitoring points at the inlet of the impeller show a trend of
rising first and then falling with time. The monitoring points at
the outlet of the impeller and the guide vane decrease rapidly
when the power is turned off and then also show a trend of first
rising and then falling with time. The pressure of eachmonitoring

point is the highest near zero flow, and the pressure is the smallest
at runaway. The main frequency of the pressure pulsation in the
pump device is the blade pass frequency (fBRF) and its harmonics,
and the pressure pulsation intensity increases with the increase of
the impeller speed.
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Experimental Study on the Influence of
Particle Diameter, Mass
Concentration, and Impeller Material
on the Wear Performance of
Solid–Liquid Two-Phase Centrifugal
Pump Blade
Yanping Wang1, Weiqin Li 1, Tielin He1, Hao Liu2, Chuanfeng Han1 and Zucao Zhu1*

1Key Laboratory of Fluid Transmission Technology of Zhejiang Province, Zhejiang Sci -Tech University, Hangzhou, China,
2Zhejiang Province Institute of Metrology, Hangzhou, China

A centrifugal pump is an important solid–liquid mixture conveying machinery, which is
widely used in mineral mining, water conservancy engineering, and other fields. Solid
particles will wear the impeller of the centrifugal pump in the process of transportation,
resulting in lower service life of the impeller, especially in the transportation of a high
concentration of solid particles. Many scholars use numerical simulation to study the wear
of centrifugal pumps, but few efforts have been made in the wear experiment. In this study,
the effect of three factors, namely, diameter of solid particles, mass concentration of
particles, and material of impellers on the wear of a solid–liquid two-phase centrifugal
pump was studied by the wear experiment. The solid particles are SiO2 with irregular
shapes, and the diameter ranges are 0.125–0.212mm, 0.212–0.425mm, and
0.425–0.710mm. The mass concentration of solid particles is 15%, 20%, and 30%.
The material of impellers is carbon structural steel (Q235), gray cast iron (HT200), and low-
alloy high-strength steel (16 Mn). The amount of wear is determined by measuring the
thickness of the impeller material before and after wear experiments. The wear morphology
of the impeller was observed by using a digital microscope. The results showed that the
wear mainly concentrated on the middle and trailing edges of the blade. Impellers of
different materials suffer different wear forms, among which the impeller made of HT200
has the best erosion resistance. The increase of solid mass concentration will aggravate
the wear of the impeller. The change of particle diameters also has a great influence on
impeller wear.

Keywords: solid–liquid two-phase fluid, numerical simulation, particle diameters, mass concentration, erosionwear,
morphology characterization
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INTRODUCTION

Erosion wear of centrifugal pumps widely exists in the
transportation, aerospace, chemical, mining, environmental
protection, and other industries. Erosion wear generally refers
to the hard sand with a certain kinetic energy that repeatedly
impacts and cuts the surface of flow-through parts of the
hydraulic machinery and results in mass loss, which is a very
important cause of equipment failure or damage. The erosion
wear results in the decrease of centrifugal pump efficiency, which
will cause direct economic loss and energy waste.

Many scholars have studied erosion wear caused by
solid–liquid two-phase flow. Tarodiya et al. (Tarodiya and
Gandhi, 2019) carried out experiments on two kinds of sand
mud of equal size at two pump speeds and two flows and
examined the SCANNING electron microscopy (SEM)
images of wear samples, and the results showed that the wear
at the volute tongue was caused by both cutting and
deformation. Bozzini et al. (2003) simulated the particle’s
motion trajectory and collision velocity in the pipeline and
deduced the erosion model parameters based on the
experiment. Azimian et al. (Azimian and Bart, 2015)
conducted experiments on the centrifugal rotary wear
equipment and found that the size of erosion pits increases
with the increase in sediment concentration. Walker et al.
(Walker and Bodkin, 2000) summarized the influence of
solid particle size, solid–liquid two-phase fluid concentration,
and the rotation speed of the pump on wear and explained the
wear rule. Amaro et al. (2020) studied the effect of different
impact angles, impact distances, and particle sizes on the impact
fatigue life. Peng et al. (Guangjie et al., 2013) studied the
relationship between blade surface wear rate and sediment
concentration and obtained the distribution rule of the blade
surface wear rate. Islam et al. (Islam and Farhat, 2014) carried
out an erosion test on APL-X42 steel to study its erosion wear
performance under different erosion angles. Feng et al. (2020)
tested and analyzed WC-CO cemented carbide and found that
the anti-erosion performance of cemented carbide decreased
with the increase in WC grain size and Co content. Liu et al.
(2004) studied the erosion wear of the centrifugal mud pump
and the abrasion resistance of a new kind of anti-erosive wear
material (Al2O3) through experiments. The results showed that
wear of the pressure surface is more serious than that of the
suction surface. Compared with cast iron (FC20) and AISI
1316L stainless steel, Al2O3 had excellent anti-wear
performance. Walker et al. (Walker and Robbie, 2013)
measured the wear resistance of natural rubber, eutectic, and
hypereutectic white cast iron under the conditions of erosion
wear and compared the results with the wear of the materials in
a centrifugal slurry pump in a factory. In laboratory
experiments, the wear rate of hypereutectic white cast iron is
higher than that of eutectic white cast iron, and the wear rate of
natural rubber is much lower than that of eutectic white cast
iron. The aforementioned laboratory results are the opposite of
the field trial results. Walker believed that the aforementioned
difference is largely due to particle impact energy or
impingement angle and particle shape or size. Xiong et al.

(2013) carried out experimental studies on erosion wear of
Ti(C, N)-Mo2C-Co cermet in artificial seawater containing
SiO2 solid particles. The results showed that the adhesive
phase began to wear at first and gradually expanded and
fractured. Nguyen (Nguyen et al., 2014) conducted slurry
erosion tests on SUS-304 stainless steel. The results showed
that the corrosion rate is high at the beginning and gradually
decreases as the test time goes on. Arabnejad et al. (2015)
studied the impact of particle hardness on the erosion of
stainless steel at low impact velocity and found that the
erosion rate increased with the increase of particle hardness.
Shah and Jain (Shah and Jain, 2008) used computational fluid
dynamics (CFD) and studied the relationship between erosion
rate and flow velocity, slurry concentration, proppant (solid
particle) size, and density. The results showed that the slurry
flow rate was the most important factor affecting erosion, and
the slurry concentration and fluid viscosity had a greater
influence on the erosion rate. Shen et al. (2016) used
computational fluid dynamics (CFD) to study the wear of the
screw centrifugal pump when the transmission medium is
solid–liquid two-phase flow with large-size particles. The
research results showed that the volume fraction of the solid
phase has a greater impact on the trajectory when transporting
large particles, while for small particles, it has little effect.
Prasanna et al. (2018) successfully sprayed Stellite-6, 10%
Al2O3+90%CoCrTaY, and 25%Cr3C2-20(Ni-Cr)+75%NiCrAlY
on three kinds of turbine alloys: Ti-6Al-4V, Co-based superalloy
(Super Co 605), and Fe-based special steel (MDN121). The
microstructure and mechanical properties of the coating were
characterized. The research results showed that the relative
corrosion resistance of various coatings can be arranged in
the following order: Stellite-6> Cr3C2-20(Ni-Cr)+75%
NiCrAlY > Al2O3+90%CoCrTaY. Iwai et al. (Iwai and
Nambu, 1997) conducted tests on 13 kinds of materials,
including polymers, metals, and ceramics, and found that
among these materials, rubber had the best wear resistance
and polyurethane had the worst. Bansal et al. (2020) used
different influencing factors, namely, average erodent particle
size, slurry concentration, impact angle, and impact velocity to
test the anti-erosion performance of coated and uncoated SS410
steel and analyzed the effect of the thickness of the hydrophobic
coating on the anti-erosion performance. The results showed
that the PTFE coating with the smallest thickness had the lowest
corrosion rate compared with similar coatings. Medvedovski
et al. (Medvedovski and Antonov, 2020) tested the iron boride
coatings and carbon steel commonly used in industry and
observed the erosion surface using a scanning electron
microscope. All test results showed that the performance of
iron boride coatings is better than that of carbon steel. The
erosion mechanism of carbon steel is determined by plastic
deformation and ploughing, and the erosion mechanism of iron
boride coatings is related to microcracks such as in many
advanced ceramics. Singh et al. (2019) studied the erosion
performance of ceramic-reinforced WC–10Co4Cr cermet
coatings under different parameters. The microstructure
analysis showed that there were interlocked lamellae splats,
pores, and unmelted particles on the sprayed surface, and it
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has good anti-erosion performance in a weakly acidic
environment. Grant et al. (Grant and Tabakoff, 1975) verified
the erosion wear prediction model that was established on the
basis of considering the aerodynamic resistance of solid
particles, rebound dynamics of wall surface, and material
removal process. The predicted erosion wear amount and
erosion wear location of blades are almost consistent with
those of the tested. Dong et al. (Xing et al., 2009) analyzed
the position and process of pump wear through simulation and
experiment and found that the impact of pulverized coal with a
certain diameter, shape, impact velocity, and invasion angle on
the flowing parts would produce pits on the surface of the
flowing parts. Lai et al. (2019) combined the rebound model and
erosion model proposed by Grant and Tabakoff to study the
erosion wear problem of solid particles in a solid–liquid two-
phase centrifugal pump. The results showed that the maximum
erosion rate occurred at the impeller hub, and the most serious
erosion area of the blade was located at the leading edge between
55° and 60° curvature angle. Liu et al. (Liu and Zhu, 2011)
analyzed the wear characteristics of the impeller of the
centrifugal sewage pump and proposed measures to reduce
the wear of the impeller. The research results can provide
theoretical reference for the optimal design of the centrifugal
sewage pump. Ojala et al. (2016) revealed the behavior
differences of different materials under mud erosion
conditions. The wear surface analysis shows that relative
wear properties of steel increase with the increase of abrasive
size, while the relative wear properties of elastomer decrease
with the increase of abrasive size. Marshall et al. (Marshall,
2009) reviewed the forces and torques applied to particles by
fluid motion, particle–particle collision, and van der Waals
forces. The effects of different parameters on the normal
collision and adhesion of two particles are studied in detail.
Ovchinnikov et al. (2019) proposed a calculation method for the
maximum metal consumption loss of the impeller of a single-
stage centrifugal pump, and the results show that this method
can effectively reduce the residual deformation risk of the
pump shaft. Oka et al. (2005) proposed an equation that can
predict the impact wear of solid particles, which is applicable to
any impact condition and any type of material. Through erosion
experiments on several materials, the results show that the
erosion damage is related to the initial hardness, plastic
deformation characteristics, or brittleness of materials. Boon
et al. (Ng et al., 2008) conducted a numerical simulation on
dense solid–liquid two-phase flow and found that particle
friction is an important factor in establishing the constitutive
equation of dense particle flow. Aslfattahi et al. (2020) used
nanomaterials (MXene) with the chemical formula Ti3C2
together with silicone oil for the first time to improve the
thermophysical properties of Mxene-based silicone oil. Das
et al. (2021) and Rubbi et al. (2021) reviewed the
applications of ionic liquids and ionic fluids in different solar
systems and the latest progress of nanoparticles in solar systems.
Samylingam et al. (2020) synthesized nanomaterials (MXene)
with the chemical formula Ti3C2 by the wet chemistry method,
suspended its suspension in pure oil palm oil (OPO), and
prepared a new type of heat transfer fluid. Kadirgama et al.

(2021) used nanomaterials (MXene) and ethylene glycol (EG) as
the base liquid to prepare a homogeneous mixture of nanofluids
with good optical properties, which might enable high optical
performance applications in the solar system.

Most of the abovementioned research studies are based on
the condition of large particles and low concentration, but a few
research studies on the wear of high-concentration fine particles
on the centrifugal pump are carried out experimentally.
However, the collision frequency of dense fine particles with
a wall surface is much higher than that of large particles,
resulting in different wear characteristics. In order to enrich
the wear research of centrifugal pumps under the condition of
dense fine particles, the wear tests of the solid–liquid two-phase
centrifugal pump impeller under different high mass
concentrations, fine particle diameters, and impeller materials
were carried out in this study.

EXPERIMENTAL APPARATUS AND
METHOD

Figure 1 shows the schematic diagram of the wear
experimental system, while parameters of the main
components related to the experimental system are shown
in Table 1. The pressure sensor and electromagnetic flow
sensor are used to monitor the centrifugal pump operation
during the test. The running time is 72 h per test, and the
rotation speed r = 1450 rpm. The valve is adjusted to ensure
that the inlet flow reaches the rated flow of 16 m3/h. The
impellers of the tested pump were made of three materials,
namely, carbon structural steel (Q235), gray cast iron (HT200),
and low-alloy high-strength steel (16 Mn). The major
properties of the three materials are shown in Table 2.
Considering economy, universality, and no pollution, SiO2

particles were chosen as solid components with 2650 kg/m3

density and 475 MPa Brinell hardness, and the particle
diameter ranges are 0.125–0.212 mm, 0.212–0.425 mm, and
0.425–0.710 mm, as shown in Figure 2.

An ultrasonic thickness gage (Figure 3A) was used to measure
the thickness of the blade. The wear loss of the blade is expressed
by the variation of blade thickness at the measuring position
before and after the wear experiment, namely,Δ � T1 − T2, where
Δ is the thickness variation; T1 is the thickness of the blade at the
measuring position before the experiment; T2 is the thickness of
the blade at the measuring position after the experiment. For
every measuring position, measurements are taken three times
and their average value is calculated. The measurement
uncertainty of the thickness is estimated as ±0.27%. A digital
microscope (Figure 3B) was used to observe the wear
morphology of the blade surface. The observation sites were
the head and tail of the pressure surface of impellers of
different materials.

As shown in Figure 4, the blades of the experiment impeller
(Figure 4A) are numbered 1 to 5, the seventeen measuring points
are evenly arranged on the pressure surface of each blade, and the
longitudinal distance of each measuring point is 5 mm; the
transverse distance is 10 mm (Figure 4B).
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RESULTS AND DISCUSSION

Many scholars (Walker and Bodkin, 2000; Liu et al., 2004;
Guangjie et al., 2013) have found that the wear of the impeller
pressure surface is much more serious than that of the suction
surface. This is because the density of particles is higher than that
of water, and they tend to gather at the pressure surface end under
the action of centrifugal force. Therefore, this work mainly
analyzes the wear of impeller pressure surface by measuring
point data, wear morphology, and electron microscope
observation.

Influence of Mass Concentration on
Impeller Erosion Wear
This section analyzes the influence of mass concentration on
impeller erosion wear. The experiment was conducted under
mass concentrations of solid 15, 20, and 30%, the material of
impellers is Q235, and the solid particle diameter is
0.125–0.212 mm.

Figure 5 shows the mean value of blade thickness at the
measuring point corresponding to different mass concentrations.
It can be seen that the wear loss increases with the increase in
concentration, but there is no linear relationship, which is
consistent with the numerical simulation results of Lai (Lai
et al., 2019) and Noon (Liu and Zhu, 2011).

Figures 6, 7 show the surface condition of the impeller after
the wear experiment. The parts in the red circle are the parts
with obvious wear (same in the following). It can be seen that the
middle and tail sections of the pressure surface are the most
severely worn parts. This is because the rotating movement of
the impeller produces centrifugal force, which induces the
particles to move along the pressure surface to the volute,
and in this process, the particles have a cutting effect on the
pressure surface. As the mass concentration increases, the wear
on the pressure surface of the impeller gradually increases,
especially at the tail of the blade; at the same time, the wear
area expands.

FIGURE 1 | Schematic diagram of the experimental system. 1- Electrical machinery, 2- Test prototype pump, 3- Outlet pressure sensor, 4- Electromagnetic
flowmeter, 5- Outlet valve, 6- Agitator motor, 7-Agitator tank, 8- Agitator, 9-Inlet valve, 10-Inlet pressure sensor.

TABLE 1 | Main component parameters of the experimental system.

Component Type Specification Precision

Electrical machinery YTL2-112M-3 3.0 kW, 1450 rpm \
Test prototype pump 1PN/4-3 kW 16 m3/h, 13 m \
Pressure sensor SCYG310 −150–150 kPa ±0.5%
Electromagnetic flowmeter LDG-SUP 2.26–22.6 m3/h ±0.5%
Ultrasonic thickness gage PX-7DL 0.15–25.40 mm 0.001 mm
Digital microscope VHX-2000 0.1X~5000X —

TABLE 2 | Basic properties of metal impeller materials.

Materials Density/g·cm−3 Hardness HB/MPa Tensile strength/MPa

Q235 7.85 150–165 370–500
16 Mn 7.85 150–170 490–675
HT200 7.2 163–255 ≥200

FIGURE 2 | Particle morphology.
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Figure 8 shows that the thickness variation at the measuring
point is related to the different mass concentration. The wear is
more serious at the middle and trailing edge of the blade; this is
because the solid particles are affected by the vortex flow in the

middle and tail section of the impeller passage, resulting in the
impact of solid particles on the pressure surface. Therefore, the
wear on this area will be affected by the combined impact damage
and cutting damage, which could lead to the wear increase.

In Figure 8A, from point 1 to point 11 of the No. 1 blade, the
wear loss fluctuates around 0.4 mm. Along the axial direction of
the impeller, the wear of the middle area of the blade (the position
of points 2, 5, 8, and 11) is more serious than that of both ends of
the blades (the position of points 1, 4, 7, 3, 6, and 9).

It can be seen from Figure 8B that the wear of the trailing edge of
the blade is more serious. Along the axial direction of the impeller,
the upper edge of the blade (the position of points 1, 4, 7, 10, 12, 14,
and 16) is more worn. At some measuring points (the positions of
point 16 of the No. 2 blade and point 17 of the No. 4 blade), the
thickness variation is negative. The main reason is that the area is
close to the head of the blade, and impact wear is more serious than
sliding wear, so it is more likely to produce an “extrusion lip”.

Figure 8C shows that thickness variation at the position of the
measuring point when the mass concentration is 30%, which
expresses that the wear of the trailing edge of the blade is more
serious. Along the axial direction of the impeller, the wear in the
middle of the blade (the position of points 2, 5, 8, and 11) is more
serious than that of both ends. From point 1 to point 14, the wear
loss of each blade is greatly different, while from point 14 to point
17, the wear loss of each blade is nearly similar.

FIGURE 3 | (A) Ultrasonic thickness gauge; (B) Digital microscope.

FIGURE 4 | (A) Experiment impeller; (B) Measuring point on the impeller model.

FIGURE 5 | Mean thickness of the blade at the measuring point related
with different mass concentrations.
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According to Figure 8, the thickness variation at the
measuring point of each blade in the same impeller is very
close. When the mass concentration is 20 and 30%, the
thickness variation value from the head of the blade to the
trailing edge of the blade tends to increase, which is due to
the secondary flow generated near the trailing edge of the blade
when the mass concentration is higher. The secondary flow
causes solid particles to scour the blade surface repeatedly,
which leads to increased wear. The secondary flow is relatively

small when the mass concentration is 15%. This result is
consistent with the numerical simulation results of Dong Xing
(Xing et al., 2009).

Influence of Solid Particle Diameters on
Impeller Erosion Wear
This section analyzes the influence of solid particle diameters on
impeller erosion wear. The experiment was conducted under the

FIGURE 6 | Blade wear under different mass concentration. (A) 15%, (B) 20%, and (C) 30%.

FIGURE 7 | Pressure surface wear under different mass concentration. (A) 15%, (B) 20%, and (C) 30%.

FIGURE 8 | Thickness variation of the blade at measuring points related with different mass concentrations (A) 15% mass concentrations, (B) 20% mass
concentrations, and (C) 30% mass concentrations.
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solid particle diameter 0.125–0.212 mm, 0.212–0.425 mm, and
0.425–0.710 mm. The mass concentration of solid is 30%, and the
material of impellers is Q235.

As can be seen from Figure 9, when the particle size is
0.212–0.425mm, the variation of blade thickness is the largest.
When the solid particle diameter is 0.425–0.710mm, the variation
of blade thickness is the minimum. As the particle diameters increase,
the wear first increases and then decreases. The reason for this result is
related to the “size effect” of particles. At the condition of higher mass
concentration, the increase of particle diameters will lead to decrease
in the number of particles in per unit volume, which causes the
decrease of impact between particles and blade surface. The “size
effect” of the particles can reduce the wear.

From Figure 10, with the increase of the solid particle size, the
wear of the blade near the front cavity increases, and the wear of
the hub surface increases. That is because the larger the particle
size of the solid particles, the greater the momentum and inertial
force of the solid particles. When the particles enter the cavity of
the centrifugal pump, the velocity component of the particles in
the circumferential direction is smaller, which will directly impact
the hub.

According to Figure 11, the wear of the pressure surface of the
blade is more serious, and it is concentrated at the tail and middle
part of the pressure surface. The reason for this phenomenon is
that the larger the particle size, the greater is the inertia that will
cause the particles to move to the tail of the pressure surface,
which will eventually cause more serious wear on the blade
surface; as the particle size increases, the wear of the pressure
surface of the blade has a tendency to spread to the head of the
blade. The area where the pressure surface of the blade is close to
the front cavity side is more severely worn. The reason is that the
experimental prototype pump is an open impeller, and the
internal flow channel will produce a split, which will cause
serious wear on the edge of the blade. When the particle size
is 0.212–0.425mm, the wear of the pressure surface is more severe
than when the particle size is 0.125–0.212 mm and
0.425–0.710 mm.

As shown in Figure 12A, when the solid particle diameter is
0.125–0.212 mm, the thickness variation of the head and tail of
the five blades is relatively close, and there is no obvious
regularity. The thickness variation at the position of point 15
on No. 1 blade, point 2 on No. 2 blade, point 12 on No. 4 blade,
and point 12 on No. 5 blade is large, all exceeding 0.7 mm. The
thickness variation at the position of each point on the No. 3 blade
is relatively close, and there is no large fluctuation. The heads of
the No. 4 blade and No. 5 blade (the position of points 13, 14, 15,
16, and 17) are more worn.

FIGURE 9 |Mean value of blade thickness at the measuring point related
with different particle diameters.

FIGURE 10 | Blade wear under different particle sizes. (A) 0.125–0.212 mm, (B) 0.212–0.425 mm, and (C) 0.425–0.710 mm.

FIGURE 11 | Pressure surface wear under different particle sizes. (A) 0.125–0.212 mm, (B) 0.212–0.425 mm, and (C) 0.425–0.710 mm.
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Figure 12A shows that the thickness variation at the
measuring point when the solid particle diameter is
0.212–0.425 mm. Along the axial direction of the impeller, the
upper edge of the blade (the position of points 1, 2, 4, 5, 7, 8, 10,
11, and 12) is more worn. The blades of impeller 5 are worn
lighter than the blades of the other four impellers. At points 12,
13, 14, 15, 16, and 17, the wear loss is almost the same and
fluctuates about 0.243 mm.

Figure 12B shows the thickness variation at the position of the
measuring point when the solid particle diameter is
0.425–0.710 mm. The degree of wear in different areas of the
blade surface has a great difference. At points 11, 12, 13, 14, 15, 16,
and 17, the wear loss is almost the same and fluctuates about
0.125 mm. The wear loss at different positions of the No. 5
impeller fluctuates about 0.382 mm. This situation is very
different from other impellers.

For different mass concentrations, the most severe position
of blade wear is the trailing edge. The reason is related to the
fluidity and movement state of solid particles in high mass
concentration. When the particle diameter is small, the particle
flow is more fluid. When the particles enter the impeller
channel, the axial velocity increases faster. Therefore, the
impact of the blade is less, which causes little difference in
wear at each measuring point. When the particle diameter is
large, the fluidity of the particles becomes worse, and the
interaction between the particles suppresses the movement of
the particles. When the particles enter the impeller channel, the
axial velocity increases slowly, so it will impact the pressure
surface at the middle and trailing edge of the blade strongly,

which will cause more serious wear in these positions. This
result is consistent with the numerical simulation result of Liu
(Ojala et al., 2016).

Influence of Impeller Material on Impeller
Erosion Wear
This section analyzes the influence of impeller material on
impeller erosion wear. The experiment was conducted under

FIGURE 12 | Thickness variation of the impeller at measuring points related with different particle diameters (A) 0.125–0.212 mm, (B) 0.212–0.425 mm, and (C)
0.425–0.710 mm.

FIGURE 13 | Mean thickness value of different material blades at
measuring points.
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the material of impellers 16Mn, HT200, and Q235. The mass
concentration of the solid is 30%, and the solid particle diameter
is 0.125–0.212 mm.

As can be seen from Figure 13, the material with the largest
thickness variation is Q235, followed by 16 Mn, and the smallest
is HT200. Moreover, the variation values of blade thickness of
Q235 and 16 Mn are similar but are quite different from those of
HT200. The reason may be that Q235 and 16 Mn have similar
mechanical properties. The hardness of HT200 is greater than
that of the other two materials, so its loss of wear is less when

compared to the other two materials. The result is consistent with
that of Niko (Marshall, 2009).

Figures 14, 15 show the surface wear of impellers of different
materials. The impellers made of 16 Mn and Q235 have similar
wear shapes on the pressure surface. There are small erosion pits
in the middle of the pressure surface and larger wear shapes at the
end edge and lower end of the pressure surface, which may be
because the crystal structures of the two materials are relatively
similar. The wear performance of the impeller made of HT200 is
slightly different, and because red paint is applied, it can be seen

FIGURE 14 | Blade wear under different materials. (A) 16 Mn, (B) HT200, and (C) Q235.

FIGURE 15 | Pressure surface wear under different materials. (A) 16 Mn, (B) HT200, and (C) Q235.

FIGURE 16 | Thickness variation of the blade at measuring points related with different materials (A) 16 Mn, (B) HT200, and (C) Q235.
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that the middle part of the pressure surface is obviously darker,
and when the red paint is basically obliterated, it indicates that the
middle part of the pressure surface is severely worn. This should
be determined by the material structure. The roughness of the
Q235 material surface is relatively large, which affects the flow
characteristics of solid–liquid two-phase flow on the impeller
surface.

Figure 16A shows the thickness variation at the measuring
point when the material is 16 Mn. It can be found that from
point 1 to point 14, the wear loss is larger, while from point
14 to point 17, the wear loss begins to decrease. Along the
axial direction of the impeller, the position of points 1, 2, 4,
5, 7, 8, 10, 11, 12, and 14 are more worn. Figure 16B shows
the thickness variation at the measuring point when the
material is HT200. The amount of wear has fluctuated
greatly; this is because the HT200 material brittleness is
higher; therefore, when damaged by impact, there will be
pieces that fall off.

Erosion Mechanism Analysis
Figures 17, 18 show the wear morphology of the three kinds of
materials of blade (Q235, 16 Mn, and HT200) under the same
test conditions. From the pictures, it can be seen that the wear
morphology of the three kinds of materials was different.
Figure 17 shows the wear of the trailing edge of the blade.
Figure 17A,B show that the wear morphology is corrugated.
This is because the plasticity and toughness of Q235 and
16 Mn are relatively large, and the corrugated morphology
will be generated when the mass concentration is large.
Compared with Figure 17B, there is an impact pit in
Figure 17A;the reason is that the matrix structure of Q235
is ferrite–pearlite. When the solid particles impact the blade

surface, the ferrite with greater brittleness is more likely to
fracture and break to form the pit. The matrix of 16Mn is also
ferrite–pearlite, but due to the addition of alloying elements, it
has a role in fine-grain strengthening, and it is not easy to
produce erosion pits.

Figure 18 shows the wear of the head of the blade.
Figure 18A,B show an erosion pit at the position of the
blade head. This is because at the blade head, the wear of
the solid particles on the blade is impact wear. The impact pit is
a groove mark in a certain direction. Since ferrite and pearlite
structures are directionally distributed, directional plough
marks are generated. Figure 17C, Figure 18C show a large
area of erosion grooves and peeling off, which attribute to the
fact that the matrix of HT200 is pearlite, its graphite content is
large, and the distribution is a medium flake. The presence of
flake graphite splits the continuity of the pearlite matrix, and
the graphite tip will also cause stress concentration, so its
mechanical properties are relatively poor. When solid particles
impact the blade surface, erosion pits and brittle flaking
will occur.

The presence of a large amount of graphite in gray cast
iron improves its wear resistance. Moreover, the hardness of
HT200 is much greater than that of Q235 and 16Mn. Therefore,
the wear loss of HT200 is far less than that of the other two
materials.

CONCLUSION

In this study, the erosion wear of centrifugal pump blades was
studied by experiment and the following conclusions were
obtained:

FIGURE 17 | Surface micrographs of the trailing edge of the blade wear different material.

FIGURE 18 | Surface micrographs of the head of the blade of different material after erosion wear.
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(1) The wear of solid particles on the blade is mainly
concentrated in the middle and trailing edge of the blade.
In the axial direction of the impeller, the wear on the top of
the pressure surface is more serious.

(2) Under the conditions of the experiment, the increase of themass
concentration will aggravate the wear loss of the impeller. The
change of particle size also has an important effect on wear.

(3) The matrix structure of carbon structural steel (Q235), gray
cast iron (HT200), and low-alloy high-strength steel (16 Mn)
determines their erosion wear characteristics. HT200 has
high hardness and brittleness, and its erosion wear
characteristics are mainly fractured and spalling. However,
Q235 and 16 Mn have stronger plasticity and toughness, so
their wear characteristics are mainly cutting erosion wear.
Among them, the material with high hardness and a large
amount of graphite has good erosion resistance. Under the
same test conditions, the order of wear loss from large to
small is Q235 > 16 Mn > HT200.

(4) In this study, the influence of three parameters on blade wear
is studied. By comparing the thickness changes, it is found
that the influence of particle size on blade wear is greater than
that of the other two parameters (material and
concentration).
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Analysis of Surface Pressure Pulsation
Characteristics of Centrifugal Pump
Magnetic Liquid Sealing Film
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In order to discuss the surface pressure pulsation characteristics of the magnetic-fluid
sealing membrane of centrifugal pump, this paper studies the surface pressure pulsation
characteristics of the shaft end sealingmembrane under different flow operating conditions
of centrifugal pump based on the combination of numerical calculation and experimental
verification. The results show that the pressure value on the surface of the magnetic-fluid
sealing film decreases with the increase of the flow rate of the centrifugal pump, and the
pressure on the surface of the magnetic-fluid sealing film has periodic pulsation, and the
period is the time required for a single blade to sweep the volute separating tongue. In one
rotation cycle of the runner, the number of reciprocating movements of the magnetic-
hydraulic sealing film is the same as the number of blades of the runner. The main reason
for the pressure pulsation is that the impeller periodically sweeps the fixed surface of the
centrifugal pump.

Keywords: centrifugal pump, magnetic liquid, seal, pressure pulsation, numerical calculations

INTRODUCTION

As an important strategic machine for the national economy, people’s livelihood and national
security, the development of industry and science and technology, the demand for energy and the
environment, and the construction of the national economy all promote the development of pumps
in the direction of high speed, high efficiency and high stability Lu (2017). However, the high-speed
operation of the centrifugal pump also causes the unreliability of the shaft end seal of the centrifugal
pump. In order to prevent seal failure, leakage of liquid in the pump or impurities outside the pump
from entering the pump cavity, the shaft seal must be considered when designing and applying
centrifugal pumps Peng (2021); Xu (2004); Zhao et al. (2001). Magnetic liquid seal is a new type of
non-contact seal, which shows good advantages in dynamic sealing LiW. et al. (2021); Li et al. (2022).
It has been widely used in dry Roots vacuum pump Li et al. (2002), reactor Xu. (2013) and other
equipment. However, there has not been a major breakthrough in the magnetic liquid sealing
technology of the centrifugal pump shaft end using liquid as the transport medium. The fundamental
reason is that the surface of the magnetic liquid sealing film is unstable. Therefore, scholars at home
and abroad have explored the principle of magnetic liquid sealing.

Jianfeng Zhou and Haoliang Fan (Zhou et al., 2016) studied the influence of magnetic field
strength and rotational speed on film thickness, friction torque, characteristic temperature and
magnetohydrodynamic loss, revealing the influence of magnetic field on magnetohydrodynamic
effect; Zhang Haina (Zhang et al., 2013) studied the influence of sealing progression, magnetic liquid
injection amount and standing time at room temperature on the tripping torque, and at the same
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time, based on the magnetic liquid rotary sealing model, the torque
formula of magnetic liquid rotary sealing at low temperature was
derived from the Navier-Stokes equation; Jibin Zou (Zou et al.,
2003) discovered that multi-pole multi-stage magnetic fluid sealing
is an effective way to obtain higher sealing capacity, and studied the
method of magnetic fluid filling and differential pressure
application; Yibiao Chen (Chen et al., 2020) et al. studied the
variation ofmagnetic fluid temperature and its influence on sealing
performance; In order to establish a stable interface in the sealing
process, Tonggang Liu (Liu et al., 2005) optimized the structural
parameters by using the simulation device, and developed a new
type of magnetic fluid seal, which has good sealing performance
and long service life according to the optimization parameters;
Marcin, Szczech (Szczech M. 2020) introduced the leakage
mechanism between multi-stage magnetic fluid seals when
magnetic fluids were applied to magnetic fluid seals in
rotational motion, and Marcin, Szczech (Szczech M. 2018)
proposed a critical pressure calculation method for magnetic
fluid seals based on numerical simulation of magnetic fields,

which had better calculation effect than previous methods; Qian
Jiguo et al. (Qian and Yang, 2008) elaborated on the interfacial
stability analysis method of the magnetic liquid sealed liquid, and
obtained the stability criterion and the critical value of the
parameters of the interface between the magnetic liquid and the
sealed liquid according to the Kelvin-Helmholtz interface stability
analysis model of the moving fluid, and discussed the main factors
affecting the stability of the liquid-liquid interface of the magnetic
liquid dynamic seal. The above scholars analyzed the influence of
magnetic fluid temperature and sealing series on sealing
performance, and optimized the magnetic liquid sealing
performance in combination with numerical calculations, and
studied the stability of the magnetic liquid sealing interface and
improved its related theory, but at present, there is a lack of
research on the stability of the surface of the magnetic liquid
sealing film at the shaft end when the centrifugal pump operates at
high speed under different flow conditions.

However, the surface pressure ripple of the magnetic seal film
is an important cause of the emulsification, dilution, dissolution

FIGURE 1 | The sealing film fluctuates and breaks.

FIGURE 2 | Centrifugal pump model and partial grid diagram.
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and sealing failure of the magnetic liquid (He et al., 2014). In
rotating machinery with impeller, due to its special structure, the
periodic sweeping of the fixed surface of the impeller, the
reflection of the pressure fluctuations on the wall surface of
the volute, the complex three-dimensional transient flow
during the normal operation of the centrifugal pump, the
extrusion of the high-pressure fluid in the sealing channel to
the surrounding low-pressure fluid, the fluid return flow, and the
fluid vortex movement will all produce pressure pulsations on the
surface of the magnetic liquid sealing film (Li Z. et al., 2021).
Magnetic liquid seal is the use of magnetic liquid where the
magnetic pressure difference (Xu et al., 2010) to achieve the
sealing effect, so the position of the magnetic liquid at the bottom
of the polar tooth corresponds to the pressure bearing capacity:
when the pressure of the sealing interface changes, the axial
position of the magnetic liquid will change accordingly, when the
pressure is pulsating, the surface state of the magnetic liquid
sealing film is unstable, if the maximum pulsation amplitude is
higher than the maximum pressure of the seal, the sealing film
will rupture, as shown in Figure 1.

Therefore, it has certain research significance to study the
pressure pulsation law on the surface of the magnetic fluid sealing
membrane at the shaft end and its causes under various flow
conditions of the centrifugal pump.

NUMERICAL MODEL AND CALCULATION
SETUP

Division of 3D Model and Mesh Model
The centrifugal pump selected in this article is a single-stage
single-suction model pump, and its overcurrent components are
composed of inlet runner, connecting runner, mouth ring, volute,
impeller, pump chamber, and outlet runner, and the pump
chamber contains a leaking runner and a sealed runner inside
the pump chamber. Figure 2 shows a model of the pump and a
partial mesh of the pump, and Figure 3 is a Schematic diagram of
the interior of the pump chamber, with a full-flow channel model
of the pump plotted with NX.10. The computational stability,
calculation accuracy and calculation speed reflected in the
structural grid are better than those of non-structural grids, so
the structural grid drawn by ICEM CFD is used for numerical
calculation. Winslow P. et al. (2010); Guo et al. (2019); Cheng
et al. (2021); Zeng, (2022); Cheng et al. (2022).

The main parameters of the model pump are shown in
Table 1. In order to eliminate the influence of the number of
grids on the calculation results, before the analysis of the results,
the external characteristics of the centrifugal pump’s rated
operating conditions—the head are taken as the criterion, and
the grid independence is verified, as shown in Table 2, when the
overall number of grids is greater than 2317541, the head change
of the centrifugal pump is less than 0.3%, so it can be considered
that the number of grids is greater than this value to meet the
calculation requirements.

Boundary Condition Settings
The centrifugal pump test bench used in the experiment is
equipped with a pressure sensor at the pump inlet to collect
the pressure value of the centrifugal pump inlet; at the same time,
a turbine flowmeter is set at the outlet of the pump, so the mass
flow of the pump outlet is known, so the pressure inlet is used as
the inlet boundary condition, and the flow outlet is used as the
outlet boundary condition.

Because the internal structure of the centrifugal pump is
known, and the rotor area is different from other overcurrent
components, which carries out independent rotational motion,
the single reference frame (SRF) model is selected for the
steady-state calculation of the flow field in the centrifugal
pump, the sliding mesh model is selected for transient

FIGURE 3 | Schematic diagram of the interior of the pump chamber.

TABLE 1 | Main parameters of centrifugal pump.

parameter symbol Value (units)

Centrifugal pump inlet/outlet diameter Ds/Dd 63/48 mm
Impeller inlet/outlet diameter Dj/D2 80/140 mm
Rated head Hd 20.0 m
Rated flow rate Qd 50.6 m3/h
Rated speed n 2,910 r/min
Number of blades Z 6
Specific speed of the pump at the rated working point ns 132.2
Shaft diameter Dl 36 mm
Seal the outside diameter of the runner Dk 50 mm

Frontiers in Energy Research | www.frontiersin.org June 2022 | Volume 10 | Article 9372993

Li et al. Pump Magnetic Liquid Sealing Pulsation

126

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


calculation, and the impeller surface is set to relatively static to
the rotation domain, and the rest of the wall surface is set to
absolute stationary.

For the flow state of the flow field in the centrifugal pump, due
to the boundary conditions and the complexity of the structure in
the pump, the internal rotation area and strong swirl, the RNG
k-εmodel has corrected the turbulence viscosity, which is suitable
for the numerical calculation of strong flow line bending and
vortex, so the turbulence model selected in this paper is the RNG
k-ε model. Zhou et al. (2007); Ren et al. (2009).

Transient Calculation Parameter Setting
Taking the calculation result of the stable flow field as the initial
value of the transient calculation can accelerate convergence and
ensure the stability of the calculation, therefore, the constant
result of each flow condition is used as the initial condition for the
transient calculation of each flow condition of the centrifugal
pump. At the same time, in order to better capture the pressure
pulsation signal, the transient time step is set to 0.00017182 s, that
is, the pressure value is recorded every 3° rotation of the rotor.

In the initial process of transient calculations, the results are
often unstable, deviating from the exact solution (Cao et al.,
2019). In order to avoid the difference in results caused by these
problems, the centrifugal pump wheel is set to rotate a total of 12
turns, the calculation time is 3.77 s, and the results of the last four
turns are taken for analysis.

Pressure pulsation monitoring point is set on the surface of the
magnetic liquid sealing film, starting from the shaft surface, every
0.1 mm to take a monitoring point, because the sealing gap is
0.3 mm, so the monitoring point is a total of 4, Figure 4 is the
monitoring point setting diagram.

EXPERIMENTAL VERIFICATION OF
NUMERICAL CALCULATION OF FLOW
FIELD IN CENTRIFUGAL PUMP
In order to verify the accuracy of turbulence model selection,
boundary condition setting and calculation results, the external
characteristics of the model pump were tested in the Key
Laboratory of Fluid and Power Machinery of the Ministry of
Education of Xihua University, and the experimental apparatus is
shown in Figure 5:

The experimental bench is an open experimental bench,
centrifugal pump inlet and outlet with pressure sensor, and
turbine flowmeter, prime mover for the motor, through the
torque sensor to drive the centrifugal pump rotation, under
the deck of the experimental device, with a water tank, to give
the pump body water source, and accept the liquid flowing out of
the pump, forming a closed loop.

TABLE 2 | Grid model parameters of centrifugal pump.

scheme Number of meshes Head(m)

A 1013514 19.98
B 1537624 21.33
C 2317541 22.01
D 2841908 22.04
E 3174019 22.02

FIGURE 4 | Position of monitoring point.

FIGURE 5 | Field experimentation.

FIGURE 6 | Comparison of simulation results with experiments.
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During the experiment, the centrifugal pump 0.4–1.3Qd

working conditions, when the working conditions are adjusted,
the data is temporarily not recorded, and the data is collected after
the flow is stable. Figure 6 shows the external characteristic data
(head, efficiency) collected by the experiment compared with the
numerically calculated data.

The head H of the pump is the energy appreciation of the
liquid pumped by the pump per unit weight from the inlet of the
pump to the outlet of the pump, and its calculation formula is:

H � pd − ps

ρg
+ Vd − Vs

2g
+ (Zd − Zs) (1)

Wherein, the pd indicates the pump outlet pressure; the ps

indicates the pump inlet pressure; the Vd indicates the pump
outlet liquid speed; theVs indicates the pump inlet liquid velocity;
the Zd indicates the distance between the pump outlet and the
datum; the Zs indicates the distance between the pump inlet and
the datum; ρ is the liquid density; and g represents the
gravitational acceleration.

The efficiency η of the pump is the ratio between the effective
power of the pump Pe and the shaft power P of the pump. Head
H, in turn, represents an increase in the amount of energy
obtained by the liquid per unit weight from the pump, so
there is:

Pe � HQmg (2)
wherein, the Qm represents the mass flow of the pump. The shaft
power expression for the pump is:

P � Tω (3)
where T is the torque and ω is the angular velocity. Therefore, the
efficiency of the pump can be expressed as:

η � HQmg

Tω
(4)

It can also be concluded from Figure 6 that the head and
efficiency of the numerical calculation are higher than the
experimental values, and the main reason for this
phenomenon is that the obstruction and wear effect of the
solid surface on the liquid is not considered in the numerical
calculation process (Hu 2004). However, the numerically
calculated head and centrifugal pump efficiency values are the
same as the experimental values, and the maximum deviation
value of the head is less than 3 m, so it can be considered that the
results of the numerical calculation have a certain degree of
credibility.

PRESSURE PULSATION ANALYSIS OF
SEALING FILM AT THE SHAFT END OF
CENTRIFUGAL PUMP
Time Domain Characteristics of Surface
Pressure Pulsation of Magnetic Liquid
Sealing Film Under Rated Working
Conditions
Figure 7 is a time domain diagram of the surface pressure ripple
of the magnetic liquid sealing film under rated operating
conditions. It can be seen from the figure that the time
difference between the adjacent two positive peaks is about
0.0034 s, that is, 20 time steps, and in each time step, the
wheel can be rotated by 3°, and the number of blades of the

FIGURE 7 | Time domain diagram of pressure pulsation under rated operating conditions.

TABLE 3 | Pressure pulsation at each monitoring point.

P0 P1 P2 P3

Negative peaks 276274 276346 276322 276346
average value 276975 276963 276996 277013
Positive peak 277812 277866 277842 277865
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centrifugal pump applied herein is 6, therefore, the time
difference between the adjacent two positive peaks is similar to
the time required for the wheel to rotate 60°, so the time difference
between the adjacent two positive peaks is equal to the time
required for one blade to sweep through the septum of the
centrifugal pump. Therefore, the pressure pulsation cycle on
the surface of the magnetic-liquid seal film is equal to the time
required for a single leaf to sweep through the septum.

Table 3 shows the negative peak, average and positive peak
data of pressure pulsation at each monitoring point on the surface
of the magnetic liquid sealing film. From Table 3, it can be seen
that under the rated working conditions, the difference between
the negative peaks, average values and positive peaks between the
monitoring points at the same time point is less than 100 Pa, and
the pressure pulsation law of the monitoring points on the surface

of the magnetic liquid sealing film can be considered to be
consistent under the rated working conditions. And under the
rated working conditions, the peak-to-peak difference between
the surface of the magnetic liquid sealing film is about 1,500 Pa.

From the above analysis, it can be seen that the time interval
and pressure pulsation cycle between the adjacent two pressure
peaks are the time required for a single blade to sweep through the
septum, and during the magnetic liquid sealing process, the
position of the sealing film corresponds to the external
pressure one-to-one, so the pressure pulsation cycle on the
surface of the sealing film is the displacement movement cycle
of the sealing film. Therefore, in a rotary rotation cycle, the
magnetic liquid sealing film reciprocates 6 times, and the number
of reciprocating movements is the same as the number of blades.
At the same time, the pressure amplitude change on the surface of

FIGURE 8 | Time domain diagram of pressure pulsation under partial conditions.

FIGURE 9 | Time domain diagram of pressure pulsation under dimensionless partial conditions.
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the magnetic liquid sealing film is about 1,500 Pa, while the
single-stage sealing capacity of the magnetic liquid is about
120 kPa (Wang, 2004), so the pressure fluctuation on the
surface of the magnetic liquid sealing film in the centrifugal
pump is less likely to cause a breakdown pressure, and the
available pressure average is used as the benchmark when the
magnetic liquid sealing device is designed. However, when the
centrifugal pump speed is high, the frequency of pressure
pulsation fluctuations on the surface of the sealing film is
accelerated, which will promote the emulsification, dilution
and dissolution of the magnetic liquid.

Time Domain Characteristics of Surface
Pressure Pulsation of Magnetic Liquid
Sealing Film Under Partial Working
Conditions
Figure 8 is a time domain diagram of the surface pressure ripple of
the magnetic liquid sealing film of the centrifugal pump under
partial working conditions. It can be seen from the figure that
under various working conditions, due to the narrow sealing gap,
the pressure pulsation time domain curves of each monitoring
point on the surface of the magnetic liquid sealing film overlap
together. That is, when the centrifugal pump is running under the
working conditions of 0.4–1.3Qd flow, the pressure fluctuation law
of each monitoring point is consistent. In the subsequent analysis,
the pressure value of any point in P0, P1, P2, P3 can be applied
instead of the surface pressure value of the magnetic liquid sealing
film, and the P2 point is used as the representative point.

And from Figure 8, it can also be learned that when the
centrifugal pump is running under the working conditions of
0.4–1.3 Qd flow, the fluctuation cycle of the pressure pulsation
on the surface of the magnetic liquid sealing film is consistent,
which is the length of time required for a single blade to sweep the
septum, which shows that when the centrifugal pump is running
under different flow conditions, the impact on the periodicity of the
pressure pulsation of the magnetic liquid sealing film surface is
weak, and it can be inferred from this result that the pressure

pulsation on the surface of the magnetic liquid sealing film is
mainly generated by the periodic sweeping fixed surface of the
blade. Although the periodic sweeping of the fixed surface of the
blade dominates the pressure ripple of the magnetic liquid sealing
film, the reflection of the pressure fluctuation of the volute wall
surface, the complex three-dimensional transient flow during the
normal operation of the centrifugal pump, the extrusion of the
high-pressure fluid in the sealing channel on the surrounding low-
pressure fluid, the fluid return flow, and the fluid vortex movement
will have a certain impact on the pressure ripple on the surface of
the magnetic-liquid sealing film, so there are differences in the
waveform of the pressure ripple under each flow condition.

In order to better compare the law of the surface pressure
pulsation characteristics of the magnetic liquid sealing film under
various flow conditions, the pressure pulsation value is
dimensionlessly treated, and the pressure pulsation coefficient
is used as the standard for measuring the size of the pressure
fluctuation, and its definition is as follows (Jin, 2020):

cp � p − �p

0.5ρμ22
(5)

μ2 �
πnD2

60
(6)

where p is the measured pressure pulsation value, �p is the average
value of the pressure pulsation, ρ is the fluid density, μ2 is the
circumferential velocity of the liquid at the outlet of the impeller,
n is the speed, and D2 is the diameter of the rotor outlet.

Figure 9 is a pressure ripple pattern of each flow condition after
the dimensionless treatment of the pressure amplitude, it can be
seen from the figure that there is a phase difference in the pressure
fluctuation law under each flow condition, but its pulsation period
is similar. And it can be seen that under the condition of 1.3Qd, the
positive peak of the surface pressure pulsation of the magnetic
liquid sealing film is the largest, and the negative peak of the
pressure pulsation under the condition of 0.4Qd is the largest, but
only from the positive peak or negative peak size can not judge the

FIGURE 10 | Peak difference diagram of pressure pulsation.

FIGURE 11 | Pulsation frequency domain diagram of rated working
conditions.
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stability of the magnetic seal film under each working condition,
because in the process of magnetic sealing, in a pulsation cycle, the
magnetic liquid displacement distance is determined by the
difference between the positive peak and the negative peak.
Therefore, the fluctuation of the magnetic liquid sealing film
must be judged by the difference between peak and peak.

Figure 10 shows the difference between the pressure pulsation
peak and peak of the P2 point under different working conditions, the
midpoint position represents the average value of the positive peak
and the negative peak, and the upper and lower error bars represent
the positive peak and negative peak respectively. It can be seen from
the figure that the peak-to-peak difference is the smallest in the 0.9
and 1.0Qd working conditions, and the peak-to-peak difference
gradually increases when the working conditions deviate from the
0.9 and 1.0Qd working conditions, and the peak-to-peak difference in
the 0.4 and 1.3Qd working conditions is twice that of the 0.9 and
1.0Qd working conditions. Therefore, when the centrifugal pump
works at the rated working point or its nearby working point, the
displacement path of the magnetic liquid sealing film is shorter, and
the displacement length of the magnetic liquid sealing film is twice
that of the working condition of 0.4 and 1.3Qd when it is operating
under partial working conditions such as 0.4 and 1.3Qd. Therefore,
when the centrifugal pump works at the rated working point or the
working point near it, the surface stability of the magnetic liquid
sealing film is better than that of the partial working condition.

Surface Pressure Pulsation Frequency
Domain Characteristics of Magnetic Liquid
Sealing Film Under Rated Working
Conditions
The relationship between the signal amplitude and the frequency
change is called the frequency domain. Time domain analysis is an
applied mathematical method to study the characteristics of pressure
change over time, whichmainly studies the amplitude, periodicity and

other issues, and cannot well describe the causes of pressure pulsation.
However, frequency domain analysis is to obtain the spectral
characteristics of pressure pulsation in each working condition by
fast Fourier transform, and apply mathematical methods to express
the causes of pressure pulsation (Zhang et al., 2020).

Figure 11 is the pressure pulsation frequency domain diagram
under the rated working conditions of the centrifugal pump, the
abscissa indicates the frequency, and the ordinate coordinate is
the pressure pulsation coefficient Cp. As shown in Figure 11, the
first main frequency of the surface pressure ripple of the magnetic
liquid sealing film under rated conditions is 291 Hz, the second
frequency is 582 Hz, and the third main frequency is 2,328 Hz.
The centrifugal pump selected for this article has a rotational
speed of 2,910 rpm, which can be known according to the axial
frequency calculation Eq. 7, and its axis frequency f_n is 48.5 Hz,
and according to the leaf frequency calculation Eq. 8, the leaf
frequency is 291 Hz. It can be seen that the first main frequency of
the surface pressure ripple of the magnetic liquid sealing film is
the leaf frequency, the secondmain frequency is two times the leaf
frequency, and the third main frequency is eight times the leaf
frequency. Therefore, the main reason for the pressure ripple on
the surface of the magnetic liquid sealing film is that the impeller
periodically sweeps over the fixed surface of the centrifugal pump.

fn � n/60 (7)
fr � Zfn (8)

Characteristics of the Surface Pressure
Pulsation Frequency Domain of the
Magnetic Liquid Sealing Film Under Partial
Working Conditions
Figure 12 shows the surface pressure ripple frequency domain
diagram of the magnetic liquid sealing film under partial working
conditions. It can be seen from the figure that under the working

FIGURE 12 | Off-mode pulsation frequency domain diagram.
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conditions of each flow of the centrifugal pump, the frequency
values of the first main frequency, the second main frequency and
the thirdmain frequency are the same, so under each flow condition,
themain reason for inducing pressure pulsation on the surface of the
magnetic liquid sealing film is the periodic sweeping of the fixed
surface of the centrifugal pump by the impeller.

When the centrifugal pump is running at 0.4Qd, there is a
broadband frequency at 0–291Hz, and as the flow rate increases,
the broadband phenomenon gradually weakens, reaching aminimum
at 1.0Qd, increasing again at 1.1Qd, and then weakening. The reason
for this phenomenon is that the centrifugal pump is not fully
developed under the operation of small flow conditions, and the
internal structure of the centrifugal pump is extremely complex, so its
three-dimensional transient flow will cause slight fluctuations in the
surface pressure of the magnetic liquid sealing film, and with the
increase of the flow rate, the internal fluid flow of the centrifugal
pump is fully developed, so the effect on the magnetic liquid sealing
film is reduced and the broadband phenomenon is weakened. When
the flow rate continues to increase from the rated flow rate, the
operating conditions of the centrifugal pump deviate from the design
conditions, the fluid in the pumphas amore complex non-linear flow,
and the phenomenon of liquid return at the outlet of the impeller and
the reflection of the liquid at the volute is intensified, and the effect on
the surface pressure of the magnetic liquid sealing film increases, so
the broadband increases again. When the flow rate is further
increased, the fluid development state in the pump is more
sufficient than that of the low flow state, and the pressure
fluctuation of the magnetic liquid sealing film caused by the non-
linear turbulencemovement of the fluid in the centrifugal pump has a
good inhibitory effect, and the inhibition effect is stronger than the
surface pressure of the magnetic liquid sealing film caused by the
return of the liquid at the outlet of the impeller and the reflectionwave
on the wall surface of the volute, so the broadband is reduced again.

When the centrifugal pump is operating at 1.1Qd, there is a
broadband at the third main frequency at 2328 Hz. Under the
remaining flow conditions, the broadband phenomenon at the
third main frequency is not obvious. The broadband at this
location is mainly caused by the vortex generated by the return
of liquid inside the sealed runner. While the liquid in the pump is
transported outward after the impeller is periodically pressurized,
the high-pressure fluid is periodically transported to the sealed
runner, so there is a return flow and vortex liquid generated by the
periodic input of the high-pressure fluid in the sealed runner.
Under the action of the vortex, the surface of the magnetic liquid
sealing film produces high-frequency pulsation, and the cause of
the vortex at this place is related to the periodic rotation of the
impeller, so the high frequency at this place is an integer multiple of
the leaf frequency, that is, 8 times the leaf frequency.

CONCLUSION

(1) There is a good periodicity of pressure pulsation on the
surface of the magnetic fluid sealing film, which is the time

required for a single blade to sweep through the worm
tongue. During a rotary cycle of the rotor, the number of
reciprocating movements of the magnetic liquid sealing film
is the same as the number of rotor blades.

(2) The pressure fluctuation law at different positions on the
surface of the magnetic liquid sealing film is very similar
under the same flow condition, and the pressure ripple
waveform under different flow conditions is different.
When working in the rated working condition of the
centrifugal pump and its nearby working condition point,
the difference between the peak and peak of the surface
pressure pulsation of the magnetic liquid sealing film is less
than 2000 Pa, and when it deviates from the rated working
condition point, the peak-to-peak difference increases by
nearly two times.

(3) Under different flow conditions, the surface pressure
pulsation frequency domain diagram of the magnetic
liquid sealing film is similar, and the first main frequency
is the leaf frequency, the second main frequency is two times
the leaf frequency, and the third main frequency is eight
times the leaf frequency. The surface pressure ripple of the
magnetic liquid sealing film has a broadband phenomenon
under the working conditions of 0.4–1.0Qd, and the
broadband frequency occurs near 0–291 and 2,328 Hz.
The broadband phenomenon obtained at 0–291 Hz
decreases by increasing the flow rate, increases again when
the flow rate is 1.1Qd, and then decreases with the further
increase of the flow rate. The third main frequency of the
surface pressure pulsation of the magnetic liquid sealing film
is mainly caused by the vortex movement caused by the
periodic delivery of high-pressure liquid at the outlet of the
impeller in the sealing runner.
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Experimental and Computational Fluid
Dynamics Study of the Flow Field of a
Model Pump Turbine
Yuxuan Deng*, Jing Xu, Yanna Li, Yanli Zhang and Chunyan Kuang

Bailie School of Petroleum Engineering, Lanzhou City University, Lanzhou, China

The pumped storage unit has a hump area and S characteristics during operation. The
operating conditions of the unit are complex, and it is necessary to switch between
working conditions. The unit frequently crosses the hump area and the S characteristic
area, thus hindering the unit to connect to the grid. Severe vibration affects the safe and
stable operation of a power station. With the joint efforts of the industry, the impact of the
hump and S-shaped problems on project commissioning has been fundamentally
resolved, but the mechanism of inducing hump and S-shaped problems has not yet
been well established. Therefore, in this study, the particle image velocity measurement
method based on a full-characteristic test was adopted. According to the operating
characteristics of the unit, 32 operating points with four guide-vane opening degrees were
selected to test the flow pattern in the vaneless space. After subtracting the average flow
velocity, the vortex image of the leafless area was obtained, which provided a reference for
the design of the runner of the water pump turbine.

Keywords: pump turbine, pump mode, turbine mode, particle imaging velocimetry, fluid

INTRODUCTION

Currently, pumped storage power stations are globally used as energy storage devices with huge
capacities. As of 2020, the total installed capacity of China’s pumped-storage power plants was 40
million kilowatts. A pump turbine is the core component of a pumped storage power station, and its
operational stability directly affects the benefit of the power station and the stability of the power grid;
thus, it has high research significance.

In the pumpmode of a Francis pump turbine, the hump characteristic is a typical feature that may
affect the starting stability of the pump mode of the unit (Lu, 2018). Several studies have been
conducted on the causes of hump area formation. Gülich (2008) proposed that a sudden change in
the flow regime caused the appearance of a hump. The flow regime changes in the hump area have
also been studied extensively. Braun et al. (Braun 2009; Eisele et al., 1998; Pacot 2014; Zuo and Liu,
2017; Yin 2011) proposed that the separation of the rotating flow and the pre-swirl of the runner’s
outflow are the causes of the hump phenomenon. Furthermore, Ciocan et al. (Ciocan and Kueny,
2006; Ubaldi and Zunino, 1990) pointed out that the transfer of the separation zone causes the hump
phenomenon. Braun et al. (Braun et al., 2005; Wang 2009; Yao 2015) also proposed that the flow
separation at the runner outlet and the flow loss caused by the backflow phenomenon causes the
hump phenomenon. Li et al. (2015). (Guedes et al., 2002) proposed that the separation vortex of the
guide vane area plays an important role in the formation of hump characteristics. The change in the
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flow pattern inside the unit is critical in the formation of the
hump area; therefore, it is important to visualize the flow pattern
inside the unit.

The vortex motion inside the turbine induces pressure
pulsations, such as vortex rope of drafttube (Ji et al., 2022)
and channel vortices. The Large eddy simulation is also
increasingly being used in the calculation of vortex motion
inside turbines (Hu and Zhang, 2020). For internal turbine
flow, entropy production theory becomes a new analytical
tool. By means of entropy production analysis, the vortex
characteristics of the hump and S characteristic area of the
pump turbine are correlated with the energy loss phenomenon
(Li et al., 2017; Chen 2018). Therefore it is important to study the
swirl flow inside the turbine.

Under the working conditions of the Francis pump turbine,
the S characteristic is also a phenomenon that hinders the safe
and stable operation of the unit. It is affected by the vortex
generated by the flow separation development at the inlet of the
runner (Li et al., 2013). To verify this assertion, the flow pattern in
the vaneless space must be observed.

Particle image velocimetry (PIV), as a transient, multi-point,
non-contact hydrodynamic velocity measurement method, has
been widely used in researching the internal flow of fluid
machinery in recent years. Compared with other non-contact
measurement means (such as LDV, ultrasonic measurement,
etc.), PIV has the advantages of high accuracy, large imaging
area, easy installation, and strong anti-interference ability (Li
et al., 2021a)

Yan et al., (2019) used the PIV test method to study the flow
pattern inside the runner of a Francis pump turbine, and
determined the influence of the impingement angle of the
runner blade and the GVO on the flow pattern. Tang et al.
(2020), Xu et al. (2021) used the PIV test method to study the
inter-blade vortex of a Francis turbine and obtained the initiation
and development of the inter-blade vortex. The author also used the
PIV test method to test the pump turbine under four-quadrant
working conditions. The flow pattern in the vaneless space of the
pump turbine was observed, and the vortex change and
development laws were obtained (Tang 2020). Liu et al., 2021
studied the vortex structure of the vaneless space of two different
runners in–the turbine multiple working conditions under different
working conditions through the PIV test. Moreover, they studied
the working characteristics of the unit under unstable conditions.

With the rapid development of computer technology,
CFD (Computational fluid dynamics) technology has
become an important method to study fluid (Li et al.,

2021b; Li et al., 2021c). In this study, we employed
numerical calculation and PIV test method study the
vaneless space of a Francis pump-turbine under pump and
turbine modes. The generation and evolution processes of
the vortex structure in the vaneless space under different
operating conditions were conducted to study the effect of
the vortex structure in the vaneless space in the hump zone
and the S characteristic zone.

COMPUTATIONAL FLUID DYNAMICS
SIMULATION

The typical parameters of the model pump turbine are listed in
Table 1. The model diagram of the pump turbine is shown in
Figure 1.

Using ICEM and Turbogrid, the model pump turbine is
divided into hexahedral mesh. At the same time, Since the
number of grids affects the calculation results, the grid
independence is verified (Li et al., 2021a). When the number
of grids reached 4.9 million, the efficiency and head fluctuation
were less than 0.05%, which met the accuracy required by the
numerical simulation. The grid diagram and grid independence
diagram are shown in Figure 2 (Since this article focuses on the
flow characteristics of the vaneless space, only the grid of the
runner and the guide vane area is shown). The number of grids in
each part is shown in Table 2.

SST k-ω turbulence model (Menter, 1992; Menter 1994;
Menter 1997; Deng et al., 2022) is used in CFD simulation.
The SST k-ω model can accurately predict the onset of flow and
flow separation at negative pressure gradients, and the SST k-ω
model is widely used in the calculation of S-characteristic area
and hump area (Xia et al., 2019). In the CFD simulation, only the
pump turbine with Optimal GVO is calculated. The operating
point parameters are shown in Table 3. (Positive and negative
flow rates indicate the direction of flow, with positive values in the
table when the water flows in the direction of the pump and
negative values in the table when the water flows in the direction
of the turbine) In the pump condition, the opening inlet and the
flow outlet are adopted; in the hydraulic turbine condition, the
flow inlet and the opening outlet are adopted.

The unit flow and unit speed are defined as follows:

n11 � nD2��
H

√ (1)

Q11 � Q

D2
2

��
H

√ (2)

TABLE 1 | Table of basic geometric parameters of model.

Parameter Value

Rated hydraulic head Hr (m) 59.8
Runner inlet diameter D1 (mm) 556
Runner outlet diameter D2 (mm) 250
Guide vane height b (mm) 38.258
Number of runner blades Zr 9
Number of guide vanes Zg 22
Optimal GVO 14°

FIGURE 1 | Model pump turbine.
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where n11 is the unit speed (rpm), Q11 is the unit flow (L/s), n is
the speed (rev/min), Q is the flow (L/s), H is the working head
(m), and D2 is the nominal diameter of the runner (m).

This is shown in Figure 3, OP14-1 has the best flow pattern,
and only one guide vane channel has a vortex. As the unit flow
rate (absolute value) decreases, vortices begin to appear in the
runner area and continue to increase. At OP14-4, the flow pattern
was the worst.In the turbine mode, the flow pattern is the best
when OP14-5, and the flow line in the flow channel is smooth at
this time, and there is no vortex at all. As the unit flow rate

decreases, vortices begin to appear in the guide vane area and
runner area, and the number of vortices increases as the unit flow
rate decreases.

Although we have obtained the flow characteristics of the flow
field inside the unit through CFD simulation, it is very difficult to
obtain the flow characteristics of the vaneless space through CFD
simulation. Therefore, it is very important to obtain the flow field
in the vaneless space through experimental methods.

METHODS

PIV Technology Principle
Particle image velocimetry is a method that uses multiple shots to
record the position of particles in the flow field and analyze the
captured images to measure the flow velocity. Tracer particles
were added to the flow field, and then irradiated by high-
frequency pulsed lasers. Using the light reflectivity and
followability of the tracer particles to visualize the transient
changes in the flow field, the velocity measurement principle is
shown in Figure 4A.

FIGURE 2 | Grids and grid independence. (A) Grid of vanes (B) Grid of runner (C) Grid independence.

TABLE 2 | Number of grids and nodes.

Part Grid cells Nodes

Spiral casing 1 052 685 1 005 387
Stay vane 1 072 038 987 630
Guide vane 1 384 504 1 282 424
Runner 1 579 356 1 486 674
Draft tube 547 189 529 856
Total 5 635 772 5 291 971

TABLE 3 | Table of operating point in CFD Simulation. (A positive value represents the direction of the turbine, and a negative value represents the direction of the pump).

Operating Point Q11/(L/s) n11/(r/min) n/(r/min) Operating Point Q11/(L/s) n11/(r/min) n/(r/min)

OP14-1 −76.6 −36.2 −599.92 OP14-5 −287.05 48.08 599.92
OP14-2 −211.07 −36.25 −599.95 OP14-6 2.99 42.46 599.89
OP14-3 −336.93 −36.03 −599.91 OP14-7 187.02 44.93 599.86
OP14-4 −504.33 −37.78 −599.85 OP14-8 524.09 33.53 599.86
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In the figure, Vt is the time interval between two exposures,
and ux and uy are the velocity components of particle A in the x
and y directions, respectively. The PIV test images obtained from
the test were processed using PIV view3C image analysis
software. The software obtains the velocity vector of the flow
field through the cross-correlation algorithm, as shown in
Figure 4B. Except for the tracer particles, the test components
used in the PIV test technology were all located outside the flow
field to be measured. It is a non-contact indirect fluid velocity

measurement technology. Because the density of the tracer
particle is comparable to that of the fluid medium, and the
light reflectivity and followability were good, the velocity of
the tracer particle was considered to be the fluid velocity of
the flow field where the particle was located.

PIV System and Model Pump Turbine
Parameters
The PIV test system is composed of tracer particles, pulsed laser
and sheet light source lens group, CCD camera, synchronizer, and
special workstation. The main technical indicators of the PIV test
system are listed in Table 4. The parameters of the model pump
turbine used in the test are consistent with the CFD model.

PIV Test System Transparency Solution
To realize the shooting of the flow pattern in the vaneless space of
the model pump turbine, the spiral casing and top cover of the
vaneless space of the model pump turbine were opened to set up

FIGURE 3 | Streamlines of runner and vanes at Span = 0.50.

FIGURE 4 | PIV principle. (A) PIV speed measurement principle (B) Cross-correlation processing.

TABLE 4 | Technical index of PIV test system.

Parameter Value

Speed measurement range/m/s 0~1,000
Speed measurement accuracy/％ ≤1
Measured area/mm2 ≥900*1,000
Overall operating frequency/Hz ≤15
Bits 16
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transparent windows. The window material used was plexiglass
(polymethyl methacrylate). A physical picture of the observation
window of the spiral casing opening and the top cover of the
vaneless space is shown in Figure 5. Meanwhile, to realize the
shooting of the vaneless space, some stay vanes and guide vanes
were transparently processed. A picture of the transparent vane is

shown in Figure 6. A schematic of the laser incident light path
and test location are shown in Figure 7.

Tracer Particle Selection
Tracer particles are the key test material in the PIV test, and their
performance can have a greater impact on the test effect. The
tracking particles must meet the requirements of followability
and reflectivity. Followability reflects the error of the velocity of
the particles and the fluid medium, while the reflectivity has a
greater impact on the camera imaging and calculations in the
post-processing software. The influence of the particle size,
density, and optical properties of the tracer particles on the
test should be considered during the preliminary preparation
of the test. In the PIV test of this subject, three types of tracer
particles were compared through comparative tests, namely
polyamide resin particles, silica, and hollow glass beads, as
shown in Figure 8.

By integrating the test of light reflectivity and followability
(Mainly the imaging effect and the deviation from the theoretical
flow velocity were velocimetrically measured in a circular tube

FIGURE 5 | Observation window. (A) Spiral-casing (B) Vaneless space.

FIGURE 6 | Transparent stay vane and guide vane.

FIGURE 7 | Diagram of laser incident light path. (A) Polyamide resin (B) Silica.

FIGURE 8 | Tracer particles. (A) Polyamide resin (B) Silica (C) Hollow
glass beads.
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test to compare the followability.), the tracer particles used in the
PIV test observation in this vaneless space are hollow glass beads.
The hollow glass beads have a diameter between 10 and 14 μm,
and the density (1.0081 g/cm3) is close to that of water. The
performance of the tracer particles in the PIV vaneless space test
is shown in Figure 9.

Test Bench
The structural system of the test bench includes a high-pressure
water tank, a model water pump turbine test section (including a
dynamometer), a low-pressure water tank, and a vacuum pump
system, which is a closed-loop test system. The system was
supplied by two 24SA-10 single-stage double-suction
centrifugal water pumps. The pumps were connected to two
850 kW bidirectionally rotating DCmotors. The DCmotors were
powered by two sets of fully digital DC speed-regulating devices.
The pump unit can realize stable operation within a range of 400
～1,000 r/min. The maximum lift of the single pump was 85 m.
The maximum flow rate was 1.0 m³/s, and the maximum speed
was 1,000 r/min. The maximum water head of the test bench was
170 m, and the speed stabilization accuracy was 0.1%. The
diameter of the high-pressure pipeline of the system was
500 mm, and that of the low-pressure pipeline was 700 mm. A
bidirectional electromagnetic flowmeter was used for flow

calibration. The diameter of the high-pressure water tank and
the low-pressure water tank of the test bench was 2.4 m. These
large containers stabilize the water flow before and after the
model unit, and the water flows through the electromagnetic
flowmeter. A schematic diagram of the hydraulic test bench is
shown in Figure 10. The parameters of the test bench are listed in
Table 5.

Experiment Procedure
1.Turn on the power and debug the test bench and PIV system.
2.Add tracer particles individually to the draft tube until the
display effect meets the requirements.
3.Run the pump turbine according to the test conditions, and
then take pictures after the standby group runs stably.
4.After the test is completed in all working conditions, shut
down the system, and transfer the original images taken by the
CCD camera to the computer for data processing.

A total of 32 operating points under four GVO of 6°, 14°, 18°,
and 20° were tested for PIV.

RESULTS AND ANALYSIS

Pump Mode
In the pump mode, a total of 16 operating points was selected for
testing, and the test working condition points are listed in
Table 6.

Flow coefficient φ and head coefficient ψ are defined as
follows:

φ � 4Q
πD2u

(3)

ψ � 2gH
u2

(4)

where Q is the flow rate, u is the average velocity of the exit
section, H is the head, and g is the gravitational acceleration.

The flow pattern in the vaneless space at each operating point
is displayed on the flow–pressure coefficient curve of each GVO,
as shown in Figure 11 (The test curve is drawn through the full-
characteristic test, and the test points are only part of the full-
characteristic operating conditions).

FIGURE 9 | Display effect of hollow glass beads.

FIGURE 10 | Hydraulic machinery general test bench system.

TABLE 5 | Table of test bed parameters.

Parameter Value

Test bench number DF-150
Maximum test flow/m³ 1.5
Maximum test head/m 150
Maximum test speed/(r/min) 2500
Diameter of model runner/mm 250–500
Maximum power of dynamometer/kW 500
Rated power of pump motor/kW 2×850
Tail water pressure/kPa −85~ + 250
Uncertainty of efficiency measurement ≤ ± 0.25%
Test bed model type Counterattack hydraulic machinery
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In the figure, a negative value of vorticity indicates
counterclockwise rotation, while a positive value indicates
clockwise rotation. In Figure 8, as the flow coefficient
decreases, the flow state gradually deteriorates. At OP6-3,
OP14-3, OP18-3, and OP20-2, the main points of the hump

and vortices began to appear. With a decrease in the discharge
coefficient, the vortex begins to develop fully, and the existence of
the vortex reduces the water flow in the guide vane area. With a
further decrease in the discharge coefficient, the vortex begins to
separate and develop fully, and the hump phenomenon gradually

TABLE 6 | Table of operating point in pump mode. (A negative value indicates that the running direction of the unit in the test is the pump direction).

Operating point Q11/(L/s) n11/(r/min) n/(r/min) Operating point Q11/(L/s) n11/(r/min) n/(r/min)

OP6-1 −32.86 −35.46 −639.84 OP18-1 −115.21 −36.51 −599.93
OP6-2 −70.84 −35.7 −639.9 OP18-2 −192.84 −36.42 −599.89
OP6-3 −206.66 −35.58 −639.88 OP18-3 −322.74 −36.26 −599.89
OP6-4 −348.46 −38.01 −639.87 OP18-4 −540.4 −38.32 −599.84
OP14-1 −76.6 −36.2 −599.92 OP20-1 −96.4 −37.04 −599.92
OP14-2 −211.07 −36.25 −599.95 OP20-2 −240.96 −36.62 −599.86
OP14-3 −336.93 −36.03 −599.91 OP20-3 −467.41 −37.14 −599.86
OP14-4 −504.33 −37.78 −599.85 OP20-4 −704.83 −40.17 −599.92

FIGURE 11 | Test results are on the hump curve. (A) GVO of 6° (B) GVO of 12° (C) GVO of 18° (D) GVO of 20°.
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disappears at this time. Water can smoothly pass through the
guide vane area, and the pumping capacity is restored. The stall
vortex in the vaneless space is an important cause of the hump
phenomenon. The vortex structure in the vaneless space under the
pump mode is a counterclockwise rotating flow separation
phenomenon that starts to occur at the entrance of the rotating
wheel flow channel, and the separated flow spreads in the vaneless
space and forms a vortex. The vortex structure moves in the
vaneless space with water flow in the guide vane area. During the

movement, the vortex structure changes the flow field around it,
and the streamlines are twisted to form a new vortex structure. At
this time, a part of the vortex structure showed a clockwise
rotation trend. The blocking effect of these vortices on the
water flow hinders water from passing through the guide vane
channel, causing a large hydraulic loss. The increase in hydraulic
loss causes the effective head of the pump turbine to deviate
further from the Euler head, leading to the emergence of the hump
phenomenon.

TABLE 7 | Table of operating point in turbine mode. (A positive value represents the direction of the turbine, and a negative value represents the direction of the pump).

Operating point Q11/(L/s) n11/(r/min) n/(r/min) Operating point Q11/(L/s) n11/(r/min) n/(r/min)

OP6-5 −238.71 46.81 599.86 OP18-5 −196.72 45.2 599.91
OP6-6 4.33 39.33 599.88 OP18-6 46.34 44.24 599.95
OP6-7 107.8 40.55 599.92 OP18-7 213.63 45.96 599.82
OP6-8 237.28 31.6 599.91 OP18-8 636.4 34.3 599.95
OP14-5 −287.05 48.08 599.92 OP20-5 −221.64 46.11 599.95
OP14-6 2.99 42.46 599.89 OP20-6 4.78 43.94 599.98
OP14-7 187.02 44.93 599.86 OP20-7 241.42 46.8 599.84
OP14-8 524.09 33.53 599.86 OP20-8 667.8 36.27 599.92

FIGURE 12 | Test results are on the S curve. (A) GVO of 6° (B) GVO of 12° (C) GVO of 18° (D) GVO of 20°.
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Turbine Mode
In the turbine mode, a total of 16 operating points were selected
for testing, and the test working condition points are listed in
Table 7. The flow pattern in the vaneless space at each operating
point is shown in the S characteristic curve of each GVO, as
shown in Figure 9 (The test curve is drawn through the full-
characteristic test, and the test points are only part of the
operating conditions).

In Figure 12, as the unit flow decreases, the flow regime in the
vaneless space gradually deteriorates. In high-efficiency zones
OP6-5, OP14-5, OP18-5, and OP20-5 of the turbine mode, it can
be observed that the internal flow of the vaneless space is even,
and the water flow cannot be effectively hindered from entering
the interior of the runner. When the unit flow is reduced, the
pump turbine deviates from the optimal operating point, and at
this time, a flow vortex occurs at the inlet of the runner blade.
When entering the no-load condition, a large number of vortices
begin to appear in the vaneless space, and the vortices at this time
are generated from the de-flow of the fixed guide vane and the
wake of the guide vane. Meanwhile, it was observed that vortices
with different rotation directions appeared in the leafless area of
OP14-6, which may be derived from the Karman vortices
generated by the guide vanes. As the unit flow continues to
decrease, when entering a small flow condition, the extremely low
flow distorts the internal streamline of the vaneless space,
generating large-scale vortices, which almost block the vaneless
space. In the working condition of the reverse-pump mode, the
vortex scale in the vaneless space is large, and a free vortex
rotating clockwise appears. In most working conditions, there is a
double vortex structure in the visible area, which is derived from
the backflow of the pressure surface of the runner blade. The
existence of the vortex hinders the normal movement of the water
flow in the vaneless space and produces a backflow toward the
inlet of the runner. After the recirculation vortex flows out of the
runner channel, it moves along the guide vane area of the vaneless
space. Because each runner channel has a recirculation vortex, a
continuous vortex distribution appears in the vaneless space. The
local low pressure caused by these continuous high-speed vortices
causes high-frequency characteristics of the pressure pulsation in
the vaneless space. Similar to the pump mode, the rotation
direction of the vortex rotates clockwise in the turbine mode.

The vortex motion in the S-characteristic zone is an important
factor in the unstable operation of the unit. These swirls originate
from the strong FSI effects and the violent changes in the speed
triangle at the exit of the runner. The strong pressure pulsation
phenomenon induced by vortex motion can seriously affect the
operational safety of the unit, so the vortex structure in the vane
free zone due to different runner configurations can be compared
by means of PIV tests to optimize the runner design.

CONCLUSION

The PIV test of the vaneless space was conducted on the model
pump turbine under four GVOs of the pump and turbine modes,
and the following conclusions were drawn:

1.In the stable operation section of the pump-turbine mode,
the water flow in the vaneless space is smooth, and vortices
begin to appear after entering the hump zone. The vortices
show the characteristics of separation and development as the
discharge coefficient decreases.
2.In the pump-turbine mode, the vortices in the vaneless
space mostly exist in the form of clockwise rotation, and
only a small part of the vortices rotate counterclockwise
owing to the influence of the water flow. The size of the
vortex in the vaneless space of the hump area is related to
the GVO, and the vortex scale is larger when the GVO is
small. The hydraulic loss caused by the vortex in the
vaneless space is an important cause of the hump
phenomenon of the pump turbine.
3.The pump turbine flows steadily in the vaneless space of the
high-efficiency zone of the turbine. After the unit flow
decreases and enters the low-load zone, large-scale vortices
begin to appear. The vortex size gradually increased with a
decrease in the unit flow until the vaneless space was blocked.
The vortices in the hydraulic turbine operating conditions
mostly rotate in a clockwise direction. The continuous
distribution of vortices in the vaneless space affects the
pressure pulsation in the vaneless space under turbine
conditions.
4 The vortex motion in the S-characteristic zone is an
important factor in the unstable operation of the unit.
These swirls originate from the strong FSI effects and the
violent changes in the speed triangle at the exit of the
runner.

The limitation of the PIV test for the vaneless space in this
paper is due to the fact that we used a 2D PIV device, which is
defective for the accurate description of the 3D flow, and we will
use a more advanced 3D PIV device to test the vaneless space flow
in the next step of our work.
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Influence of Inlet Groove on Flow
Characteristics in Stall Condition of
Full-Tubular Pump
Lijian Shi1,2*, Yuhang Jiang1, Yiping Cai3, Beishuai Chen4, Fangping Tang1,2, Tian Xu1,
Jun Zhu1 and Yao Chai1

1College of Hydraulic Science and Engineering, Yangzhou University, Yangzhou, China, 2Hydrodynamic Engineering Laboratory
of Jiangsu Province, Yangzhou, China, 3Jiangsu Hydraulic Research Institute, Nanjing, China, 4Jiangsu Pumping Station
Technology Co.,Ltd., of South-to-North Water Diverslon Project, Yangzhou, China

The full-tubular pump is a new type of pump with a narrow range of stable operation. In
order to improve the internal flow characteristics of the full-tubular pump under small flow
conditions and improve the safe and stable operating range of the pump, this paper
conducts numerical simulation of the full-tubular pumpmodel based on the Reynolds time-
averaged N-S equation and the SST k-ω turbulence model. The improvement mechanism
of the parameters of the inlet grooves on the stall area of the full-tubular pump is studied,
and the reliability of the numerical simulation of the full-tubular pump is verified by model
tests. The research results show that the inlet groove can improve the head and efficiency
of the full-tubular pump in the small flow area, and the head at the deep stall condition is
increased by nearly 1.61 m. The inlet groove increases the pressure difference of the
impeller, which increases the head and improves the hump. At the same time, the increase
in the pressure difference of the impeller increases the backflow flow in the gap between
the stator and the rotor. The groove can reduce the vortex strength and backflow range at
the inlet pipe wall near the stall operating, and also improve the flow field at the impeller
inlet. In terms of pressure pulsation, the groove can effectively suppress the low-frequency
pressure pulsation at the inlet of the impeller of the full-tubular pump under stall conditions,
and effectively reduce the amplitude of the main frequency pressure pulsation and improve
the internal flow. The research in this paper can provide a reference for improving the flow
characteristics in the stall condition of the full-tubular pump.

Keywords: stall condition, numerical simulation, gap backflow, hydraulic performance,model test, full-tubular pump

INTRODUCTION

Every pump has an optimal working condition area. Once it deviates from this area, it will affect the
performance of the pump. Especially in the area of small flow conditions, it is easy to generate a saddle
zone. The flow state at this working conditions is unstable, which seriously affects the performance and
service life of the pump. It is not conducive to the safe and stable operation of the pump. As a new type of
mechatronics pump, the full-tubular pump (Tang et al., 2012; Yang et al., 2012; Liu, 2015) has the
advantages of compact structure, convenient installation and stable operation, but it has a more obvious
saddle zone (Li et al., 2018; Gs et al., 2020; Zhang et al., 2021; Zhang and Tang, 2022) than the axial-flow
pump in the area of small flow conditions. Shi et al. (Shi et al., 2020; Shi et al., 2021a; Shi et al., 2021b)
analyzed the backflow clearance of the full-tubular pump and found that when the clearance is constant,
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as the flow rate of the impeller decreases, the backflow of the
clearance increases and the closer it is to the rim, the greater the
influence of backflow. In terms of pressure pulsation, Zhang et al.
(2017a); and Zhang et al. (2017b) found that under different working
conditions, the main frequency of the pressure pulsation at the inlet
and outlet of the impeller is the blade frequency, and the main
frequency of the guide vane changes with the flow.Kan et al. (2018);
Kan et al. (2021a) studied the internal flow of the axial-flow pump
under the stall condition, and used the Q-criterion to study the
evolution law of the guide vane vortex structure core under the deep
stall condition. It is found that the evolution law of the vortex core
area is basically the same as the streamline diagram of the guide vane
and the low frequency pressure pulsation is caused by the vortex in
the guide vane.Zheng et al. (2011); Zheng et al. (2017) analyzed the
flow characteristics of the axial-flow pump under small flow
conditions, and found that there is backflow at the front edge of
the back of the blade near the rim and the trailing edge near the hub
under stall conditions.Chen et al. (2012) analyzed the impeller inlet
flow field of an axial-flow pump under small flow conditions, and
found that the secondary backflow in the pump would lead to inlet
pre-swirl, which is reflected in the saddle zone in the performance
curve. At present, the improvement methods (Zhang et al., 2013;
Wang et al., 2020a; Kan et al., 2021b;Wang et al., 2022) in the area of
small flow conditions include slitting the impeller blades, adding
front guide vanes, and applying grooves in the wall of inlet pipe.
Wang et al. (2016) studied the slit at the impeller inlet of a centrifugal
pump and found that the slit at the blade inlet can improve the
cavitation performance of the centrifugal pump, and the energy
distribution in the impeller channel is more uniform after slitting.
Qu et al. (2021) added a bracket at the inlet water guide cone of the
axial-flow pump, and found that the inlet water guide cone bracket
effectively suppressed the range and intensity of the backflow vortex,
and reduced the low-frequency pressure fluctuation, improving the
stability of the overall pump device. As for the groove (Saha et al.,
2000; Zhang and Chen, 2014; Feng et al., 2018; Wang et al., 2020b;
Mu et al., 2020) of the inlet pipe, many scholars at home and abroad
have made grooves on the inlet pipe wall of the axial flow pump and
mixed flow pump. They found that the axial groove can reduce the
back flow of the blade, improve the hump of the pump, and improve
the head and efficiency of small flow conditions.

In this paper, according to the flow instability characteristics of
the full-tubular pump under small flow conditions, the internal flow
mechanism is revealed and the influence of the grooves on the inlet
pipe wall on the performance of the full-tubular pump will be
explored. The influence of the geometrical parameters of the grooves
on the head and efficiency of the full-tubular pump was explored,
and the optimal scheme was selected to compare with the original
scheme, and the improvement effect of the grooves on the stall
condition of the full-tubular pump was explored.

1 NUMERICAL CALCULATION

1.1 Calculation Model
The full-tubular pumpmodel used in this paper does not consider the
coil arrangement. The impeller diameter (D1) is 350mm, the number of
blades is 4, the backflow gap between the stator and rotor of the full-

tubular pump is 0.65mm, the speed (ns) is 950r/min, and the hub ratio
(dh1) is 0.4. The diameter (D2) of the guide vane is 350mm, the number
of blades is 7, and the hub ratio (dh2) is 0.4. The three-dimensional
calculation model of the full-tubular pump is shown in Figure 1,
including the inlet pipe, impeller, motor rotor, guide vane and the
outlet pipe. Axial grooves are uniformly distributed at the outlet of the
inlet pipe near the impeller. The number of axial grooves is 40, the
groove length is L (L/D1 = 0.67), that is, the groove length is 230mm.

1.2 Meshing and Mesh Independence
Verification
The model grid of the computational domain adopts the block
drawing method. The impeller and guide vane are imported into
Turbo-Grid for modeling and dividing the structured grid. The
number of impeller grids is about 600,000, and the number of guide
vane grids is about 800,000. The grooved inlet pipe and the motor
rotor are modeled by UG, and the unstructured grid is divided by
ICEM and the grid of the pipe wall is refined. The number of grids is
about 700,000 and 1,700,000 respectively, the grid quality is above
0.5, and the y + value of each part of this paper is controlled within
100 to meet the calculation requirements. The grid diagram of the
main components of the calculation model of the full-tubular pump
is shown in Figure 2.

In order to avoid the influence of the number of grids on the
calculation results, the grid-independent analysis of the
calculation domain was carried out in the design condition
(Qd = 390L/s). As shown in Figure 3, it can be found that
when the total number of grids is from 4.2 million to
8 million, the increase in the number of grids has little effect
on the efficiency of the full-tubular pump. In order to save
computing resources and reduce the total calculation time, the
total number of grids was finally selected as 4.2 million for further
numerical calculation of the full-tubular pump.

1.3 Governing Equations and Boundary
Conditions
In this paper, ANSYS CFX is used to carry out the numerical
calculation of the full-tubular pump. The control equation adopts
the time-averaged Navier-Stokes equation, and the turbulence
model adopts the SST k-ω turbulence model. The turbulence
model has high predictability in terms of internal flow and
external energy characteristics. Especially for the flow
separation under the adverse pressure gradient, it has high
prediction accuracy.

FIGURE 1 | 3D model of numerical calculation of full-tubular pump.
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The continuity equation is:

zui

zxi
� 0 (1)

The Navier-Stokes equation is:

ρ
zui

zt
+ ρuj

zui

zxj
� ρfi − zp

zxi
+ μ

z2ui

zxjzxj
(2)

Where ui is fluid the velocity, ρ is the fluid density, fi is mass force,
p is pressure intensity, u is dynamic viscosity, and xi and xj are
position vectors.

The turbulent eddy viscosity ut, the turbulent energy k equation
and the turbulent eddy frequency ω equation are as follows:

μt � ρ
k

w
(3)

z(ρk)
zt

+ z

zxj
(ρUjk) � z

zxj
[(μ + μt

σk1
) zk

zxj
] − β1ρkω + Pk (4)

z(ρω)
zt

+ z

zxj
(ρUjω) � z
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[(μ + μt

σω1
) zω

zxj
] + α1

ω

k
Pk − βρω2

(5)
Where k is the turbulent kinetic energy, ω is the turbulent
frequency, ρ is the fluid density, Uj is the velocity vector, Pk is
the production rate of turbulence, xj is position vectors, The
model constants are given by: β1 = 0.09, α1 = 5/9, β = 0.075, σk1 =
2, σω1 = 2.

The boundary conditions are: the inlet is set to total pressure
and the pressure is 1 atm; the outlet is set to mass-flow, and the
design flow is 390L/s; the flow is incompressible and the density is
constant everywhere; the flow-passing part adopts a smooth non-
slip wall. Set the impeller and rotor as rotating domains and the
other computational domains as stationary domains. At the same
time, for the unstable stall condition, this paper conducts an
unsteady calculation of the flow field inside the full-tubular
pump. The dynamic and static interface is set to Transient
Rotor Stator, the time step is set to 5.2632 × 10−4s, each time
step the impeller rotates 3°.

2 MODEL TEST AND SCHEME SELECTION

2.1 Numerical Reliability Verification
Numerical simulation is carried out on the calculation model of
the initial full-tubular pump without the grooved inlet pipe in

FIGURE 2 | Meshing of the main components of the computational domain. (A) grooved inlet grid, (B) motor rotor grid, (C) impeller grid, (D) guide vane grid.

FIGURE 3 | Grid-independent analysis of computational domain of the
full-tubular pump.
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Figure 1, and compared with the existing model experiments. In
this paper, the model test of the full-tubular pump is carried out
on the high-precision vertical closed-cycle hydraulic mechanical
test bench. The actual test picture is shown in Figure 4.

The test refers to the relevant model test procedures, and the
external characteristics experiment of six blade placement angles
is carried out on a full-tubular pump with a clearance of 0.65 mm.
Each placement angle has at least 18 test points. In this paper, the
blade placement angle is 0°for comparative research.

According to the comparison in Figure 5, it can be seen that
the flow-head curve of the test and numerical simulation of the
full-tubular pump is in good agreement near the design
condition, and the maximum head error value is 0.23 m under
the small flow condition (Q/Qd = 0.62); The flow-efficiency curve
has a high degree of agreement near the small flow condition. The
experimental efficiency under the design condition is 78.83%, the
numerical simulation efficiency is 82.24%, and the error value is
3.41%. The head and efficiency errors are within the allowable
range and meet the calculation accuracy requirements. Through
the comparison between the test and the numerical simulation of
the full-tubular pump, it shows that the numerical simulation
(Kan et al., 2020) of the full-tubular pump in this paper is accurate
and credible.

2.2 Influence of Inlet Groove Parameters on
Hydraulic Performance of Full-Tubular
Pump
In this paper, the number of grooves n, the groove length L and
the groove depth h are respectively studied to explore the degree
of improvement of the saddle zone of the full-tubular pump with
different groove parameters, and select the optimal solution for
analysis. Take the number of grooves n = 40, 60, the groove length
L/D1 = 0.33 and 0.67, and the groove depth h/D1 = 0.01, 0.02, 0.03
for comparison. The specific parameter corresponding scheme is
shown in Tab.1.

According to Figure 6, it can be found that the flow-head
curve of scheme Ⅰ has a long flat section with the decrease of
the flow rate in the small flow condition, indicating that the
pump has entered the stall area operation at this time. After
the inlet pipe is grooved, it is found that the saddle zone is
significantly improved in this working condition, the flat
head section basically disappears, and the efficiency is
improved under the small flow conditions. Compared
with other groove parameters, the length of the groove
has the greatest influence on the head of the full-tubular
pump, and when the number of grooves and the groove
length are constant, the groove depth of 0.02 is better.
Among all the schemes, scheme Ⅲ is the best, which is
embodied in: in terms of head, the head near the deep
stall condition (Q/Qd = 0.40) is about 1.61 m higher than
scheme one; In terms of efficiency, it is about 1.5% smaller
than that of scheme Ⅰ near the design flow, but the efficiency
is improved by about 2.2% under small flow conditions. By
comparison, this paper selects the original scheme, scheme Ⅰ,
and the optimal scheme, scheme Ⅲ, to analyze the internal
flow field.

COMPUTATIONAL RESULTS AND
ANALYSIS
Variation of Static Pressure of Full-Tubular
Pump
In order to analyze the influence of grooves on the working
performance of each component of the full-tubular pump,
Figure 7B describes the pressure difference changes of the

FIGURE 4 | Model pump device. (A) test device, (B) impeller, (C) guide vane.

FIGURE 5 | Model test and numerical simulation comparison.
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full-tubular pump under the conditions of Q/Qd = 0.40 and Q/Qd

= 0.62. The central cross section of the impeller blade is taken as
the reference plane, and the direction of the water flow is positive,
D1 is the diameter of the impeller, and X/D1 represents the
relative position to the reference plane, as shown in
Figure 7A. ΔH represents the static pressures between the
cross section of the corresponding relative position and the
inlet, and the specific formula is as follows:

ΔH � PXi − Pinlet

ρg
(6)

It can be seen from the Figure 7B that when Q/Qd = 0.62, the
changes of the pressures between the two schemes are almost the
same, indicating that the groove has no effect on the performance
of the full-tubular pump before entering the saddle zone, that is,
when the stall does not occur. When the full-tubular pump is in
deep stallQ/Qd = 0.40, it can be found that the pressure difference
value of scheme Ⅲ in the impeller area is 1.32 times that of
scheme Ⅰ, indicating that the groove greatly improves the pressure
difference in the impeller area. This can also explain why the head
of the groove schemes in Figure 6 has a significant increase in the
saddle zone. The negative pressure area of scheme Ⅰ in the inlet
pipe area is significantly higher than that of schemeⅢ, indicating
that scheme Ⅰ has a longer backflow. In the guide vane area, the
variation law of the pressure difference between the two schemes
is almost the same.

Analysis of Inlet Pipe Flow Field
In order to analyze how grooving affects the hydraulic
characteristics of the full-tubular pump, the axial velocity
cloud diagrams and streamline diagrams of the inlet pipe
and impeller under two different working conditions (Q/Qd

= 0.62, 0.40) in the saddle zone are taken in this paper, as
shown in Figure 8. Through comparison, it can be found that
when Q/Qd = 0.62, there is no obvious difference in the flow
state of the inlet pipe of the two schemes, indicating that the

TABLE 1 | Schemes of inlet grooves of different full-tubular pumps.

Number of grooves n Groove length L/D1 Groove Depth h/D1

Scheme Ⅰ 0 0 0
Scheme Ⅱ 60 0.67 0.02
Scheme Ⅲ 40 0.67 0.02
Scheme Ⅳ 40 0.67 0.03
Scheme Ⅴ 40 0.67 0.01
Scheme Ⅵ 40 0.33 0.02

FIGURE 6 | Performance curves under different groove parameters.

FIGURE 7 | Variation of hydraulic performance in different computational domains.
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groove does not affect the flow state of the design condition. In
the deep stall condition, the velocity distribution of the inlet
pipe of scheme Ⅰ is uneven, and the velocity gradient changes
greatly at the impeller inlet. In scheme Ⅲ, it is obvious that the
velocity distribution of the inlet pipe is uniform, and the
velocity gradient of the impeller inlet is slowed down,
which also explains why the groove can increase the head
and efficiency of the full-tubular pump under small flow
conditions. It can also be found that in the case of deep
stall conditions (Q/Qd = 0.40) in scheme Ⅰ, there are
obvious vortices and backflows at the impeller inlet near the
wheel rim, which seriously squeeze the flow state of the inlet
pipe, especially at the side wall of the inlet pipe. From
Figure 8D, we can see that the groove effectively reduces
the vortex strength and backflow range of the full-tubular
pump under stall conditions, and the flow pattern of the inlet
pipe is significantly improved compared with the scheme Ⅰ.

Since the backflow gap in the full-tubular pump has a great
influence on the hydraulic characteristics of the impeller, for the
vortex and backflow changes when Q/Qd = 0.40, this paper analyzes
the effect of grooves on the gap flow characteristics under this
working condition. It can be seen from Figure 9 that since the
backflow flow in the gap flows from the rim of the impeller outlet to
the rim of the inlet of the impeller, there is an obvious bias flow from
the outlet of the impeller to the rim of the impeller in scheme Ⅰ. In the
schemeⅢ, the pressure at the backflow inlet of the gap increases due
to the groove, so that the bias flow phenomenon at the outlet of the
impeller is improved.

As shown in Figure 10, the gap backflow of scheme Ⅰ increases
gradually as the flow rate decreases, and the pressure difference
between the inlet and outlet of the impeller also gradually
increases. However, when Q/Qd = 0.62, the backflow begins to
decrease, and the growth of the inlet and outlet pressure
difference begins to slow down. However, the backflow in the

FIGURE 8 | Internal flow characteristics of the inlet pipe and impeller of the full-tubular pump. (A) Scheme ⅠQ/Qd=0.62, (B)Scheme ⅠQ/Qd=0.40, (C) Scheme ⅠII Q/
Qd=0.62, (D) Scheme ⅠII Q/Qd=0.40.

FIGURE 9 | Characteristics of internal flow in the gap of the full-tubular pump. (A) Scheme Ⅰ Q/Qd = 0.40 (B) Scheme Ⅲ Q/Qd = 0.40.
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gap of scheme Ⅲ keeps increasing as the flow rate decreases, and
the pressure difference between the inlet and outlet of the
impeller still increases rapidly when Q/Qd = 0.62 due to the
groove. The increase in the pressure difference between the inlet
and outlet of the impeller increases the head of the full-tubular
pump behind the groove in the stall condition, and at the same
time, the gap backflow at the stator and rotor also increases.

Axial Velocity Uniformity of the Impeller Inlet
In order to further illustrate the degree of turbulence of the
impeller inlet flow field of the two, this paper uses the axial
velocity distribution uniformity to describe the quality of the
impeller inlet flow state. The calculation formula is:

�vu �
⎧⎨⎩1 − 1

�va

⎡⎣∑n
i�1
(vai − �va)2]/n√√ ⎫⎬⎭ × 100% (7)

Where �vu is the uniformity of the axial velocity distribution of the
impeller inlet section, %; �va is the average axial velocity of the
impeller inlet section,m/s; vai is the axial velocity of each calculation
unit of the impeller inlet section, m/s; n is the number of units
divided in the calculation of the impeller inlet section.

Figure 11 shows the axial velocity uniformity of the impeller
inlet under all working conditions. It can be seen that the
values of scheme Ⅲ are higher than those of scheme Ⅰ. Under
the design conditions (Q/Qd = 1.0), the axial velocity
uniformity values of the two schemes are both higher than
92%, indicating that the grooves have no influence on the
impeller inlet flow state under the design conditions and large
flow conditions. When the flow rate decreases, the uniformity
values of the two schemes both decrease and the decreasing
trend of scheme Ⅰ is higher than that of schemeⅢ. When in the
deep stall condition (Q/Qd = 0.40), we can see that the axial
velocity uniformity value of scheme Ⅲ is increased by nearly
10%, indicating that the groove improves the flow state of the
impeller inlet. This also proves the reliability of the velocity

cloud diagrams and streamline diagram of the inlet pipe and
impeller in Figure 8 and Figure 9.

Analysis of Impeller Inlet Pressure Pulsation
The above analysis of the inlet flow field of the full-tubular pump
shows that under the stall condition, there are complex flows such
as vortex and secondary backflow at the impeller inlet, which may
cause hydraulic excitation, and the pressure pulsation is the main
manifestation of hydraulic excitation. In this paper, four
monitoring points are set along the radial direction at the
impeller inlet section (as shown in Figure 1 P1-4), to study
the effect of grooves on the pressure pulsation of the impeller inlet
of the full-tubular pump. The rotational frequency fn of the blade
and the pressure pulsation coefficient Cp are cited as indicators
for evaluating the internal pressure pulsation characteristics. The
formula is as follows:

f n � 60F
n

(8)

Cp � ΔP

0.5ρu2
(9)

Where F is the actual frequency after taking the Fourier transform; n
is the impeller speed; ΔP is the difference between the instantaneous
pressure and the time-averaged pressure; ρ is the liquid density; u is
the peripheral speed of the blade tip.

Figure 12 shows the time domain diagram of the impeller inlet
pressure pulsation under the deep stall condition. The periodicity
of the pressure pulsation changes in the two schemes is good.
There are four obvious peaks and troughs in one rotation cycle of
the impeller, which are consistent with the number of blades,
which indicates that the impeller is the main factor for inducing
hydraulic vibration. The pressure pulsation amplitude of scheme Ⅰ
changes drastically, while the change of the pressure pulsation
amplitude of schemeⅢ after slotting is much smaller than that of

FIGURE 10 | Gap backflow and pressure difference between impeller
inlet and outlet under all working conditions.

FIGURE 11 | Impeller inlet axial velocity uniformity under all working
conditions.

Frontiers in Energy Research | www.frontiersin.org July 2022 | Volume 10 | Article 9496397

Shi et al. Full-Tubular Pump Inlet Groove

150

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


scheme Ⅰ. Figure 13 shows the frequency domain diagram of the
impeller inlet pressure pulsation under deep stall conditions. It
can be seen that since the circumferential speed of the impeller
increases with the increase of the radius, the pressure pulsation
amplitude decreases from the rim to the hub. The internal flow
field of scheme Ⅰ is extremely unstable, and there is obvious low-
frequency pulsation at the inlet. The main frequency of the
pressure pulsation is 0.45 times the frequency and 4 times the
frequency, and the amplitudes are 0.1439, 0.1324, 0.1272, 0.1154
and 0.102, 0.0984, 0.0865, 0.0732. In scheme Ⅲ, it is found that
the low-frequency pressure pulsation at the impeller inlet is
significantly improved, and the amplitude is nearly 6.6 times
lower than that of the scheme Ⅰ. The high-frequency pulsation
almost disappears, the main frequency of the pressure pulsation is

4 times the rotational frequency, and the amplitude of the blade
frequency is about 3 times smaller than that of the scheme Ⅰ. The
impeller inlet pressure pulsation can be obviously improved by
grooving in stall condition, which proves that grooving can
reduce the hydraulic excitation of the full-tubular pump in
small flow condition and improve the internal flow.

CONCLUSION

This paper uses numerical simulation to study the improvement
of the inlet groove on the saddle area of the full-tubular pump and
its influence on the impeller inlet flow field. The specific
conclusions are as follows:

FIGURE 12 | Time domain diagram of impeller inlet pressure pulsation(Q/Qd = 0.40). (A) Scheme I, (B) Scheme III.

FIGURE 13 | Frequency domain diagram of impeller inlet pressure pulsation(Q/Qd = 0.40).(A) scheme I, (B) scheme III.
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1) When the flow gradually decreases, the full-tubular pump has
a longer saddle zone, and the inlet groove improves the saddle
zone and lifts the maximum head by 1.61 m. The groove
mainly increases the pressure difference of the impeller under
the condition of small flow, thereby increasing the head of the
full-tubular pump.

2) When in the deep stall condition, the flow state of the full-tubular
pump is extremely poor, and there are serious backflow and
vortex on the pipe wall. The groove obviously reduces the
backflow length and vortex range of the inlet pipe wall and
improves the velocity gradient distribution at the impeller inlet.
Due to the increase in head, the groove will increase gap backflow
at the stator and rotor.

3) By comparing the time domain characteristics and frequency
domain characteristics of the pressure pulsation between the
original model and the groove model under the stall
condition, the impeller inlet pressure pulsation is affected
by the impeller. The groove can effectively improve the
impeller inlet pressure pulsation characteristics under stall
conditions, and reduce the pressure pulsation amplitude and
low frequency components.
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NOMENCLATURE

D1 the diameter of the impeller:mm.

D2 the diameter of the guide vane:mm.

Ns the rotation speed, r/min.

dh1 the impeller hub ratio.

dh2 the guide vane hub ratio.

Lgroove length: groove length:mm.

Qd the design flow of the pump, L/s.

ρ fluid density.

hgroove depth: groove depth:mm.

n number of grooves.

k the turbulent kinetic energy.

ω the turbulent frequency.

xi a cross section.

ΔH the pressure difference between a cross section and the inlet pipe.

Pxi static pressure of a cross section, kPa.

Pinlet static pressure of the inlet pipe, kPa.

QG gap backflow, L/s.

ΔP the pressure difference between the inlet and outlet of the impeller, kPa.

�vu the uniformity of the axial velocity distribution of the impeller inlet
section, %.

fn the rotational frequency of the blade.

Cp the pressure pulsation coefficient.
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Numerical Analysis of Unsteady
Internal Flow Characteristics of
Impeller-Guide Vane in a Vertical Axial
Flow Pump Device
Fan Yang1,2*, Pengcheng Chang1, Hongfu Jian2, Yuting Lv1, Fangping Tang1 and Yan Jin3

1College of Hydraulic Science and Engineering, Yangzhou University, Yangzhou, China, 2Jiangxi Research Center on Hydraulic
Structures, Jiangxi Academy of Water Science and Engineering, Nanchang, China, 3Hydrodynamic Engineering Laboratory of
Jiangsu Province, Yangzhou University, Yangzhou, China

A vertical axial flow pump device has the characteristics of low head and large flow and has
various forms, simple structure, and flexible installation. It is widely used in low-head
pumping stations in plain areas. In order to explore the transient characteristics of the
internal flow in the impeller and guide vane of the vertical axial flow pump at different flow
rates, this article analyzes the internal flow field distribution on the surface of the impeller
blade, the velocity and pressure distribution of the impeller inlet and outlet, and the
pressure pulsation characteristics of the impeller. The flow field characteristics of the guide
vane section, the entropy production loss, and the main frequency change of the pressure
pulsation inside the guide vane are analyzed at different radii. The results show that under
0.8 Qbep condition, the streamline distortion area of the blade working face accounts for
the largest part of the blade area, and the streamline distortion area of the blade surface
decreases significantly at 1.2Qbep. The circumferential pressure distribution at the impeller
inlet presents four high-pressure regions and four low-pressure regions, and the number of
regions is consistent with the number of impeller blades. The ratio of axial force to flow rate
of 0.8Qbep, 1.0Qbep, and 1.2Qbep is approximately 11:10:9. The radial force on the impeller
is the largest under the condition of 0.8 Qbep, and the radial force on the impeller is not
significantly different between 1.0 Qbep and 1.2 Qbep. The pressure pulsation amplitude
gradually decreases from the inlet to the outlet of the guide vane.

Keywords: vertical axial flow pump device, internal flow field, pressure pulsation, unsteady, numerical simulation

1 INTRODUCTION

An axial flow pump has the characteristics of low head and large flow, which is widely used in inter-
basin water transfer projects, plain municipal engineering, shipbuilding industry, military industry,
and other important fields in China. With the development of social economy and the change in
global climate and situation, China’s demand for efficient axial flow pumps is very urgent in the fields
of military industry, nuclear energy development, municipal engineering, large-scale water diversion
projects, and marine resources development (Shen et al., 2020).

A vertical axial flow pump device has the characteristics of various forms, simple structure, and
flexible installation. In the first phase of the East Route Project of the South-to-North Water
Diversion in China, 57% of the pumping stations are vertical axial flow pump stations (Yang et al.,
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2022a). During the operation of the vertical axial flow pump
device, the internal flow is a complex three-dimensional unsteady
turbulent flow, and the flow obtains energy through the impeller
domain. In the process of flow out of the outlet channel through
the guide vane rectifier, it is easy to produce unstable flow leading
to flow separation due to the limitation and influence of boundary
conditions such as tip clearance, blade root clearance, and hub
rotation (Zhang et al., 2012). The complex flow phenomena such
as vortex, impact, secondary flow, and tip clearance leakage lead
to a significant reduction in the operation efficiency of the axial
flow pump device and affect the efficient and stable operation of
the pumping station. So far, many scholars have carried out a lot
of research on axial flow pump devices. Zhang et al. (2022) used a
physical model test to study the hydrodynamic characteristics
and pressure fluctuation of bidirectional axial flow pump under
forward and reverse conditions and revealed the energy
characteristics and pressure fluctuation propagation law of a
bidirectional axial flow pump under forward and reverse
conditions. Kan et al. (2021a) used the SST k-ω turbulence
model to simulate the stall condition of bidirectional axial flow
pump and compared and analyzed the difference of torque and
pressure pulsation of bidirectional axial flow pump under
forward stall condition and reverse stall condition. Zhao et al.
(2021) studied the dominant vortex structure in a diagonally
separated flow in an axial flow pump impeller and obtained the
average vortex intensity change, turbulent vortex dissipation
change, and the evolution process of vortex in a life cycle
under various working conditions. Meng et al. (2021) used
entropy production theory as the evaluation criterion of
energy dissipation, based on numerical simulation technology,
to study the influence of backflow clearance on the energy
characteristics of axial flow pump. It was found that the loss
of impeller decreased first and then increased with the increase of
clearance radius, and the other flow components decreased with
the increase of clearance radius. Mu et al. (2020) proposed a flow
control technology to improve the hydraulic performance of the
axial flow pump when a rotating stall occurs in the saddle area.
Shi et al. (2021) compared the structural mechanical properties of
the full tubular pump and the axial flow pump. The results show
that the maximum equivalent stress of the full tubular pump
occurs at the outer edge of the blade, and the maximum
equivalent stress of the axial flow pump occurs at the hub

center of the blade. Yang et al. (2021a) revealed the
phenomenon of flow deviation in the outlet channel of an
axial flow pump and the influence of flow deviation on the
pressure fluctuation distribution in the outlet channel by
experimental research combined with CFD technology. Song
and Liu (2021) studied the change process of FAV at the inlet
of an axial flow pump and analyzed the energy change and
velocity change of FAV combined with V3V. Yang W et al.
(2022) used different flange load distribution types of axial flow
pump impeller model based on CFD technology to study the
influence of these three types of flange load distribution on the tip
clearance leakage flow and leakage eddy current of axial flow
pump. Zhou et al. (2022) designed a double-layer conduit
structure to study the influence of different geometric
parameters of the double-layer conduit structure on the
external characteristics and internal flow field of the axial flow
pump. Xie et al. (2022) studied the double hump characteristics of
an axial flow pump under small flow conditions and explored the
relationship between the head-flow curve of the axial flow pump
and the characteristics of the internal flow field through an
internal flow field test. Lin et al. (2021) simulated the
influence of sediment concentration, particle size, and
cavitation on the internal flow pressure fluctuation of axial
flow pump under the combined action of clear water,
sediment water, clear water cavitation, and cavitation and
sediment wear based on CFD technology. Xu et al. (2021)
studied the difference between the forward and reverse
runaway transition process of axial flow pump, and calculated
and analyzed the loss position and cause of loss in forward and
reverse runaway transition process of axial flow pump based on
entropy production theory.

The vertical axial flow pump device includes the pump and inlet
and outlet conduits with good hydraulic performance. The impeller
and guide vane are the core of the axial flow pump device, and their
efficient and stable operation determines the operation state of the
whole pump device. In actual operation, the internal flow field of
the pump device is instantaneous change, and due to the influence
of boundary conditions such as blade tip clearance, blade root
clearance, and hub rotation, unstable flow is easily generated in the
impeller domain. The internal flow of the guide vane becomes very
complicated by the influence of the flow velocity loop at the outlet
of the impeller, which is easy to induce the vibration of the axial
flow pump device and affect the safe and stable operation of the

FIGURE 1 | 3D model of the vertical axial flow pump device.

TABLE 1 | Main parameters of the pump device.

Parameters Value

Design flow rate Qbep 338L/s
Design head 7.75 m
Rotational speed 1433r/min
Impeller diameter D 300 mm
Number of impeller blades 4
Tip clearance 0.2 mm
Hub ratio 0.483
Blade angle of impeller 0°

Axial distance between impeller and guide vane 0.089D
Number of guide vane blades 7
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pump station. In order to study the transient internal flow
characteristics of the impeller and guide vane in vertical axial
flow pump device, based on the theoretical basis and methods of
previous research on axial flow pump devices, CFD technology is
used to simulate the transient flow characteristics of vertical axial
flow pump device under different flow conditions, and the
distribution law and development mechanism of the transient
flow of impeller and guide vane are clarified.

2 SIMULATION MODEL

The vertical axial flow pump device consists of five flow passage
components: campaniform inlet conduit, impeller, guide vane,
90°elbow, and straight outlet conduit. The three-dimensional
model of the vertical axial flow pump device is shown in
Figure 1. The geometric dimensions of the vertical axial flow
pump device can be seen in the study by Yang et al. (2021b).
The main parameters of the vertical axial flow pump device are
shown in Table 1.

3 NUMERICAL METHOD

3.1 Calculation Method and Boundary
Conditions
The internal flow medium of the vertical axial flow pump device
studied in this research work is an incompressible viscous fluid,

and the water flow obtains energy through the rotation of the
pump impeller. There are some situations in which the swirling
flow and some streamlines have a large bending degree. The RNG
k-ε turbulence model considers this kind of rotation and swirling
flow and can deal well with the flow with a high strain rate and
large streamline bending degree. Based on the works ofMompean
(1998), Fu et al. (2020), Wang et al. (2020), and Zhang et al.
(2021), this study used the Reynolds time-averaged N-S (Navier-
Stokes) equation and the RNG k-ε turbulence model to simulate
and predict the flow field and hydraulic performance of the
vertical axial flow pump device.

Commercial software ANSYS CFX was used to simulate the
steady and unsteady numerical simulation of the vertical axial
flow pump device under three working conditions of 0.8Qbep,
1.0Qbep, and 1.2Qbep. In order to avoid the influence of initial

TABLE 2 | Boundary condition settings.

Location Boundary Condition

Inlet of pump device Flow
Outlet of pump device Pressure
Solid wall No-slip wall
Interfaces on both sides of impeller in steady calculation Stage
Interfaces on both sides of impeller in unsteady calculation Transient Rotor Stator (Jin et al., 2019)
Other computing domain interfaces None
Convergence accuracy 10−5

FIGURE 2 | Efficiency comparison of pump devices under different grid
schemes.

FIGURE 3 | Structured grid diagram of pump device.

FIGURE 4 | Pump device test bench.
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velocity distribution on the flow pattern of inlet and outlet
channels, the inlet extension section and outlet extension
section were added before the campaniform inlet conduit and
after the straight outlet conduit. The boundary conditions in the
calculation domain are set as shown in Table 2. The time
parameter setting of unsteady numerical simulation of the
vertical axial flow pump device can be used for the transient
calculation of the axial flow pump device (Yang et al., 2021b).

3.2 The Independent Analysis and
Convergence Analysis of Grids
ICEM CFD software was used to carry out the hexahedral
structured grid for the pump device, and the grid quality was
greater than 0.4. The grid number independence of the vertical
axial flow pump device was analyzed when the rotational speed
was 1433 r/min and the flow rate was 338 L/s. The seven groups of
grids were numbered 1–7, and the corresponding number of grids
were 2.84 million, 3.33 million, 3.6 million, 3.87 million, 4.1
million, 4.26 million, and 4.8 million, respectively. The efficiency
comparison of different grid schemes is shown in Figure 2. The
device efficiency of grid schemes 6 and 7 tended to be stable, and
the absolute error of efficiency was controlled within 0.2%, which
met the accuracy requirement of numerical simulation
(Chalghoum et al., 2018).

Based on the works by Roache (1997), Celik et al. (2008), and
Nandan Kumar and Govardhan (2014), we obtained grid error
using the grid convergence index (GCI) criterion as the
evaluation criteria, compared seven groups of different
number of grids to solve the simulation value and
extrapolation value, and selected a suitable number of grids, so
that the solution of numerical simulation could achieve pseudo-
steady-state conditions.

Based on the GCI calculation formula used by Celik et al.
(2008), after calculation, GCI21 = 5.91%, GCI32 = 4.56%, GCI43 =
4.01%, GCI54 = 3.22%, GCI65 = 1.99%, and GCI76 = 1.14% and
GCI65 and GCI76 were less than 3%, indicating that the discrete

FIGURE 5 | Comparison of model test and numerical simulation results.

FIGURE 6 | Pressure distribution and streamline distribution of blade surface (Unit: Pa).
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error was small (Liu et al., 2014; Kan et al., 2021b). Combined
with the analysis of grid number independence, 4.26 million grids
were finally used as the final number of grids. The structured grid
of the vertical axial flow pump device is shown in Figure 3.

In order to ensure the influence of the grid on the calculation
accuracy, the dimensionless parameter y + was introduced as the
dimensionless number of the distance from the nearest grid node
to the wall. At 1.0Qbep condition, the y

+ value of the impeller was

about 36, and the y+ value of the guide vane was about 78, which
met the requirements ofWang (2020), Yang (2020), and Kan et al.
(2021c).

3.3 Physical Model Test Verification
The physical model test of the vertical axial flow pump device was
carried out on the high-precision hydraulic mechanical test bench
of the Hydrodynamic Engineering Laboratory of Jiangsu

FIGURE 7 | Velocity distribution of the impeller blade inlet and outlet edge and 50% blade height under different flow conditions at different times.
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Province, China. The uncertainty of the test bench system was
±0.261%. The physical model test bench is shown in Figure 4.
The parameters of the impeller and guide vane used in the
physical model test can be referred to in Table 1. The pump
device data from the physical model test are compared with the
energy performance data from the numerical simulation, as
shown in Figure 5. The maximum relative error between the
predicted head by numerical simulation and the experimental
value was 5.5%, and the minimum relative error was 0.2%. The
maximum difference between the efficiency of the pump device
by numerical simulation and the experimental value was 1.83%,
and the minimum difference was 0.379%. The small error
indicated that the numerical simulation of the vertical axial
flow pump device had high accuracy.

4 RESULTS AND ANALYSIS

4.1 Unsteady Flow Characteristics in the
Impeller
The pressure and streamline distribution of the impeller blade
surface are shown in Figure 6. Under the condition of 0.8 Qbep,
streamline distortion occurred at the blade suction surface hub
and pressure surface hub, and there was a small range of vortex at
the blade suction surface inlet edge. The streamline distortion

area of the suction surface accounted for 11.5% of the blade area,
and the streamline distortion area of the pressure surface
accounted for 14.4% of the blade area, which indicated that
secondary flow occurred near the hub under small flow
conditions. Under 1.0 Qbep and 1.2 Qbep conditions, the
streamline allocation on the impeller blade pressure surface
was uniform, and there was no reverse flow phenomenon. The
local streamline distortion existed in the suction surface, and the
streamline distortion area was reduced by 40 % and 73%
compared with the 0.8 Qbep condition. The vortex at the rim
disappeared at 1.2 Qbep condition, which indicated that the
streamline allocation on the blade surface was straight, and the
flow pattern was better in large flow. Under 0.8 Qbep and 1.0Qbep,
the blade inlet flow angle was negative, the local high-pressure
area was formed at the pressure surface inlet edge, and the local
low-pressure area was formed at the suction surface edge. Under
1.2 Qbep, the blade inlet flow angle was positive, forming a local
low-pressure area at the pressure surface inlet of the blade and a
small range of high-pressure area at the suction surface inlet.
Under different flow conditions, the impeller head of the axial
flow pump was also different, and the hydraulic work of the blade
pressure surface and the suction surface of the impeller was also
different, so the surface flow field of the blade pressure surface
and suction surface were also different. When the flow changed
from 0.8Qbep to 1.0Qbep, the flow increased by 25%, and when the

FIGURE 8 | Distribution of circumferential pressure coefficient of the impeller inlet and outlet at different time.
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flow changed from 1.0Qbep to 1.2Qbep, the flow increased by 20%.
When the flow rate changed by more than 20%, there were
obvious differences in the flow rate. The velocity distribution at
the outlet edge of impeller blades with different flow rates
(Figure 7) was different near the hub, especially 0.8Qbep, and
the flow pattern had a significant impact on the velocity
distribution.

In this article, the blade radial coefficient Sp is defined to
represent the dimensionless distance from the blade root to the
blade tip of the pump device impeller. The expression of blade
radial coefficient is as follows:

Sp � r − Rm

R − Rm
. (1)

Figure 7 shows the velocity distribution at the inlet and outlet
edges of impeller blades and at 50% of blade height. The flow
velocity distribution at the impeller inlet increases gradually from
the blade root to the blade tip. The flow is affected by the impeller
hub wall and liquid viscous resistance, resulting in the decrease of
flow velocity near the impeller hub. The sudden drop in the flow
velocity near the tip of the blade is mainly due to the leakage of the
tip clearance. In a rotating cycle, the velocity of the blade inlet side
will change, and themaximum average velocity at the inlet edge of
the blade is 17.68 m/s under 1.2Qbep at 1/3T. At the time of 2/3T,
the inlet velocity of the blade at three working conditions
decreases with the increase of flow rate, and the inlet velocity
at each flow condition has little difference. At the time of 3/3T, the
inlet velocity of the blade increases with the increase in flow rate,
and the average inlet velocity of the blade is 17.47 m/s, 18.09 m/s,
and 18.76 m/s, respectively. The velocity at 50% of blade height
and at the outlet edge of the blade fluctuates to some extent near
the blade root (Sp is 0–0.2), and the velocity at the outlet edge of
the blade first decreases and then increases under 0.8Qbep. This is
because the secondary flow and other adverse flow patterns near
the hub are affected by the impeller blade root clearance, and the
distortion of the airfoil blade at the hub position is large, resulting
in local reverse flow and flow velocity fluctuation. The speed at
the blade height of 50% and the outlet edge of the blade increases
from the hub to the rim and reaches the maximum near Sp = 0.9,
and the speed at the rim decreases sharply. The velocity at the
blade height 50% and the outlet edge of the blade increases with
the increase of flow rate. As the impeller rotates, the velocity
changes at 50% of the blade height in a rotating cycle are not
significant, and the velocity changes at the impeller outlet are
mainly concentrated near the hub (Sp is 0–0.2). This is because
the changes in adverse flow patterns, such as secondary flow near
the hub in the rotating cycle, lead to the most obvious change, and
the change regularity is not strong under the flow condition.

For the convenience of analysis, the pressure is dimensionless in
this study. According to Zhang et al. (2019), the pressure is
transformed into the pressure coefficientCp. The formula is as follows:

Cp � P − �P

0.5ρV2
. (2)

Figure 8 shows the Cp distribution on the impeller inlet and
outlet diameter of 0.725D at different times. The distribution of
the Cp is relatively regular at the impeller inlet. The Cp

distribution range of the impeller inlet is the largest at

FIGURE 9 | Transient changes of axial force on the impeller in a
rotating cycle.

FIGURE 10 | Transient changes of radial force on the impeller at
different times.

FIGURE 11 | Distribution of monitoring points of the impeller.
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0.8 Qbep, and the Cp allocation range of the impeller inlet is the
smallest at 1.2 Qbep, showing four high-pressure regions and four
low-pressure regions, the number of which corresponds to the
number of blades. The water flows through the impeller, forming
a low-pressure area at the head of the suction side of the impeller,
and a high-pressure region at the head of the pressure side. As the
position of the impeller blades changes, the angles corresponding to
these high-pressure and low-pressure regionswill change. Compared
with the impeller inlet, the Cp allocation at the impeller outlet is less
regular, indicating that the flow state of the impeller outlet is poor.
The flow obtains energy through the rotation of the impeller, and the
flow has a large circumferential speed at the impeller outlet. The
moving flow is restrained by the solid wall of the guide vane itself,
and the low-speed water flow on the pressure surface of the impeller
blade and the high-speed water flow on the suction surface converge.
This leads to the turbulence of the flow state of the impeller outlet,
resulting in a significant change in the distribution of the Cp. At
0.8Qbep, the maximum Cp at the impeller outlet is 0.0546, and the
angle distribution is around 250°at 2/3T. At 1.0Qbep and 1.2Qbep, the

distribution of Cp fluctuates slightly, and the distribution trend at
each time is similar.

In order to clarify the force variation of the impeller in the
calculation condition, the axial force (FZ) and radial force (FR) of
the impeller are calculated (Yang et al., 2022b). The calculation
formulas of axial force and radial force are as follows:

Fz � Pz + Pzh � πρgHy(R2 − R2
m), (3)

Fi � Pi(2πRD2

N
), (4)

Fx � ∑N

i�1 − Fi(xi

R
), (5)

Fy � ∑N

i�1 − Fi(yi

R
), (6)

Fr �
�������
F2
x + F2

y

√
. (7)

The transient changes of axial force at various moments are
shown in Figure 9. The axial force on the impeller of the pump
device changes slightly at each time under three flow conditions of

FIGURE 12 | Time domain diagram of pressure pulsation at each monitoring point of the impeller.

FIGURE 13 | Frequency domain diagram of pressure pulsation at each monitoring point of the impeller.
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0.8 Qbep, 1.0 Qbep, and 1.2 Qbep. The axial force on the impeller is
greatly affected by the change of the flow rate. The larger the flow rate,
the axial force get smaller. The ratio of the average FZ on the impeller
in the calculation conditions of 0.8Qbep, 1.0Qbep, and 1.2Qbep is about
11:10:9.

Figure 10 shows the radial force in the calculation condition. The
FR is not significantly affected by the change in flow rate, and the FR
is greatly affected by the change in the internal flow field of the pump
device. Under 0.8Qbep flow conditions, the large FR is the largest. The
average FR is 249 N, and the fluctuation range of the FR is 60.2 %—
127.7% of the average FR. The average FR under the calculation
conditions of 1.0Qbep, and 1.2Qbep is similar. The average FR at
1.0Qbep is 89 N, respectively, and the average FR at 1.2Qbep is about
95.5% of that at 1.0Qbep. The fluctuation range of FR at each time
under 1.0Qbep flow condition is 51.7 %–141.6% of the average FR,
and the FR fluctuation range at each time under 1.2Qbep flow
condition is 55.3 %—138.8% of the average FR. The FR on the
impeller changes with no obvious regularity at each moment.

The impeller is the core component of the axial flow pump
device, and its efficient and stable operation determines the
operation stability of the whole pump device. The impeller
produces obvious pressure pulsation when rotating. Three
pressure pulsation monitoring points are set in the impeller
domain to monitor the pressure pulsation in the impeller
domain. Three monitoring points are P1, P2, and P3,
respectively. Along the axial direction of the pump, P1 is set at
the impeller domain inlet, P2 is set at the tip clearance at 50% of the
blade height, and P3 is set at the impeller domain outlet. The location
of monitoring points is shown in Figure 11.

Figure 12 shows the time-domain diagram of pressure pulsation
at each monitoring point of the impeller. The Cp allocation at P1 is
relatively regular and has obvious periodicity. In four cycles, there are
16 peaks and 16 valleys in total. The number of peaks and valleys in
each cycle is equal, and the time of occurrence is roughly the same.
The number of peaks and valleys in the interior corresponds to the
number of blades, which is due to the periodic pressure fluctuations
caused by the interaction between the two working surfaces of the
impeller rotating. The Cp allocation in the tip clearance is not regular,

and theCp allocation in the tip clearance is unstable mainly due to the
leakage of the tip clearance. The tip clearance leakage ismainly caused
by the pressure difference between the pressure surface and the
suction surface of the axial flow pump blade, and the tip clearance
leakage becomesmore serious in small flow. Therefore, the fluctuation
of the pressure fluctuation coefficient of the tip clearance at 1.2Qbep is
smaller than that at 0.8Qbep. The Cp allocation at P3 presents four
peaks and four troughs, but the fluctuation law is unstable. The

FIGURE 14 | Section diagram of guide vane with different radii.

FIGURE 15 | Flow field diagram of guide vane with different radii.
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change ofCp is sometimes large and sometimes small, which is caused
by static and dynamic interference. However, when the flow rate is
1.2 Qbep, the pressure pulsation at the impeller outlet has good
regularity, and the fluctuation tends to be stable.

In this study, the time-domain signal of pressure pulsation was
converted into the frequency-domain signal based on FFT (Fast
Fourier Transform). As shown in Figure 13, the main frequency
of P1 was 1 times the blade passing frequency (BPF), and the
secondary main frequency was 2 times the BPF. The Cp amplitude
of 1.0Qbep and 1.2Qbep was lower than that of 0.8Qbep, and the
maximum Cp amplitude was 0.07113 at 0.8Qbep. The amplitude of Cp

at 1.0Qbep was about 23.5% lower than that at 0.8Qbep, and the
amplitude ofCp at 1.2Qbepwas about 38.4% lower than that at 0.8Qbep.
The pressure pulsation in the tip clearance was affected by the tip
clearance leakage, and the main frequency distribution of pressure
pulsation was irregular. The main frequency amplitude of Cp in
0.8Qbep blade tip clearance was 0.00869, and the main frequency
amplitude of Cp in 1.2Qbep blade tip clearance was reduced by 63.1%,
mainly because the pressure difference between the pressure surface
and the suction surface of the impeller blade was reduced under the
condition of large flow rate, which led to the decrease of tip clearance
leakage. The pressure pulsation of P3 was still affected by the number
of impeller blades, and the main frequency was the BPF. The Cp

amplitude of the P3 was significantly lower than that of the P1, which
was mainly due to the suction effect of the blade at the impeller inlet.
There was a local impact between the flow and the blade, and a large
pressure gradient was formed at the impeller inlet. Therewas dynamic
and static interference at the impeller outlet, the flow at the impeller
outlet was more complex, and the spectrum distribution area was
more extensive than the P1.

4.2 Unsteady Flow Characteristics Inside
Guide Vane
In order to better analyze the internal flow field in the guide
vane of the vertical axial flow pump device, three typical
sections with different radii were selected from the hub to

the rim to analyze the internal flow features of the pump. The
radii of each section were 0.205D, 0.375D, and 0.495D, and
they were numbered as 1–3, respectively. The selected sections
are shown in Figure 14.

Figure 15 shows the flow field of the guide vane section. The
entropy production loss calculation formula in the references (Li
et al., 2017; Li et al., 2019; Li et al., 2020; Yang et al., 2022c) was
used to calculate the entropy production loss of section 2 inside
the guide vane, as shown in Figure 16. It can be seen from
Figure 15 that there was a large range of reverse flow area on the
guide vane back at 0.8Qbep condition. The reverse flow area of
section 1was the largest and was mainly located in the guide vane
middle and lower section. The reverse flow area of section 2 was
located in the guide vane middle and upper section, and the area
of the reverse flow region decreased. The reverse flow area of
section 3 was further reduced, mainly distributed near the guide
vane trailing edge. Under 1.0Qbep condition, the reverse flow area
in the guide vane was significantly reduced compared with
0.8Qbep condition. There was an obvious reverse flow area on
the guide vane back of section 1, and the flow pattern in the guide
vane of section 2 was better. Only a small range of reverse flow
area existed on the back of the guide vane. Under 1.2 Qbep

condition, the flow pattern in the guide vane was the best
without obvious vortex and reverse flow. Under small flow
condition, there was a wide range of recirculation zone and
vortex motion in the guide vane, which led to the poor
recovery effect of the guide vane on the flow velocity
circulation and increased the hydraulic loss of the guide vane.
When the flow increased, the flow pattern in the guide vane
became better under the 1.0Qbep condition, and the decrease of
the entropy production loss area was mainly concentrated in the
guide vane back and the guide vane outlet. When the flow
increased, the entropy production loss was further reduced in
the guide vane, and the entropy production loss area was mainly
concentrated on the trailing edge of the guide vane.

The design purpose of the guide vane is to recover the velocity
circulation of the flow, correct the flow pattern of the flow, reduce
the hydraulic loss of the flow in the radial direction, and enable
the flow to enter the outlet conduit smoothly. This article studied
the influence of the flow pattern inside the guide vane on the
internal pressure pulsation. Therefore, nine monitoring points
were set along the flow direction in the guide vane to explore the

FIGURE 16 | Distribution of entropy production loss in guide vane.

FIGURE 17 | Location of monitoring points of guide vane.
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variation of pressure pulsation in the guide vane. Monitoring
points P4, P5, and P6 were set at the guide vane inlet, P7, P8, and
P9 were set at the guide vane middle, and P10, P11, and P12 were
set at the guide vane outlet. The position of monitoring points is
shown in Figure 17.

Figure 18 shows the frequency domain diagram of pressure
pulsation in the guide vane. The pressure pulsation at the guide vane
inlet was mainly affected by impeller rotation, and the main
frequency was BPF. The flow at the guide vane inlet was affected
by dynamic and static interference. It had a large velocity circulation,

FIGURE 18 | Frequency domain diagram of pressure pulsation in guide vane.
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and with a large circumferential velocity was limited by the wall of
the guide vane, which made the flow field at the guide vane inlet
complicated, resulting in the Cp at the guide vane inlet being more
complex and intense than that at the impeller inlet. Therefore, the
peak number of the Cp amplitude at the guide vane inlet was more
than that at the impeller inlet. When the flow increased, the Cp

amplitude of the guide vane inlet decreased gradually. The main
frequency of Cp in the middle and the guide vane outlet was not the
BPF, indicating that the Cp amplitude at each monitoring point was
less affected by the impeller rotation. At this time, the main
excitation source of pressure pulsation was the velocity
circulation of water flow. At small flow rate condition, the
internal and outlet monitoring points of the guide vane were also
affected by the local reverse flow. At 1.2 Qbep, the reverse flow area
gradually disappeared, and the Cp in the guide vane decreased. The
Cp amplitudes of P7, P8, and P9 were higher than those at each
monitoring point at the guide vane outlet. At 0.8Qbep, the average Cp

amplitude at the guide vane inlet was 1.33 times that at the guide
vane middle, and the average Cp amplitude at the guide vane middle
was 28.2% higher than that at the guide vane outlet. At 1.0Qbep, the
average Cp amplitude at the guide vane inlet was 0.553 times that at
the guide vane intermediate, and the average Cp amplitude at the
guide vane intermediate was 17.5% higher than that at the guide
vane outlet. At 1.2Qbep, the average Cp amplitude at the guide vane
inlet was 6.46 times that at the guide vane intermediate, and the
average Cp amplitude at the guide vane intermediate was 20.2%
higher than that at the guide vane outlet.

5 CONCLUSION

In this article, the reliability of numerical simulation was
verified by comparing the energy performance test of the
pump device with the energy performance test of the
numerical calculation of the pump device. The transient
hydraulic characteristics of the impeller and the guide vane
of the vertical axial flow pump device were studied, and the
following three conclusions were obtained:

1) When the flow increases, the area of streamline distortion at
the hub of the blade working face decreases. The velocity
distribution on the impeller blade increases gradually from the
blade root to the tip. The flow is affected by the viscous
resistance of the impeller hub wall to the liquid and the leakage
of the tip clearance, resulting in the decrease of the flow
velocity near the impeller hub and the rim.

2) The ratio of the average FZ on the impeller under the three flow
conditions of 0.8 Qbep, 1.0Qbep, and 1.2Qbep is about 11:10:9.

Under 0.8 Qbep condition, the FR on the impeller is the largest,
and the average FR is 249 N. The fluctuation range of FR is 60.2
%—127.7% of the average FR. Under different flow conditions,
themain frequency ofCp at the impeller inlet and outlet is 1 times
the BPF. When the flow increases, the Cp amplitude decreases.
The pressure pulsation in the tip clearance is affected by the tip
clearance leakage, and there is no obvious regularity.

3) The internal flow pattern of the guide vane is the worst at 0.8Qbep,
and the internal hydraulic loss is large. At 1.2Qbep, the flowpattern
is good, and the hydraulic loss caused by flow disorder is
decreased. The pressure pulsation amplitude gradually
decreases from the inlet to the outlet of the guide vane, and
the main frequency of the pressure pulsation at the guide vane
inlet is 1 times the BPF, while the guide vane outlet is not the BPF.
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NOMENCLATURE

List of symbols
Cp Pressure coefficient

D2 Exit diameter of shroud

D Impeller diameter

FR Radial force

Fx The radial force component on x axis

Fy The radial force component on y axis

FZ Axial force

GCI21 Grid convergence index of grid scheme 2 and grid scheme 1

GCI32 Grid convergence index of grid scheme 3 and grid scheme 2

GCI43 Grid convergence index of grid scheme 4 and grid scheme 3

GCI54 Grid convergence index of grid scheme 5 and grid scheme 4

GCI65 Grid convergence index of grid scheme 6 and grid scheme 5

GCI76 Grid convergence index of grid scheme 7 and grid scheme 6

Hy Working head of impeller

N The number of grid nodes on the coupling surface

�P Average pressure

P Instantaneous pressure

Pi The pressure at the ith grid node

Pzh The axial force generated by water flow on the hub

Pz The axial force on the blade

Qbep Design flow rate

R The radius of the impeller

r The radius from the measuring point to the hub

Rm Hub radius

Sp Blade radial coefficient

T Rotation cycle

ρ The density of water

V Circular velocity

Abbreviations
CFD Computational fluid dynamics

FAV Floor-attached vortex

N-S Navier–Stokes

RNG Renormalization group

GCI Grid convergence index

FFT Fast Fourier transform

BPF Blade passing frequency
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Investigation on the Effect of the Shaft
Transition Form on the Inflow Pattern
and Hydrodynamic Characteristics of
the Pre-Shaft Tubular Pump Device
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The shaft tubular pump device is widely used in low head pumping stations in plain areas.
The N-S equation and the SST k-ω turbulence model are adopted. Then, the investigation
on the influence of the shaft transition form on the inflow pattern and hydrodynamic
characteristics of the pre-shaft tubular pump device is carried out. By designing three
transition forms of shafts, different inflow patterns are provided for the tubular pump
device. The characteristic parameters of the shafts and external and internal flow
characteristics of the pumping device under different inflow patterns are compared
and analyzed. Finally, the optimal transition form is selected for model tests, and
unsteady pressure pulsation characteristics are studied. The results show that the flow
pattern in the inlet passage of each case is relatively uniform and smooth, and the range of
the high-efficiency zone of the pump device is roughly within 0.9Qd–1.2Qd. The energy loss
and the weighted average angle on the outlet of each case are similar. The axial velocity
distribution uniformity on the impeller inlet of case 1 is better than that of the other cases.
The numerical simulation results are consistent with the experimental results, and the
numerical simulation method is reliable. Under the design condition, the pressure pulsation
amplitude at the impeller inlet is the largest. It gradually increases from the hub to the
shroud. The main frequency of pressure pulsation is the blade frequency. The pressure
pulsation amplitude at the impeller outlet decreases from the hub to the shroud. The main
frequency is not constant due to the rotor–stator interaction between the impeller and the
guide vane. The outcome will be beneficial to the design and optimization of the shaft
tubular pump device, which is helpful for broadening the corresponding theory and
applying it to the actual project.

Keywords: shaft tubular pump device, shaft transition, hydraulic performance, pressure pulsation, numerical
simulation, model test
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1 INTRODUCTION

Shaft tubular pump devices are widely used in extra-low head
pumping stations (0–2 m) with low head and large discharge (Liu,
2015; Kan, 2021). The motor operates in the shaft for the shaft
tubular pump device, which has a simple structure, small flat size,
straight inlet and outlet passages, convenient maintenance, and
low construction cost (Jin et al., 2021). According to the location
of the shaft, the shaft tubular pump device can be divided into the
pre-shaft type and the post-shaft type. The overall flow pattern
and hydraulic performance of the pre-shaft tubular pump device
are better than those of the post-shaft tubular pump device.
Therefore, the pre-shaft tubular pump device is more commonly
applied in the pumping station (Chen et al., 2014).

With the development of CFD (computational fluid
dynamics), numerical simulation has become a mature
research tool and has been widely used in hydraulic
engineering. On the one hand, some researchers have paid
attention to the shaft tubular pump device by using the CFD
method in recent years (Gonza´lez et al., 2002; Landvogt et al.,
2014; Lucius and Brenner, 2011; Kan et al., 2021a; Kan et al.,
2021b; Kan et al., 2020; Ansar et al., 2002). Liu et al. (2010)
studied and analyzed the flow pattern of the pre-shaft and post-
shaft tubular pumps. The results show that the guide vane and the
shaft are the key factors affecting the flow pattern in the inlet
passage and the efficiency of the device. Xu et al. (2011), (2012)
conducted a comprehensive study on the shaft tubular pump
device and pointed out the excellent hydraulic performance of the
shaft tubular pump device. Lu and Zhang (2012) conducted a
model test study on the shaft tubular pump device of an extra-low
head pumping station and analyzed its hydraulic performance at
different blade angles. Yang et al. (2014a) and (2014b) studied the
evolution of the shaft profile and its effect on the internal flow
characteristics of the tubular pump system, and the one-
dimensional hydraulic design method is used to optimize the
inlet passage. Shi et al. (2016) utilized the CFDmethod combined
with a model test to finish the design optimization of the
bidirectional shaft tubular pump device. The results showed
that the inside and outside lines of the bifurcation segment
type of the inlet passage had a large impact on the hydraulic

loss of the inlet passage and directly affected the hydraulic loss of
the following part after the bifurcation segment of the inlet
passage. Meng et al. (2017) investigated the guide vane
position affecting the hydraulic performance and flow pattern
of the bidirectional tubular pump device. In addition, Xie et al.
(2015), Zhou et al. (2021), and Qian et al. (2022) also optimized
the shaft tubular pump device. The results showed that the
optimization of the shaft tail profile is more beneficial to
reducing hydraulic loss than the optimization of the shaft
head profile and length, while optimizing the bifurcation
segment profile of the shaft can significantly improve the
hydraulic performance of the pump device. On the other
hand, lots of previous research work about the pressure
pulsation in hydraulic machinery had also been carried out.
Zhu et al. (2010) pointed out that pressure pulsation has an
important effect on the stable operation of the pump device.
Wang et al. (2007) used a large eddy simulation method to
conduct a more comprehensive and in-depth study and
analysis of the pressure pulsation characteristics in the axial
flow pump. The main frequency of the pressure pulsation in
the axial flow pump is the blade frequency, and the pulsation at
the outlet of the guide vane is dominated by low frequency. Dai
et al. (2013) analyzed the effect of the turbulent flow model on
pressure pulsation and pointed out that the SST k-ω model is
suitable for studying the pressure pulsation of circulating pumps.
Zhen et al. (2010) studied the pressure pulsation characteristics of
the axial flow pump under different blade angles of the impeller
and heads by using the model test method. Zhang et al. (2014)
measured the pressure pulsation of the axial flow pump under
different conditions. The experimental results revealed the
pressure pulsation law at different locations inside the axial
flow pump. Shi et al. (2014) tested the pressure pulsation of
the key points at different speeds for the axial-flow pump. Shen
et al. (2018) utilized the computational fluid dynamics method to
study the hydrodynamic characteristics of the axial flow pump
with different tip clearance distances. Wei et al. (2019) studied the
propagation of pressure pulsation in a two-stage double suction
centrifugal pump using an unsteady method. Al-Obaidi (2020)
studied the hydrodynamic characteristics of axial flow pumps
with different impeller blade numbers. Ji et al. (2022) compared

FIGURE 1 | Computational domain.
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the hydraulic performance and pressure pulsation characteristics
of the pre-shaft tubular pump and the post-shaft tubular pump by
applying the numerical simulation and model test method. Shi
et al. (2021) investigated the pressure pulsation characteristics
between a full tubular pump and an axial flow pump based on the
CFD method.

In this study, a pre-shaft tubular pumping station is used as the
research object. By using the CFD method, the inflow pattern of
the tubular pump with different shaft transition types and its
influence on its hydraulic performance are analyzed. Then, the
optimal shaft transition form is confirmed to promote the model
experiment and unsteady pressure pulsation characteristics in the
following. The results will benefit the optimization of the inlet
passage design for the shaft tubular pump.

2 NUMERICAL SIMULATION

2.1 Governing Equations
The flow in the shaft tubular pump device follows the mass
conservation equation and the momentum conservation
equation. In this study, the Reynolds time-averaged N-S
equation is selected to describe the flow in the shaft tubular
pump device, and its governing equation (Kan et al., 2020) is as
follows:

The continuity equation is as follows:

zρ

zt
+ z

zxj
(ρuj) � 0. (1)

The momentum equation is expressed as follows:

zρui

zt
+ z

zxj
(ρuiuj) � − z�ρ

zxi
+ z

zxi

⎛⎝μ
zui

zxj
− ρui′uj′⎞⎠ + fi, (2)

where ui and uj denote the components of the Reynolds time
mean velocity in the i and j directions, respectively, m/s. xi and xj

denote the components of the Cartesian coordinates in the i and j
directions, respectively, m. t denotes time, s. ρ denotes the fluid
density, kg/m3. �ρ denotes the time-averaged pressure, Pa. μ

denotes the dynamic viscosity, Pa·s. −ρui′uj′ denotes the
Reynolds stress, Pa. fi denotes the mass force component, N.

The shear–stress transport (SST) k-ω (Zhao et al., 2021)
turbulence model can modify the turbulent viscosity equation.
Thus, the shear stress on the wall and the flow in the near-wall
region are better transferred and predicted. Moreover, the over-
prediction of the turbulent viscosity can be avoided. Therefore, the
SST k-ω turbulencemodel is chosen to close the governing equations,
where the turbulent kinetic energy k equation is as follows:

TABLE 1 | Main design parameters.

Parameter Impeller diameter
D (mm)

Rotation speed
n (rev/min)

Design flow
rate Qd

(L/s)

Blade number Guide vane
number

Value 300 981 210 3 5

FIGURE 2 | (A) Mesh generation. (B) Grid independence analysis.

FIGURE 3 | Layout of monitoring points.
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ρ
z(k)
zt

+ ρ
z

zxj
(Ujk) � z

zxj
[(μ + μt

σk
) zk

zxj
] + Pk − β′ρkω. (3)

The turbulent dissipation rate ω equation is given by the
following:

z(ρω)
zt

+ z

zxj
(ρUjω) � z

zxj
[(μ + μt

σω
) zω

zxj
] + α

ω

k
Pk − βρω2

+ 2(1 − F1)ρ 1
σω2ω

zk

zxj

zω

zxj
,

(4)
where Uj is the vector velocity, m/s. μt is the turbulent viscosity,
m2/s. Pk is the turbulent generation rate. F1 is the mixing function.
β′ is the empirical coefficient, usually taken as 0.09. α, β, and σ are
correlation constants.

2.2 Computational Domain
To ensure the incoming and outgoing flow patterns of the inlet
and outlet passages, the extension parts named as the water inlet
and water outlet are provided before the inlet passage and after

the outlet passage, respectively. In other words, the
computational domain includes the water inlet, inlet passage,
impeller, guide vane, outlet passage, and water outlet, as shown in
Figure 1. Its main design parameters are listed in Table 1 below.

2.3 Mesh Generation
Based on the ANSYS ICEM platform, the pre-shaft tubular pump
is divided into blocks, and the structured meshes are generated, as
shown in Figure 2A. The inlet passage is spatially discretized with
a more adaptive unstructured mesh. To obtain the reliable mesh,
the grid-independence analysis is performed. The efficiency is
selected as the characteristic parameter. Figure 2B shows the
efficiency growth trend of six different meshes under the design
condition. When the number of grids exceeds 6.74 million, the
error of the efficiency is less than 0.04%, so the number of meshes
is confirmed as 6.74 million.

2.4 Boundary Condition
For steady simulation, the inlet of the water inlet is set as the mass
flow. The outlet of the water outlet is set as the pressure. The
impeller is set as the rotational domain with a speed of −981 rev/

FIGURE 4 | (A) Schematic diagram of the test system. (B) Experimental and numerical simulation results.
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min. The “Stage” model is applied for the interfaces between the
rotating domain and the non-rotating domain, such as the “inlet
passage outlet—impeller inlet” interface and the “impeller
outlet—guide vane inlet” interface. All other interfaces are
static interfaces. No slip boundary is adopted for the wall, and
the near-wall region is treated as a standard wall function. The
convergence accuracy is set to 1.0 × 10−4. Under unsteady
simulation, the time step is set to 1.02 × 10−4 s, the impeller
rotates 6° per time step, and the total calculation time is 0.489 s.
The monitoring probes are shown in Figure 3. Two groups of
monitoring probes are arranged from the hub to the shroud on
the outlet of the impeller, which are P1–P3 and P4–P6. Another
two groups of monitoring probes are arranged along the radial
direction on the inlet of the impeller, which are P7–P9 and
P10–P12. In addition, two groups of monitoring probes are
arranged from the hub to the shroud on the outlet of the
guide vane, which are P13–P15 and P16–P18.

2.5 Model Test
Figure 4A shows the high-precision hydraulic cycle test system. The
system has a comprehensive error of ±0.39%. The random error of
this experiment is ±0.1321%. Meanwhile, based on the pump head

and efficiency of the best efficiency point, the head and efficiency of
the other conditions are normalized. Figure 4B shows the numerical
simulation results and the experiment results. The external
characteristic curves obtained from the numerical simulation and
the experiment are basically consistent. The errors of the efficiency
and the head under the design condition are not more than 5%. It
shows that the numerical simulation method is reliable.

3 RESEARCH CASES

In order to obtain the influence on the hydrodynamic
characteristics of the shaft tubular pump device under
different inflow patterns, three different transition forms of the
shaft are designed. As shown in Figure 5, the sections are sliced
and numbered from the outlet to the inlet of the inlet passage,
according to the location of the beginning of the contraction
section. The bS is the relative area, which is obtained by bi/S,
where bi is the area of the ith section, and S is the impeller inlet
area. dL is the relative spacing, which is calculated by di/L, where
di is the distance of the inlet section of the inlet passage of the ith
section, and L is the total length of the inlet passage.

FIGURE 5 | Cross-sectional area of the variation curve of the inlet passage for each case.
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FIGURE 6 | Hydraulic performance of each case. (A) Q-H′ curve. (B) Q-
η′ curve.

FIGURE 7 | Location of the analysis cross section.

FIGURE 8 | Streamlines and the pressure distribution on the center
section (left) and the velocity distribution on section 5-5 (right) of different
cases under each condition. (A) Q/Qd = 0.8 (B) Q/Qd = 1.0 (C) Q/Qd = 1.2.
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4 RESULT ANALYSIS

4.1 External Characteristics
The head and efficiency reflect the external characteristic
performance of the pump unit. Based on the head and efficiency
of the best efficiency point of case 1, the head and efficiency of the
other conditions are normalized. The dimensionless head and
efficiency of each case are shown in Figure 6A,B.

4.2 Analysis Sections and Parameters
4.2.1 Analysis Sections
To capture the energy characteristics and flow features of the inlet
passage in detail, seven characteristic sections are sliced along the
flow direction, which is noted as n-n sections (n takes 1–7). As
shown in Figure 7, the seven characteristic sections are the inlet
section of the inlet passage, the starting transition section of each
case, the outlet section of the inlet passage, and the center section
of the inlet passage, which are intercepted sequentially.

4.2.2 Analysis Parameters
An evaluation index should be introduced to quantitatively
analyze the hydraulic performance of the inlet passage of each

case. Therefore, energy loss ratio ζ, axial velocity distribution
uniformity Vu, and velocity-weighted average angle θ are defined.
The energy loss ratio ζ represents the ratio of the energy loss ΔCi

of each adjacent section at different conditions to the total energy
loss ΔCt of the intake passage of case 1 under the optimal
condition. Axial velocity distribution uniformity Vu indicates
the uniformity of axial velocity distribution on the outlet
section of the inlet passage. The velocity-weighted average
angle θ indicates the angle between the velocity at the outlet
of the inlet passage and the outlet cross section. Generally
speaking, when the axial velocity distribution uniformity Vu is
closer to 100%, the velocity distribution is more uniform. When
the velocity-weighted average angle θ is closer to 90°, the flow goes
smoothly. Similarly, the smaller the inlet passage energy loss ratio
ζ, the higher the efficiency is.

Hi + Pi

ρg
+ ]2i
2g

� C, (5)

where Hi denotes the elevation of the section, m. Pi denotes the
total pressure of the section, Pa. vi denotes the average velocity of
the section, m.

FIGURE 9 | Velocity contours on the outlet of the inlet passage. (A) Q/Qd = 0.8 (B) Q/Qd = 1.0 (C) Q/Qd = 1.2.
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Vu � ⎡⎢⎢⎢⎢⎢⎣1 − 1
�ua

�����������∑(uai − �ua)2
m

√ ⎤⎥⎥⎥⎥⎥⎦ × 100%, (6)

θ � ∑n
i�1[uai(90 − arctan uti

uai
)]∑n

i�1uai
, (7)

where uai and �ua, respectively, are the axial velocity of the node on
the outlet of the inlet passage and the average axial velocity on the
outlet of the inlet passage, m/s. uti indicates the normal velocity of
the node on the outlet of the inlet passage, m/s.

4.3 Internal Flow Characteristics
Figure 8 shows the static pressure distribution and streamlines on
section 7-7 and the velocity contours on section 5-5 with different
transition forms under various conditions. As shown in Figure 10,
the overall flow patterns in the inlet passage for all three cases are
smooth, and there is no separation flow. At the head of the shaft, the
flow is evenly divided into two streams. The velocity on both sides of
the shaft increases, and the pressure decreases when the sections tend
to contract. The streamline and pressure distribution are
symmetrical on both sides of the shaft. At the end of the shaft,
the flow merges into one stream smoothly. There is a small low

FIGURE 10 | Energy characteristics in the inlet passage for each case. (A) Q/Qd = 0.8 (B) Q/Qd = 1.0 (C) Q/Qd = 1.2.
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pressure area on both sides of the end in the contraction segment of
the shaft. The low pressure area of cases 2 and 3 is approximately the
same, which are slightly larger than that of case 1. Thus, section 5-5 is
sliced, and there is a symmetrically distributed high velocity area
which is corresponding to the low pressure area. The velocity at the
outside of the shaft is larger than at the inside, and such a trend
appears more obvious when the flow rate enlarges.

The inlet passage is mainly installed to provide a uniform flow
pattern for the impeller. Therefore, it should ensure and give priority
to the uniformity of the velocity on the outlet of the inlet passage. As
shown in Figure 9, the velocity contours on the outlet of the inlet
passage of each case under different conditions are given. As shown
in Figure 9, the velocity on the outlet of each case is symmetrically
distributed bilaterally and vertically under different conditions. The
low velocity near the wall is observed. The velocity growth rate near
the shaft is significantly greater than that which is far away from the
shaft on the outlet.

Under the same condition, the velocity distribution on the
outlet of each case shares the same trend. The velocity magnitude is
basically similar. The symmetrical contraction on the left and right
is much larger than that on the top and bottom. The mainstream is
concentrated on the left and right near the outside, and the velocity
on the top and bottom near the inside tends to be small. Moreover,
the velocity distribution on the outlet is positively correlated with
the flow rate. The maximum velocity under the condition of 1.0Qd

is about 1.20 times the maximum velocity under the condition of
0.8Qd. However, the maximum velocity under the condition of
1.2Qd is also about 1.20 times the maximum velocity under the
condition of 1.0Qd.

4.4 Energy Characteristics
Figure 10 shows the energy characteristics’ trend of each section
for each case under different conditions. The horizontal
coordinate is the relative distance of each section from the
outlet of the inlet passage, which is defined as x/l. The vertical

coordinate is the energy loss ratio ζ of the section. For the inlet
passage, the energy loss in the inlet passage is hydraulic loss, and
there is no leakage loss. As shown in Figure 10, the energy from
the inlet to the outlet in the inlet passage decreases with the
increasing flow rates. In other words, the hydraulic losses keep
increasing. The largest energy loss of each case happens in the
shaft tail, which is from section 4-4 to section 6-6 under different
conditions. Another major energy loss is located from section 3-
3 to section 4-4. The energy loss originates from the severe
transition of the shaft. The energy loss of case 1 is
significantly smaller than that of the other two cases.

4.5 Velocity Uniformity Characteristics
Figure 11 shows the axial velocity distribution uniformity Vu and
the velocity-weighted average angle θ on the outlet of the inlet
passage for each case under different conditions. It can be seen
that Vu and θ increase rapidly in the flow rate range of 0.8Qd to
1.1Qd, and then, the increment is small. The Vu of case 1 is the
highest. The axial velocity distribution uniformity is the best
under the condition of 1.2Qd, whose value is 96.47%. The Vu and
θ of case 3 are the worst, and its axial velocity distribution
uniformity is the worst under the condition of 0.8Qd, whose
value is 93.06%. Under the same flow rate condition, the axial
velocity distribution uniformity on the outlet of the inlet passage
for case 1 and case 2 is nearly the same, which is higher than that
of case 3. The velocity-weighted average angle on the outlet of the
inlet passage for case 1 is the largest, reaching 88.86°.

4.6 Pressure Pulsation Characteristics
The complex flow in the axial flow pump can lead to rapid
pressure pulsation, which causes vibration and noise that reduces
the efficiency and the life cycle of the pump. The flow is not stable
in the early periods; therefore, the data on the last four periods are
selected to analyze the pressure pulsation.

To establish the relationship between the pressure pulsation
and the flow rate, the pressure pulsation of monitoring points P1-
P3, P7-P9, and P13-P15 under the flow rate conditions of 0.8Qd,
1.0Qd, and 1.2Qd is compared.

The pressure pulsation coefficient Cp and the multiplier of the
shaft frequency fn are introduced and calculated as follows：

fn � 60F
n

, (8)

Cp � 2(p − �p)
ρu2

, (9)

where F is the frequency by utilizing fast Fourier transform, Hz. p is
the pressure at the monitoring point, Pa. �p is the average pressure at
themonitoring point during a period of the impeller, Pa. ρ is the fluid
density, kg/m3. u is the circumferential speed of the impeller, m/s.

Figure 12 shows the time domain chart (subfigures on the left)
and frequency domain chart (subfigures on the right) of the pressure
pulsation on the impeller inlet at monitoring points P1-P3 under
different conditions. In the time domain chart of Figure 12, it can be
seen that the pressure pulsation under each condition is sinusoidally
distributed with obvious periodic fluctuations. When the rotator
runs per round, three peaks and troughs appear. The number of

FIGURE 11 | Axial velocity distribution uniformity Vu and the velocity-
weighted average angle θ on the outlet of the inlet passage for each case.
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peaks and troughs is consistent with the blade number. The farther
the monitoring point is from the hub, the larger the pressure
pulsation amplitude is. The pressure pulsation amplitude of P3 is
about 1.83 times that of P1 under the conditions of 0.8Qd, 1.0Qd, and
1.2Qd. The pressure pulsation of the impeller inlet is obviously
periodic under each condition.

In the frequency domain chart of Figure 12, the amplitude of
monitoring points P1, P2, and P3 increases gradually from the hub
to the shroud along the radial direction at the impeller inlet under
each condition. The pressure pulsation amplitude of P2 under the
condition of 0.8Qd is 1.36 times than that under the condition of
1.0Qd and 1.94 times than that under the condition of 1.2Qd,
respectively. Meanwhile, the main frequency of each monitoring
point is 3 times the shaft frequency, and the secondary frequency is
6 times the shaft frequency. Therefore, the pressure pulsation at the
impeller inlet is greatly influenced by the blade number.

Figure 13 shows the time domain chart (subfigures on the left)
and frequency domain chart (subfigures on the right) of the
pressure pulsation on the impeller outlet at monitoring points P7-
P9 under different conditions. In the time domain chart of
Figure 13, it is shown that the general trend of pressure
pulsation of each condition is consistent. There are three
peaks and troughs in a period for P7 and P8. However, there
are five peaks and troughs for P9. The result shows that the
pressure pulsation at the impeller outlet is still mainly influenced
by the blade number of the impeller. For the monitoring point P9,
the guide vane number dominates the growth low of the pressure
pulsation on it. The reason is its location, which is close to the
shroud of the impeller outlet and the guide vane.

In the frequency domain chart of Figure 13, themain frequencies
of P7 and P8 at the impeller outlet are 3 times the shaft frequency
under each condition. The main frequency of P9 is 5 times the shaft

FIGURE 12 | Time domain chart and frequency domain chart of pressure pulsation on the impeller inlet at monitoring points P1-P3 under different conditions.
(A) Q/Qd = 0.8 (B) Q/Qd = 1.0 (C) Q/Qd = 1.2.
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frequency. The pressure pulsation amplitude grows higher from the
shroud to the hub. Due to the rotor–stator interaction between the
impeller and the guide vane existing in the pump, the frequency
spectrum is varied. Considering that the strength of the circulation
caused by the pre-rotation of the impeller exceeds the circulation
recovery caused by the guide vane, the absolute value of the pressure
pulsation on the inlet of the impeller is larger than that on the outlet
of the impeller for each case.

Figure 14 shows the time domain chart (subfigures on the left)
and frequency domain chart (subfigures on the right) of the
pressure pulsation on the guide vane outlet at monitoring points
P13-P15 under different conditions. In the time domain chart of
Figure 14, there is no obvious regular pattern and periodicity of
the pressure pulsation for each condition, and random pulsation
is observed. Under the conditions of 0.8Qd and 1.0Qd, the wave of

the pressure pulsation is relatively disordered. Under the
condition of 1.2Qd, there are three peaks and troughs in a
period. It shows that the pressure pulsation at the outlet of the
guide vane is still influenced by the blade number of the impeller.

In the frequency domain chart of Figure 14, it is found that the
frequency spectrum of the pressure pulsation at each monitoring
point at the outlet of the guide vane under each condition is more
complex due to the hydraulic conductivity and energy recovery of
the guide vane, which is obviously different from the pressure
pulsation characteristics of the impeller inlet and outlet. Under
the conditions of 0.8Qd and 1.0Qd, the pressure pulsation in the
low frequency band is more complex, and the major frequency at
each monitoring point is not obvious, and the amplitude is
similar. Under the condition of 1.2Qd, the major frequency of
the pressure pulsation at each monitoring point is the shaft

FIGURE 13 | Time domain chart and frequency domain chart of pressure pulsation on the impeller outlet at monitoring points P7-P9 under different conditions. (A)
Q/Qd = 0.8 (B) Q/Qd = 1.0 ((C) Q/Qd = 1.2.
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frequency. But there are multiple secondary frequencies near it,
which are multiples of the shaft frequency of the impeller.

5 CONCLUSION

In this study, the investigation on the influence of the shaft transition
form on the inflow pattern and hydrodynamic characteristics of the
pre-shaft tubular pump device is carried out by using the CFD
method. The pump device with the optimal transition form of the
shaft is experimented upon, and unsteady pressure pulsation
characteristics are studied. The conclusions are as follows:

1) The numerical simulation results are verifiedwithmodel tests. The
numerical simulation prediction results and experimental results

are compared under different flow rate conditions. The errors are
less than 5%, and the hydraulic performance curves match well.
The numerical method is reliable, and the result is correct.

2) The hydraulic performance of case 1 is better than that of case
2 and case 3. The flow rate of the high-efficiency region is
roughly in the range of 0.9Qd–1.2Qd.

3) The flow in the inlet passage of three cases is smooth, and no
obvious separation flow is observed. The velocity contours on
the outlet of the shaft are symmetrically distributed bilaterally
and vertically, providing the outstanding flow pattern for the
impeller.

4) The transition form of the shaft has a limited effect on the
energy characteristics and the weighted average angle of the
inlet passage. The smoother the inlet passage transits, the
lower the energy loss is. The axial velocity uniformity on the

FIGURE 14 | Time domain chart and frequency domain chart of pressure pulsation on the guide vane outlet at monitoring points P13-P15 under different
conditions. (A) Q/Qd = 0.8 (B) Q/Qd = 1.0 (C) Q/Qd = 1.2.
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outlet of the inlet passage for case 1 is better than that of the
other cases.

5) The periodic pressure pulsation at the impeller inlet is
obvious, and the amplitude is the largest compared with
the impeller outlet and the guide vane outlet. The pressure
pulsation increases from the hub to the shroud. However, the
pressure pulsation at the guide vane outlet is aperiodic, and
the amplitude is the smallest. The pressure pulsation near the
hub is larger than that near the shroud.

6) The pressure pulsation at the impeller inlet is mainly related to
the blade number of the impeller. Thus, the main frequency at
the impeller inlet is the blade frequency. The main frequency
near the hub at the impeller outlet also follows the regular
pattern as mentioned previously. On the contrary, the main
frequency near the shroud at the impeller outlet is related to
the guide vane, and its value is not the blade frequency. In
addition, the pressure pulsation at the guide vane outlet is also
affected by the impeller under large flow rate conditions.
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Analysis of Runner Dynamics of
Reversible Hydraulic Turbine by
Alternating Fluid–Solid Action
Lu Xin1, Qifei Li 1,2*, Zhenggui Li 3, Gengda Xie1 and Qifan Wang4

1School of Energy and Power Engineering, Lanzhou University of Technology, Lanzhou, China, 2State Key Laboratory of Fluid
Machinery and Systems, Lanzhou, China, 3Key Laboratory of Fluid and Power Machinery, Ministry of Education, Xihua University,
Chengdu, China, 4Huaneng Gansu Hydropower Development Co., Ltd, Lanzhou, China

In order to study the effect of alternating fluid–solid action on the dynamic characteristics of
the runner of a reversible hydraulic turbine, a reversible hydraulic turbine model is used as
the research object, and the two-way fluid–solid coupling method is used to iteratively
calculate and analyze the fluid and structural equations to obtain the effect of the reversible
hydraulic turbine on the runner under the two-way fluid–solid coupling action of the runner
of the reversible hydraulic turbine under typical operating conditions. The results showed
that under the influence of a high-speed water ring area under a certain working condition,
the incoming flow direction forms a certain impulse angle with the blade, and under the joint
action of the runner rotating at high speed, the vortex structure is generated in the blade
area, and the speed change in the inlet area has a large random fluctuation, which is not
conducive to the stability of the runner area and causes a strong pressure pulsation at the
inlet. Under different working conditions, the runner stress area phenomenon is obvious,
concentrated in the runner blade inlet side and the upper crown, lower ring connection.
The maximum deformation region appears in the lower region of the middle of the blade
inlet. The comparison of the modal analysis shows that the dynamic stress frequency
caused by the dynamic interference is very unlikely to trigger the resonance of the runner.

Keywords: water pump turbines, bidirectional fluid–structure interaction, modal analysis, eddy, vibration

INTRODUCTION

With the proposal of the goal of “a carbon peak” in 2030 and the vision of “carbon neutralization” in
2060, green and low carbon has become synonymous with current industrial development (Li et al.,
2021; Li et al., 2022). Hydraulic machinery with clean and efficient characteristics is attracting much
attention. Reversible hydraulic turbine high head, ultra-high head, and other performance indicators
become the need of industrial development. However, there is a complex coupling vibration problem
of solid blades submerged in fluid. The internal turbulence excitation of the unit operation is intense,
and the instability is very prominent. The runner is prone to fatigue fracture, which affects the safe
and stable operation of the unit (Zhu et al., 2012; Wang et al., 2012) . Therefore, it is important to
reveal the dynamics of hydraulic turbine rotor blades and establish a sound theoretical system
(Zheng et al., 2016; Zhang et al., 2021; Yue et al., 2017).

Fluid–solid coupling mainly studies the fluid–solid interaction and the interference phenomenon
of interaction. Researching so far, for different theoretical problems, many solutions have been
developed. Some scholars use Newton’s method to study the overall solution of strong coupling with
large displacement, which is expensive and time-consuming and not suitable for solving complex
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practical engineering problems (Heil, 2003; Wood et al., 2010).
For example, using the boundary element-based method and
considering the damping effect of the surrounding water flow, the
deformation problem is studied using the time-domain FSI
analysis method (Lee et al., 2014).

The high reliability of experimental studies in the research
method is also essential to test the results of theoretical and
numerical analysis. Many experts and scholars use advanced
measurement techniques and equipment to observe
deformation problems in fluid–solid coupling tests
(Kalmbach and Breuer, 2013), and the remote sensing
device composed of different damping caused by the
vibration aspects are taken into account for in-depth
exploration and research (Seidel et al., 2012). However, due
to the diversity of water flow and the complexity of the
internal structure of hydraulic machinery, direct
observation of the internal coupling of hydraulic machinery
seems impractical (Li et al., 2021), which hinders the research
on the fluid–solid mechanism of hydraulic machinery by
scientific researchers. With the development of computer
technology and image processing technology, a new
independent discipline computational fluid dynamics
(CFD) is gradually derived on the basis of classical fluid
dynamics and numerical calculation methods (Li et al.,
2021). It replaces the continuous physical quantities in the
time domain and space domain of the original physical field
with the set of physical quantities of finite discrete points and
applies certain principles and methods to establish algebraic
equations about the relationship between physical quantities
of discrete points. The approximate solution of the flow field is
obtained by solving the algebraic equations. Due to its small
investment, short time-consuming, and visualization of the
internal flow characteristics of fluid machinery, CFD has
quickly become an important means to study the cavitation
characteristics of hydraulic machinery (Liang et al. 2020).
Zheng et al. (2016). In order to study the influence of runner
dynamic characteristics and internal flow field of cross-flow
hydraulic turbine under fluid–solid coupling, the coupling
solution of its solid domain and fluid domain is performed by
using CFX and ANSYSAPDL, and compared with the
measured values, and it is found that the coupling effect
will reduce the hydraulic performance of the runner to

some extent, which provides a reference for the blade
transient response and runner hydraulic performance
prediction in practical engineering. Hu et al. (2016) used
the finite volume method for the fluid domain and the
finite element method for the solid domain to study the
fluid–solid coupling of the flexible airfoil under the action
of water flow. It is found that the blade deformation caused by
the fluid–solid coupling will lead to the change of the dynamic
pressure frequency of the blade, and its airfoil impulse angle
and water flow velocity will have some influence on the blade
deformation. Zhu et al. (2012) took a mixed-flow hydraulic
turbine as an example and carried out process simulation to
calculate the blade stress distribution, based on which fatigue
analysis was performed and optimized to reduce the
maximum stress to improve the fatigue life. Wang et al.
(2012) predicted the fatigue life of a hydraulic turbine
runner during start-up, steady operation, and stopping and
optimized the leaf root area where the stress is concentrated to
improve the fatigue life.

Therefore, this study takes a reversible hydraulic turbine
runner as the research object and analyzes the influence of
alternating fluid–solid coupling on the dynamic characteristics
of the runner blade under the variable operating conditions of the
reversible hydraulic turbine and obtains the conclusions related
to the stress, strain, and vibration of the runner area. This study
provides a theoretical reference for the design of reversible
hydraulic turbine blades.

MODEL ESTABLISHMENT AND MESHING

The object of this study is a reversible hydraulic turbine model,
and the overflow components consist of a worm shell, fixed guide
vane, movable guide vane, runner, and tailpipe, and the schematic
diagram is shown in Figure 1, and the specific parameters are
shown in Table 1.

In order to ensure that the numerical calculation results are
feasible and reliable, this meshing is performed using the sub-
function ICEM of commercial software ANSYS for full flow
channel hexahedral meshing. In order to eliminate the errors
arising from the number of meshes, mesh-independence
verification is required. Seven different sets of meshes are
generated by choosing different mesh scales. The calculation
conditions (a0 = 33 mm, Q11 = 0.66 m3/s, and n11 = 70.8 r/

FIGURE 1 | Model reversible turbine calculation area.

TABLE 1 | Model reversible turbine geometry parameters.

Parameter name Numerical value

Number of blades/pc 9
Active guide leaf/pc 20
Rotor high-pressure side diameter/mm 473.6
Worm shell inlet diameter/mm 315
Height of guide lobe b0/mm 66.72
Number of fixed guide vane/pc 20
Height of guide leaf/mm 66.72
Rotor low-pressure side diameter/mm 300
Tailpipe outlet diameter/mm 660
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min) are taken, and the constant calculation is performed. By
comparing the efficiency characteristics, it is found that
the efficiency basically does not change with the increase of
grid number, and the runner blade y + under this working
condition meets the turbulence model requirements, and
finally the grid quality of minimum 0.4 or more is adopted,
and the total number of grids is about 6.1 million for calculation.
The mesh quality is shown in Table 2 the finite element mesh of
the solid region is generated in transient structure, and the
number of mesh cells is 289,230. The mesh division results are
shown in Figure 2.

METHODS

Test Device and Reliability Verification
In this study, themodel reversible hydraulic turbine with movable
guide vane a0 = 33 mm was selected for numerical calculation
reliability verification. Five operating points are selected as shown
in Table 3, for which constant numerical calculations are
performed. Figure 3 shows the reversible hydraulic turbine
experimental setup. The results of the numerical calculations

are converted to unit speed and unit flow rate with the following
equations:

n11 � nD2��
H

√ , (1)

Q11 � Q

D2
2

��
H

√ , (2)

where n11 is the unit speed (rpm), Q11 is the unit flow rate (L/s),
n is the speed (rev/min), Q is the flow rate (L/s), H is the
working head (m), and D2 is the nominal diameter of the
runner (m).

Q11 and n11 were obtained by conversion, and then the
n11–Q11 characteristic curve was plotted. The n11–Q11

characteristic curve obtained by the conversion is compared

TABLE 2 | Mesh division of each component.

Project Worm housing and
fixed guide vane

Active guide leaf Rotating wheel Tailpipe

Number of grid cells 1894316 1218511 1605320 1556111
Number of nodes 316,841 1028423 1217820 1432144
Minimum angle/(°) 18 29 30 36
Minimum grid mass 0.45 0.5 0.50 0.65

FIGURE 2 | Schematic diagram of the partial grid of the flow field and structural field of the reversible turbine. [(A) Local grid schematic (B) Reversible turbine runner
structure field grid].

TABLE 3 | Model reversible turbine geometry parameters.

Working condition
point

Q1 Q2 Q3 Q4 Q5

Flow rate Q11 (m3/s) 0.83 0.76 0.66 0.54 0.3
Rotational speed n11 (r/min) 56.8 65.6 70.8 72.3 67.4

FIGURE 3 | Reversible hydraulic turbine experimental setup.
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with the test curve, and the results are shown in Figure 4.
Through comparison, the two have a high degree of
agreement and the error value is kept near 4%, which meets
the requirements of engineering research. Figure 5 shows the
comparison of efficiency for different working conditions, and the
difference between the experimental and calculated efficiency is
around 1.4%. Therefore, the model selected for this numerical
calculation has high reliability.

Reliability Analysis of Pressure Pulsation
The pressure pulsations are measured over all operating ranges of
turbine operating conditions and at the cavitation factor of the
power plant unit. It is necessary to measure the amplitude and
frequency of pressure pulsations between the worm shell, runner,
and guide vane as well as between the top cover and the upper
crown of the runner. The sensor arrangement should be located
where the maximum pressure pulsation amplitude can be
measured. The pressure pulsations are recorded and analyzed.
Spectrum analysis of the collected data should be performed to
determine the main frequency and amplitude of the pressure
pulsation. ΔH is used to represent the degree of pressure
pulsation in the turbine/pump, and H is the amplitude of the
turbine/pump, and H is the turbine head/pump head, which is the
characteristic amplitude. According to the IEC60193-1999
“hydraulic turbine, storage pump, and pump turbine model
acceptance test,” 18 characteristic amplitude values using
statistics were recorded, and given probability range (for
example, 97%) values beyond this probability range will be
ignored, so the pressure pulsation peak is derived by the
confidence method, and the confidence level is consistent with
the model test as far as possible. Since the turbine pressure
pulsation test is performed in the full range of operating
conditions, the corresponding pressure pulsation amplitude is
97% of the peak confidence level. Each operating point and each
measurement signal were analyzed, and the test results are shown
in Table 4.

TurbulenceModel andBoundaryConditions
Reversible turbines have frequent changes under operating
conditions and complex and variable flow conditions. The
application of SST k-w in ANSYS can accurately capture
surface vortices and near-wall flow, which is applicable to a
wide range of applications (Liang et al., 2020). Therefore, this
turbulence model is selected for numerical calculation. The inlet
and outlet pressures are 404300 pa and 101325 pa, respectively.
Interface coupling and SIMPLEC velocity pressure coupling
algorithm are used to solve the time-averaged N-S equation.
The residual value is set to 10–6, and the iteration time step is set
to 10−4s. The steady-state numerical calculation of the whole flow
field of pump turbine is carried out first, and the convergent
steady-state result is taken as the initial value of transient
calculation. During transient numerical calculation, the time
step is set to 3.867 × 10−4 s, and 120 steps are required for
one rotation, and each time step is rotated by 3°. In terms of a
solid domain, normal temperature clean water is used as the
medium, the density is 1 g/cm3, and the viscosity is 1cp; the model
material of pump turbine runner is structural steel, the density is
7850kg/m3, and the elastic modulus is 166.67 Gpa. Poisson’s ratio
is 0.3. Fixed constraints are imposed on the central part of the
runner, the centrifugal force is applied through the angular
velocity counterclockwise around the z-axis, the gravity
direction is the negative direction of the z-axis, and the fluid
domain acts on the water pressure of the structure by increasing
the fluid–structure coupling surface.

Dynamic Mesh Solving Method
For the bi-directional fluid–solid coupling study of hydraulic
turbine conditions of reversible hydraulic turbine, dynamic
treatment of the runner basin is required, so the dynamic
mesh update method of spring smoothing and local
reconstruction is needed for the runner area mesh. The fluid
domain and the solid domain are iterated several times, and the
node non-boundary in the computational domain undergoes
relative displacement changes and reaches a new equilibrium.
The spring smoothmethod is based on the principle given in Eqn.
3. The original is replaced by the newly generated mesh,
backward to the newly generated mesh difference.

FIGURE 4 | Comparison of experimental and simulation results of “S”
characteristics.

FIGURE 5 | Efficiency diagram under different working conditions.

Frontiers in Energy Research | www.frontiersin.org July 2022 | Volume 10 | Article 9433394

Xin et al. Reversible Hydraulic Turbine Fluid-Solid Coupling

186

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


�F � ∑n
j

kij(Δ �xj − Δ �xi), (3)

kij � kf�������∣∣∣∣∣ �xi − �xj

∣∣∣∣∣√ , (4)

where �F is the resistance on the node, k
ij
is the elastic constant

between two nodes, ΔXi is the move distance for the node, Xi is
the node location, and Xf is the elastic factor.

CALCULATION RESULTS AND ANALYSIS

Effect of Water Flow in the Leaf-Free Zone
on the Leaf Area
When the reversible turbine is operating under the optimal
working condition, the direction of water flow at the inlet of
the runner is close to its inlet angle, and the relative resistance

of water flow becomes smaller. But in the case of partial
working condition Q5 (larger unit speed and smaller flow
rate), the water flow state is relatively complex, and the water
flow and blade placement angle will produce a rush angle,
which will cause the effective flow rate to be reduced, forming a
more obvious high-speed water ring phenomenon. Not only
the phenomenon, but it will also cause this chaotic water flow
state wave to the rotor blade. From the blade inlet section,
vortex development can be seen in Figure 6, in the impulse
angle, stronger centrifugal force and blade coupling under the
composite effect, blade working surface, and blade between the
formation of unstable vortex structure. The existence of the
vortex causes the instability of the water flow, making the blade
by the water repeatedly hit the intensity of the increase;
cavitation performance due to the vortex generation also
produces a certain degree of decline. There is a separation
flow–complex flow where chaotic water flow filled in the
leafless area and between the rotor blades.

TABLE 4 | Hydraulic turbine working condition pressure pulsation test.

Location
of measurement point

Operating condition Test result (ΔH/H) Guaranteed value (ΔH/H)

Worm shell import At rated operating conditions 2.02 <3%
Partial working condition operation 2.14 <3%

Movable guide vane—between runners At rated operating conditions 2.64 <7%
Partial working condition operation 5.76 <7%

Between the top cover and runner At rated operating conditions 3.45 <7%
Partial load or no-load operation 5.22 <7%

Tailpipe Optimum operating conditions 1.10 <2%
Part-load or no-load operation 6.39 <7%

FIGURE 6 | Blade inlet section position flow line diagram. [(A–F) are the flow diagrams of the inlet area of the runner at different times].
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As the velocity distribution of the blade inlet section is
extremely uneven, in order to study the impact of the velocity
of the incoming impulse angle on the rotor blade inlet, the
velocity extraction line is established in the vertical direction
of the blade profile tangent line, and the incoming impulse angle
is triangulated according to the fluid flow velocity. Two runner
blade inlet velocities are selected for calculation and analysis, as
shown in Figure 7. There is a certain impulse angle in the blade
under this condition; at the same time, the blade inlet velocity
change law analysis found: when a regional velocity fluctuation of
the blade is larger, there is an obvious trough; when two regional
velocity fluctuations are smaller, in this region, there is no more
obvious peak and trough. Not only that but also both did not

appear at the same time point to increase or decrease the same or
common peak and valley values, that in the runner high-speed
rotation, no leaf area and blade between the existence of a large
speed difference and strong static and dynamic interference make
the blade inlet area speed and direction change fluctuations, and
there is strong randomness. This effect on the blade inlet area of
the blade will not only produce a relatively larger force and ensure
the safety of the runner from producing harm but also have the
possibility of partial resonance.

Analysis of Transient Flow Field Pressure
Pulsation in the Rotor Blade Area
The Q2 and Q5 working conditions were selected for the non-
constant pressure pulsation analysis. In order to obtain the pressure
changes in the flow field, three fluid domain measurement points
are set for the bi-directional fluid–solid coupling rotor blade area,
and the monitoring points are shown in Figure 8.

Figure 9 shows the frequency domain waterfall plots of
pressure pulsations at each monitoring point on the blade area
of the runner area under the two operating conditions of the
turbine under bi-directional fluid–solid coupling calculation. The
pressure pulsations are mostly dominated by low frequencies, as
shown in Figure 9A. The first main frequency reaches 78.7 at 5fn,
and the second main frequency reaches 51.4 at 13fn, which is
34.6% lower than the first main frequency amplitude. Near the
inlet of the rotor, i.e., near the bladeless area, there is a strong
dynamic interference, and the branch water flow coming out
through the movable guide vane gathers in this part and then
diverges again after the rotor blades. Therefore, the flow pattern
here is complex, with a large number of vortices and more violent
pressure pulsation. When the two-way fluid–solid coupling is
considered, the slight deformation of the runner blade area also
produces a certain degree of disturbance to the flow field, which
intensifies the pressure pulsation of the reversible turbine and has
a certain influence on the fundamental frequency of the pressure

FIGURE 7 | Variation of blade inlet speed with time. [(A,B) are the velocity variation curves of different guide vane inlet areas].

FIGURE 8 | Rotor blade monitoring point distribution map.
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pulsation, so the pressure pulsation amplitude in this part of
25fn–60fn produces some fluctuation phenomenon, as shown in
Figure 9B. Under Q5 working condition, compared with
Q2 working condition, the pressure pulsation in the first 15fn
is much intense, the first main frequency reaches 99.4 at 3fn, the
second main frequency is 38.6 at 7fn, and the main frequency
increases by 26.3%. Compared with Q2 working condition, the
flow rate in this working condition is reduced but the speed is
relatively high, the water flow into the rotor is much complicated,
and the velocity flow line distribution is extremely uneven, which
increases the flow field. The random and instability of the flow
field, which will make the runner blade under this working
condition by the water pressure to become larger, are not
conducive to the safe operation of the runner blade.
ZL1 monitoring point in the two working conditions of the
pressure pulsation amplitude is significantly greater than the
other two monitoring points and there are strong fluctuations.
ZL2 is in the middle of the blade position, the water flow
channel is reduced, the effective overflow is less, there is a
structural steel blade before and after the restraint of water
movement, and the water in the front blade and after the
reaction force of the blade there is a certain amount of mutual
resistance to the filling situation. ZL3 resistance to the filling
effect exists and is in the connection with the tailpipe, and the
pressure difference between the front and rear is larger, so the
pressure pulsation of the monitoring point will be less than
that of ZL1. Pressure pulsation will also be less than that of the
ZL1 situation.

Analysis of Transient Stress and Its
Deformation in the Rotor Area
Influenced by many secondary flows, different moments under
the blade stress distribution have changed, there is an uneven
stress distribution in the blade inlet, the stress area is concentrated

in the blade inlet in the front of the high-pressure area, and the
maximum stress in the blade is near the lower ring connection
place, as shown in Figure 10. Figure 11 shows the stress and
deformation diagram of the runner under Q2 working condition.
Figure 12 shows the maximum stress and deformation
fluctuation curve under this condition. So, in the upper ring
under the crown of the T-shaped connection, a part of the stress
exists leading to abrupt change of the situation. Due to the
periodically repeated action of the water in the runner blade,
the blade formed a different degree of stress distribution and
selected different moments under the fluid on the blade surface as
maximum stress, taken as the deformation situation for analysis.
The 1 S results were selected to perform the analysis. Figure 11
shows the two working conditions of the runner blade stress;
the blade working surface stress distribution trend from the inlet
side to the middle of the blade gradually reduced, and this
pressure distribution trend is in line with the hydraulic
machinery blade pressure law. In the Q2 working condition,
the runner blade stress presents “a C”-type distribution, the stress
is concentrated in the upper and lower side of the blade inlet, the
middle stress is small, and the blade tail end stress tends to zero.
The maximum stress in 0.1–0.3 s changes drastically and then
appears as slight up and down fluctuations. For the blade
deformation, the inlet position directly impact gravity,
centrifugal force, and high-pressure high-speed fluid on the
thin blade, and there is a big stress difference in the middle
and the two ends; the middle of the blade inlet has no
restraint, making deformation maximum parts concentrated in
the middle of the blade; because of the model structure material
reasons, the overall deformation variable is small. The maximum
deformation is only about 0.01 mm, and the trend of change
and the maximum stress changes are roughly the same but
there is a certain hysteresis. The deformation in the middle is
the largest and gradually spreads to the surrounding area and
gradually decreases.

FIGURE 9 | Reversible turbine runner area pressure pulsation frequency domain waterfall diagram. [(A,B) are Q2 and Q5 working conditions respectively].
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Figure 13 shows the stress and deformation diagram of the
runner under Q5 working condition. Figure 14 shows the
maximum stress and deformation fluctuation curve under this
condition. Under the Q5 working condition, the runner blade

stress is a “D”-type distribution, that is, the stress is concentrated
in themiddle of the blade inlet and the upper and lower side of the
stress is small, but the maximum stress part is still in the lower
side of the blade and the same will undergo sudden change of

FIGURE 10 | Local enlargement of stress concentration area. [(A,B) are local enlargements of stress concentration areas at different locations].

FIGURE 11 | Stress and deformation diagram under the Q2 working condition. [(A,B) are the stress and deformation diagrams for this working condition].

FIGURE 12 |Maximum stress and deformation change curve under Q2 working condition. [(A,B) are the maximum stress and deformation value fluctuation curves
under this working condition].
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stress situation. The stress distribution with the time change is not
big, but this condition stresses maximum value change more
strongly, changes amplitude more than 15%, and in the
subsequent time the maximum stress value in 55 MPa
fluctuates up and down; the stress value is greater than that of
Q2 condition. The deformation position is concentrated in the
middle of the blade inlet, but the overall variation is larger than
that of the Q2 condition, and the maximum value of deformation
shows a large and small phenomenon, which is not conducive to
the safe operation of the reversible hydraulic turbine.

Comparison of Rotor Area Modal Analysis
In order to obtain the inherent frequencies of the reversible
turbine runner, the existing models were analyzed in dry
mode, prestressed mode, and wet mode for the sixth-order
nodal modal analysis, respectively. In Figure 15, it can be seen
that the difference between the dry mode and the dry mode
vibration frequency under pre-stress in the rotor blade area is
very small, and to some extent, the rotor blade is not affected by
the pre-stress on its fixed frequency. The overall vibration trend

increases with the increase of the order. The first- and second-
order and the fifth- and sixth-order vibration frequencies have
similar regular changes. Due to the additional mass force of the
water medium in the wet mode and the damping diffusion effect,
the vibration frequency of the wet mode starts to differ from the
dry mode in the fourth order, and the increasing rate of frequency
in the wet mode becomes smaller by about 5.1%. Because the
influence of water on the vibration becomes larger in the higher-
order cases, the frequency difference is about 11% at the sixth
order, which has a tendency to increase gradually.

Since the study involves the submerged reversible turbine
runner, the wet mode analysis is more suitable for the actual
operating environment of the reversible turbine runner so that
the numerical calculation results are closer to the actual situation.
Therefore, it is necessary to further analyze the modal vibration
pattern of the reversible hydraulic turbine runner under wet
mode. Figure 16 shows the first six orders of the wet mode
vibration pattern of the reversible hydraulic turbine runner. The
first- and second-order formations are left–right and front–back
oscillations, respectively. The deformation is symmetrically

FIGURE 13 | Stress and deformation diagram under the Q5 working condition. [(A,B) are the stress and deformation diagrams for this working condition].

FIGURE 14 | Maximum stress and deformation change curve under Q5 working conditions. [(A,B) are the maximum stress and deformation value fluctuation
curves under this working condition].
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distributed, and the maximum deformation is at the farthest
point of the runner oscillation. The third-order vibration pattern
is rotation around the axis left up, and the largest variable is
located at the lower ring. The fourth-order model is up-and-down
vibration along the central axis, the deformation is centrally
symmetric at the main axis, and the largest deformation is at
the upper crown of the runner. The fifth- and sixth-order mode
vibration pattern is more similar, producing larger bending
deformation at the center, with smaller deformation at the
upper part, and the larger deformation is concentrated at the
upper and lower crown and lower ring areas. The first-, second-,
third-, and fourth-order modal vibration patterns are all vibration
phenomena of the whole structural part of the runner, while the
fifth- and sixth-order modal vibration patterns are bending
deformation at a certain position. Since the connection
between the upper crown and the main shaft is specified as a
fixed constraint, the deformation in the area near it is low. The
larger deformation area is concentrated at the edge of the upper
crown and lower ring. The deformation of the runner blade is

FIGURE 16 | Sixth-order modal vibration pattern of the runner of a reversible hydraulic turbine. [(A–F) are the first, second, third, fourth, fifth and sixth order mode
vibration patterns respectively].

FIGURE 15 | Comparison of the first six orders of vibration frequency of
the runner.

TABLE 5 | Comparison of the first six orders of vibration frequency of the runner of reversible hydraulic turbine.

Modal order First Second Third Fourth Fifth Sixth

Dry mode (Hz) 625.32 625.34 735.8 1,061.6 1,291.6 1,291.8
Wet mode (Hz) 633.98 633.98 749.69 1,021.33 1,153.6 1,153.6
Q2 work conditions (Hz) 636.13 636.14 744.26 1,073.6 1,291.6 1,296.62
Q5 work conditions (Hz) 636.46 636.46 744.28 1,073.6 1,291.6 1,296.29
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relatively uniform and decreases gradually along the runner from
the inlet. The stress concentration area is distributed near the
connection of the runner blade with the upper crown and lower
ring, which is easy to produce fatigue damage and creates a
hidden danger to the safety of the reversible hydraulic turbine.

Table 5 shows reversible hydraulic turbine runner’s first six
orders of vibration frequency comparison and hydraulic
excitation force–frequency comparison. The hydraulic turbine
speeds to get the runner rotational frequency fn were 17.2 Hz and
21.4 Hz, while the blade passing frequencies 9fn were 154.8 Hz
and 192.648 Hz. The guide vane passing frequencies 20fn were
344 Hz and 428 Hz. The main frequencies of pressure pulsation at
the internal flow field monitoring points are 3fn, 5fn, 7fn, and 13fn.
Compared with the inherent frequency of the runner, there is a
big difference. The minimum residual (guide vane passing
frequency 20fn) is also at 46.03%, far exceeding the safety
residual threshold of 20%, so the possibility of a resonance
phenomenon of dynamic stress is very small.

CONCLUSION

1 Under high-speed and small flow conditions by the
influence of high-speed water ring region, there is a
large random fluctuation of speed change in the inlet
region. The vortex structure is generated in the blade
area, which is not conducive to the stability of the runner
area, and the gradual development of the vortex also
reduces the blade cavitation performance, and there is a
certain safety risk.

2 In the case of considering the two-way fluid–solid coupling,
the pressure pulsation in the fundamental frequency region
exacerbates the pressure pulsation fluctuations. The blade
inlet is influenced by the pressure pulsation of the static and
dynamic interference in the bladeless area, which gradually
decreases along the flow path direction. The water flow state
is more complex under Q5 conditions, and the pressure
pulsation is high and unstable, which increases the risk of
runner blade fatigue.

3 Through the two-way fluid–solid coupling analysis of the
runner area, it can be seen that the hydraulic turbine stress is
concentrated at the inlet of the runner blade and distributed
in the area near the connection between the runner blade
and the upper crown and lower ring; the maximum
deformation is concentrated in the middle of the blade,
which is prone to fatigue damage.

4 Using the acoustic-solid coupling technique, the inherent
frequencies of the runner in the three cases were obtained
and compared with the pulsation frequencies in the main
frequency region of the blade passage frequency, guide vane
passage frequency, and its pressure pulsation analysis, and it
was found that the difference was large and the possibility of
resonance was small.
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Fluid-Structure Interaction in a
Pipeline Embedded in Concrete
During Water Hammer
Yu Chen1,2*, Caihu Zhao1, Qiang Guo3, Jianxu Zhou3, Yong Feng1 and Kunbo Xu1

1School of Mechanical Engineering, Nanjing Institute of Technology, Nanjing, China, 2Haitian Plastics Machinery Group Co., Ltd.,
Ningbo, China, 3College of Water Conservancy and Hydropower Engineering, Hohai University, Nanjing, China

Pipe vibration induced by water hammer frequently emerges in water conveyance
system, especially in the hydropower plant or pumped storage power station with long
diversion pipelines. This vibration in turn affects the hydraulic pulsation so that
undesired fluid-structure interaction (FSI) arises. In this research, attention is given
to a pipeline embedded in concrete. A six-equation model was derived to describe the
fluid-pipe-concrete interaction considering Poisson coupling and junction coupling.
With the elastic and homogeneous hypotheses, an iterative approach was proposed to
solve this model, and the results were validated by experiment and classical water-
hammer theory. Then dynamic FSI responses to water hammer were studied in a
reservoir-pipe-valve physical system. Hydraulic pressure, pipe wall stress and axial
motion were discussed with respect to different parameters of concrete. Results
obtained by the two-equation model, four-equation model and six-equation model
show characteristics of pressure wave and stress wave separately with and
without FSI.

Keywords: water hammer, pipe vibration, fluid-structure interaction, iterative method, concrete

1 INTRODUCTION

Water conveyance pipeline has been widely used in marine engineering, petrochemical engineering,
energy and power engineering, spacecraft power system and also daily life. Repeated stimuli inside
and outside the pipeline have been proven to excite pulsations in the pressurized fluid. Water
hammer is a typical trigger frequently inducing structural vibration and new pressure fluctuations.
This fluctuation further causes pipe expansion or contraction, which in turn affects the hydraulic
pressure inside the pipe. This phenomenon is the typical fluid-structure interaction (FSI). However,
FSI responses closely depend on the operating condition of the pipe system. Hence, FSI analysis
should be carried out according to various constraints and boundary conditions (Mahmoodi, et al.,
2019; Tijsseling, 2019; Rajbamshi, et al., 2020).

Friction coupling, Poisson coupling and Junction coupling are three main types when pipeline
interacts with fluid. The first two emerge throughout the whole pipeline, whereas Junction coupling
only happens in local positions including the elbows, branches, valves, boundaries, and variable
cross-sections (Zanganeh, et al., 2015). System coupling in these locations becomes stronger (Alaei,
et al., 2019). Furthermore, response to friction coupling is the weakest and has a long duration of
oscillation (Huang and Alben, 2016). As the most important coupling form, Junction coupling
depends on the robustness of the system and usually causes a pressure head larger than the classical
water hammer (Karakouzian, et al., 2019). Poisson coupling and friction coupling can greatly
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influence Junction coupling. And in turn, Junction coupling has a
greater impact on the pipeline system compared with Poisson
coupling.

Regarding the constraints of pipeline, Li, et al. (2012) and Liu and
Li. (2011) analyzed the elastic support and found the complex
boundary conditions can be successfully simulated by the six-
equation elastic spring model. Then, Li, et al. (2014) expanded
the application of this elastic model. The FSI is continuously induced
and transmitted in fluids and pipelines. This interaction becomes
much stronger in pipes with few or no support (Liu and Li. 2011).
Meanwhile, FSI has a crucial effect on fluid pressure and pipe stress
when the pipe axial stiffness is greater than the rigidity of the
supports (Li, et al., 2012). In a typical case study, Riedelmeier
(Riedelmeier, et al., 2014) analyzed FSI phenomenon under four
kinds of axial support and determined proper support tomitigate the
displacement and stress in pipes.

The preceding achievements mainly focused on the FSI response
of water conveyance systems with various pipeline layouts. Notably,
the external constraints of pipes were generally discrete and their
effects on FSI response were simplified as boundary conditions. For
example, a pipe with continuity constraints degenerates into amulti-
span pipeline model (Wu and Shih, 2001; Yang, et al., 2004). This
simplification omits the global restriction of the constraint as well as
its vibration. So the current model available in the literature is yet to
be completely suitable. Herein, this paper investigates the constraints
and dynamic responses in a water conveyance pipeline surrounded
by concrete, focusing on fluid-pipe-concrete interaction. Pipe and
concrete are integrated as a composite structure in this research,
similar to that in a pre-stressed concrete cylinder pipe (PCCP) (Lee,
et al., 2012;Hu, et al., 2019; Sun, et al., 2020). Compared to the typical
FSI, FSI arising in such a system contains an extra pipe-concrete
interaction. However, this extra effect is yet to be included in the
current PCCP model.

A typical reservoir-pipe-valve system is used in this paper
to produce water hammer. With the simplified elastic model
of concrete, as well as continuity and motion equations of
fluid, pipe and concrete, the fluid-pipe-concrete six-equation
model is derived. Then an iterative approach is proposed to
solve this model and the results get validated by experiment.
Dynamic responses concerning the fluid-pipe-concrete
interaction of the reservoir-pipe-valve system are
subsequently scrutinized, including hydraulic pressure, pipe
wall stress and vibration.

2 NUMERICAL MODEL

When water conveyance system with a straight pipe suffers from
water hammer, the axial structural vibration becomes obvious. In the
fluid-pipe-concrete model, system characteristics can be described
by solid constitutive equations and fluid governing equations. Then
the FSI in such a composite structure is mathematically deduced.
Two global hypotheses should be followed.

• The axial component of parameters in the control volume is
equivalent to the average value in the corresponding section
(Ting, et al., 2017).

• Axial stress, strain and displacement are separately assumed
to be constant at the radial direction on a certain cross-
section.

2.1 Stress at Inner Interface and Outer
Interface
As for a piping system embedded in concrete, the pipe concrete
coupling is taken into account. A sketch of stress from concrete
imposing on pipe wall is shown in Figure 1. Figure 1A
illustrates the external forces applied on an element of pipe
wall. In this work, section of the concrete segment is
considered to be annular. Then the inner interface is
defined by the fluid and pipe wall, while outer interface by
the pipe wall and ambient concrete, as seen in Figure 1B.

Since the pipeline is symmetric, the stress of concrete
uniformly distributes around the pipe ring and can be
assumed as a function of the radial coordinate (Wu, 2017;
Mirjavadi, et al., 2020). By extension, Lame solutions of the
radial stress of pipe wall σr, hoop stress of pipe wall σθ, radial
stress of concrete σrs and hoop stress of concrete σθs in this
encased system are separately presented as follows (Daoxiang and
Weinlin, 2006):

σr �
(R+e)2

r2 − 1
(R+e)2
R2 − 1

p|r�R −
1 − R2

r2

1 − R2

(R+e)2
Pb (1)

σθ �
(R+e)2

r2 + 1
(R+e)2
R2 − 1

p|r�R −
1 + R2

r2

1 − R2

(R+e)2
Pb (2)

σrs �
R2
s

r2 − 1
R2
s

(R+e)2 − 1
Pb, σθs �

R2
s

r2 + 1
R2
s

(R+e)2 − 1
Pb (3)

where R is the internal diameter of pipe, e is the thickness of pipe
wall, Pb and p|r = R are external and internal pressure of pipe wall,
separately.

Pipe wall and concrete have the identical radial strain εr|r = R+e

on their interface. Due to the assumption of linear radial
displacement, εr|r = R+e = εr|r = R. According to Hooke law, εr|r
= R+e is defined as:

εr|r�R+e � 1
E
[σr|r�R+e − ](σθ|r�R+e + σz|r�R+e)] (4)

where σz is the axial stress of pipe wall, E is the elastic modulus of
pipe wall, and ] is the Poisson’s ratio of pipe wall.

According to the reference (Sinha, et al., 2001) in a concrete-
encased piping system, the concrete strain is small enough so that
the stress-strain relation degenerates into an elastic model,
shown as:

Pb � σrs|r�R+e � Esεrs|r�R+e + ]s(σθs|r�R+e + σzs|r�R+e) (5)
where σzs is the concrete axial stress because of expansion or
contraction of the outer pipe wall. Pb is the constant pressure
imposed on the outer pipe wall by ambient concrete, thus, Pb =
σrs|r = R+e. ]s and Es are the Poisson’s ratio and elastic modulus of
concrete, separately.

Frontiers in Energy Research | www.frontiersin.org July 2022 | Volume 10 | Article 9562092

Chen et al. FSI in Concrete-Encased Pipeline

196

https://www.frontiersin.org/journals/energy-research
www.frontiersin.org
https://www.frontiersin.org/journals/energy-research#articles


Recalling linear displacement at the radial direction and
substituting Eqs 1–4 into Eq. 5, yields the radial stress on the
outer interface:

Pb � Es

E
[ − Pb − ]( 2R2p| r�R

(R + e)2 − R2
− (R + e)2 + R2

(R + e)2 − R2
Pb + σz)]

+ ]sσzs + R2
s + (R + e)2

R2
s − (R + e)2]sPb

(6)
The fluid radial velocity component Vr is assumed to be

constant at a certain section. So Vr is equal to the radial
velocity of pipe ur on the inner interface (Lai, et al., 2020).
Then pressure relationship with respect to pipe center-line and
inner interface is established:

P − p|r�R � 1
2
ρfR

zur|r�R
zt

(7)

where P is the pressure at the pipe center line. ρf is the fluid
density. And radial motion equation of pipeline is defined as:

ρt
zur

zt
� Rp|r�R
(R + e/2)e −

(R + e)Pb

(R + e/2)e −
∫R+e
R

σrdr

(R + e/2)e (8)

where ρt is the density of pipe wall material. Substitute Eq. 1 into
Eq. 8:

ρt
zur

zt
� R2p|r�R
(R + e/2)2e −

(R + e)2Pb

(R + e/2)2e (9)

The following can be obtained by solving Eqs 6, 7, Eq. 9.

Pb � aP + bσz + cσzs (10)
p|r�R � dP + fσz + hσzs (11)

The definition of coefficients a, b, c, d, f and h can be seen in
the Appendix.

2.2 Governing Equations for Fluid
2.2.1 Axial Motion Equation of Incompressible Flow
The equation of axial motion of fluid at pipe centerline is:

ρfAfdz
DV

Dt
+ Af(P + zP

zz
− P)dz � 0 (12)

where t and z are time and axial direction respectively. V is the
fluid velocity at pipe centerline. Af is the area of the flow
section. The total acceleration of fluid is composed of the
convective acceleration and the local one. So Eq. 12 can be
converted to:

ρfAfdz(zV
zt

+ V
zV

zz
) + Af(P + zP

zz
− P)dz � 0 (13)

The one-dimensional axial motion equation of fluid at pipe
centerline is obtained.

zV

zt
+ V

zV

zz
+ 1
ρf

zP

zz
� 0 (14)

FIGURE 1 | Sketch of stress acting on pipe wall. (A) Side view. (B) Cross-sectional view.
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2.2.2 Continuity Equation of Incompressible Flow
Ignoring the hoop velocity of the pipe, continuity equation of the
symmetric flow can be expressed in cylindrical coordinate:

zρf
zt

+ 1
r

z

zr
(ρfrVr) + z

zz
(ρfV) � 0 (15)

Recalling the definition of fluid bulk modulus K, zP/zρf = K/ρf,
Eq. 15 is converted to:

1
K

zP

zt
+ 1
r

z(rVr)
zr

+ zV

zz
� 0 (16)

Averaging over the cross-section, a continuity equation of
one-dimensional flow is derived as (Tijsseling, 2007):

1
πR2

∫R

0
2πr(1

K

zP

zt
+ 1
r

z(rVr)
zr

+ zV

zz
)dr � 0 (17)

The Resultant Equation Is:

1
K

zP

zt
+ 2Vr

R
+ zV

zz
� 0 (18)

Vr

R
� ur

R
� 1
E

z[σθ|r�R − ](σz|r�R + σr |r�R)]
zt

(19)

Substituting Eqs 1, 2 into Eq. 19:

Vr

R
� 1
E
[(R + e)2 + R2

(R + e)2 − R2

zp|r�R
zt

− 2(R + e)2
(R + e)2 − R2

zPb

zt
− ](zp|r�R

zt

+ zσz
zt

)] (20)

Substituting Eqs 10, 11, into Eq. 20:

Vr

R
� α

zP

zt
+ β

zσz
zt

+ γ
zσzs

zt
(21)

in which

⎛⎜⎝ α
β
γ

⎞⎟⎠ � −1
E

2(R + e)2
(R + e)2 − R2

⎛⎜⎝ a
b
c

⎞⎟⎠ + 1
E
[(R + e)2 + R2

(R + e)2 − R2
− ]]⎛⎜⎝ d

f
h

⎞⎟⎠
+ ]
E
⎛⎜⎝ 0

1
0

⎞⎟⎠
Substituting Eq. 21 Into Eq. 18:

zV

zz
+ (1

K
+ 2α) zP

zt
+ 2β

zσz
zt

+ 2γ
zσzs
zt

� 0 (22)

2.3 Governing Equations for Pipe
2.3.1 Axial Motion Equation of Structures
For pipe walls, the axial external force is the shear force.
Considering pipe-concrete coupling, the motion equation of
the pipe is:

ρtAtdz
zuz

zt
+ At[(σz + zσz

zz
dz) − σz] � −Gεs2π(R + e)dz

(23)

where uz and σz are axial velocity and axial stress of pipe, At is the
cross-sectional area of the pipe wall. G = E/2(1+]s) is the shear
modulus of elasticity of concrete. The axial strain of concrete εs =
zws/zz. ws is the axial displacement of concrete.

Eq. 23 is then Simplified:

ρt
zuz

zt
+ zσz

zz
� − R + e

(R + e/2)e
Es

2(1 + ]s)
zWs

zz
(24)

Due to the concrete axial velocity us = zws/zt, Eq. 24 is
updated.

ρt
zuz

zt
+ zσz

zz
+ R + e

(R + e/2)e
Es

2(1 + ]s)
z(∫

t
usdt)
zz

� 0 (25)

2.3.2 Pipeline Continuity Equation
According to the Hooke law, the strain-stress relation applied to
pipe axial direction is:

εz � zWz

zz
� 1
E
[σz − ](σr + σθ)] (26)

where wz is the axial displacement of pipe wall and uz = zwz/zt.
According to Eqs 1, 2, the sum of radial and hoop mean
stresses is:

σr + σθ � 1
2π(R + e/2)e ∫R+e

R

2π(σr + σθ)dr

� R2(R + e)2
2(R + e/2)2e2 ln(1 + e

R
)p|r�R − R2

2(R + e/2)ePb (27)

For convenience, Eq. 27 is written as:

σr + σθ � kP + lσz +mσzs (28)
in which

⎛⎜⎝ k
l
m

⎞⎟⎠ � R2

2(R + e/2)e
⎛⎜⎝ a

b
c

⎞⎟⎠ + R2(R + e)2
2(R + e/2)2e2 ln(1 + e

R
)⎛⎜⎝ d

f
h

⎞⎟⎠
Substituting Eq. 28 into Eq. 26:

zuz

zz
− (1

E
− ]l
E
) zσz

zt
+ ] k

E

zP

zt
+ ]m

E

zσzs

zt
� 0 (29)

2.4 Governing Equations for Concrete
Considering structural vibration caused by FSI, the axial motion
equation of concrete is:

ρsAsdz
zus

zt
+ As

zσs

zz
dz � Esεs

2(1 + ]s) 2π(R + e)dz (30)

where ρs and As are density and sectional area of concrete,
respectively. Eq. 30 can be simplified.

ρs
zus

zt
+ zσs

zz
� π(R + e)Esεs

(1 + ]s)As
(31)
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According to Hooke law, the strain-stress relation of
concrete is:

εs � zws

zz
� 1
E
[σs − ](�σsr + �σsθ)] (32)

Taking time derivative of Eq. 32:

zus

zz
� 1
E
[zσs

zt
− ]

z(�σsr + �σsθ)
zt

] (33)

Based on Eq. 3, the sum of radial and hoop mean stresses can
be expanded as:

�σsr + �σsθ � 1
2π(Rs + es/2)es ∫Rs+es

Rs

2πr(σsr + σsθ)dr

� R2
s

(Rs + es/2)esPb � R2
s

(Rs + es/2)es (aP + bσz + cσzs)
(34)

Then substituting Eq. 34 into Eq. 33:

zus

zz
� 1
E

zσs
zt

− vs
E

R2
s

(Rs + es/2)es (a zPzt + b
zσz

zt
+ c

zσzs

zt
) (35)

Till now, a six-equation model describing the fluid-pipe-
concrete system is derived. This model consists of continuity
and motion equations of fluid and pipe, and constitutive
equations of concrete. And these equations are coupled by
the boundary conditions on their interfaces, at r = R and
r = R + e.

3 SOLUTION METHODOLOGY

3.1 Finite Volume Discretization
The finite volume method (FVM) can provide satisfactory
predictions to flow transients by solving equations in each
control volume (Ferras, et al., 2017) and by presenting each
physical term in integral form (Cardiff, et al., 2016). Based on
cell-centered FV discretization, an iterative approach is

proposed in this paper to calculate the FSI responses. As
shown in Figure 2A, the control volume includes two
dimensions, namely the time step ΔT and the control
volume length ΔZ. The model is solved at the center of
each cell. In order to numerically keep higher accuracy, the
discretization grids system is shown in Figure 2B, where ΔZ =
2Δz and ΔT = 2Δt.

This method discretizes Eq. 14 and Eq. 22, Eq. 25, Eq. 29, Eq.
31 and Eq. 35 using the control volume and integrates differential
equations from t to t + Δt in each control volume. The generalized
differential equation can be expressed as:

A
zQ
zt

+ B
zQ
zz

� S (36)

The Crank-Nicolson implicit form of time-centered difference
provides a second-order accuracy to predict the partial
differential terms. And unconditional stability is guaranteed
with respect to the solution process (Ramírez, et al., 2018).

∫∫
ΔtΔz

(A zQ
zt

+ B
zQ
zz

− S)dtdz � 0 (37)

A ∫
Δz

zQdz + B∫
Δt

zQdt − S ∫∫
ΔtΔz

dtdz � 0 (38)

A(Qn+1
i − Qn

i )Δz + B
2
[(Qn+1

i+1 − Qn+1
i ) + (Qn

i+1 − Qn
i )]Δt � SΔzΔt

(39)
AQn+1

i Δz + B
2
(Qn+1

i+1 − Qn+1
i )Δt � AQn

i Δz −
B
2
(Qn

i+1 − Qn
i )Δt

+ SΔzΔt
(40)

where Q denotes the state matrix in each control volume at each
time step.

Q � [V uz us P σz σs ]T
A, B and S are shown in the Appendix. n denotes the nth time

step. i is the ith calculation nodes. Δt denotes the time step. Δz
denotes the axial interval of each node.

FIGURE 2 | Discretization grids system (A) Cell-centered form of FVM. (B) An equivalent grid system of A.
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According to Eqs 37–40, the iterative matrix between adjacent
time steps for the water conveyance system is built as follows:

⎛⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝
A1 D1

B2 A2 D2

B3 A3 D3

1 1 1
BN−1 AN−1 DN−1

BN AN

⎞⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠
8N×8N

⎛⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝
Q1

Q2

Q3

..

.

QN−1
QN

⎞⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠
8N×1

�
⎛⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

C1

C2

C3

..

.

CN−1
CN

⎞⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠
8N×1

(41)
in which

Bi � 1
2
B( I4×4

04×4
)

Di � 1
2
B( 04×4

I4×4
)

Ci � AQn
i Δz −

B
2
(Qn

i+1 − Qn
i )Δt + SΔzΔt

Vector Ci and Qi separately denote the state vector in the ith
node at the nth and (n+1)th time step. i = 1 to N, where 1 and N
refer to the inlet and outlet of the pipeline, respectively. When
discontinuity happens between adjacent pipelines or fluid, this
discontinuous section will be modeled as an interior boundary
condition. Ai and Ci are included in the following equations of
boundary conditions.

3.2 Boundary Conditions
Given that the cross-sectional area of the reservoir is much larger
than that of the pipeline, the water level in the tank can be treated
as a constant (Vardy et al., 1996):

P � P0 (42)
where P0 denotes the pressure provided by the water level in
the reservoir. The pipe inlet and outlet are rigidly connected to
the system respectively, so the corresponding continuity
equations of axial direction are as follows (De Santis and
Shams, 2019):

uz � 0, us � 0 (43)
When the outlet valve is closed, fluid flow velocity, axial

velocity of the pipe wall and discharge satisfy:

Af(V − uz) � τQ0 (44)
where τ = (1—t/Tc)

1.5, τ is the closing coefficient which
gradually changes from 1 to 0 when the valve is closed. Tc

is the total shutdown time. Subscript 0 denotes the
initial value.

4 METHOD VALIDATION

4.1 Experimental Data Comparison
Amore general apparatus proposed by Vardy and Fan is used for
benchmark purposes, as seen in Figure 3 (Vardy et al., 1996).
This system consists of a single pipe of 4.5 m and a rod of 5.006 m.
The pipe is suspended and kept horizontal by long wires. Both
ends of it are sealed by steel caps. And the pipe contains
pressurized water to prevent cavitation. Then the steel rod
axially impacts the stationary pipe to generate waves in the
fluid and in the pipe.

This system during transients is solved by the six-equation
model and the iterative methodology. Herein, the pipe is regarded
as a thin-wall pipe encased in the samematerial (ρt = ρs, ] = ]s, E =
Es). The corresponding cross-section is similar to the sketch in
Figure 1B.

Results from the experiment and numerical iteration are
presented in Figure 4, including pressure fluctuations at the
impact end (Figure 4A) and at the remote end (Figure 4B) of
the pipe. The time step in the numerical calculation is 10−4 s to
ensure this algorithm can capture the high-frequency fluctuation.
While in the test, the max sampling frequency is 80 Hz. So the
black curve in Figure 4 is relatively smooth compared to the red
line. The latter one containsmore fluctuating features. In Figure 4A,
pressure values at the first peak are 2.82MPa for experiment and
2.74MPa for simulation. The relative error is 2.84%. Moreover, this
six-equation model mainly takes axial coupling and radial coupling
into account, while failing to include torsion coupling. Due to
experimental error, the discrepancy between the two curves is
acceptable. Generally, numerical results are in good agreement
with the experimental data. This reveals this numerical model is
suitable to investigate the dynamics and kinematics of the piping
system embedded in concrete. And the FV discretization method is
feasible to solve this system.

4.2 Classical Model Comparison
A typical reservoir-pipe-valve system is built up with pipe length
L = 10 m, R = 0.1 m, e = 0.01 m. Figure 5 sketches this system
encased in concrete.

In this system, the water hammer induced by closing the valve
was separately calculated by the classical two-equation model and
the six-equation model established in this paper. As seen in
Figure 6, little deviation arises between these two models

FIGURE 3 | Experimental apparatus (Vardy et al., 1996).
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when ES = 1015 Pa. The two-equation model neglects fluid-pipe
interaction based on the classical water hammer theory. With
respect to the six-equation model, the elastic modulus of concrete
is large enough so that the pipe vibration is negligible and the FSI
response is weak. In such a case, the six-equation model
degenerates to the classical model and their results are almost
identical.

To further justify the derived six-equationmodel, comparisons to
the two-equation model, and four-equation model are discussed

with respect to the water hammer in a typical reservoir-pipe-valve
system. The pressure fluctuations upstream the valve by these
models are illustrated in Figure 7. The two-equation model
omits the FSI, so the pressure curve is trapezoidal waveform in
shape. The four-equation model involves fluid-pipe interaction but
neglects constraints on the pipe’s outer surface. This is equivalent to
an exposed pipe system.

The peak segment of the black line in Figure 7 can be split into
three parts. In region I, the red and blue lines are lower than the black

FIGURE 4 | Time history of pressure (A) Impact end. (B) Remote end.

FIGURE 5 | Side view of water conveyance system encased in concrete.

FIGURE 6 | Dynamic pressure with and without FSI. FIGURE 7 | Hydraulic pressure by different models.
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line due to pipe expansion at the valve. In region II, red and blue lines
climb over the black line. Because in FSI-involved models,
contraction of the pipe wall plays pumping effects on fluid,
triggering a larger pressure than the classical result. In region III,
the axial stress wave bounces back, expands again the pipe and results
in the last pressure drop over the pressure surge. Moreover, an
exposed pipe (four-equation model) has a smaller pressure wave
speed, but stronger FSI responses due to less support. When the pipe
is embedded into concrete, constraints weaken the contributions of
the pumping effect. Peak pressure is suppressed, shown as the red line
lower than the blue one. When the stiffness of the concrete is large
enough, peak pressure and pressure wave speed are similar to those in
the classical model, as shown in Figure 6.

5 RESULTS AND DISCUSSIONS

This section deals with the kinematic and dynamic characteristics
based on the layout in Figure 5 when the fluid-pipe-concrete
interaction is taken into account. Hydraulic transients is triggered
by closing the valve in 0.01 s. And the closing law depends on the
coefficient τ in Eq. 44.

Sensitive analysis of grid size and time step is first discussed, which
determines the result precision. In this process, the Courant number is
well controlled to ensure a stable iteration and reliable results.
Numerical results of peak pressure vary with these two parameters
are given in Figure 8. When Δz > 0.1m in Figure 8A, the peak
pressure drops dramatically with the increase of grid interval. On the
contrary, ifΔz< 0.1m, the numerical result is not sensitive to grid size.
Figure 8B shows a similar manner when the threshold value of the
time step is 10−4 s. Consequently, the node interval and time step are
separately set to be 0.1m and 10−4 s in the iterative algorithm.

5.1 Influence of Concrete on Hydraulic
Pressure
As known from Eq. 22 and Eq. 31, FSI responses to water
hammer greatly depend on parameters of concrete, including

its Poisson’s ratio, thickness-radius ratio, elastic modulus and
density. Hydraulic pressure upstream the valve fluctuates with
these parameters are shown in Figures 9A–D, respectively.

It is clear that the Poisson’s ratio and concrete density hardly
affect the hydraulic pressure as the two curves are almost
overlapped, as seen in Figures 9A,D. Firstly, coefficients in
Eqs 10, 11 are the function of ]s from their definitions in the
Appendix. But the difference of R·p|r=R - (R + e)·Pb can be
ignorable. Moreover, ]s mainly contributes to the axial shear
force between concrete and pipe, while little affects the pressure.
With respect to the concrete density, ρs only dominates the
inertia of concrete, then affects the frictional force on the outer
interface. However, hydraulic pressure hardly changes when ρs
becomes ten times larger. This reveals that the axial vibration of
concrete plays a negligible role in FSI responses.

In contrast, the thickness-radius ratio and elastic modulus play
an important role in the FSI response. By extension, larger Es
alleviates the pumping effect on fluid and further weakens the FSI
response. Hydraulic pressure fluctuates more moderately in this
case and decays faster, as seen in Figure 9C. Besides, Es and es/Rs
both influences the pressure wave speed, then change the fluid
inner pressure. Figure 10 shows the wave speed changing with
the product of Es and es/Rs.

In the graph when Eses/Rs < 106 Pa, pressure wave speed is
almost constant and the pumping effect can be ignored. So the
pipe encased in concrete is approximate to an exposed one, and
the four-equation model is suitable in this case. When Eses/Rs >
1011 Pa, influences of wave speed and pumping effect are also
negligible. In this case, the FSI response is weak, so the two-
equation model is suitable. When Eses/Rs increases from 106 Pa to
1011 Pa, the wave speed changes dramatically as well as the FSI
responses. Notably, the Eses/Rs of concrete is within this range.
Thus, studying the FSI in a piping system embedded in concrete is
of great importance.

5.2 Pipe-Wall Stress
In this study, pressure gradients applied to the interface cause
pipe wall expansion or contraction, and further compress or relax

FIGURE 8 | Validation of independence (A) grid size. (B) time step.
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the ambient concrete. Thus, Pb is produced and subsequently
weakens the FSI responses. The dynamic pressure on the inner
and the outer interfaces are separately shown in Figures 11A,B.

Stronger pulsations are caused by larger Eses/Rs on both inner
and outer interfaces. With larger Pb, a weaker pumping effect is
obtained. Hoop stress and radial stress of pipe wall become
smaller due to restrictions by concrete from Eqs 1, 2. The
result is the piping system gets safer. Moreover, the difference

between R·p|r=R and (R + e)·Pb is smaller in the case of larger Eses/
Rs, which can further lead to weaker axial stress pulsation in the
pipe wall, as shown in Figure 12.

The six-equationmodel derived in this paper aims to investigate
FSI subject to water hammer. Due to the deformation of structures,
FSI response to some extent weakens the stress pulsation in the
pipe wall. As shown in Figure 13, both the hoop and radial stress
are larger using the classical model without FSI.

5.3 Pipe-Wall Motion
In this segment, the axial vibration of the system is analyzed.
Axial displacement of the pipe wall relates to the fluid and
concrete, while the concrete plays the damping role. Signals of
axial displacement in the time domain and frequency domain are
shown in Figures 14A,B, separately. When FSI is taken into
account, the pipe-wall motion is found to relate to the pressure
wave in fluid and stress wave in solid. These two waves propagate
throughout the pipeline system in the axial direction,
contributing to the vibration amplitude in Figure 14A. In
radial direction, pipe expansion or contraction is confined by
the ambient concrete, so the radial vibration of the pipe wall
is weak.

Pipe vibration is mainly caused by hydraulic pressure
fluctuation, especially when FSI is included. All vibration modes
in this case are system modes. However, pipe deformation mode
can be identified by data processing. The first eight modes of pipe

FIGURE 9 | Dynamic pressure varies with the parameters of concrete (A) Poisson’s ratio. (B) Thickness-radius ratio. (C) Elastic modulus. (D) Density.

FIGURE 10 | Pressure wave speed varies with Eses/Rs.
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with respect to different models are shown in Table 1. Data in the
right column correspond to the local peaks in Figure 14B.
According to calculation results, the frequency of pressure wave
is 35.2 Hz, the frequency of stress wave in pipe wall is 129.3 Hz, and
the frequency of stress wave in concrete is 99.6 Hz.

The two-equation model predicts the highest frequency value at
each mode without FSI. Compared with the four-equation model,
constraints by concrete enlarges the frequency value in the six-equation
model. Wave speed in this model is faster, in accord with the curve
tendency in Figure 10. Additionally, Pipe and concrete absorb more
energy fromwater hammers so that FSI responses are alleviated. Similar
results are obtained inFigure 7. Comparison of the threemodels shows
that inherent frequency of the piping system is changed when different
factors are taken into account, like the concrete. On the other, the
pressure surge acts as an unstable source during FSI responses. When
parameters of the concrete change, nature frequency of the pressure
pulsation is changed accordingly. This situationmay lead to undesirable
resonance, especially in a more complex pipeline layout.

6 CONCLUSION

This work studies the FSI responses of a piping system embedded
in concrete during water hammers. Based on area average
treatment on a cross-section, a six-equation model is derived

FIGURE 11 | Pressure fluctuates with Eses/Rs (A) On the inner interface. (B) On the outer interface.

FIGURE 12 | Axial stress of pipe wall fluctuates with Eses/Rs.

FIGURE 13 | Stress increases with p|r=R (A) Hoop stress. (B) Radial stress.
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to describe the fluid-pipe-concrete interaction. This model is
subsequently solved by numerical iteration and results are
compared with experimental data and classical models,
showing good agreements.

In a reservoir-pipe-valve system, hydraulic pressure with respect
to concrete parameters is discussed. Numerical results reveal that
Poisson’s ratio and density of concrete hardly contribute to FSI
responses, while elastic modulus and thickness-radius ratio play
crucial roles. More specifically, Esmainly weakens the pipe pumping
effect and es/Rs determines pressure wave speed. Larger Es and
smaller es/Rs result in more mild pressure fluctuations. When
Eses/Rs < 106 Pa, this six-equation model is approximate to the
four-equation model, namely an exposed pipeline system. When
Eses/Rs > 1011 Pa, constraints from concrete are large enough so that
the classical two-equation model is suitable.

Structural vibration caused by FSI mitigates stress pulsations
separately in circumferential, radial and axial directions of the
pipe wall. These pulsations are more moderate in the case of
weaker FSI responses. Without FSI, the classical water-hammer
theory may lead to an unintended large safety margin and
uneconomic design. It should be noted that weaker FSI
responses cause higher structural frequency in a water
conveyance system, which justifies more explorations in the
design and operation stage of the piping system.
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FIGURE 14 | Dynamic axial displacement (A) Time domain. (B) Frequency domain.

TABLE 1 | First eight modes of pipe with respect to three models.

Mode Two-Equation Model (Hz) Four-Equation Model (Hz) Six-Equation Model (Hz)

1 36.7 33.4 35.2
2 103.1 97.2 99.6
3 134.0 126.6 129.3
4 184.8 176.3 179.0
5 321.1 305.3 310.1
6 362.3 343.7 348.3
7 412.7 387.7 393.7
8 465.3 443.3 450.3
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Numerical study on the energy
performance of an axial-flow
pump with different wall
roughness
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1College of Agricultural Science and Engineering, Hohai University, Nanjing, China, 2College of Water
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Pumping stations play an important role in China’s South-to-North Water

Diversion, agricultural irrigation, and municipal drainage. Some pumping

station units have been put into operation for long periods with improper

operation and require maintenance. Moreover, the surfaces of the flow

components have been worn and corroded, leading to an increase in the

relative roughness and a decrease in the hydraulic performance efficiencies of

pumping station units. In this work, we performed field measurements and

numerical simulations to study the influence of the wall roughness on the

hydraulic performance of slanted axial-flow pump devices under multiple

working conditions. The effects of the wall roughness of the impeller

chamber on the hydraulic performance of the pump, the guide vane

chamber, and the inlet and outlet flow channel were investigated. Wall

roughness had the largest influence on the hydraulic performance of the

pump and the smallest influence on the inlet and outlet flow channels. For

devices with different roughness values on the impeller chamber wall under

different flow rate conditions, the performance of the pump device worsened

under the large-flow-rate condition, and the device performance was better

under the small-flow-rate and designed flow conditions. The efficiency of the

slanted axial-flow pump device decreased significantly as the flow rate

increased. Under the same flow rate condition, the performance of the

device with Ra = 5 μm was similar to that with a smooth wall, where Ra is

the roughness of the wall. With the increase in the roughness, the uniformity of

the axial velocity distribution coefficient decreased, and the velocity-weighted

average drift angle increased. External characteristic parameters, such as the

torque and the static pressure, on the blade pressure surface gradually

decreased with the increase in the wall roughness. A large roughness could

induce instability of the wall flow and enhance the turbulent kinetic energy near

the blade surface.

KEYWORDS

axial flow pump, wall roughness, hydraulic performance, external characteristic,
turbulent kinetic energy
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1 Introduction

Axial-flow pumps are commonly used in water diversion,

municipal drainage, water source protection, and other fields.

Based on the installation position of the pump shaft, they can

be divided into vertical, horizontal, and slanted axial-flow

pumps (Shi et al., 2020; Kan et al., 2021b). Unlike the vertical

axial-flow pump, the installation angle between the slanted

axial-flow pump and the inlet does not need to turn at a right

angle, leading to a small hydraulic loss (Wang et al., 2020; Fei

et al., 2022a). Furthermore, the slanted axial-flow pump has

better-operating conditions than the tubular pump, and the

pump section can be placed between the inlet and outlet

channels. In the processing of an axial-flow pump, the

absolute smoothness of the wall cannot be guaranteed. The

flow pattern in the pump device is always affected by the wall

roughness, which causes a performance difference between

the design and practical application of the axial-flow pump

(Wang et al., 2010; Hu et al., 2021). In particular, the internal

space curvature structure of the slanted axial-flow pump,

because of the limited machining accuracy, can only ensure

that the walls of the flow components are relatively smooth.

After being put into use for a long time, the slanted axial-flow

pump is affected by sediment, oxidation, and corrosion, and

its operational performance changes significantly (Wang

et al., 2010; Fei et al., 2022b).

Research on the effect of surface roughness on the

performances of blades and airfoils has been carried out

extensively. Walker et al. (2013) and Walker et al. (2014)

verified numerical models of smooth and rough blades by

experiments, and they studied the lift and drag coefficients of

blade airfoils with different roughness values. The results

showed that blade roughness reduced the turbine

performance (19% reduction in maximum CP and shift of

the entire CP performance curve downward). Tao et al. (2014)

studied the effects of the surface roughness on the boundary

development and loss behavior of turbine blades at different

Reynolds numbers. The result showed that the velocity profile

in the boundary layer was plumper on a rough surface than on

a smooth blade. The aerodynamic loss was lower at low

Reynolds numbers, but it became significantly larger at

high Reynolds numbers. Echouchene et al. (2011) studied

the influence of the wall roughness on the performance of an

injector and its internal cavitation flow characteristics, and

they found that a certain degree of roughness improved the

performance of the cavitation nozzle. Deng et al. (2016)

studied the influence of the inner surface roughness of a

jet nozzle on the characteristics of a submerged cavitation jet

through experiments, and they found that too rough of a

surface would cause a large amount of energy dissipation,

resulting in jet divergence and reducing the cavitation

intensity. The study of Soltani and Birjandi (2013) showed

that the performance of a fan was also significantly affected by

the surface roughness of the blade. Kang et al. (2006) used

numerical simulations to predict the influence of the

roughness on the performance of a single-stage axial

turbine. The results showed that the change of the surface

roughness directly affected the efficiency of an axial turbine.

Moreover, Marzabadi and Soltani (2013) used a hot film

sensor to find that the roughness caused the boundary

layer transition point to move to the inlet, leading to a

boundary separation phenomenon occurring earlier and

weakening the effect of the airfoil. With the deepening of

research, some scholars have begun to study the local surface

roughness. Ren and Ou (2009) set the roughness at different

positions on the airfoil surface, and it was found that the

leading edge was more affected by roughness than the trailing

edge. Long and Wang. (2004), Zhu et al. (2006) used a

computational fluid dynamics numerical simulation

method to analyze the influence of different roughness

values on the performance of an axial-flow pump in detail.

The influence of wall roughness on the pump

performance remains elusive. Most investigations were

based on pumps with small flow rates and powers, and the

influence of the wall roughness on the working condition of

large, slanted axial-flow pumps has been less studied.

Therefore, in this work, the hydraulic performance of the

slanted axial-flow pump device was studied. To ensure the

safety and stability of the unit and improve the intact rate and

operating life of the equipment, the influence of the wall

roughness on the hydraulic performance of a slanted axial-

flow pump device under different flow rates was analyzed.

Corresponding research results can provide a reference for

the optimal operation of pumping stations.

The rest of this article is organized as follows. The calculation

model, numerical method, computation setup, and an equivalent

sand grain model are introduced in Section 2. The experimental test

validation, characteristics, and hydraulic performance are presented

and analyzed in Section 3. Finally, an overall summary is provided in

Section 4.

2 Numerical methodology

2.1 Governing equations

In this study, the Reynolds time-averaged Navier–Stokes

equation was employed to simulate the internal flow field of

the slanted axial-flow pump. The correlative continuity and

momentum conservation equations are given as follows (Qin

et al., 2021; Wang et al., 2022):

zρ

zt
+ z(ρui)

zxi
� 0 (1)

z(ρui)
zt

+ z(ρuiuj)
zxj

� − zp

zxj
+ z

zxj
[μ(zui

zxj
+ zuj

zxi
)] + zτij

zxj
(2)

Frontiers in Energy Research frontiersin.org02

Chen et al. 10.3389/fenrg.2022.943289

209

https://www.frontiersin.org/journals/energy-research
https://www.frontiersin.org
https://doi.org/10.3389/fenrg.2022.943289


where ρ is the fluid density, t is the time, p is the pressure, μ is the

dynamic viscosity, xi and xj (i, j = 1, 2, 3) denote the Cartesian

coordinate components, ui and uj represent the components of

the velocity, τij represents the Reynolds stress. In addition, we

apply the renormalization group (RNG) k-ε model, which can

model a wide range of flow profiles with increased accuracy. The

equations for the turbulent kinetic energy k and the turbulent

kinetic energy dissipation rate ε are as follows (Pang et al., 2016;

Kan et al., 2021a):

z(ρk)
zt

+ z(ρkui)
zxi

� z

xj
(αkμeff

zk

zxj
) + Gk − ρε (3)

z(ρk)
zt

+ z(ρkui)
zxi

� z

xj
(αkμeff zkzxj

) + μt(zui

zxj
+ zuj

zxi
) zui

zxj
− ρε

(4)
z(ρε)
zt

+ z(ρεui)
zxi

� z

zxj
(αkμeff zkzxj

) + Cp
ε1

k
Gk − Cε2ρ

ε

k
(5)

where

μeff � μ + μt, C
p
ε1 � Cε1 − η(1 − η/η0)

1 + βη3
, η � k

ε

�����������(zui

zxj
+ zuj

zxi
)√

Here, Cε2, αk, and αε are constants, and Gk is the

generation of turbulent kinetic energy due to the average

velocity gradient.

2.2 Geometry and grid

We numerically studied the flow physics in a slanted axial-

flow pump prototype in a pumping station. Figure 1 shows a

three-dimensional (3D) model of the slanted axial-flow pump,

which consisted of an inlet channel section, an impeller section, a

guide vane section, and an outlet channel section. The basic

parameters of the prototype pump are the impeller diameter D =

3,250 mm, rotation speed n = 122 r/min, and designed flow rate

Q0 = 45.5 m3/s.

All the simulations were performed using the commercial

software ANSYS Fluent 18.0. ICEM was used to generate the

unstructured grid (Chen et al., 2016; 2021) to match the axial-

flow pump. The schematic diagram of the grid is presented in

Figure 2.

To ensure the reliability of the numerical simulation, six sets

of grids from coarse to fine were selected and relevant data are

shown in Figure 3. Once the number of the grid elements reached

a certain order of magnitude (i.e., N > 2 million), there would be

no significant influence on the numerical simulation result of the

efficiency. The number of grid points used in the simulation was

2.9 million. The numbers of grid elements of the inlet channel,

outlet channel, guide vane section, and impeller section were

determined to be 0.68, 0.75, 0.7, and 0.8 million, respectively.

2.3 Computational set-up

Amass flow inlet was applied to the inlet of the domain, and the

outlet boundary condition was set to zero pressure. No-slip boundary

conditions were applied at the channel walls. A standard wall

FIGURE 1
Three-dimensional model of slanted axial-flow pump.

FIGURE 2
Grid diagram of the computational domain.

FIGURE 3
Efficiency of axial-flow pump system with different numbers
of grid elements.

Frontiers in Energy Research frontiersin.org03

Chen et al. 10.3389/fenrg.2022.943289

210

https://www.frontiersin.org/journals/energy-research
https://www.frontiersin.org
https://doi.org/10.3389/fenrg.2022.943289


function was selected to model the turbulent boundary layers. The

interface was used to transfer information between each computing

area. To guarantee reliability and accuracy, the convergence residual

was set to 10−5 (Kan et al., 2022).

2.4 Equivalent sand grain model

The roughness constant Cs and equivalent sand height Ks can

be achieved in Fluent. The roughness constant Cs had little effect

on the hydraulic performance of the pump with a high specific

speed. The specific speed of the axial-flow pump in this work was

very high, with a value of 1,450. Therefore, we neglected the

roughness constant Cs in the numerical simulations and focused

on the influence of the equivalent sand height Ks on the hydraulic

performance of the axial-flow pump device. In engineering, the

roughness Ra describes the surface roughness of the material

during processing. The equivalent sand particle heightKs is based

on an arranged row of uniform small balls. The formula relating

the equivalent sand height Ks and the surface roughness Ra is as

follows (Feng et al., 2016):

Ks � 11.0293Ra (6)

The effect of roughness on the flow pattern inside the pump

unit was incorporated via a wall function, where a term ΔB was

added. Different roughness values would produce different ΔB
values, which would affect the flow near the wall. The wall

function considering the wall roughness is shown as follows:

u+ � 1
κ
In(Ey+) − ΔB (7)

where u+ is the dimensionless velocity, κ and E are empirical

constants, which were 0.4187 and 9.793, respectively, and y+ is

the dimensionless wall normal distance.

3 Results and analysis

3.1 Model test and validation

To verify the reliability of the numerical simulation model,

experiments were performed under the same operating

conditions. As shown in Figure 4, the head and efficiency of

the simulation results were in great agreement with those of the

experiment. The maximum relative errors of the head and

efficiency between the simulation and the experimental result

were 4.4% and 4.1%, respectively. The error between them may

have been related to the high experimental error, due to the

smooth wall adopted in the simulation. Overall, the comparison

proved that the numerical simulation method utilized in this

work could accurately predict the external characteristics of the

slanted axial-flow pump and the simulation results were reliable.

3.2 Hydraulic performance of flow
components with different Ra values

In this work, we set three roughness Ra values for different

flow components of the axial-flow pump (channel, guide vane,

and impeller). Figure 5 shows the variation in the head and

efficiency of the slanted axial-flow pump devices with different

roughness values and flow rates. For example, for Ra = 100 μm

(Figure 5B), compared with the pump device with smooth walls,

when Q = 0.7Q0, the efficiencies of the devices with different

rough sections (channel, guide vane, and impeller) decreased by

0.86%, 1.44%, and 1.98%, respectively, and the corresponding

heads decreased by 0.04, 0.05, and 0.08 m. Under the designed

condition, the efficiencies of the device with different rough

sections decreased by 0.52%, 0.89%, and 1.31%, and the

corresponding heads decreased by 0.15, 0.17, and 0.2 m

respectively. When the flow rate increased, the efficiencies and

heads of the devices further decreased. Under different flow

conditions, the addition of roughness to the wall of the

impeller chamber caused the largest reduction of the

efficiencies and heads, followed by the guide vane chamber,

and the inlet and outlet channel had the least impact.

The hydraulic losses of the slanted axial-flow pump devices

with different roughness values of the flow components are

plotted in Figure 6. Under the small-flow-rate condition (Q =

32 m3/s), the hydraulic losses of the pump devices with Ra =

100 μm at the inlet and outlet channel walls, guide vane chamber

wall, and impeller chamber wall were 0.29, 0.42, and 0.71 m,

respectively. Under the designed flow condition (Q = 45.5 m3/s),

the hydraulic losses of the three pump devices with roughness

FIGURE 4
Comparison of the head and efficiency of the slanted axial-
flow pump.
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values set for different flow components were 0.15, 0.3, and

0.62 m, respectively. Under the condition of a large flow rate (Q =

50 m3/s), the hydraulic losses of the three changed to 0.38, 0.62,

and 1 m, respectively. Under the large-flow-rate condition, the

hydraulic loss increased faster by adding roughness to the

impeller chamber wall. The influence of the impeller chamber

wall roughness on the hydraulic loss of the pump device was the

largest.

For the convenience of discussion, the slanted axial-flow

pump device with inlet and outlet flow channel roughness is

named the CR pump, the slanted axial-flow pump device with

guide vane chamber roughness is named the GVR pump, and the

slanted axial-flow pump with impeller chamber roughness is

named the IR pump. Figure 7 shows the 3D streamlines in the

outlet channel of the axial-flow pump devices with different

roughness values of the flow components. The roughness was

FIGURE 5
Variations in the heads and efficiencies of axial-flow pump devices: (A) Ra = 10 μm, (B) Ra = 100 μm, and (C) Ra = 1,000 μm.
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specified as Ra = 100 μm. Under the condition of a small flow

rate, the streamlines of the GVR, and CR pump devices were

relatively smooth, and the flow was deflected from the left side.

Partial reflux occurred in the right flow channel of the IR

pump. Under the specified flow rate, the streamlines of the IR

pump were smooth, and the flow pattern was relatively good.

Under the condition of a large flow rate, the streamlines in the

outlet channel were disordered, and a significant reflux

phenomenon occurred in the right outlet channel, which

affected the performance of the IR pump device. Compared

with the IR pump device, the flow patterns of the GVR, and

CR pump devices were better. The 3D streamlines of the outlet

channel showed that the wall roughness had a greater impact on

the flow pattern of the IR pump than those of the GVR and CR

pumps.

Under the condition of a large flow rate, the hydraulic

performances of the pumps were significantly different, so this

condition was selected to analyze the difference after adding

roughness to the flow components. Figure 8 shows the

distributions of the pressure, vorticity, and turbulent kinetic

energy (TKE) near the tip region (R* = 0.95). There were no

significant differences in the pressure and vorticity, and the

differences between the pump devices with rough flow

components were reflected in the TKE distribution. The TKE of

the IR pump naturally increased significantly due to the roughness

being set directly in the runner chamber. In addition, the pressure on

the suction surface of the IR pump increased, and the negative

pressure decreased. The vorticity also increased compared to those of

FIGURE 6
Hydraulic losses of different flow components with wall
roughness.

FIGURE 7
Three-dimensional Streamlines in the outlet channel: (A) IR pump, (B) GVR pump, and (C) CR pump.
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the other two pump devices. The TKE of the CR pump was larger

than that of the GVR pump at the runner inlet because the TKE

increased after the roughness of the inlet flow channel was set. The

GVRpumponly had increased roughness in the guide vane chamber,

which hardly affected the TKE of the runner inlet.

FIGURE 8
Distributions of pressure, vorticity, and turbulent kinetic energy (TKE) near the tip region (R* = 0.95): (A) IR pump, (B) GVR pump, and (C) CR
pump.

FIGURE 9
Head and efficiency of IR pumps with different roughness values: (A) H versus Q and (B) η versus Q.
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3.3 Analysis of IR pump performance with
different Ra values

Figure 9 shows the external characteristic curves of IR pumps

with different Ra values. From Figure 9A, it can be seen that the

smaller the roughness the IR pumps had, the closer the head

values were to those calculated by the smooth wall condition. At

the same time, the head curves showed a gradual downward

trend with the increase in the flow rate. Under the same flow rate

condition, the head gradually decreased with the increase in the

roughness. It is worth noting that under the condition with a

large flow rate (Q = 52 m3/s) when the roughness of the IR pump

increased from 0 to 960 μm, the pump device changed from

pump conditions to turbine conditions. When Ra was in the

range of (0 μm, 60 μm), the increase in the roughness had little

effect on the head of the device. When Ra was in the range of

(60 μm, 960 μm), the effect of the roughness on the head of the

device was significant. This indicated that the head of an inclined

axial-flow pump device is greatly affected by roughness when it is

running under the large-flow-rate condition.

From Figure 9B, it can be seen that the efficiencies of the IR

pumps with smaller roughness values were closer to those with

smooth wall conditions. With the increase in the flow rate, the

efficiency of the device increased gently first and then decreased

rapidly after the optimal operating point. The flow rate of the optimal

operating point wasQ = 45.5 m3/s. When the flow rate was fixed, the

device efficiency decreased significantly with the increase in the

roughness. With the increase in the roughness, the friction loss

caused by the fluid flowing through the wall boundary layer

increased, which was significant under the condition with a large

flow rate.When the roughness increased from0 to 960 μm, the pump

device changed from pump conditions to turbine conditions. Under

the condition of a small flow rate, the influence of the wall roughness

on the device efficiency was relatively small, followed by the designed

flow rate condition, and the largest influence was under the large-

flow-rate condition.

Figure 10 shows the impeller torques of the IR pumps with

different Ra values. Under the condition of a small flow rate, the

impeller torques were 1,68,054.09, 1,67,631.29, 1,67,379.05,

1,66,039.27, 1,65,088.09, 1,62,854.3, and 1,62,253.33 Nm for Ra =

5, 30, 60, 120, 240, 480, and 960 μm. Compared to the pump with a

smooth wall, the impeller torques of the IR pumps decreased by

0.31%, 0.56%, 0.71%, 1.5%, 2.7%, 3.4%, and 3.8%, respectively. Under

the designed flow condition, when Ra = 5, 30, 60, 120, 240, 480, and

960 μm, the impeller torque was 1,22,183, 1,18,244, 1,21,493,

1,18,553, 1,16,786, 1,13,763, and 1,12,622 Nm, respectively.

Compared with the pump with smooth walls, impeller torques of

the IR pumps decreased by 0.19%, 3.4%, 0.75%, 3.16%, 4.6%, 7.6%,

and 8%, respectively. The impeller torques were 73,989, 72,688,

71,367, 70,293, 68,682, 64,728, and 63,232 N when Ra = 5, 30, 60,

120, 240, 480, and 960 μm at a large flow rate.

The outlet flow field of the guide vane can be evaluated by the

axial velocity distribution uniformity coefficient ω and velocity-

weighted average drift angle of water flow θ. The closer ω is to

100%, a smaller θ represents a better flow pattern of the outlet

flow field, and the hydraulic loss is relatively small. The formulas

for ω and θ are as follows (Zhu et al., 2007; Yang et al., 2012):

ω � ⎡⎣1 − 1
Va

������������∑n
i�1
[(Vai − Va)]

√ ⎤⎦ × 100% (8)

θ � ∑n
i�1
Vai{90°−tg−1Vti

Vai
}/∑n

i�1
Vai (9)

where Va is the arithmetic mean value of the axial velocity at the

section of the guide vane outlet, Vai is the axial velocity of each

calculation unit of the section, Vti is the transverse velocity of

each calculation unit of the section, and n is the number of

calculation units on the section. In this work, n was equal to 200.

Figure 11 shows the influence of the roughness onω and θ under

different flow rate conditions. From Figure 11A, we see that the axial

velocity distribution uniformity coefficient ω was the highest at the

optimal condition point.With the increase in the roughness from0 to

960 μm, the axial velocity uniformity decreased from 81.2% to 75.5%.

Under the small-flow-rate condition, the axial distribution

uniformity coefficient curve trend was similar to that of the

designed flow condition, and the overall downward migration was

about 3 percentage points. Under the condition of a high flow rate,

the uniformity of the axial velocity distribution was the lowest. As the

roughness increased from 0 to 960 μm, the uniformity of axial

velocity distribution decreased from 72% to 56.5%. Under the

pump conditions, the increase in the wall roughness led to a

decrease in the axial velocity distribution uniformity, especially

when the flow rate was large. From Figure 11B, it can be seen

that at the optimal condition point, the velocity weighted average

flow angle was the smallest. With the increase in the roughness from

FIGURE 10
Impeller torque of IR pumps with different Ra values.
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0 to 960 μm, the velocity-weighted average drift angle increased from

6.85° to 10.55°. Under the condition of a small flow rate (Q = 0.7Q0),

the velocity-weighted average drift angle curve was similar to that

under the designed condition, with an overall increase of 1°–2°.

Under the condition of a large flow rate (Q = 1.1Q0), the velocity-

weighted average drift angle was the largest. With the increase in the

roughness from 0 to 960 μm, the velocity-weighted average drift

angle increased from 8.21° to 12.55°.We can infer that the increase in

the wall roughness leads to increases in the velocity weighted average

deviation angle and the axial velocity distribution uniformity

coefficient, and the increases are more significant under the large-

flow-rate condition.

Figure 12 shows the effect of roughness on the hydraulic

losses of the IR pumps under different flow rate conditions. With

the increase in the roughness, the hydraulic loss increased. The

hydraulic loss of the IR pump with Ra = 5 μm was close to that

with smooth walls. With the increase in the roughness, the

hydraulic loss increased. When Ra = 960 μm, the hydraulic

loss was the largest under all flow rate conditions relative to

that of the smooth wall condition. Under the condition with a

small flow rate, the hydraulic loss was 0.58 m. Under the designed

flow conditions, the hydraulic loss was 0.42 m. Under the

condition with a large flow rate, the hydraulic loss was

0.78 m. Regardless of what the roughness was, the loss of the

designed flow condition was the smallest compared with the

other groups. When the flow rate was large, the increase in

FIGURE 11
Effect of roughness on ω and θ under different flow rate conditions: (A) ω versus Ra and (B) θ versus Ra.

FIGURE 12
Effect of roughness on the hydraulic loss.

FIGURE 13
Monitoring point layout in blade working face.
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hydraulic loss was slower in the Ra range of (5 μm, 60 μm) and

faster in the Ra range of (60 μm, 960 μm).

To study the effect of wall roughness on the internal flow

field, a total of 21 monitoring points were arranged on the surface

of the blade, as shown in Figure 13. A0–A7 were arranged on

span 0.9 near the outer edge of the blade, P0–P7 were arranged on

span 0.5 along the flow direction center of the impeller, and

B0–B4 were arranged on span 0.1 near the root of the blade.

Figure 14 shows the static pressure distributions of the blade

pressure surface under three different flow rate conditions. The

static pressure value of the blade surface layer was large, and the

static pressure value of the blade root near the hub was small.

Under the condition of a small flow rate, the static pressure value

increased gradually along the flow direction, and the pressure

value near the outlet of the blade near the rim reached the highest

value. Under the designed flow condition and the large-flow-rate

condition, the radial static pressure value increased hierarchically

along the pressure surface. There was a negative pressure near the

hub because the fluid flowed through the runner blade from the

inlet channel, and only a small part of the separated fluid passed

through the impeller near the hub. The energy obtained by the

impeller near the hub was lower, so there was a local negative

pressure on the surface of the blade near the hub, which greatly

increased the possibility of cavitation.

Under the same flow rate condition, with the increase in the

roughness, the range of the negative pressure zone increased

significantly. When the IR pumps had the same roughness, with

the increase in the flow rate, the static pressure value of the

pressure surface decreased. Under the condition of a small flow

rate, the static pressure value of the pressure surface was larger

than that of the designed flow rate and the large flow rate. This

was because, under the condition of a small flow rate, the flow

velocity near the pressure surface of the blade was larger, and the

flow pattern disorder near the blade caused an increase in energy

loss. The increase in the roughness may account for the

cavitation. Near the pressure surface of the impeller outlet,

FIGURE 14
Static pressure distribution of blade working face: (A) 0.7Q0, (B) 1.0Q0, and (C) 1.1Q0.
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under the same pressure level, the range of the high-pressure

zone was the largest under the condition of a small flow rate,

followed by the designed flow rate high, while the pressure zone

was not evident under the large-flow-rate condition. This also

verified that theH versus Q curve (Figure 9A) decreased with the

increase in the flow rate.

Figure 15 shows the variations in the histogram of the

monitoring points on the blade working surface with the

roughness in the designed flow rate condition. With the

increase in the wall roughness, the energy loss near the

boundary layer increased, resulting in a decrease in the static

pressure value at the monitoring point. Figure 15A indicates that

the static pressure values at span 0.1 near the blade root were

generally smaller than those at span 0.5 and span 0.9. When Ra =

960 μm, the static pressure values of points B0–B4 ranged from

33,544 to 46,254 Pa. Compared with their static pressure values at

Ra = 5 μm, they decreased by 20.8%, 19%, 20.16%, and 13%.

Figure 15B shows that the static pressure value of the monitoring

point P0 in the smooth wall condition was 75,887 Pa, and the

static pressure value of the impeller pressure surface under the

wall with different Ra values was lower than that under the

smooth wall condition. Thus, at the P0 monitoring point, when

the roughness was greater than 240 μm, the roughness had a

significant influence on the wall static pressure value. The

variation trend of the static pressure value of the pressure

surface at monitoring points P2 and P5 with the roughness

was similar to that at P0. At monitoring point P7, the static

pressure value of the pressure surface in the smooth wall

condition was 1,81,423 Pa. With the increase in the roughness,

the static pressure value of the pressure surface under each

roughness condition decreased by 0.08%, 0.12%, 3.5%, 7%,

13.4%, 20.2%, and 30.1%, respectively. We infer that when the

roughness was less than 30 μm, the roughness had little effect on

the static pressure value of monitoring point P7, which was set at

the impeller outlet. It can be seen from Figure 15C that the static

pressure value of span 0.9 near the blade’s outer edge was larger

than that of span 0.5 overall, and the static pressure value

decreased with the increase in the roughness. When Ra =

FIGURE 15
Static pressure variations with roughness at different monitoring point: (A) span 0.1, (B) span 0.5, and (C) span 0.9.
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960 μm, the static pressure values of A0, A2, A5, and A7 were

69,875, 81,544, 1,25,424, and 1,52,125 Pa, respectively.

Compared with those at Ra = 5 μm, the static pressure values

decreased by 15.3%, 27.4%, 18.8%, and 25.6%, respectively.

When Ra was in the range of (5 μm, 120 μm), the decrease in

the static pressure of the blade was larger. When Ra was in the

range of (120 μm, 960 μm), the decrease in the static pressure of

the blade was smaller.

The influence of the roughness on the TKE of the blade

pressure surface and the suction surface under the three flow rate

conditions is shown in Figure 16. The turbulent kinetic energy

increased with the increase in the roughness, which indicated

that the energy loss near the boundary layer increased, and it is

also an important reason for the decrease in the pump efficiency.

Figure 16A shows that with different Ra values, the turbulent

kinetic energy of the pressure surface was about 0.46 m2/s2. The

turbulent kinetic energy on the pressure surface was about 48%

smaller than that under the designed flow condition, and it was

about 52.8% smaller than that under the large-flow-rate

condition. With the same roughness, the turbulent kinetic

energy of the pressure surface was the largest under the large-

flow-rate condition, followed by the designed flow condition, and

the turbulent kinetic energy of the pressure surface was the

smallest under the small-flow-rate condition.

It can be seen from Figure 16B that when Ra was in the

range of (5 μm, 60 μm), the corresponding turbulent kinetic

energy ranged from 0.45 to 0.59 m2/s2, with values that were

48.2%, 47.3%, and 40.4% smaller than that under the designed

flow condition, and 2.5%, 61.2%, and 59.3% smaller than that

under the large-flow-rate condition. When Ra was in the

range of (120 μm, 960 μm), the turbulent kinetic energy

ranged from 0.65 to 0.93 m2/s2 at a small flow rate, which

was about 40.9% lower than that of the designed flow rate and

about 58.8% lower than that at the large flow rate. Under

different flow rate conditions, with the increase in the

roughness, the turbulent kinetic energy of the pressure

surface increased gradually.

The comparison of the turbulent kinetic energy of the

pressure surface in Figure 16A and the suction surface in

Figure 16B showed that when the flow rate was small, the

turbulent kinetic energy of the blade suction surface was

generally greater than that of the blade pressure surface. Due

to the small-flow-rate condition, the impeller inlet water had

adverse flow patterns, such as vortices and backflow, which

caused high turbulent kinetic energy to be created at the blade

suction surface. Under the designed flow condition, when the

wall roughness values were 5, 30, 60, 120, 240, 480, and 960 μm,

the corresponding turbulent kinetic energies on the pressure

surface were 0.7, 0.74, 0.82, 0.91, 0.95, 1.2, and 1.3 m2/s2,

respectively. The turbulent kinetic energy of the suction

surface ranged from 0.87 to 1.46 m2/s2. The turbulent kinetic

energy of the suction surface was higher than that of the pressure

surface by 24.2%, 28.4%, 15.9%, 29.7%, 31.5%, 11.1%, and 12.3%

respectively. When the flow rate increased to 1.1Q, the

corresponding turbulent kinetic energies on the pressure

surface were 0.75, 0.85, 0.92, 1.05, 1.21, 1.32, and 1.45 m2/s2,

respectively.

4 Conclusion

In this study, simulations were performed, and the

performance of the slanted axial-flow pump under the effects

of wall roughness and flow rates was analyzed. The specific

conclusions are as follows:

1) Model tests of slanted axial-flow pump devices were carried

out, and the consistency between the model test results and

FIGURE 16
Variations of turbulent kinetic energy with different Ra values: (A) pressure surface and (B) suction surface.
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the numerical simulation results showed that the numerical

method used in this article was credible.

2) The influence of the roughness of the different flow

components on the hydraulic performance of the pump

devices under different flow rate conditions was studied.

From the perspective of external characteristics, the device

efficiency and head of the IR pump devices were the

lowest, and the hydraulic loss was the highest. From the

perspective of the internal flow characteristics, the

roughness of the impeller chamber wall had a slight

influence on the flow pattern of the device, and

backflow and vortices appeared in the device under the

large-flow-rate condition. The roughness of the impeller

chamber wall had the greatest impact on the hydraulic

performance of the pump device, followed by the

roughness of the guide vane chamber, and the

roughness of the inlet and outlet flow channel had the

smallest impact.

3) The influence of different roughness values on the hydraulic

performance of the IR pump device was studied. The optimal

working condition of the pump was obtained, which was a

flow rate of 45.5 m3/s. The flow-head curve of the pump

device showed a downward trend with the increase in the flow

rate. The flow efficiency characteristic curve showed a trend of

first increasing and then decreasing. Under the condition of a

large flow rate, the curve dropped faster. Under the same flow

rate condition, the increase in the roughness caused a

decrease in the head, efficiency, torque, and surface static

pressure of the blade pressure surface. When Ra was in the

range of (0 μm, 60 μm), the roughness had little effect on the

performance parameters. While a roughness Ra beyond

60 μm had a significant effect on the performance

parameters. With the increase in the roughness, the

hydraulic loss and turbulent kinetic energy of the device

increased since the energy loss on the boundary layer in

the device increased, which was more significant under the

large-flow-rate condition. With the increase in the roughness,

the uniformity of the axial-flow velocity distribution

coefficient decreased, and the velocity-weighted average

bias angle increased, which was responsible for the

decrease in the device performance.
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The clearance flow patterns and pressure distribution determine the clearance

axial hydraulic thrust of a pump turbine, which has a substantial impact on the

unit axial imbalance. However, due to the tiny size and complex shape of the

clearance flow channel, there is no detailed description of the flow patterns and

pressure characteristics. In this study, we conducted a model test with particle

image velocimetry (PIV) measurements and CFD simulation of a rotating disk

flow that was a simplifiedmodel of the pump-turbine clearance flow. It is shown

that a typical Batchelor flow is formed in the clearance region, demonstrating a

“core region + double-boundary layers” distribution for the circumferential

velocity along the clearance height direction; the core region rotates at a speed

of only around 41–42% of the rotating disk speed and is independent of the

clearance inlet pressure and clearance height. Driven by centrifugal force, the

flow is radially outward around the rotating disk, while inward around the

stationary disk in the meridian section, showing secondary flow vortices. The

pressure in the clearance region has a circumferentially symmetric and radially

quadratic distribution. Based on the liquid differential equilibrium equation and

core region circumferential velocity, the pressure and clearance axial hydraulic

thrust in the clearance region can be expressed as a function of the clearance

inlet pressure and the square of the runner rotating speed. These findings can be

used to investigate axial force imbalance issues of the pump-turbine unit.

KEYWORDS

pump turbine, clearance axial hydraulic force, clearance pressure distribution,
clearance flow patterns, circumferential velocity core region, rotating disk flow

1 Introduction

To achieve the goal of “carbon neutrality and emission peak,” the power system must

be dominated by clean energy, such as wind power, photovoltaic power, and solar energy,

which faces a new challenge to energy storage. As the main way to store energy on a large

scale, a pumped-storage plant plays an important role in ensuring grid safety and

enhancing performance, known as the “stabilizer” and “regulator” of the power
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system. In the power grid, pumped-storage power undertakes

functions such as peak and valley load regulation, frequency

modulation, phase modulation, spinning reserve, and black-start

with the advantages of quick start-up and fast regulation. To

match the time-varying demand of the power grid, pump-turbine

units frequently operate in various off-design conditions and fast

and frequent transitions of operating modes, which easily lead to

runner dynamic instabilities (Goyal and Gandhi, 2018). One of

the most concerning issues is the axial force imbalance of pump-

turbine units, which has been frequently reported, such as at the

Kazunogawa Pumped Storage Plant in Japan (Kurokawa et al.,

2002) and Tianhuangping Pumped Storage Plant in China (Le

and Kong, 2005; Mao et al., 2021). The unit axial instability can

be attributed to the imbalanced axial hydraulic thrust acting on

the runner (Zhang, 2017), which can be divided into the axial

hydraulic thrust in the main flow channel (MFC) and that in the

clearance flow channel (CFC) for the pump turbine. Many

studies showed that the axial hydraulic thrust in the CFC is

huge enough to affect the runner’s stability (Zhang, 2017; Fu

et al., 2018). For example, a small variation in clearance leakage

could cause huge fluctuations of the clearance axial hydraulic

force, resulting in accidents of bearing burning and unit lifting

(Wu et al., 2004; Wu et al., 2005). During the runaway transient

process, the axial hydraulic thrust in the CFC fluctuates violently

and is as important to runner stability as the axial hydraulic

thrust in the MFC (Hou et al., 2021b). However, because the

clearance flow patterns and pressure distribution and the

relationship between them are not clear, the axial thrust in

the CFC cannot be described quantitatively and accurately at

present. Moreover, the CFC design is largely dependent on

engineering experience because of a lack of relevant

specifications and references. In research methods, due to the

small size and complicated structure of the CFC, the model test is

constrained by geometric scale, while prototype observation is

difficult to perform. When taking the clearance flow as a part of

the CFD model, the calculation cost of multi-scale grid coupling

between the large grid in the MFC and the small grid in the CFC

is extremely high, and the results are not necessarily completely

accurate. All of the aforementioned limitations make the

clearance flow research stagnant, despite the fact that it is

critical to uncover the unit axial imbalance mechanism.

Fortunately, the clearance flow channel of the Francis pump

turbine is similar to a thin-layer cavity composed of two parallel

disks, in which one disk is rotating and the other is stationary.

Therefore, the clearance flow patterns and pressure distribution

of the pump turbine can be studied using a rotating–stationary

disk model, which is a simplified model of the clearance flow

channel of a pump turbine.

For studies of the disk flow, Von Kármán (1921) found a

boundary layer around the rotating disk by self-similarly solving

a single rotating disk in infinite stationary fluid as early as 1921.

Bödewadt (1940) studied the rotating flow on a stationary disk

and found a boundary layer around the stationary disk in the

same way as Kármán. Combining the research from Kármán and

Bödewadt, Batchelor (1951) proposed the flow between a rotating

and stationary disk with infinite boundary. It was found that

there were two separated boundary layers around the rotating

disk and the stationary disk, but the fluid between the two

boundary layers rotated at a fixed circumferential speed, called

the Batchelor flow. Different from Batchelor, Stewartson (1952)

pointed out that the fluid between the two boundary layers was

stationary, and only the boundary layer around the rotating disk

was rotating, called the Stewartson flow. The two flow patterns

represented different solutions to the flow equation, which were

verified by many studies (Mellor et al., 1968; Kreiss and Parter,

1983; Zandbergen and Dijkstra, 1987). In recent years, van Eeten

et al. (2013) found that the Stewartson flow was an intermediate

flow pattern that would eventually develop into the Batchelor

flow. The research on the rotating–stationary disk flow described

previously was conducted with an infinite boundary condition.

Under the finite boundary, most studies focused on the

qualitative flow pattern. Daily and Nece (1960) summarized

four kinds of flow patterns for a rotating–stationary disk flow,

which were the laminar flow and turbulence flow with combined

and separated boundary layers, respectively. Brady and

Durlofsky (1987) discovered that the flow patterns showed

Batchelor flow characteristics, even if the flow did not

quantitatively conform to the self-similarity solution for the

two coaxial rotating disk models. During the transient

process, axisymmetric propagating waves and helical flow

were observed around the stationary disk when the rotating

disk was spinning to stop (Savas,̧ 1983; Lopez and Weidman,

1996; Lopez, 1996). With the increase in the rotating disk speed,

the flow patterns showed circular flow, spiral flow, and

corrugated turbulence, successively (Gauthier et al., 2002;

Poncet et al., 2009; Hendriks, 2010; Watanabe et al., 2016).

Singh (2014) found that the circumferential velocity of the

rotating–stationary disk increased gradually from zero on the

stationary wall to the maximum on the rotating wall for laminar

flow. For the turbulence with large flow leakage, Poncet et al.

(2005) observed a core region of circumferential velocity, which

increased with the increase of the flow coefficient. Gauthier et al.

(1999) and Serre et al. (2001) claimed that the circumferential

velocity of the core region was closely related to the radius. For

the pressure distribution in the rotating–stationary disk cavity,

Singh (2017) pointed out that the pressure drop in the cavity

increased with the rotating disk speed. In summary, the possible

flow patterns of disk flow systems have been widely investigated,

ranging from single rotating disk flow to flow between two disks

with infinite boundary, then to rotating–stationary disk flow with

finite boundary. However, the quantitative descriptions of flow

patterns, cavity pressure distribution, and the relationship

between flow patterns and pressure are not clearly clarified at

present.

To explore the clearance flow patterns and pressure

distribution in the clearance region of the pump turbine, we
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conducted a model test with PIV measurements and CFD

simulations of a rotating–stationary disk flow that was a

simplified model of the pump turbine clearance flow. Based

on the model test and numerical simulation, some sensitive

factors that could affect the clearance flow patterns and

clearance axial thrust were analyzed. Finally, the calculation

formulas of clearance pressure and axial hydraulic thrust were

obtained by combining the theoretical analysis and model test,

providing a foundation for the axial force imbalance problems of

pump turbine units.

2 Testing setup and the numerical
simulation method

2.1 Testing setup for particle image
velocimetry measurement

The testing setup of the rotating–stationary disk model test is

shown in Figure 1. It was composed of a rotating disk, cylindrical

pressure tank, shaft, motor, upstream and downstream tanks, small

submersible pump, and pipes. The rotating disk was fixed on the

shaft in the center of the cylindrical pressure tank and driven to

rotate by the motor. In this way, a clearance cavity was formed

between the rotating disk and the head cover of the stationary

cylindrical pressure tank. In shape, it was similar to the clearance

flow channel that was composed of the hub upper surface and the

cover lower surface of the pump turbine. The rotating disk and tank

were made of plexiglass. The water flows into the tank from the

bottom plate and flows out of the tank at the middle of the head

cover, and is then pumped from the downstream tank to the

upstream tank, forming the water recirculation. The velocity

distributions in different height cross-sections of the

rotating–stationary disk cavity were measured by PIV. The laser

light was shot horizontally, while the images were captured from the

top of the cylinder pressure tank. The laser exposure plane was

adjusted to be perpendicular to the camera capture plane.

The geometrical characteristics of the rotating–stationary disk

cavity are shown in Figure 2A. The radii of the rotating disk and the

cylindrical pressure tank were 280 and 290 mm, respectively. There

was a 10mm gap between the rotating disk and the pressure tank to

fill water in the clearance cavity. The cylindrical pressure tank was

divided into two parts along the height direction to adjust the

clearance height and a flange was used to connect them. The

adjustment range of the clearance cavity height was from

40–130 mm, which was consistent with the clearance heights of

most pump turbines at present. To simulate the shape of the seal ring

of the pump turbine, the shaft at the outlet was slotted with a depth

and height of 10 and 8mm, respectively. The outlet pipe was sleeved

on the shaft with a 10 mm gap between them. In addition, a speed

sensor was set tomonitor the rotation angular velocity of the rotating

disk, and seven piezometer tubes were arranged on the head cover of

the cylindrical pressure tank to detect the radial pressure distribution.

The photo of the model test is shown in Figure 2B.

2.2 Numerical simulation method

As the main way to study the clearance flow of a pump

turbine, CFD numerical simulation was also used to calculate the

FIGURE 1
Testing setup of the rotating–stationary disk model test.
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rotating–stationary disk model in this study for two reasons. The

first is to find out the suitable numerical method for clearance

flow by comparing it with the test, and the second is to offer data

that are difficult to measure in the model test.

2.2.1 Simulation domain and grid discretization
As shown in Figure 3A, the numerical calculation domain

was completely consistent with the model test. Structural

hexahedral grids were used in the whole domain and all of

the walls were treated with boundary layers (Figure 3B). The

grid size for the first layer was set as 0.005 mm, and the grid

growth was controlled within 1.2. Grid independence verification

adopted five stepwise levels, from 2.12 to 3.10, 4.21, 5.14, and

6.00 million. According to the results, the circumferential

velocity of the simulation was in good agreement with the

model test when the grid number was more than 6 million

and treated with boundary layers. Therefore, the 6.38 million grid

level was used for the simulations. For the boundary conditions,

the bottom of the cylinder pressure tank was set as the pressure

inlet boundary, while the outlet of the cylinder pressure tank was

set as the zero mass outlet boundary because of extremely small

clearance flow leakage of the pump turbine. The rotating disk and

shaft were specified as the rotating wall, while the rest surfaces

were set as the stationary wall.

FIGURE 2
Schematic of the experimental setup with adjustable parameters. (A) Geometrical characteristics of the model. (B) Photo of the
rotating–stationary disk model.

FIGURE 3
Simulation model and grid discretization. (A) Simulation model. (B) Grid discretization and boundary layer treatments.
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2.2.2 Numerical simulation method
The finite volumemethod of commercial software Fluent was

used for the simulations and the SIMPLEC pressure velocity

coupling algorithm was selected. The second-order scheme was

adopted both in space and time discretization. The time step size

was set as 0.001 s. Due to the driving action of the rotating disk,

the near-wall treatments and turbulence models are very

important for accurate CFD simulations.

2.2.2.1 Near-wall treatments and the turbulence model

There are two approaches for near-wall treatments at present.

One is the near-wall modeling approach, which can accurately

solve the viscous boundary layer but requires extremely fine

grids; the other is the wall function approach, which uses semi-

empirical wall functions to bridge the viscosity-affected region

between the wall and the fully-turbulence region. Even if the

viscosity-affected region is not resolved, the wall function

approach is ideal for calculations that do not pay much

attention to walls due to lower grid requirements. For the

advanced turbulence model SST and SAS–SST that are often

applied to the simulation of the pump turbine, the wall

treatments revert to near-wall modeling if the grid is fine

enough, while reverting to the wall function approach if the

grid is coarse enough. In theory, the near-wall modeling method

has some deficiencies, such as the regions with very low values of

turbulence kinetic energy might be treated with a near-wall

formulation, even if they are far away from the wall. However,

the Menter–Lechner (ML) near-wall treatment is designed to

avoid these defects.

2.2.2.2 Calculation method selection

To select a suitable simulation model, we compared the wall

function method and the near-wall modeling method of the

SAS–SST turbulence model, and the ML method of the k − ε

turbulence model in this model. Consistent with the analysis in

Section 2.2.2.1, the velocity distribution of the clearance cavity

obtained by the ML boundary treatment method matches best

with the test results, as shown in Figure 4A (T and S in this study

represent the results of the model test and numerical simulation,

respectively). In terms of velocity value, the velocity obtained by

the wall function method (the SAS–SST turbulence model with

coarse grids) is 15% larger than the test results, but their

distribution laws are similar (Figure 4B). In addition, the

velocity difference obtained by the ML boundary treatment

and near-wall modeling of SAS-SST with a fine grid is only

4.5%. Due to the advantages of the ML boundary treatment, the

ML wall treatment method of the k − ε turbulence model was

selected for the numerical simulation in this study.

It is worth noting that it is indispensable to reconcile the

contradiction between calculation accuracy and resources when

applying the CFD method to simulate the clearance flow of a

prototype pump turbine. Due to the large size of the prototype

pump turbine, the semi-empirical wall function method is often

used because it is very difficult to meet the fine grid requirements.

According to the aforementioned analysis, the circumferential

velocity obtained by the wall function method is 15% larger than

the model test in value, but their flow patterns are similar.

Therefore, the wall function approach can still be used to

analyze the clearance flow of the prototype pump turbine.

FIGURE 4
Circumferential velocity distribution with different simulation methods (ω0=200rpm, h0= 40 mm). (A) Distribution in radial direction (0.45 h0).
(B) Distribution in height direction (rp =0.536).
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3 Results and discussions

To generally describe the results, the radial size,

circumferential velocity, and pressure are expressed as the

following dimensionless parameters:

rp � r

r0
, up � u

ω0r0
, pp � p

p0
, (1)

where r, u, and p and rp, up, and pp are the radius,

circumferential velocity, and pressure before and after the

normalization, respectively; r0 is the radius of the rotating

disk, with a value of 280 mm; and ω0 and p0 are the rotating

disk speed and the inlet pressure of the model, respectively. They

were set as 200 rpm and 2.12 m because most calculation

conditions in this study were analyzed in this condition.

3.1 Clearance axial hydraulic thrust of the
pump turbine

For the pump turbine, the clearance flow channels are the

small gaps between the rotating and stationary parts. It can be

divided into the clearance region between the hub upper surface

(rotating surface) and the head cover lower surface (stationary

surface), and the clearance region between the shroud lower

surface (rotating surface) and the bottom ring upper surface

(stationary surface). The schematic of the runner axial forces is

shown in Figure 5A, where F1 is the axial hydraulic force in the

main flow channel in the upward or downward direction; F2 is

that in the hub clearance in the downward direction; F3 is that in

the shroud clearance in the upward direction; F4 is the self-

weight of the runner in the downward direction; F5 is the

buoyancy force in the upward direction; and F6 is the axial

force acting on the shaft end in the downward direction. The total

axial force on the runner is the summation of these six forces.

Compared with other axial forces, the summation of F4 and F5 is

small enough to be neglected. Since the value of F6 is fixed, it will

not be discussed in this study. The sum of F1, F2, and F3 is the

total axial hydraulic thrust of the runner.

Because the clearance regions are directly connected with the

vaneless space of the main flow channel, the inlet pressure of the

clearance flow channel is equal to the pressure in the vaneless

space and is extremely high (Figure 5B) (Hou et al., 2021b). After

entering the clearance flow channel, the pressure in the clearance

flow channel drops inward along the radial direction due to the

pressure consumption caused by a strong rotating shear flow.

Different from the main flow channel, the hydraulic pressure in

the clearance flow channel cannot be converted into kinetic

energy; therefore, the pressure drop is relatively low. Radially

inward, the pressure in the clearance channel decreases slower

FIGURE 5
Pressure and axial hydraulic thrust in the clearance cavity. (A) Schematic of axial forces of the pump turbine. (B)Clearance pressure distributions
of the pump turbine. (C) Axial hydraulic thrust in the clearance cavity of the pumpturbine and rotating–stationary model.
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than that in the main flow channel; therefore, the axial thrust of

the clearance flow channel is greater than that of the main flow

channel on the hub or shroud of the runner. The enormous

pressure in the clearance region generates a huge axial hydraulic

thrust on the runner, which can be calculated by integrating the

pressure acting on the hub and shroud (Figure 5C). Similarly, for

the rotating–stationary disk model, the pressure in the clearance

cavity acts on the rotating disk and produces an axial hydraulic

thrust. To calculate the clearance axial hydraulic thrust, it is

essential to clarify the flow pattern and clearance pressure

distribution laws and the relationship between them.

3.2 Clearance flow patterns and pressure
distribution

The clearance basic flow patterns and pressure

distribution were investigated with a disk rotating speed

ω0 of 200 rpm and a clearance height h0 of 40 mm. PIV

was used to measure the velocity distributions in eight

horizontal cross-sections of the clearance cavity (0.15 h0 to

0.85 h0 with an interval of 0.1 h0).

3.2.1 Clearance flow patterns
The velocity contours in the 0.45h0 section of the

rotating–stationary disk cavity obtained by the model test and

numerical simulation are shown in Figure 6A. Qualitatively, the

main flow patterns show a strong rotating shear flow under the

driving action of the rotating disk. The circumferential velocity is

circumferentially uniform but increases outward along the radial

direction. Driven by the centrifugal force, the water flows

outward around the rotating disk in the meridian section,

then flows inward around the stationary wall because of the

boundary effect (Figure 6B), forming secondary flow vortices. To

maintain continuity, the water body near the stationary wall

continues to supply water to the rotating wall. In terms of velocity

magnitude, the circumferential rotating shear flow dominates the

flow patterns in the clearance cavity, and the radial and axial

velocities are very small.

Quantitatively, the circumferential velocity follows linear

distribution laws along the radial direction (Figure 7A), except

for the outer edge position of the rotating disk, which is impacted

by boundary effects. Along the height direction, a “core region +

double boundary layers” distribution is presented for the

circumferential velocity (Figure 7B). The circumferential

velocity in the core region is constant along the height

direction, suggesting that the water body in the clearance

cavity rotates like a rigid body. The circumferential velocity is

the largest on the rotating disk surface, while it is zero on the

stationary wall due to the non-slipping wall, and the core region

velocity is between them. Around the rotating wall and the

stationary wall, two boundary layers are formed with

thicknesses of δd and δs, respectively. In terms of the value, δs
is larger than δd, and both of them increase with the radius, which

is consistent with the conclusion of Singh (2014).

In the laminar flow condition, Singh and Zosimovych (2016)

found that the circumferential velocity continuously decreased

from the maximum on the rotating disk to zero on the stationary

disk, and no velocity core region exists by linearizing the N-S

equation. According to the flow pattern classification from Daily

and Nece (1960), the flow patterns in the rotating–stationary disk

cavity belong to the turbulent flow. Moreover, because the

distance between the two disks is substantially greater than

the thickness sum of the two boundary layers, the boundary

layers around the rotating and stationary walls are separated,

called Kármán and Bödewadt boundary layers, respectively. In

short, the flow patterns in this model test show a “core region +

double boundary layers” distribution and belong to typical

Batchelor flow. The flow in the clearance cavity is dominated

by the circumferential velocity of the core region, in which the

inertial force is considerably larger than the viscous force, and

there is no velocity gradient along the height direction.

Despite the fact that the circumferential velocity in the core

region increases as the radius grows, the rotating coefficient k

FIGURE 6
Qualitative velocity distributions (ω0=200 rpm, h0= 40 mm). (A) Circumferential velocity contours (0.45h0). (B) Velocity distribution in the
meridian section.
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(rotating velocity radio of the core region to the rotating disk)

remains constant and does not change with the radius

(Figure 7C). When ω0 and h0 are set as 200 rpm and 40 mm,

respectively, k is about 0.413 for the model test, while it is around

0.42 for numerical simulation. Elena and Roland (1996) and

Cheah et al. (1994) investigated the rotating coefficient k at a

fixed radius and found that k is also around 0.41. Therefore, the

model test and numerical simulation results in this study are

reliable.

For the turbulent plane Couette flow, it is composed of

two plates, in which one plate translates with constant

velocity in a direction and the other is stationary. Similar

to the rotating–stationary disk flow, the velocity core region

was also formed for Couette flow, and it flowed at 0.5 times

the moving plate velocity (Bech et al., 2006; Pirozzoli et al.,

2014). However, the rotating coefficient of the core region

for the rotating–stationary disk is less than 0.5 for two

reasons. The first is that the circular shear deformation

rate in the core region is not equal to zero due to the

rotating effect; therefore, the driving action of the rotating

disk needs to provide more energy consumption to keep up

with the shear deformation rate. In addition, the radial

secondary flow in the radial direction weakens the

circumferential velocity in the core region due to the

centrifugal force and the boundary effect.

3.2.2 Pressure distributions and the axial
hydraulic thrust

In the model test and numerical simulation, the cavity

pressure shows a circumferentially symmetric distribution.

Due to the energy consumption caused by the strong rotating

shear flow, the pressure gradually drops inward in the radial

direction (Figures 8A,C). For the water body in the clearance

cavity, the core region circumferential velocity of the strong

rotating shear flow dominates the major flow patterns in the

clearance cavity due to the driving action of the rotating disk,

FIGURE 7
Quantitative circumferential velocity distributions (ω0=200 rpm, h0= 40 mm). (A) Velocity along the radial direction (0.45h0). (B) Velocity along
the height direction. (C) Rotating coefficient k along the height direction.
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while the radial velocity is extremely small. Therefore, Eq. 2 can

be obtained by applying the liquid equilibrium differential

equation in the radial direction. Due to the extremely small

radial velocity, the surface forces are equal to the mass forces on

any fluid mass in the radial direction (Figure 8B), and Eq. 2 can

be simplified as Eq. 3:

(p − zp

zx
)dydz − (p + zp

zx
)dydz + ρfxdxdydz � 0, (2)

zp

zx
� ρfx, (3)

where ρ is the density; p is the pressure; andfx is the mass force,

which is the centrifugal force for the flow in the cavity. Assuming

that the core region rotational velocity is kω0, we can modify Eq.

3 to

dp � ρ(kω0)2r. (4)

By integrating Eq. 4 from the outer edge of the rotating disk, we

can obtain the radial pressure drop Δp and the pressure

distribution p in the clearance cavity as Eq. 5 and Eq. 6:

Δp � ρ(kω0)2
2

(R2
1 − r2), (5)

p � p1 − ρ(kω0)2
2

(R2
1 − r2), (6)

where R1 and p1 are the radius and pressure, respectively, at the

outer edge of the rotating disk. According to Eq. 6, the pressure

distribution along the radial direction can be expressed as a

function of the clearance inlet pressure p1 and the

circumferential velocity of core region kω0.

As shown in Figure 8C, the pressure distribution estimated

by Eq. 6 matches well with the model test and numerical

simulation when the rotating coefficient k is set as

0.413 according to Section 3.2.1, and the maximum error is

only 1.2%. Therefore, Eq. 6, which is based on the premise of the

accurate circumferential velocity of the core region, can be used

to calculate the clearance pressure distribution. Even though the

pressure distribution calculated by Eq. 6 neglects the flow losses

caused by the radial secondary flow and wall friction, and only

takes the losses caused by the strong rotating shear flow into

account, it is still relatively accurate because the strong rotational

FIGURE 8
Pressure distributions (ω0=200 rpm and h0 = 40 mm). (A) Pressure contours in the 0.45h0 cross-section. (B) Fluid force diagram (Hou et al.,
2021b). (C) Pressure distribution along the radial direction.
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shear flow is the primary source for the energy consumption in

the clearance cavity.

3.3 Sensitive factors of clearance flow
patterns and pressure distributions

According to the aforementioned analysis, the flow patterns

present a typical Batchelor turbulence in the

rotating–stationary disk cavity, which means the

circumferential velocity has a “core region + double

boundary layers” distribution. However, the pump turbine is

frequently subjected to a variety of off-design operations and

frequent and quick transition processes. Under these operating

conditions, the change of the runner rotational speed and the

clearance inlet pressure change in real-time. Moreover, for the

clearance flow channel sizes of the pump turbine, the radial size

is determined by the runner diameter, while the height size

(clearance height) is variable and largely dependent on the

engineering experience. At present, the clearance height of the

Francis pump turbine ranges from a few centimeters to tens of

centimeters. Under these different conditions, how do the flow

patterns evolve in the clearance cavity? Are the Batchelor flow

characteristics still maintained? How does the rotating

coefficient change in the core region? What is the

relationship between flow patterns and pressure distribution?

These questions need to be further investigated. Therefore, the

effects of the disk rotating speed, clearance inlet pressure, and

clearance height on the flow patterns and pressure distribution

in the clearance cavity were studied in this study.

3.3.1 Effects of the disk rotating speed
The disk rotating speed was set as 200–400 rpm with a

gradient of 50 rpm to analyze the influence of the disk

FIGURE 9
Circumferential velocity distributions under different disk rotating speeds. (A) Radial distribution (0.45h0). (B) Height distribution (rp=0.536 m).
(C) Rotating coefficient k distribution. (D) Rotating coefficient k in the core region.
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rotating speed on the velocity and pressure distribution in the

clearance cavity.

3.3.1.1 Flow patterns

Under different disk rotating speeds, the circumferential

velocity in the cavity still presents a linear distribution in the

radial direction, but it increases with the increase in the disk

rotating speed (Figure 9A). Along the cavity height direction, the

core regions of the circumferential speed are formed under all the

disk rotating speeds (Figure 9B). However, the circumferential

velocity of the core region increases with the rise of the disk

rotating speed. The thickness of the boundary layer on the

rotating and stationary disks decreases with the increase in

the rotating speed, which is consistent with the law that the

boundary layer thickness decreases with the increase of velocity

(Cao and Qiu, 1998). Although the circumferential speed in the

core region increases with the rise of the disk rotating speed, the

rotating coefficient k in the core region remains constant under

different disk rotating speeds (Figure 9C). The rotating

coefficient k of numerical simulation is slightly larger than

that of the model test, around 0.42 to 0.43 and 0.41 to 0.42,

respectively (Figure 9D). We simulated the clearance flow

patterns during the runaway transient process of a prototype

pump turbine and discovered that the circumferential velocity in

the core region had a positive correlation change with the

rotating disk speed, while the rotating coefficient in the core

region did not dramatically change with the disk rotating speed

(Hou et al., 2021b).

For the rotating–stationary disk cavity, the rotational

Reynolds number, defined by Eq. 7, varies with the radius and

rotating speed. When the rotating speed decreases to only

200 rpm, the average Reynolds number is 9.2 × 105. Although

the Reynolds number in the clearance cavity is not high enough,

it is difficult to maintain laminar flow. For the clearance flow of

the prototype pump turbine, it is more difficult to maintain

laminar flow because of the larger radius and higher rotating

speed. Therefore, Batchelor turbulence is the main flow pattern

in the clearance flow channel of the pump turbine, and the core

region rotates at a speed of around 41–42% of the rotating disk

speed.

Re � ω0r
2/], (7)

where ] is the kinematic viscosity.

3.3.1.2 Pressure distributions

According to the clearance flow patterns, the energy

dissipation in the disk cavity is mostly caused by strong

rotating shear flow. The stronger the rotating intensity, the

greater the energy dissipation. Consistent with the

aforementioned analysis, the cavity pressure decreases

gradually inward radially, and the higher the disk rotating

speed is, the greater will be the pressure drop (Figure 10A).

The pressure drop Δp increases in a parabolic law with the

disk rotating speed, which matches well with Eq. 5

(Figure 10B). Δp of numerical simulation is slightly larger

than that of the model test, which can be attributed to the

slightly higher rotating speed of the core region for the

numerical simulation. However, the two are in good

agreement with a difference of less than 5%.

Eq. 5 can be used to fit Δp acquired from the model test and

numerical simulation, as shown by the black and red curves,

respectively, in Figure 10B. The fitted k value of the model test

and numerical simulation values are 0.413 and 0.423,

respectively, which are in good agreement with the

aforementioned flow pattern analysis (0.41–0.42 for the model

test and 0.42–0.43 for the numerical simulation). Therefore, the

core region rotates at a speed of around 41–42% of the rotating

disk speed, which can accurately predict the pressure distribution

in the clearance cavity based on Eq. 6 and the axial hydraulic

thrust by integrating the cavity pressure.

3.3.2 Effects of the clearance inlet pressure
For the pump turbine, because the clearance regions are

directly connected with the vaneless space of the main flow

channel, the clearance pressure is closely related to the clearance

inlet pressure (pressure in the main flow channel), which

violently fluctuates during various transient processes.

However, it is still unknown whether the inlet pressure affects

the velocity and pressure distribution of the clearance cavity.

With the help of the rotating–stationary disk test, the velocity and

pressure distributions for the clearance inlet pressure ranging

from 1.22–2.42 m with a gradient of 0.3 m were studied. Due to

the limited inlet pressure in the model test, the inlet pressure of

30 m was increased for the numerical simulation to analyze the

influences of the clearance inlet pressure on the velocity and

pressure distributions.

3.3.2.1 Flow patterns

As shown in Figure 11A and Figure 11B, the clearance inlet

pressure does not affect the circumferential velocity distribution

in the rotating–stationary disk cavity. Because of the increased

boundary impact, the circumferential velocity exhibits a little

reduction at the disk boundary position when the clearance inlet

pressure reaches 30 m. In the radial direction, the water flows

outward near the rotating disk and inward near the stationary

disk due to the imbalance between the pressure force and

centrifugal force. When the centrifugal force remains constant,

the larger the pressure force, the greater will be the radial force

imbalance and the boundary effect, resulting in a slight decrease

in the circumferential velocity at the boundary location.

However, if the location is far from the boundary effect, the

circumferential velocity in the core region is unaffected by the

clearance inlet pressure, and still presents a “core region + double

boundary layers” distribution.
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3.3.2.2 Pressure distributions

The pressure in the clearance cavity increases with the

increases of the clearance inlet pressure, though it shows

similar distributions and radially decreases inward the clearance

cavity under different clearance inlet pressure conditions

(Figure 12A). Although the pressure in the cavity is closely

related to the clearance inlet pressure, the total pressure drop

Δp in the cavity is unaffected (Figure 12B), which is consistent

with the conclusions of Eq. 5 and Eq. 6. The pressure in the cavity

can be expressed as the inlet pressure and the square of the

circumferential velocity of the core region, while the pressure

drop is only related to the latter. According to the circumferential

velocity distribution in the core region, when the inlet pressure

increases to 30 m, the circumferential velocity decreases slightly at

the boundary position, resulting in a small decrease in the pressure

drop due to the influence of the boundary effect.

3.3.3 Effects of the clearance height
The clearance flow channel of the pump turbine is a thin-

layer cavity composed of the runner and the cover lower surface

FIGURE 10
Pressure distributions under different disk rotating speeds. (A) Pressure distributions along the radial direction. (B) Variation laws of pressure
drop Δp.

FIGURE 11
Circumferential velocity distribution under different clearance inlet pressures. (A) Radial distribution (0.45h0). (B) Height distribution
(rp=0.536 m).
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or bottom ring upper surface. Due to the lack of design

specification, the clearance cavity height is largely dependent

on experience. At present, most clearance heights range from a

few centimeters to more than 10 cm, and even the cavity height

changes along the radial direction. To investigate the effects of

the clearance height on the flow patterns and pressure

distribution in the cavity, the clearance height h0 was set as

40–130 mm with a gradient of 30 mm.

3.3.3.1 Flow patterns

As shown in Figure 13A, the circumferential velocity

gradually decreases with the increase of the clearance height

at the outer edge of the rotating disk but remains invariable at the

inner edge and middle position. Due to the strong centrifugal

force near the rotating disk, the water flows outward in the radial

direction and crashes against the boundary. After the collision,

the water flows inward near the stationary wall. The larger the

cavity height, the broader the collision interaction range, in

which the circumferential speed was weakened to a great

extent. Although it is greatly weakened, the circumferential

velocity remains Batchelor turbulent flow (Figure 13B).

However, the rotating coefficient k in the core region

gradually decreases with the increase of the clearance height

near the outer edge. Therefore, the clearance height has little

FIGURE 12
Pressure distributions under different clearance inlet pressures. (A) Pressure distributions along the radial direction. (B) Pressure drop Δp.

FIGURE 13
Circumferential velocity distribution under different clearance heights. (A) Radial distribution (0.45h0). (B) Height distribution (rp=0.821).
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effect on the circumferential velocity if the location is far from the

influence range of boundary effects.

For the clearance flow channel of the pump turbine, the

clearance cavity height is nearly equal to the height of this

rotating–stationary disk model, while the clearance radial size

is much larger than the influence range of the boundary

effect. Therefore, we can assume that the clearance height

has little effect on the clearance flow patterns of the pump

turbine.

For the laminar flow in the rotating–stationary disk

cavity, Singh (2014) demonstrated that the average

circumferential velocity decreases with the increase of the

clearance height. For the turbulence with large leakage flow,

Poncet et al. (2005) discovered that the flow patterns in the

rotating–stationary disk are not sensitive to the clearance

height, which is consistent with our conclusion. Therefore,

once the Batchelor turbulence flow with boundary layer

separation is formed in the clearance cavity, the

circumferential velocity of the core region is unaffected by

the clearance height when the location is far away from the

boundary. However, when the clearance height increases to a

certain extent that the stationary disk no longer affects the

flow near the rotating disk or the influence weakens, the

Batchelor flow and the core region of circumferential velocity

will no longer be formed. The flow patterns will eventually

transform into a single free rotating disk flow. It cannot

happen to the clearance flow of the pump turbine because

of the limited space in the height direction. Therefore, once

the Batchelor flow is formed in the clearance cavity, the

clearance height has little effect on the circumferential

velocity in the core region if the location is far from the

boundary effect.

3.3.3.2 Pressure distributions

Under different clearance heights, the pressure distribution

along the radial direction shows a substantial variation near the

outer edge of the disk but remains unchanged at the inner edge

and the middle position of the rotating disk (Figure 14A). Near

the outer edge of the disk, the larger the clearance height, the

smaller the circumferential velocity and the smaller the energy

dissipation, resulting in a smaller pressure drop. Therefore, the

total pressure drop Δp decreases with the increase of the

clearance height (Figure 14B).

We numerically simulated the pressure distributions of the

clearance channel with different clearance heights for a pump

turbine and found that the clearance height is not sensitive to the

clearance pressure distribution (Hou et al., 2021a). Therefore, the

clearance height has little effect on the pressure distribution in

the clearance cavity of the pump turbine if the location is far from

the boundary effect.

3.4 Clearance axial hydraulic thrust of the
pump turbine

3.4.1 Clearance flow patterns
Compared with the rotating–stationary disk model test in

this study, the clearance flow of the prototype pump turbine has a

higher Reynolds number and larger radial size, which leads to

Batchelor turbulence in the clearance flow channel. The

circumferential velocity shows the “core region + double

boundary layers” distribution. Though the fact that the

circumferential velocity in the core region increases with the

increased rotating disk speed, the core region rotates at a speed of

around 41–42% of the rotating disk speed. In the meridian

FIGURE 14
Pressure distributions under different clearance heights. (A) Pressure distributions along the radial direction. (B) Pressure drop Δp.
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section, the water flows outward around the rotating disk, while

flowing inward around the stationary wall, forming the

secondary flow vortices.

3.4.2 Clearance axial hydraulic thrust
It is difficult to estimate the pressure distribution in the

clearance cavity of the pump turbine by Eq. 6 before we recognize

the clearance flow patterns and the rotating coefficient k.

According to the analysis in this study, the k value of the core

region can be quadratically fitted to 0.413 and does not

dramatically change with relevant factors. Therefore, Eq. 6 can

be modified as follows:

p � p1 − 0.085ρω2
0(R2

1 − r2). (8)

To verify the correctness of Eq. 8, we did a numerical

simulation of a prototype pump turbine containing the

clearance flow channel and obtained the pressure distributions

in the clearance cavity (the related parameters were shown in

reference (Hou et al., 2021b)). Due to the contradiction between

calculation accuracy and calculation resources, the wall function

method was used to solve the clearance flow channel of the pump

turbine. As shown in Figure 15, the simulated pressure drops

faster than that calculated by Eq. 8. However, the numerically

simulated pressure matches well with that calculated by Eq. 6

when the circumferential velocity of the core region increases by

15% (k is equal to 0.413 × 1.15). The main reason is that the

simulated circumferential velocity of the core region solved by

the wall function method is 15% larger than the model test. The

larger velocity consumes more energy and leads to a larger

pressure drop in the clearance region. Therefore, Eq. 6 and

Eq. 8 can be used to predict accurately the clearance pressure

distributions of the pump turbine. Actually, k is about 0.413 in

the clearance region both for the model test and fine numerical

simulation, and the modified pressure distribution of Eq. 8 tends

to be smaller, as shown in the red curve in Figure 15.

According to the pressure distribution law in Eq. 8, the

clearance axial thrust acting on the runner can be expressed

as a function of the clearance inlet pressure and the square of the

runner rotating speed by integrating the pressure on the rotating

wall.

Fc � π(R2
1r − R2

2r)[p1r − 0.043ρω2
0r(R2

1r − R2
2r)], (9)

where Fc is the clearance axial hydraulic thrust; R1r and R2r are

the outside and inside radius, respectively, of the clearance flow

channel; p1r is the clearance inlet pressure; and ω0r is the rotating

speed of the runner.

4 Conclusion

In this study, a rotating–stationary disk model that was a

simplified model of the pump turbine clearance flow was

measured by PIV measurements and simulated by CFD

simulation to study the clearance flow patterns and pressure

distributions and the relationship between them. The results

show that the circumferential velocity in the clearance region

presents a distribution of “core region + double boundary layers.”

The pressure in the clearance region has a circumferentially

symmetric and radially quadratic distribution. Quantitatively,

the clearance pressure and axial thrust can be expressed as a

function of the clearance inlet pressure and the square of the

runner rotating speed, which provides a basis for the axial force

imbalance problems of pump turbine units.

(1) Driven by the rotating disk, the flow patterns in the clearance

flow channel present a typical Batchelor turbulence flow with

separated boundary layers. The circumferential velocity core

region is formed in the middle region along the height

direction, while Kármán and Bödewadt boundary layers

are formed on the rotating and stationary disks. Due to

the centrifugal force and boundary effects, the flow is radially

outward around the rotating wall, while inward around the

stationary wall in the meridian section, showing secondary

flow vortices. Numerically, the strong rotating shear flow in

the core region dominates the clearance flow patterns.

(2) The core region rotates at a speed of around 41–42% of the

rotating disk speed for all conditions. The circumferential

velocity in the core region is dominated by the rotating disk

speed, while being unaffected by the clearance inlet pressure

and the clearance height if the location is far from the

boundary effect.

(3) Based on the liquid differential equilibrium equation and

circumferential velocity in the core region, the clearance

FIGURE 15
Clearance pressure distributions of a prototype pump
turbine.
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pressure and axial hydraulic thrust can be expressed as a

function of the clearance inlet pressure and the square of the

runner rotating speed, which provides a basis for the axial

force imbalance problems of the pump turbine unit.

(4) In terms of CFD numerical calculation for clearance flow,

although the circumferential velocity obtained by the

empirical wall function method is 15% larger than the

model test in value, their velocity distribution laws are

similar. Therefore, it is still feasible to calculate the

clearance flow of the prototype pump turbine by using

the wall function method to reconcile the contradiction

between calculation accuracy and resources.

For the theoretical analysis of the findings in the study, the

accurate calculation of the two viscous boundary layers serves as

the foundation for the core region. In fact, despite extensive

research on the turbulent boundary layer, the relative theory is

extremely immature, and most theories applied in engineering

are summarized from experiments and calculations. In recent

years, many numerical simulations based on the Reynolds-

average method were used to numerically calculate the

boundary layer. However, the turbulence boundary layer

equation for the Reynolds-average approach has a pulsation

item that is difficult to solve theoretically. Therefore, intensive

studies in conjunction with numerical calculation techniques and

tests will be required to calculate the turbulent boundary layer of

the rotating disk in the future.
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The flow in a double-suction twin-volute five-stage centrifugal pump is studied

numerically using Computational Fluid Dynamics (CFD) calculations. The pump

performance at various flow rates obtained numerically are compared with the

theoretically results. The deterioration in pump performance at various flow

rateswere investigated to find the losses associatedwith the design of the pump

components. The stage-wise performance analysis revealed the hydraulic

losses associated with the second-stage impeller due to highly swirled flow

exiting from the first stage twin-volute. The fluid exiting the twin-volute have a

high circumferential velocity than its radial component leading to a high pre-

swirl at the inlet of stage 2 impeller. In order to regulate the high pre-swirl, baffle

plates were installed at the exit of the twin-volute. Three baffle plate

configurations were studied and their effects on the pump performances

were compared. The vertical configuration improved the pump efficiency by

1.36% and head by 6.04% while the horizontal configuration improved them by

2.42% and 5.96% respectively. The 4-plate baffle configuration improved the

pump performance by only a small margin. The installation of the baffle plates

also improved the stage performances in both design and off-design

conditions. The horizontally installed baffle plates were then tested at

various angles. The plates installed at 300° clock-wise increased the pump

head by 9.08% and efficiency by 3.87%. A comprehensive analysis of the flow

physics inside the pump are also presented.

KEYWORDS

multistage centrifugal pump, double-suction impeller, twin-volute, computational
fluid dynamics, baffle plates, head loss
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1 Introduction

In the recent years, CFD calculations have been extensively

used in the early stages of product development even before

manufacturing particularly in turbomachinery. The pump

designers, in order to respond to rapid fluctuations in market

requirements and to reduce development costs, use CFD

methods to test their designs for their hydraulic performances

prior to manufacturing. This eliminates the need to manually test

several designs at various flow conditions in a turbomachinery

test facility in the design stage. The design faults occurring at this

stage can be identified and corrected by this technique. The

design faults of a multi-stage centrifugal pump is identified and

corrected in this study using CFD tools.

A 5-stage centrifugal pump was designed for application in

several industries where a high head and high flow rate was

required to pump water or other chemicals over a long distance.

The pump was specially developed for unique applications such as

boiler feedwater, reactor charge service, water injection, power

recovery, seawater injection, and other high-pressure services

(McGuire, 2019). In our previous study, the pump’s design

feasibility study demonstrated its ability to handle different fluids

at vast flow rates ranges (Shamsuddeen et al., 2021b). A stage-to-stage

loss analysis revealed the areas of performance degradation between

stage 1 and stage 2. Two design proposals were made to correct the

losses and improve the pump performance. One of the solutions was

to install an additional guide vane between the first and second stage

to correct the flow angle. This has been investigated previously

(Shamsuddeen et al., 2021a), which showed significant

improvement in the pump performance. However, the installation

of an additional guide vane increased the length of the pump which

accounted for additional manufacturing costs. The second solution

was to install baffle plates at the twin volute exit such that it can

decrease the losses without altering the pump dimensions. The

proposal to install baffle plates at the exit of the twin-volute is

presented in this study.

Installation of baffle plates is a standard practice to regulate

the swirling flow in pumps. (Sato et al., 2010, 2011; Tanaka et al.,

2012) studied the cavitation characteristics of a single-stage

double suction volute pump with baffle plates. (Li et al., 2014;

Li et al., 2018) investigated the effect of baffle plate on a single-

stage self-priming pump. The baffle plate was found to prevent

the formation of swirling flow in the pump chamber and increase

the self-priming performance of the pump. The head and

efficiency of the pump were increased when the baffle plate

was installed at 36° in the clock-wise direction. (Luo et al., 2019)

studied three baffle plate configurations in a low specific speed

centrifugal pump and found that baffle plates helped in

decreasing the pressure pulsation amplitude in the volute. (Lin

et al., 2020) studied the effect of an inlet guide vane installed at

the inlet of a centrifugal pump and found to reduce the hydraulic

losses and improve the hydraulic performance. (Lin et al., 2022)

further studied the effect of installation angle of the inlet guide

vane and found that the head and efficiency improved at 25°

angle. (Wang et al., 2017; Koranteng Osman et al., 2019) installed

baffle plates at the inlet channel between the suction chamber and

impeller in a two-stage axially split centrifugal pump and found

to improve the head by a great margin. (Shukla et al., 2017)

improved the pump characteristics at off-design conditions after

modifying the baffle plate geometry in a single-stage double-

suction centrifugal pump. (Wei et al., 2021) added baffle plates at

the centrifugal pump inlet to suppress the pump vibration and

cavitation instabilities. (Zhao and Zhou, 2022) studied the effect

of adding a small plate (tiny blade) in the impeller flow passage to

obtain a stable pump operation. From these studies, it is evident

that the installation of baffle plates not only regulates the swirling

flow but also improve the pump performance.

Several researchers have installed baffle plates for various

purposes especially in single-stage pumps. However, the effects of

baffle plates in a 5-stage centrifugal pump at the twin-volute between

two stages and the significance of the installation location and angle

are not found in literatures. In this study, the effects of the baffle plate

on the multistage pump performance and on individual stages are

studied in depth to determine its role in mitigating hydraulic losses

and improving pump efficiency. Moreover, the significance of the

baffle plate installation location and angle are studied and design

recommendations are provided based on the performance of the

pump. The internal flow physics observed inside the pump with the

installation of the baffle plates are presented in detail. This scientific

study aids the pump designers to correct their design flaws prior to

manufacturing the pump.

2 Description of the models

The first stage of the centrifugal pump comprise of a double-

suction impeller inscribed in an inlet passage followed by a twin-

volute. The twin-volute is staggered at 180° to offset the radial forces to

each other. A single-suction impeller, a diffuser and a return vane are

assembled in the second stage and is repeated for stages 3 and 4. The

fifth stage has an impeller similar to the previous stages, but the

diffuser is larger and is secured to the outlet volute. The impeller is

engineered to reach a high head with maximum efficiency, while a

diffuser is designed to increase pressure in its vanes while reducing

pressure gradients in the return vanes. Figure 1 shows the centrifugal

pump design. The proposed 5-stage pump is assembled in such a way

that the number of stages may be adjusted to obtain the Net Positive

Suction Head Required (NPSHr) and flow rate requirements. They

are usually determined by the API BB5 pump standards (Api, 1995).

The specification and the dimensions of the pump is given in Table 1.

Three baffle plate designs were studied for its effect to control the

swirl components of the fluid exiting the volute. The selected design is

further studied to find the optimal angle of installation such that the

overall efficiency and head of the pump is further improved. Figure 2

shows the reference volute design along with the three baffle plate

designs. The baffle plates were installed vertically, horizontally, and

Frontiers in Energy Research frontiersin.org02

Shamsuddeen et al. 10.3389/fenrg.2022.969706

240

https://www.frontiersin.org/journals/energy-research
https://www.frontiersin.org
https://doi.org/10.3389/fenrg.2022.969706


combined horizontal and vertical design at the volute exit. Baffle plates

are shaped according to the shape of the volute casing with 10mm

thickness, 46.5 mm height and 62.8 mm width.

3 Numerical model

3.1 Geometry and grid generation

The geometrical design process of the centrifugal pump

structure was done using a CAD software, obtained from a

geometrically similar scaled-down pump model used for low-

flow rate applications provided by the manufacturer. ANSYS

Bladegen tool was used to generate the impeller, diffuser and the

return vane geometries. The fluid domains of all the components

were extracted using ANSYS Space Claim. The baffle plates were

added by modifying the geometry of the volute fluid domain. The

fluid domains were then meshed using various meshing tools

supplied by ANSYS. The suction chamber, the twin-volute,

diffuser vanes, return vanes, and the outlet chamber were

meshed using tetrahedral grids while the impellers were

meshed using hexahedral grids. The generated grids are then

FIGURE 1
3D design of the five-stage centrifugal pump.

TABLE 1 Pump specification and dimensions.

Parameter Value Parameter Value

Number of stages 5 Impeller diameter (Stage 2–5) 1.2D

Flow coefficient (∅) 0.01 Diffuser diameter (Stage 2–4) 1.78D

Head coefficient (ψ) 0.67 Diffuser diameter (Stage 5) 2.13D

Working fluid Water Return vane diameter (Stage 2–4) 1.5D

Specific speed 490 Overall pump length 3.94D

Rotational speed (rpm) 2,980 Casing diameter 3D

Impeller diameter (Stage 1) D Volute diameter 1.46D
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tested for grid independency so that the results do not show a

discrepancy based on the grid size. To identify the most

appropriate grid size for the study, the grids of first and

second stages were studied independently instead of the entire

pump since third, fourth and fifth stage grids are a repetition of

the former stages. Multiple layers of boundary mesh were applied

along the impeller suction and pressure side surfaces to resolve

the boundary layers and keep the y+ value below 30. Diffuser and

return channel grids were also given similar boundary layers.

One passage of each component; impeller, diffuser and return

vanes were modeled for reducing the computational costs.

The most accurate approach for a grid convergence research

is the grid convergence index (GCI), which is obtained using the

Richardson extrapolation method (Celik et al., 2008). For a key

variable collected from three independent sets of grids with

considerable resolutions, an estimated relative error (ea) and

fine grid convergence index (GCIfine) are computed. The key

variables studied are the efficiency (η) and the head (H)

generated by the centrifugal pump. The GCIfine can be

calculated from the following formula:

GCIf ine � 1.25 ea
r − 1

(1)

where r is the ratio between two grids in comparison.

The GCI values of the 2 stages are shown in Table 2.

The GCI values of both stages and for both variables are less

than 4% for the fine mesh N1. Since the GCI values of both

variables are reasonable, grid size N1 can be considered optimal,

and additional grid refining is not required. Generating the grids

for all pump stages using N1 grid size of stages 1 and 2 summed

upto 6.25 million nodes. The optimum grids of the impeller,

volute and the diffuser are shown in Figure 3.

The grids of all the components generated through the

meshing software were assembled together in CFX-Pre module

of the ANSYS CFX package. The initial and boundary

conditions of the assembled fluid domains were defined for

the inlet, outlet, boundary walls, periodic faces, and the

interfaces between each component in this module. The

pump inlet was defined at atmospheric pressure while the

outlet was defined with mass flow rate. The boundary walls

were defined as stationary walls and the periodic faces of the

single passage domains were defined periodic with appropriate

pitch ratios. All components where defined as stationary

domains except for the impeller domains which rotates

along the z-axis. The interfaces between the stationary and

rotating domains were defined as mixing-plane (stage) interface

due to a high pitch ratio between the components. A mesh

connectivity is established at all interfaces to interconnect the

non-conformal elements between the domains using a General

Grid Interface (GGI). By means of an intersection algorithm,

the GGI determines the connectedness between the grids on

each side of the interface (ANSYS Inc, 2011). Water is used as

the working fluid in the pump.

The governing equations for the fluid transportation were

defined in a steady-state setting based on the Reynolds-

averaged Navier-Stokes (RANS) formulas for

incompressible fluids which are well-documented in a

variety of sources (ANSYS, 2013; Siddique et al., 2017). In

order to accurately model the turbulent behavior of the fluid

inside the pump, the Shear Stress Transport (SST) turbulence

model was used coupled with the standard wall function

(Menter, 1994). The SST model is a widely used method

for modeling turbulent flow in rotating fluid machinery

FIGURE 2
Volute configurations (A) Reference design (B) Baffle 1 (C) Baffle 2 (D) Baffle 3.

TABLE 2 Calculation of GCI values for the 2 stages.

Parameters Stage 1 Stage 2

N1/N2/N3 1753943/1083687/670126 1385676/808556/480176

GCIfine (η) 0.6 0.91

GCIfine (H) 0.198 3.04
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and has been validated by several researchers from around the

world (Kim et al., 2019a; Kim et al., 2019b). In the near-wall

region and freestream area, the SST model uses the k–ω and

k–ε equations, respectively, along with a blending function

that guarantees seamless transitions between these models.

The computations are carried out using an Intel Xeon CPU

with a clock speed of 2.4 GHz equipped with 56 cores and 128 GB

RAM capacity. The computation time for each simulation was

18–20 h to achieve convergence.

4 Pump performance

The pump performances are expressed in terms of head

coefficient (ψ), flow coefficient (φ), and efficiency which are

calculated using the following formulas:

ψ � gH
n2D2 (2)

φ � Q
nD3 (3)

η � ρQgH
P

(4)

where D, g, n, P and ρ corresponds to the impeller diameter,

acceleration due to gravity, rotational velocity, input power and

fluid density, respectively.

A dynamically similar model pump design given by the

supplier served as the basis for the proposed centrifugal

pump’s preliminary design. The model pump was a scaled-

down model used for low flow rate industrial applications.

The current pump prototype is the scaled-up design

particularly to handle fluids at high flow rates and high head

operations. The pump affinity rules are employed to extract the

dynamically similar prototype design, as is seen below:

Q1

Q2
� (n1

n2
); H1

H2
� (n1

n2
)2

;
P1

P2
� (n1

n2
)3

(5)

where the variables denoted by subscriptions 1 and 2 refer to the

model and the prototype. The variables Q, n, H and P

corresponds to the flow rate, rotational velocity, head and the

input power, respectively.

The performance of the pump design derived from affinity

laws is determined theoretically and then validated numerically

using CFD tools. The theoretical prediction was confirmed by

the projected trend of the head and efficiency curves at different

flow rates. With an error margin of less than 8%, the graphs

obtained from the CFD analysis are in satisfactory agreement

with the theoretical results as shown in Figure 4. Due to the

general constraints of the steady-state simulation with a

simplified geometrical model, and the disregarding of losses

in the numerical simulations, the computational accuracy does

have a certain impact on the error margin. Therefore, the

generated CFD results are suitable for further study since

this is an initial design feasibility assessment prior to

experimental testing without accounting for unexplained

mechanical losses.

FIGURE 3
Optimal grid of the impeller, volute and diffuser.
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Figure 5 compares the pump’s performance comparison

between different baffle plate designs. A significant increase in

the head is witnessed at each flow rate for all cases with the baffle

plates, with baffle 3 design having the highest head. The head at

the QBEP increased by 6.04%, 5.97%, 7.07% for baffle 1, 2 and

3 designs, respectively compared to the reference pump. A fair

increase in efficiency is also observed for the pump with baffle

plates at large flow rates. The efficiency at the design point

improved by 1.36%, 2.43%, and 0.37% respectively for baffle

designs 1, 2, and 3 in comparison to the reference pump. The

baffle 2 design shows the highest efficiency among the three

designs. A similar increase in efficiency of 2.41% is observed at

the high flow rate for baffle 2. However, the improved pump

performance comes at the expense of slightly higher power

consumption. With the installation of baffle plates, power

consumption rose by 3.46 percent at the QBEP and by

8.46 percent at the highest flow rate condition for baffle

2 model. Even while power consumption increases at

maximum flow rate, the gain in efficiency and head is

sufficient to compensate for the difference. Therefore, with the

installation of baffle plates, the pump’s overall performance has

considerably improved.

In a multistage centrifugal pump, individual stage

performance is just as critical as the total pump performance.

FIGURE 4
Comparison of theoretical calculations and numerical simulations.

FIGURE 5
Performance comparison of different baffle designs with the reference pump.
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Studying the efficiency and head of individual stages provides

insight into the local characteristics of the pump and aids in

identifying the losses associated with the pump. The stage-wise

head is calculated by measuring the total pressure gradient at the

entry and exit of each stage. The stage-wise efficiency is calculated

from the input power measured by the torque on the impeller at

that stage, the flow rate through the stage outlet and the stage-

wise head put together in the efficiency equation. Figure 6 shows

the stage-by-stage efficiency and head coefficient curves of the

reference pump. At the low flow rate, the efficiency of the pump is

nearly identical at all stages. Except for stage 2, all stages’

hydraulic efficiency improves as the flow rate increases.

Beyond QBEP, the efficiency and head at stage 2 plummets at

a rapid pace. The reference pump’s high decline in efficiency and

head suggests a significant loss at the stage 2. The performance of

the pumps with baffle plates are compared with the reference

pump at the second stage in Figure 7. The installation of baffle

plates has contributed to head loss recovery at the second stage at

all flow rates. A difference of 63.7%, 57.3%, and 76.75% in head

are observed for baffle designs 1, 2, and 3, respectively at the

QBEP. Meanwhile, the efficiency increased substantially at high

flow rates for all baffle plate models thereby decreasing the pump

FIGURE 6
Stage-wise performance of the reference pump.

FIGURE 7
Performance comparison of stage 2.
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stage losses. The baffle plate 2 model has the highest efficiency at

stage 2 with an increase of 29.13% at the QBEP. A small

improvement in performance can also be found in the

subsequent stages as well. Installation of baffle plates has not

only increased the stage 2 performance significantly, but it also

enhanced the performance at all stages. The stage-to-stage

improvement in performance has collectively reflected in the

overall pump performance as seen in Figure 5.

To fully comprehend the flow dynamics at the volute-

impeller interface, a thorough examination of the losses seen

at stage 2 and the role of the baffle plates in reducing these losses

is required. The pump running at the design point is chosen for

the in-depth examination since it is operated at the design point

more frequently than others. The impeller, diffuser, and return

vanes make up the second stage. For the reason that the losses are

most noticeable at the impeller’s inlet, the loss analysis is limited

to the flow through the volute to the second stage impeller.

Unless otherwise noted, here onwards, the word ‘impeller’ refers

to the second stage impeller.

Figure 8 displays the blade loading at the center-span of the

impeller from leading edge to trailing edge for the 4 pump

designs at QBEP. The maximum value of the pressure is used

to normalize the parameter. The reference pump shows a

significant drop in pressure along the leading edge,

highlighting the location of the peak loss. Cavitation bubbles

may form as a result of such rapid pressure drops, which can

easily cause damage to the impeller. The baffle plates, installed at

the exit of the volute, reduced the pressure loss at the impeller’s

leading edge by a great margin. The pressure drop at the leading

edge has been curtailed by 88.37%, 79.49%, and 143.02% by the

pump with baffle plates design 1, 2, and 3, respectively. The

overall improvement in the blade loading curve is measured by

calculating the weighted average of the pressure distribution

which provides an accurate representation of the average

change in percentage of the entire curve. The blade loading

curves of baffle designs 1, 2, and 3 has improved by a weighted

average of 39.4%, 37.62%, and 52.98%, respectively compared to

the reference blade. The impact of the baffle plates on stage

2 impeller in improving the blade loading can also been seen in

the subsequent stages as well.

4.1 Internal flow field analysis

The behavior of the fluid passing through the volute and the

second stage impeller is investigated in order to discover the

reasons of the losses and to study how baffle plates aid in the flow

correction. The fluid exiting the impeller at stage 1, separates into

the two arms of the symmetrical twin-volute, continues along the

volute surface, and rejoins at the volute’s outlet. The velocity

vector and the pressure distribution at the exit of the twin-volute

of the 4 pumps are shown in Figure 9. In the reference pump

(Figure 9A), a low-pressure region is detected around the shaft

due to a high circumferential velocity formed due to the rotating

flow incoming from the two arms of the twin-volute. The rotating

flow exits the volute after 2-3 revolutions. At the volute outlet, the

fluid has a stronger circumferential velocity than the axial

velocity, resulting in a pre-swirl at the leading edge of the

stage two impeller. The circumferential velocity is found to be

approximately 5 times higher than the axial velocity. This creates

FIGURE 8
Blade loading comparison of the second stage impeller at QBEP.
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recirculation zones between the impellers causing vertices to

develop at the pressure side of the blade The vortices formed at

the flow passage of the second stage impeller is shown in

Figure 11A. These vortices create obstruction to the flow

leading to the development of blockage effect on the flow

through the impeller. These blockages have a direct impact on

the stage-wise performance resulting in an overall performance

loss of the pump.

With the introduction of the vertical baffle plates (baffle plate

design 1) as shown in Figure 9B, the incoming flow from the two

arms of the volute, strike on the baffle plate after a complete

rotation. The fluid incoming from the top arm completes a

revolution and strikes on the top baffle plate, while the fluid

incoming from the bottom arm completes a revolution and

strikes the bottom plate. The fluids striking the baffle plates

loses its circumferential velocity and immediately changes its

direction to exit the volute. The pre-swirl formation at the leading

edge of the impeller is reduced thereby reducing the formation of

vertices between the blades. The formation of vortices at the

impeller flow passage has decreased considerably at the pressure

side of the impeller as shown in Figure 11B. There are still few

vortices observed at the leading edge and trailing edge of the

runner. The reduction in vertex formations decrease the blockage

to the flow through the impeller which directly contributes to

decreasing head losses and improving the stage performance. The

baffle plate design 1 however, has a drawback at the downstream

of the plates. Low-pressure regions are formed behind the plates

causing a cavity at the volute exit. This is due to the vertical

orientation of the plates against the incoming flow direction. This

low-pressure zonemay cause cavitation of the plates and decrease

the pump life rapidly.

Installing the baffle plates horizontally (baffle plate design 2)

functions similarly to the design 1 by allowing the rotational flow

to change its direction and exit the volute. The flow incoming from

the top arm completes one revolution and strikes the left plate,

while the flow from the bottom arm completes one revolution and

strikes the right plate as shown in Figure 9C. The intensity of the

low-pressure regions formed behind the plates have decreased by

16.53% compared to the vertical plates since the plates are installed

parallel to the incoming flow. The change in flow direction of the

fluid exiting the volute towards the impeller is shown in Figure 10.

The fluid striking on the baffle plate, loses its momentum by half

and turns towards the exit. The streamlines with high velocity, exit

the volute without impact with the baffle plates. The fluid particles

behind the plate due to the low-pressure zone loses all its

momentum and recirculates at that region. However, the area

of the recirculation zone has decreased compared to the vertical

design. The effect of the change in installation location can be

observed the behavior of the vortex formation in the impeller as

seen in Figure 11C. The vortices formed at the leading edge and

trailing have decreased while a small increase in vortex volume is

observed at the pressure side.

FIGURE 9
Velocity vector and pressure contour at the volute exit for (A) Reference pump (B) Baffle 1 (C) Baffle 2 (D) Baffle 3 designs.
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The baffle 3 design is a combination of vertical and horizontal

plates. The flow incoming from the two arms of the volute, strike

on the baffle plates before completing a full revolution as shown

in Figure 9D. Several low-pressure recirculation zones are created

at the downstream of the baffle plates causing more harm than

good. However, the vortex formation at the impeller pressure side

has been completely eliminated as seen in Figure 11D. This

comes at a cost of small vortices forming at the suction side and at

the trailing edge.

From Figure 11, it can be observed that the vortices formed

between the impellers at stage two in the reference model has

been diminished with the installation of baffle plates. The

formation of these vortices at the impeller obstructs the

incoming flow by creating a blockage effect thereby

decreasing the pressure at the impeller pressure-side. This is

further explained by drawing the velocity triangle at the

impeller leading edge. The velocity triangles of the 4 models

are shown in Figure 12. The angle β represents the relative flow

angle, α represents the absolute flow angle, W is the relative

velocity, C is the absolute velocity and U is the blade velocity.

The velocity triangle of baffle 2 design shows a decrease in the

relative angle from β = 128.51° to β = 88.1°. The magnitude of

FIGURE 10
Velocity streamline at the volute exit of baffle 2 design.

FIGURE 11
Comparison of vortex formation at the second stage impeller at QBEP (velocity swirling strength = 1,500 s−1) for (A) Reference pump (B) Baffle
1 (C) Baffle 2 (D) Baffle 3 designs.
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the relative velocity increased by 9.1% while the absolute

velocity decreased by 36.26%. The significance of this flow

angle correction can explain the decrease in the

circumferential velocity at the leading edge of the impeller.

The circumferential velocity decreased by 35.84% with

horizontal installation of baffle plates.

The pump performance comparison and the internal flow

field analysis showed that the baffle plate designs have

succeeded in mitigating the losses associated with the twin-

volute design. However, it is observed that there is still room

for improvement in the baffle plate design as certain low-

pressure stagnation zones are observed downstream of the

plates. Among the three baffle designs, the baffle 2 pump is

chosen for further analysis. The decision to choose the baffle

2 design over other designs for is based on the pump

performance. The performance curve of different baffle

designs (Figure 5) shows that the baffle 2 has the highest

efficiency at the design point. Another important parameter in

the decision making is the power consumption of the

pump. The power consumption increased with the

installation of the plates. At the QBEP, the baffle 3 pump

consumed the highest power at 6.68% higher than the

reference pump while baffle 1 and 2 designs consumed

4.62% and 3.45% higher power, respectively.

5 Study on baffle plate installation
angle

The baffle plate installation angles are studied with an aim to

reduce the low-pressure zones observed at the downstream of the

plates and to improve the pump performance. The baffle plate

design 2, being the most efficient design among others, is selected

for this study. The baffle plates are installed at angles 45°, 315°,

300°, and 280° as shown in Figure 13. The angles 315°, 300°, and

280° correspond to −45°, −60°, and −80° in the anti-clockwise

direction, respectively.

The angle of installation of the baffle plates has significant

effect on the performance of the pump. The efficiency and head

at the QBEP are plotted in Figure 14. The head and efficiency

parameters are normalized with the head and efficiency of the

baffle 2 design for ease of comparison. The subscript “B2”

corresponds to the baffle 2 design installed horizontally at 0°.

The baffle plate design 2 installed at 300° shows the highest

efficiency and head with an increase of 1.41% and 2.94%,

respectively compared to the baffle plate design 2 installed at

0°. This is because, the pressure behind the baffle plate as shown

in Figure 15 has been increased by 27.29%, thereby eliminating

any low-pressure zones at the volute exit. As a result, the velocity

streamline plot shows low volute exit velocity for baffle plate at

300° than for other angles. The blade loading curve showed an

increase in weighted average of 15.66%, 17.83%, and 8.17% for

the 315°, 300°, and 280°, respectively compared to B2. Meanwhile,

rotating the baffle plate to +45° showed negative impact since it is

against the flow direction. The efficiency, head and weighted

average of blade loading curve decreased by −0.97%, −1.41%,

and −3.31%, respectively. Therefore, the baffle plate design

2 installed at an angle of 300° is selected for manufacturing.

In comparison with the initial reference pump (without

baffle plates), the selected design (baffle plates installed at

FIGURE 12
Velocity triangles at the impeller inlet of the pump models.

FIGURE 13
Baffle plate design 2 installed at various angles. (A) 45° (B) 315° (C) 300° (D) 280°.
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300°) exhibited substantial improvement in the overall pump

performance. The efficiency of the pump at QBEP improved

by 3.87% while the head increased by 9.1%. The overall blade

loading distribution of the second stage impeller improved

by a weighted average of 62.16%. The fluid pressure at the

exit of the volute increased by 52.45% while the

circumferential velocity weakened by −43.88%. Thereupon,

the selected design is recommended for manufacturing and

testing in a test facility.

6 Conclusion

A multistage centrifugal pump developed for high-head and

high flow rate application in industrial flows, showed

performance degradation due to faulty design. The 5-stage

pump consisting of a double-suction impeller and a twin

volute in the first stage; impeller, diffuser and return vanes in

the consecutive stages exhibited head losses at the second stage.

The in-depth flow analysis revealed that the flow exiting from

FIGURE 14
Efficiency and head comparison of baffle 2 design at various angles.

FIGURE 15
Pressure and velocity streamlines at volute exit for different baffle plate angles.
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stage 1 to stage 2 had high radial forces than axial force, leading to

formation of recirculation zones and vortices at the second stage

impeller. The fluid exiting the twin-volute had a high

circumferential velocity contributing to excessive pre-swirl

formation at the impeller inlet. Installation of baffle plates at

the volute exit weakened the circumferential velocity exiting the

volute thereby regulating the pre-swirl formation at the second

stage impeller inlet. Three baffle plate designs were tested for its

loss mitigating capability and performance enhancement. A pair

of vertical plates (baffle 1), horizontal plates (baffle 2) and a

combination of both (baffle 3) were studied using computational

fluid dynamic tools. The effects of the baffle plates on the pump

performance compared with the initial pump model are:

1. An increase in head of the pump were observed for pump with

baffle plates at all flow rates. At the design point, the pump

with baffle plate showed a rise in pump head by 6.04%, 5.97%,

7.07% for baffle 1, 2, and 3 designs, respectively.

2. The efficiency of the pump had little change at low flow rates

but at the high flow rates, the efficiency improved by 1.36%,

2.43%, and 0.37% respectively for baffle designs 1, 2, and 3.

3. The stage-to-stage analysis showed the loss mitigation at the

second stage by the installation of the baffle plates in the first

stage. The stage head loss decreased by 63.7%, 57.3%, and

76.75% while stage efficiency rose by 26.1%, 29.13%, and

22.84% for baffle plate designs 1, 2, and 3, respectively.

4. Plotting the blade loading chart over the blademid-span revealed a

low-pressure point at the leading edge whichmay cause cavitation

of the pump impeller. The blade loading chart improved with a

weighted average of 39.4%, 37.62% and 52.98% with the

installation of baffle plates 1, 2, and 3 respectively.

5. Understanding the change in flow phenomena with the baffle

plate installation was facilitated by a comprehensive flow field

investigation at the volute-impeller interface. The baffle plates

prevented the fluid from swirling within the volute before

exiting towards the impeller. The fluid incoming from the

volute arms strike at the baffle plate, thereby changing its

course towards the second stage impeller.

6. Baffle plate design 2 being the most efficient design among the

proposed designs were later tested at various installation

angles to further enhance the effectiveness of the plates.

The plates were studied at 45°, 315°, 300°, and 280° at the

same flow conditions.

7. The baffle plate installed at 300° is found to be the most

effective design with an increase in efficiency by 3.87% and

head by 9.1% at the design point compared to the

reference pump.

The installation of the baffle plates proved to be successful in

mitigating losses associated with the second stage of the pump and

thereby increasing the overall pump performance. The effect of the

baffle plates would be tested experimentally prior to manufacturing

the final prototype and is an ongoing research. The pump cavitation

analysis and fatigue test of the twin-volute with the baffle plates using

FSI techniques is the future work of this study. The baffle plate shape

optimization can be carried out if necessary. The pump design and

redesign technique using CFD in the design phase prior to

manufacturing has indeed saved a certain amount of the testing

cost before product commercialization. This study provides design

recommendations to the pump designers to decrease the hydraulic

losses and improve the pump performance in the design stage itself.
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